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FOREWORD

The work reported herein was performed by Mechanical Technology Incorpo-
rated under subcontract from Pratt & Whitney Aircraft (P&WA P.O. 422, 715).
Pratt & Whitney Aircraft, in turn, was prime contractor to the NASA -Lewis
Research Center (NAS 3-4179). The technical manager was Jack A. Heller,
Space Power System Division, NASA-Lewis Research Center, in consultation
with Harold E. Rohlik, Calvin L. Ball, William J. Anderson, and George K.
Fischer, Fluid System Components Division, NASA -Lewis Research Center.

The MTI Program Manager for this effort was Dr. P. W. Curwen. The
Project Engineer for design of the initial turbocompressor bearing system and
design of the rotor-bearing system simulator was A. Frost, the Project
Engineer for the second and final bearing system designs and for the test
evaluation of these designs was J. S. Meacher. The experimental evalua-
tions of various combinations of surface coating materials for the bearings
were directed by E. Arwas. The Design Engineer responsible for layout of
the rotor-bearing system simulator was W. A. Geiger.

The work under this contract is published in three volumes, as follows:

Volume 1 CR-800 - Design of Turbine -Compressor (Pratt &
Whitney Aircraft)

Volume 2 CR-801 - Design of Gas Bearings (Mechanical Technology
Incorporated)

Volume 3 CR-802 - Design of Backup Gas Bearings (The Franklin
Institute Research Laboratories)
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ABSTRACT

The National Aeronautics and Space Administration is conducting an evaluation of
candidate Brayton-cycle turbomachinery configurations. As part of this program,
Pratt & Whitney Aircraft has designed a turbine-compressor incorporating a single-
stage axial-flow turbine driving a six-stage axial-flow compressor supported on
gas bearings. The gas bearings were designed and successfully tested in a gas

bearing dynamic simulator by Mechanical Technology Incorporated.
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SUMMARY

built, an
cycle axial-flow turbocompressor being developed by Pratt and Whitney Aircraft
under prime contract from the NASA-Lewis Research Center. (Figure 1 shows a
cross-section view of the turbocompressor.) The designs were experimentally

evaluated in a full-scale rotor-bearing system test rig which

1. exactly simulated the design of the turbocompressor bearings,

2. wvery closely simulated the mechanical configuration and physical
parameters of the turbocompressor rotor (the actual turbine and

compressor components were not, however, used),

3. permitted testing of the rotor-bearing system under operating and
environmental conditions similar to those which would exist in the

turbocompressor (turbine inlet temperature, however, was not simulated).

All three bearing system designs performed satisfactorily and successfully passed
the required P&WA acceptance tests. The final design, described in Sections II
and IV of this report, represents a minimum bearing-friction-loss design con-

sistent with whirl-free operation of the rotor.

Following acceptance testing of the first, or initial, gas-bearing rotor-support
system, an attempt was made to attain a 61 percent reduction in total journal
bearing friction loss by modifying the bearings to operate at larger clearances.
Upon test of the modified design, a low-frequency, stable, rotor-whirl phenomenon
was observed in the turbine bearing as the clearance was being increased to the
larger value. This marks the first observance by MII of a whirl condition in a
gas—-lubricated pivoted-pad journal bearing (it also marks the first time that

MTI has tested a pivoted-pad bearing designed to operate at "large" clearances).
Until the whirl phenomenon is better understood, MTI recommends that the diametral
clearances of the journal bearings be maintained less-than-or—-equal-to 0.00135
inches as specified in Section V of this report. This will assure whirl-free

operation of the rotor. At these clearances, the final design represents a



34.3 percent reduction in total journal bearing friction loss relative to the

initial design.

Successful development of a reliable turbocompressor gas~bearing rotor-support
system, at least under static environmental conditions, appears to have been
achieved. Evaluation and acceptance testing of the three bearinc designs was
achieved without a single bearing rub or failure. However, extensive testing of
the actual turbocompressor, under both static and dynamic environmental conditions,

will be required before final substantiation of reliability can be made.
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I. INTRODUCTION

Mechanical Technology Incorporated (MTI), under subcontract from Pratt &
Whitney Aircraft (P&WA), has cooperated in the design and development of a
gas-lubricated axial flow turbocompressor for the Lewis Research Center of the
National Space and Aeronautics Administration (NASA-Lewis). More specifically,

MTI's participation in the development has been in the following three areas:

1, Design of a gas-bearing system for the turbocompressor;

2. Test evaluation of several bearing surfacing materials under conditions
of (a) start—-stop sliding contact, and (b) impact-induced momentary

contacts at high rotor speeds;

3. Test evaluation of the complete gas bearing system, using the most
promising bearing surfacing material, in a rotor-bearing test machine
which closely simulates most of the turbocompressor mechanical

parameters and operating conditions.

The development of gas-—bearing supported turbomachinery for closed-system

Brayton cycle power plants is a significant step in the gas turbine technology.
The most noteworthy attribute of gas lubrication for the present turbocompressor
application is simplicity. In a conventional gas turbine, the rotating system is
supported on oil lubricated bearings (fluid film or rolling element). However,
for closed system operation where the same gas is continuously circulated, means
must be provided to ensure that the oil cannot contaminate the gas stream. Leak-
age of oil into this stream would ultimately degrade power plant performance to an
unacceptable level due to fouling of critical heat exchanger parts and build up

of decomposition products.

To prevent contamination, seal systems must be used to isolate the oil from the
cycle gas. Auxiliary equipment in the form of lube pumps, coolers, separators,
absorbers, and reservoirs is also required. To obtain long-term non-degrading

performance from an oil-lubricated closed-cycle power plant is a problem,

particularly if the plant must be capable of repeated start—-ups and shut-downs.
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In a gas-—bearing machine, the rotating system is supported on a film of gas.
Recent developments of motor—-driven gas-bearing compressors and circulators, which
have jointly accumulated over 59,000 hours of field operation, have created an

understandable impetus to apply gas-bearings to closed-system gas turbine machinery
By utilizing cycle gas for the bearing system lubricant, the contamination problem
and auxiliary equipment requirements for the closed Brayton cycle, as mentioned
above, can be eliminated. The potential ability of a well-designed gas-lubricated
turbomachine to operate reliably for long periods of time with repeated start-ups and

shutdowns should therefore be quite high.

As in all new technologies, problem areas do exist in the design and application

of gas bearings. The complete lack of boundary lubrication in the event of an
accidental high-speed bearing rub is probably the most critical problem area

in the practical application of gas-bearing turbomachinery. Such rubs may occur

due to passage of dirt through the bearings, vibration and shock loads, or improper
operation of the machine. The solution to this boundary lubrication problem is

to obtain bearing surfacing materials which are capable of surviving many dry rubs
with negligible wear or performance degradation. A second inherent problem area

which is common to self-acting bearings (which are the type of bearings used in the
turbocompressor) is that of low load capacity. The load capacity in a self-acting
bearing is, for all practical purposes, limited to several psi. Finally, gas bearings
have very low damping capability, and hence are prone to rotor dynamic and rotor-
bearing stability problems. The limitations of low-load capacity, absence of boundary
lubrication, and low damping, imposes several new and stringent requirements on rotor
dynamics design. Close attention to these requirements at all times, and particularly
during the early conceptual and design phases, is vital to the successful development

of gas-lubricated turbomachinery.

*Numbers in brackets refer to references listed on page 207.



The requirements for the turbocompressor bearing system (as described in Section II

of this report) necessitdted a number of advancements in the technology of gas-—

bearing design and application. To obtain maximum assurance of a successful

development, the following engineering philosophy was used throughout the program.

1.

Make maximum use of existing gas-bearing design technology and operational
experience with respect to (a) selection of types of bearings to be

used and (b) selection of basic design criteria for these bearing types.

Conduct component and subsystem test programs in critical areas where
existing technology and/or operational experience was either non-existant
or inadequate to permit quantitative evaluation of design concepts. Two
such test programs were conducted —— one to evaluate various bearing
surfacing materials in hopes that significantly better sliding capability
could be obtained relative to existing materials, and another to evaluate
the complete turbocompressor rotor-bearing system design under actual

operating conditions.

Maintain very close liaison with P&WA during the design phase to ensure
that all aerodynamic, thermodynamic, and mechanical interactions and
interfaces were properly identified and evaluated. In particular, the
areas of aerodynamic thrust and radial loads, rotor design, heat transfer
design, casing design, instrumentation provisions, balancing techniques,
and assembly procedures, were integrated very closely with the P&WA

design effort.

In total, three versions of the basic turbocompressor bearing system were built and

tested.

The basic system consists of pivoted-pad self-acting journal bearings, a

spiral-grooved self-acting unidirectional thrust bearing, and a bi-directional

externally pressurized thrust bearing for start-up and shutdown of the machine



(a single thrust bearing runner is used for both the self-acting and pressurized
thrust bearings). The first design of the basic bearing system was based upon
design criteria which, on the basis of past experience, gave maximum assurance of
a successful development. Design and evaluation of this first, or initial, system
is described in Appendix C of this report. The system was successfully developed

and passed the required P&WA acceptance test.

The second version of the bearing system design involved (1) an increase in the
bearing clearance-to-radius ratio to achieve reduced bearing friction losses,

(2) a decrease in the stiffness of the journal bearing support flexures to achieve
increased tolerance to temperature variations in the journal bearing regions,

and (3) an increase in the mass of the journal bearing pads to control their
dynamic characteristics at the increased clearance-to-radius ratio. This design
modification was only partially successful in the sense of achieving the total
hoped-for reduction in bearing friction loss. An unexpected rotor whirl phenomenon
was encountered which prevented full achievement of the larger bearing clearance
required to realize the total reduction. Nonetheless, a significant reduction of
bearing friction was attained, and the modified bearing design successfully passed

the required P&WA acceptance tests. This design modification is described in

Appendix D.

The final modification of the bearing system involved a readjustment of the mass
of the journal bearing pads back to the original design condition. A test pro-
gram was then conducted to define the stable operating range of the journal

bearing system as a function of various operation conditions.

Section II of this report contains a complete description of the third, or final,

bearing system design, this being the design which has been recommended by MTI



Lo

for incorporation into the turbocompressor. Section III of the report describes
the design of the rotor-bearing system simulator which was used to test the
various modifications of the bearings. Section IV presents actual test and
performance data for the final design of the bearing system. Conclusions and

recommendations pertaining to the final design are given in Section V.



I1I. FINAL DESIGN OF THE TURBOCOMPRESSOR BEARING SYSTEM

As mentioned in the preceeding section of this report, three versions of the
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and second bearing system designs are discussed in Appendices C and D respectively.
This section presents design parameters and calculated performance characteristics

for the final version of the bearing system.

It should be appreciated that the final design of the turbocompressor system has
logically evolved from the initial and second bearing designs, and represents
a significant state-of-the-art advance in the application of gas-lubricated
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bearings. Whereas the initial design was
and proven state—-of-the-art design criteria, so as to give maximum assurance

of successful operation of the first bearing set, the second and final designs
represent previously untried extensions of certain design criteria and, in some
instances, intentional disregard of previous practice. This was done in an
effort to more closely tailor the bearing design to the particular needs of a
dynamic space-power system —— namely, minimization of machinery parasitic losses
and maximum tolerance of rapid and large thermal transients such as may occur

during start-up of a space system.

Operating Conditions and Design Specifications

During the first several months of the turbocompressor development program, numer-
ous aerodynamic, rotor-dynamic, bearing sizing, and heat-transfer design studies
were made. During this period, frequent design review meetings, jointly attended

by P&WA and MTI, were held to evaluate the studies and‘to be certain that all
interactions between the various engineering disciplines were being properly
accounted for and properly weighed with respect to obtaining the best overall
integrated design of the turbocompressor. As a result of this approach, the follow-
ing set of bearing system operating conditions were quickly evolved as being
reasonable from both the rotor-bearing system and the aerodynamic system stand-

points.



Design speed - 50,000 RPM
Overspeed - 60,000 RPM
Rotor mass - 11.35 lbm.

Bearings lubricant
(system fluid) - Argon

Bearings ambient
pressure (minimum) - 6.0 psia

Bearings ambient
pressure (design
point) - 12.0 psia

Maximum operating x
thrust load - 24,0 1b. in the forward direction

Range of maximum
thrust load at
start-up - 100.0 1b. forward to 50.0 1b.

in the reverse direction

It is interesting to note that the only change made to the above set of operating
conditions during the detailed phase of the turbocompressor development was a

slight reduction in rotor weight from 11.35 1b. to approximately 10.5 1lb. Since

the bearing sizing studies, and the detailed design of the initial bearing system,
were done on the basis of 11.35 1lb. rotor weight, it was decided, for reasons of
direct comparison, to use this same rotor weight for the detailed design of the
second and third (i.e., the final) bearing system modifications. Hence, the
bearing calculations presented in this section, and in Appendices C and D, are

based upon bearing loads which are approximately 0.4 1lb, heavier than would actually

exist with the turbocompressor horizontal in a l-g acceleration field.

In addition to the above listed operating conditiomns, the design of the bearing
system was required to also satisfy a set of environmental conditions as designated
in NASA Specification No. P0055-1. This specification is enclosed in Appendix A

of this report.

*The forward end of the turbocompressor is the compressor-inlet end of the machine.
Consequently, a forward thrust load is a force directed from the turbine towards the
compressor, and similarly, a reverse thrust load would be a force directed from the

compressor towards the turbine.
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Selection of Bearing Types

During the early stages of the design phase, careful consideration was given

1
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The bearing types selected for the initial bearing system design were

1. flexibly supported, pivoted-pad, self-acting journal bearings

2. flexibly supported, helical-grooved (Whipple plate) self-acting

thrust bearing

3. inherently compensated, annular, externally-pressurized thrust

bearings to support the thrust loads at start-up and shutdown.

No changes in bearing types were made during evolution of the second and third

bearing system modifications.
The basic reascns for selection of these bearing types were as follows

1. Pivoted-pad journal bearings could readily be designed to be stable
over the operating range of the machine., The freedom of angular motion
of the pivoted-pads also provides good alignment capability., In addi-
tion, this freedom of motion, and the deep recesses between pads, have
proved to be effective safeguards against damage from foreign particles
in the gas stream. Finally, and perhaps most importantly, this type
of journal bearing had been successfully used in several previous gas-
bearing turbomachinery developments.

2. The load capacity of properly designed helical-grooved thrust bearings

is relatively insensitive to the compressibility number /A _ 6uwR2‘

b P b
a
of the application. This is in sharp contrast to other types of self--
acting thrust bearings (e.g., pivoted-pad, tapered land, step type,
and others) whose load capacity rapidly approaches an asymptotic value
as the compressibility number is increased. In view of the relatively

high speeds and low ambient pressures of interest in this application,

the preliminary calculations showed the helical-grooved thrust bearing

11




to have more than twice the load capacity. of other self-~acting bearing
types at the design conditions. The helical-grooved thrust bearing is,
however, quite sensitive to the degree of parallelism between the thrust
runner and the thrust stator. Accordingly, the thrust stator should be
flexibly mounted to permit it to "track" misalignment and wobble of the
thrust runner. Once again, this type of bearing had been successfully

applied in previous turbomachinery developments.

3. The present application may be subject to high axial loads during start-
up and shut down, making it mandatory to externally pressurize the thrust
bearing during these intervals. With proper design the inherently-compen-
sated externally-pressurized thrust bearing has a much higher threshold
of onset of pneumatic hammer then other externally pressurized bearing

types, such as orifice compensated and pocketed bearings.

In the following paragraphs the individual components of the bearing system are
reviewed in more detail. Attention is focused on calculated performance data

and on practical considerations of the design. Sound theoretical analyses are
essential in gas-bearing development, and were used to establish the steady-state
and dynamic characteristics of the bearing system. These procedures, however,
have been covered extensively in prior research and in general purpose design
papers and reports, and hence will not be repeated here. (References 2 through

14 list some of the standard texts and recent publications in these areas.)

Performance Characteristics of the Journal Bearings

As noted previously, the journal bearings selected for the turbocompressor are
of the pivoted-pad type. Detailed analyses of this type of bearing are available
based on numerical integration of the compressible Reynolds equation. The

resulting normalized pad data is assembled as a function of pivot position,
buw
P

a
and dynamic characteristics of the bearings are then obtained by vectorial

pad eccentricity ratio, and compressibility number (A = (%) ). The static

12



summation of the characteristics of the individual
data in computer memory, high speed digital compute
making screening and final design calculations for

operating conditions and bearing geometry.

The turbocompressor journal bearings, which are ent
bearing at compressor inlet, and Bearing No. 2 for

have been designed to operate satisfactorily under

1. At any orientation of the turbocompressor

tion field;

2. At any angle between zero and 180 degrees
correspond to a vertically oriented shaft
and 180 degrees would be vertical with the
1.0-g acceleration field, but limited at t
positions to a circumferential orientation

load vector passes between pivots of the "
3. At any ambient pressure above 6.0 psia;

4, To withstand, while in any of the above or

0.002 ounce-inches in the plane of the tur

The pivots for each of the journal bearing pads are

flexures. These flexures serve several purposes.

1. They inherently improve the ability of the

thermal expansion changes which would tend

2. They reduce bearing preload changes due to

journals.

3. They reduce the rigid-body critical speeds

*The term ''lower' pads in the context of this repor

each journal bearing which are mounted on the "stif

pads. By storing this bearing
r programs can be utilized for

any specified combination of

itled Bearing No. 1 for the
the bearing at the turbine end,

the following conditions:

in a zero to 0.18-g accelera-

shaft angle (where zero would
with the compressor-end up
compressor-end down) in a
he intermediate angular
in which the journal bearing

lower" journal bearing pads*;

ientations, an unbalance of

bine wheel.

mounted on individual support

bearings to accommodate

to change the bearing clearance.

centrifugal growth of the

of the system.

t refers to the two pads in

f" pivot-support flexures.

13



Two of the pivot-support flexures in each journal bearing are relatively Stiff
flexures so as to limit radial displacement of the rotor, relative to the con-
centric position of the various shaft labyrinth seals, when the turbocompressor is
operated in a horizontal position in a 1.0-g acceleration field. These stiff
flexures are referred to as the lower (or loaded) flexures for each journal bearing.
The remaining two flexures in each bearing, referred to as the upper (or unloaded)
flexures, are considerably less stiff than the lower flexures. These softer flexures
provide most of the accommodation to changes in the thermal expansion and centrifugal

growth of the journals.

A summary of the design parameters and calculated design-point performance char-
acteristics for the two journal bearings is given in Table II-1. It should again
be emphasized that the data given in Table II-1 is the result of an evolutionary
process starting with design and test of the initial bearing system as described
in Appendix C, followed by design and test of a modified (or second) design as
described in Appendix D, and concluding with testing of the third modification
referred to here as the final design. A more complete presentation of the cal-
culated journal bearing performance is given in Figures II-1 through II-4. These
figures show plots of the following performance characteristics as a function of

rotor speed:

1. Bearing film thickness at the pivot location of the loaded pads,
2. Bearing friction loss,
3. Bearing radial stiffness,

4. Ratio of pad resonant frequency to rotor synchronous frequency in
the roll direction for the upper and lower pads (or equivalently, the

unloaded and loaded pads),

5. Ratio of pad resonant frequency to rotor synchronous frequency in

the pitch direction for the upper (unloaded) and lower (loaded) pads.
The data of Figures II-1 through II-4 include the effects of flexure deflection

and journal centrifugal growth. The temperatures of the bearings were held

constant at design-point conditions for all the calculations.

14



TABLE 1I-1
JOURNAL BEARING DESIGN PARAMETERS AND
CALCULATED PERFORMANCE CHARACTERISTICS

All data given below is based upon the following gas-bearing operating conditions

Rotor speed 50,000 RPM
Lubricant gas Argon
Bearing ambient pressure 12.0 psia

Configuration

Journal Diameter, Inches

Pivoted-pad (with hydrodynamic
lift~off)

No. 1 (Forward) Bearing 1.500

No. 2 (Turbine End) Bearing 2.125
Bearing Length-to-Diameter Ratio (L/D)

No. 1 Bearing 1.0

No, 2 Bearing 1.0
Number of Pads Per Bearing 4

Pad Orientation (Referenced to
horizontal orientation of
the rotor)

Rotor weight between pivots

Arc Length (g) of Pad, Degrees 80.0
Pivot Location (g /g) from
Leading Edge 0.65
Pad Clearance Ratio (C_/R)
No. 1 Bearing 0.0018
No. 2 Bearing 0.0030
Bearing Preload Ratio (m)
No. 1 Bearing 0.50
No, 2 Bearing 0.788
Individual Pad Mass, Pounds
No. 1 Bearing 0.14
No. 2 Bearing 0.21

15



TABLE II-1 (Cont.)

Pivot Ball Diameter, Inches
No. 1 Bearing 0.2500

No. 2 Bearing 0.3750
Pivot Socket Diameter, Inches

No. 1 Bearing 0.2550

No. 2 Bearing 0.3824
Bearing Number (A)

No. 1 Bearing 2.98

No. 2 Bearing 1.23

Measured Pivot Support Radial
Stiffness, 1b./in.
No. 1 Bearing

9,800 (upper pads)
50,000 (lower pads)

No.

Bearing

2 Bearing

Load, Pounds

Horizontal Orientation (Rotor Weight)

8,400 (upper pads)
70,000 (lower pads)

No. 1 Bearing 3.63
No. 2 Bearing 7.72
Space Operation (Due to 0.002 ounce-inches
mass unbalance in turbine plane)
No. 1 Bearing 0. 38
No. 2 Bearing 1.23
Operating Clearance at Pivot, Inches
Horizontal Orientation (Loaded Pads)
No. 1 Bearing 0.00057
No. 2 Bearing 0.00058
Space Operation (All Pads)
No. 1 Bearing 0.00067
No. 2 Bearing 0.00067
Friction Loss Per Journal, Watts
Horizontal Orientation
No. 1 Bearing 57.4
No. 2 Bearing 235.8
Space Operation
No. 1 Bearing 56.5
No. 2 Bearing 232.5
ladial Gas-Film Stiffness, 1b./in.
Horizontal Orientation
No. 1 Bearing 34,400
No. 2 Bearing 75,000
Space Operation
No. 1 Bearing 33,100
No. 2 Bearing 72,200

16
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TABLE II-1 (Cont.)

Shaft Material Waspaloy
Pad Material M-1 Tool Steel
Pivot Material M-1 Tool Steel

Journal and Pad Surfacing
Material Chrome Oxide




A photograph of the No. 1 bearing pads, pivots, and pivot-support flexures is
shown in Figure II-5 (this is actually a photo of the initial No, 1 bearing compo-
nents where all flexures had equal stiffness and the pads had a CP/R ratio of
0.001). PFigure II-6 is a view of the No. 1 bearing components assembled in the
No. 1 bearing housing. Figures II-7 and II-8 are photographs of (a) two of the
No. 2 bearing pads, and (b) the assembly of the No. 2 bearing components in the
rotor-bearing system simulator (again, these are pictures of the initial-design
No. 2 bearing components where all flexures had equal stiffnesses). Figures I1I1-9
and II-10 are photographs of the final-design upper flexures for the No. 1 and

o, 2 bearings respectively.
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Fig. II-1 - Calculated Performance In A 12.0 PSIA Argon Environment
For The Final Design Of The No. 1 Journal Bearing (Rotor
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Fig. II-5 - View Of The Pivoted-Pads And Pivot-Support Flexures
For The No. 1 Journal Bearing
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Fig. II-6 — View Of The No. 1 Bearing Components Assembled
In The No. 1 Bearing Housing
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11-7 - Pivoted-Pads For The No.

2 Journal Bearing
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Fig.

II-8 - View of the No. 2 Pivoted-Pad Bearing Components
Assembled in the Rotor—Bearing System Simulator



NO. 1 BEARING

Fig. II-9 - View Of An Upper Pivot-Support Flexure
For The No. 1 Journal Bearing

Fig. II-10 - View Of An Upper Pivot-Support Flexure
For The No. 2 Journal Bearing
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Hydrodynamic Thrust Bearing

The design of the turbocompressor is such that the thrust load, at design con-
ditions, is in the forward direction, i.e., in the direction from the turbine

towards the compressor inlet.

The thrust bearing has been designed to operate satisfactorily under the

following conditions:

1. 1In any orientation of the turbocompressor

2., At any ambient pressure above 6 psia

3. To accommodate small misalignments which may occur during operation.

As previously noted, a helical-grooved (Whipple plate) hydrodynamic bearing
with a flexibly mounted stator was selected. This bearing was designed using
analytical and computational procedures that were previously developed and
programmed by MTI, These take full account of gas compressibility effects, as
well as of the important geometrical factors (radius ratio, seal-to-groove

ratio, groove width and depth ratios, and helix angle).

To achieve compact, low power-loss design, this bearing is built around the
hydrostatic bearing which is used for start-up and shut down. In this design
the radius of the row of hydrostatic orifices has been conservatively assumed

to be the inner radius of the hydrodynamic bearing.

The 50,000 rpm design load for this bearing is 24 pounds which is achieved at
a film thickness of 0.00078 inches. Changes in orientation, however, can reduce
this load to 4 pounds, at which time the film thickness will approach 0.0018

inches.

The flexible mount for the thrust stator was designed such that the stator will
accurately track dynamic misalignment of the thrust runner in the critical,
high-load regions of operation. Such misalignment may result from manufacturing

tolerances and from conical shaft motions during operation with mechanical
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unbalance. The flexure mount also allows some degree of self-alignment of the

stator to the average plane of the thrust runner.

as the coolant. The calculated performance of the hydrodynamic thrust bearing
at 30,000, 50,000 and 60,000 rpm is shown on Figures II-11, II-12 and II-13
respectively. A summary of the design parameters and calculated design-point

performance characteristics is given in Table II1-2.

Figure II-14 is a photograph of the thrust runner, the combination thrust-runner

crew locking spline.

3

attachment screw and diaphragm flexure, and the attachment
13
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g
nents, while Figure II-16 shows the helical-grooved stator assembly.
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TABLE II-2 .
FORWARD HYDRODYNAMIC THRUST BEARING DESIGN PARAMETERS
AND CALCULATED PERFORMANCE CHARACTERISTICS

Configuration Helical grooved, inward
pumping

Thrust Runner Diameter, Inches 3.25

Helical- Grooved Bearing 0.D., Inches 3.25

Helical-Grooved Bearing I.D., Inches 1.38

Groove Depth, Inches 0.002

Number of Grooves 20

Design Load (Aerodynamic plus rotor weight)
for Helical Grooved Bearing, Pounds 24,0

Operating Clearance of Helical- Grooved
Bearing, Inches 0.00078

Friction Loss at Design Load, Watts 172.0

Stator Support Stiffness in Axial

Direction, 1b./in. 670,000
Stator Support Stiffmess in Tilt

Direction, in.-1b./rad. 34,200
Stator Temperature, °F 175.0
Runner Temperature, °F 216.0
Runner Material Titanium
Stator Material AMS-4027 (aluminum)

Stator and Runner Surfacing
Material Chrome Oxide
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Hydrostatic Thrust Bearings

The method by which the turbocompressor is started may impose large thrust
loads at low rotor speeds. Since a hydrodynamic thrust bearing cannot carry
large thrust loads at low speeds, two hydrostatic thrust bearings have been

provided, one on each side of the thrust runner.

The conditions under which these bearings have been designed to operate are

as follows:

Forward Thrust Reverse Thrust
Load (1b.) 100 50
Supply pressure (psia) 100 100
Ambient pressure (psia) 6 6

The bearings are of the inherently compensated type in order to minimize
the possibility of pneumatic hammer at ambient pressures below 6 psia (this

being a possible condition at start-up).

The bearings were designed using existing computer programs which are basically
a development of the "line feed" method, but which take account of the dis-—
creteness of the individual feeder holes as well as of the circumferential

flow between holes. 1In computing the orifice pressure drops, both the losses
in the feeder holes and in the annular "curtain" areas around the rims of the
holes are taken. into account. Since in this case an inherently compensated
design was selected for improved stability, the feeder hole diameters are

large enough that the dominant restriction occurs in the annular "curtain"

areas instead of inside the feeder holes.

The calculated performance of the forward and reverse hydrostatic bearings is
shown on Figures II-17 and II-18 respectively. A summary of the design
parameters and calculated design-point performance characteristics is given
in Table II-3. The orifices of the initial design configuration for the

forward hydrostatic bearing can be seen in Figure II-16 (in the final design
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configuration only 5, rather than 20 ,of these orifices are used). Figure II-19
is a photograph of the reverse hydrostatic thrust bearing (this bearing is an

integral part of the No. 1 beafing housing).

TABLE II-3
HYDROSTATIC THRUST BEARING DESIGN PARAMETERS AND CALCULATED PERFORMANCE CHARACTERISTICS

Forward Hydrostatic Bearing

Bearing OD, Inches 2.4
Bearing ID, Inches 0.6
Number of Orifices 5
Diameter of Orifices, Inches 0.040
Hydrostatic Gas Supply Pressure

At Start-Up, PSIA 100.0
Ambient Pressure, PSIA 6.0
Bearing Load At Start-Up, Pounds 100.0
Bearing Film Thickness At

Start-Up, Inches 0.0008
Stator Material AMS-4027 (aluminum)
Stator Surfacing Material Chrome Oxide
Reverse Hydrostatic Bearing
Bearing OD, Inches 1.53
Bearing ID, Inches 0.91
Number of Orifices 15
Diameter of Orifices, Inches 0.040
Hydrostatic Gas Supply Pressure

At Start-Up, PSIA 100.0
Ambient Pressure, PSIA 6.0
Bearing Load At Start-Up, Pounds 50.0
Bearing Film Thickness At Start-Up,

Inches 0.0013
Stator Material AMS-6415 (steel)
Stator Surfacing Material Chrome Oxide
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FILM THICKNESS IN. x 103

Fig. II-17 - Calculated Performance Of The Forward
Hydrostatic Thrust Bearing
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Fig. II-18 - Calculated Performance Of The Reverse
Hydrostatic Thrust Bearing
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Rotor-Bearing System Dynamics

It is particularly important in the design of gas-bearing machinery to be sure
that the rotor-bearing system will not develop excessive amplitudes of either
stable or unstable vibration over the desired range of operating speeds. The
simplest and most common form of vibration is synchronous rotor whirl resulting
from excitation of transverse resonant frequencies of the rotor in its rigid or
flexible beam modes. The excitation most commonly derives from mechanical un-
balance of the rotor, although other forms of excitation are possible. The
speeds at which transverse resomant beam modes of rotor whirl can occur are

called the transverse critical speeds of the rotor.

Because of the limited amount of damping in a gas bearing, it is difficult to
design a gas-bearing machine for safe operation through a "bent shaft" critical
speed unless some auxiliary means of damping is provided. Accordingly, in keep-
ing with the design philosophy used on all previous gas-lubricated machinery
developments, a criterion of the turbocompressor design was that the "bent shaft"

critical should be well above the 60,000 rpm turbocompressor overspeed condition.

A critical speed analysis for the turbocompressor was carried out using a Holzer
type calculation programmed for digital computer solution. The calculation pro-
vides both the critical speeds and the associated rotor displacement mode shapes,
and includes the effects of rotor mass, rotor stiffness, bearing mass, bearing

stiffness, bearing support stiffness, and rotor gyroscopic effects.

The critical speeds for the final design of the rotor-bearing system are plotted
in Figure II-20 as a function of journal bearing stiffness. Superimposed on this
plot are the calculated stiffnesses at 12.0 psia ambient pressure of the No. 1

and No. 2 journal bearings as a function of speed (obtained from Figures II-1 and
II-3). The intersections of the critical speed curves and the No. 1 journal bear-
ing stiffness curve identify the speeds at which rotor resonances could be expected
to occur in the presence of sufficient rotor unbalance. The two lowest critical

speeds are essentially rigid-body resonances of the rotor due to the stiffnesses of the
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gas film and the pivot-support flexures. It is seen from Figure II-20 that the two
rigid-body resonances should occur at approximately 11,100 and 11,600 rpm, which are
sufficiently low to be of little concern to turbocompressor operation. The third
critical speed, which is slightly above 93,000 rpm, is the first free-free "bent
shaft" critical of the rotor and is virtually unaffected by bearing stiffness. Al-
though a slight influence of this critical speed would be expected at the 50,000 and
60,000 rpm design and overspeed conditions, it is sufficiently above these speeds to
be considered a minimal development problem and well within the state-of-the-art

of present balancing techniques.

The rigid-body critical speed mode shapes for the rotor are plotted in Figure II-21,
It is seen that for pure modal excitation, only the No. 2 journal would experience
resonant amplitudes at the lowest rigid-body critical, while only the No. 1 journal
would resonate at the second rigid-body critical. 1In other words, the nodal point
for the lowest rigid-body critical is located approximately at the No. 1 bearing,

while the nodal point for the second critical speed is located at the No. 2 bearing.

The calculated steady-state plus dynamic bearing loads for a horizontal rotor orien-
tation in a l-g field and 0.002 ounce-inches of unbalance in the turbine plane (the
rotor being otherwise perfectly balanced) are plotted in Figure II-22 as a function
of speed. The value of 0.002 ounce-inches of unbalance was assumed to occur over

a period of 10,000 hours due to unsymmetrical mass shift (creep) in the turbine.

It is seen from Figure II-22 that the unbalance causes both journals to resonante
simultaneously between 10,000 and 13,000 rpm. There is no distinction between the

first and second rigid-body criticals because of the closeness of these two criticals.

It should be pointed out that the bearing damping values used in the calculation of
the dynamic bearing loads of Figure I1I-22 are, rigorously speaking, valid only at
50,000 rpm. Hence, the absolute values of bearing forces in the vicinity of the rigid
body criticals are approximate. Over the range of 40,000 to 60,000 rpm (where the
calculated loads should be quite valid), it is seen that the 0.002 ounce-inches of
unbalance adds approximately 0.38 pounds of rotating load to the steady-state

loading of the No. 1 journal, and approximately 1.25 pounds of rotating load to the

No. 2 jourmal.

Maximum recommended bearing loads as a function of speed and ambient pressure for the

two journal bearings are plotted in Figures II-23 and Figures II-24. It is
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seen that the bearings can ''safely'" support the combined rotating unbalance and.
steady~state l-g horizontal loads at speeds above 20,000 rpm and ambient pressures
above 6.0 psia for both the No. 1 and No. 2 bearings. The maximum load criterion
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ience with previously developed gas-bearing machinery, and results in film thicknesses
always greater than or equal to 0.40 mils for both the No. 1 and No. 2 bearings
from 20,000 to 50,000 rpm. However, it is seen from Figures II-2 and II-4 that the
bearings should actually be able to carry the maximum anticipated loads down to
very low rotor speeds before the gas film would actually be ruptured.

In a rigorous sense, the turbocompressor rotor-bearing system has a great many
degrees of freedom. Since the pivoted-pads are flexibly mounted, each pad has

at least three significant degrees of freedom —— namely, roll and pitch rotations,
and radial translation. Since there are a total of eight pads, it takes 24 degrees
of freedom to define the position of the pads at any instant of time. The pads,

in turn, are coupled via the gas films to the rotor which, in itself, is an elastic
system having an infinite number of degrees of freedom. Fortunately, the rotor

can be represented, for practical purposes, as a finite number of masses with

each mass having several degrees of freedom. However, at best, a rigorous math-
ematical model of the turbocompressor rotor-bearing system would still be a

coupled system having over 30 degrees of freedom, and with the stiffness and
damping properties of the gas film being nonlinear functions of speed and bearing
eccentricity. Clearly, the dynamic analysis of such a system, for either stable

or unstable modes of vibration, would be a major undertaking and one which could

be justified on a hardware development program only if the necessary analytical
understanding, computer programs, and experimental verifications were readily
available and in a form suitable for efficient application to design analysis.

Such was not the case at the time of the turbocompressor design, and only recently
have the first steps been taken to provide tools for analytical investigation of

the more rigorous rotor-dynamic problem.

In lieu of a rigorous analytical approach, it has been common practice to analyze

each of the pivoted-pads as a completely uncoupled linear vibration system.
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The resonant frequency of each possible mode of pad vibration is calculated based
on a simple one-degree-of-freedom model. A more-or-less intuitive design criterion
has been to design the pads such that the resomnant frequency of each vibration mode
is at least 30 percent higher than the maximum operating speed of the machine.

This implies that the pads should be able to track motions of the rotor with

little phase lag. Hence, the dynamics of the pads should have little effect on

rotor dynamics.

The pad frequencies which were computed are the roll and pitch resonant frequencies
of the pad against the gas-film stiffness, and the radial resonant frequency

of the pad, pivot-screw, and flexure assembly against the gas-film and flexure
stiffnesses, Figures II-1 through II-4 show calculated ratios of roll and pitch
resonant frequencies to rotor speed for both the loaded and unloaded pads (assuming
horizontal rotor orientation in a l-g acceleration field). It is seen that the
pitch resonant frequencies of all the No. 1 and No. 2 bearing pads are always
greater than twice rotor speed for ambient pressures down to 6.0 psia. Similarly,
the roll resonant frequencies of all the No. 1 and No. 2 pads are always 36 percent,
or more, higher than rotor speed at design ambient pressure of 12.0 psia. However,
at 6.0 psia ambient pressure, Figure II-2 indicates that the calculated roll reso-
nant frequency of the unloaded No. 1 bearing pads will coincide with rotor speed

at approximately 55,000 rpm. The resonant frequencies of the loaded No. 1 pads

and all No. 2 pads are at least 20 percent higher than rotor speed at 6.0 psia.
Consequently, the 6.0 psia ambient pressure condition does not fully satisfy the
design criterion. However, since operation at 6.0 psia was not a primary design
requirement, it was decided to accept the possibility of a roll resonant condition
at low ambient pressures and to find out by test whether this condition would

present an operational problem.

The calculated radial resonant frequencies of the No. 1 and No. 2 bearing pads

were all found to be well above rotor speed throughout the 60,000 rpm speed range.
In concluding this section on rotor dynamics, it should again be emphasized that

the criteria and procedures used for assessing possible pad or rotor dymamic

problems leave much to be desired from the standpoint of demonstrated validity,
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particularly since the rotor-bearing system is a highly coupled system and since
the bearing stiffness and damping parameters are (1) frequency dependent and

(2) nonlinear over large eccentricity excursions. In particular, the procedures
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used to calculate pivoted-pad gas-film

a iff
radial directions, have yet to be verified by controlled experiment.
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For The Final Rotor-Bearing System Design (Intersections
of the No. 1 bearing stiffness curve and the critical
speed curves define speeds at which resonance due to
rotor unbalance can be expected)
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Bearing Cooling Design

The design of a satisfactory cooling mechanism for the turbocompressor bearing

system was a difficult task and one that illustrates the importance of careful

consideration of all the various interrelated aspects of turbomachinery design.
The problem was defined as one of maintaining safe gas-bearing clearances while
removing bearing friction losses with (1) a minimum of temperature rise in

the bearing regions, (2) a minimum of thermal distortion of the bearing parts,

and (3) a minimum of system power loss for auxiliary bearing coolant flows {(in

the form of either turbocompressor bleed-gas flows or externally circulated

liquid flows).

" Maximum allowable bearing region temperature was fixed at 400 F by the insulation

of the lead wire for the bearing system capacitance probes (the bearing materials
themselves had been successfully tested for short periods of time at temperatures

up to 500 F as described in Appendix F.

Three different approaches to cooling the bearings were considered.

1. Transfer of friction losses by conduction to a naturally occurring

heat sink within the turbocompressor (i.e., compressor discharge gas).

2. Transfer of losses by conduction and convection to a flow of argon

passing through the journal bearing regions.

3. Transfer of losses by convection and/or conduction to a flow of

secondary liquid coolant fluid.

All of these techniques were examined for the turbocompressor application in
conjunction with design of the initial bearing system. The results of the

various studies are described in Appendix C, together with a description of

the heat transfer technique finally selected. 1In brief, the two journal bearings
are cooled by conducting the bearing friction losses radially through the rotating
journals into axially-finned TD nickel heat exchangers brazed into the ID of

each of the journals. A small bleed flow of argon is taken from compressor

51



discharge, cooled to about 100 ¥, and then ducted into the rotor bore via a hole
through the center of the thrust bearing. Once inside the rotor bore, the argon
coolant flows first through the No. 1 bearing heat exchanger and then througn the
No. 2 exchanger, and picks up the bearing friction losses by convective heat trans-
fer. Figures II-25 and 1I-26 are photographs of the heat exchangers located in

the bores of the No. 1 and No. 2 journals (photographs of the heat exchangers

prior to brazing into the bores are shown in Figures C-13 and C-14 of Appendix C).
It is seen that the heat exchanger fins are considerably canted, rather than being
purely cadial. This was done to (1) wminimize fin stresses due to differences in
centrifugal growth of the bearing jcurnal and the hub of the heat exchanger, and
(2) to minimize restraint of the journal which could result in either waviness

of the journal surface or unsymmetrical growth of the journal with attendant mass
unbalance. The detailed design of the gas-cooling system and the heat exchangers
was performed by Pratt & Whitney Aircraft. Initial verification of the heat exchanger

fabricability was likewise performed by Pratt & Whitney Aircraft.

All attempts to gas cool the forward (hydrodynamic) thrust bearing were found to

be unsatisfactory in that excessively high thrust bearing temperatures resulted and/or
significant temperature gradients existed which would produce excessive thermal dis-
tortion of the thrust plate. Consequently, the concept of a liquid-cooled thrust
stator was adopted wherein the coolant (Versilube, glycol, or a similar fluid) is
circulated through annular passages within the aluminum thrust plate, Figure II-27
shows the calculated performance of the thrust bearing liquid cooling system as a
function of coolant flow rate. It is seen that a flow rate between 100 and 200 1b./hr.,
at an inlet temperature of 150 F, will result in reasonable thrust bearing temperatures

and temperature gradients, as well as low values of coolant pressure drop.

Comprehensive thermal calculations were made for the initial and second bearing
system designs. The coolant flow paths, thermal boundary conditions, and computed
temperature maps for the No. 1 and No. 2 bearing regions are presented in Figures
C-11 through C-18 (Appendix C) for the initial bearing design, and in Figures D-10
through D-12 (Appendix D) for the second bearing design. Comparable thermal cal-
culations 1 *re not made for the final bearing system design. However, to realize
practical zero-speed room temperature set-up clearances for the No. 1 and No. 2

journal bearings, it has been determined that the steady-state design-point bearing
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region temperatures will have to be approximately as given in Table II-4.
Achievement of these temperatures will require a reduction in argon flow through
the No. 2 heat exchanger. If the No. 2 journal bearing temperature at design-
point conditions cannot be raised to the value given in Table II-4, it would be
necessary to increase, somewhat, the stiffness of the upper pivot-~support flexures

in order to obtain a reasonable zero-speed room temperature set-up clearance.
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TABLE II-4
RECOMMENDED DESIGN POINT BEARING TEMPERATURES AND ALLOWABLE TEMPERATURE DEVIATIONS

Rotor In A zero-G Gravitational Field

No. 1 Bearing No. 2 Bearing
Flexure Stiffness, 1b./in.
Upper 10,000 10,000
Lower 50,000 70,000
Maximum Film Thickness Criterion spcos¢ = 0.40 spcos¢ = 0.77
Minimum Film Thickness Criterion Epcos¢ = 0.80 epcos¢ = 0.90
Design-point temperature
differentials, °F
T - T 95 330
s o
T - T -11 -25
s P
Th - TS 69 -60
Maximum T, - T for maximum film
thickness c%iterion, °F 105 -45.9
Maximum pivot film thickness for
(T, - T) mils 0.80 0.73
h s’max.,
Minimum T, - T for min. film
thickness c%iterion, °F -94 -226
Minimum pivot Film thickness for
(T, - T) ., mils 0.27 0.30
h s’min.,
Temperature Designations
TO - Journal reference temperature (taken as 70 F throughout this report)
TS -~ Journal temperature
Th — Bearing housing temperature
Tp ~ Pad temperature
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Fig. II-25 - View Of Heat Exchanger Located In Bore Of
No. 1 Journal Bearing

Fig. 1T1-26 — View Of Heat Exchanger Located In Bore Of
No. 2 Journal Bearing
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Bearing System Fabrication Materials

The materials selected for the basic bearing parts are listed below.

Rotor Journals Waspaloy

Pivot-support flexures No. 1 br'g. - AISI 4130
No. 2 br'g. - Discaloy

Pivoted-pads M-1 tool steel

Pivots M-1 tool steel

Forward thrust stator AMS-4027 aluminum

Forward thrust stator

flexure 7075-T6 aluminum
Thrust runner Titanium
Reverse thrust stator AMS-6415 low-alloy carbon steel

The basis for selection of the above materials is as follows.
1. Rotor Journals

The turbine is an integral part of the turbocompressor rotor, hence,

the turbine material requirements dictated the rotor journal material.

2. Pivoted-Pads

The use of M-1 tool steel hardened to RC58 has proved successful in
previous designs employing pivoted-pad journal bearings. The predom-
inant reason for this selection is to obtain a material which is suit-
able for stress levels of approximately 100,000 psi in the pivot contact
zone., Dimensional stability is a second important consideration for

the pivoted-pad material.
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Pivots

Previous experience has demonstrated the suitability of using M-1 tool
steel pivots against M-1 tool steel pads. The use of an electrofilm coat-
ing on one or both of these components has proved helpful in inhibiting

corrosion and fretting damage of the pivot contact zomne.

Forward Thrust Stator

The material properties required for this item are those of low density
for dynamic tracking reasons, high thermal conductivity for heat transfer
reasons, and high dimensional stability for bearing performance reasons.

These requirements were satisfied by the use of aluminum alloy AMS-4027.

Thrust Runner

The selection of material for this component was based on low density in
order to keep the 'bent shaft' critical speed of the rotor as high as
possible, and low coefficient of expansion to limit distortion of the

thrust bearing surface. The properties of Titanium met these requirements.

Reverse Thrust Stator

The selection of AMS-6415 low-alloy carbon steel for this component was
based on a requirement that the coefficient of expansion should be
essentially equal to that of the rotor and bearings. This simplifies
control of the bearing clearances over the operating temperature range of
the No. 1 journal bearing. To prevent corrosion of the low-alloy carbon

steel, various types of platings are used.

Pivot-Support Flexures

AISI 4130 steel hardened to RC36—40 was selected for the flexure material
of the No. 1 bearing because of its high fatigue strength and good dimen-
si-nal stability. AMS 5733 (Discaloy) steel hardened to RC25—35 was used
for the No. 2 flexures to control thermal expansion effects in the No. 2

bearing clearance. Silver plating is used for corrosion protection on

both flexures.



Bearing Surfacing Materials

Gas—lubricated bearings have no boundary lubrication safeguards. It is therefore
extremely important that the tearing surfaces be of highly compatible materials,

so that incidental high-speed contacts due to shock, vibration, passage of dirt
through the bearings, »r improper operation of the machine, will not result in
serious damage to the rotor~bearing system. Also, where it is desired to omit the
complexity of hydrostatic jacking of the bearings (which was the case with respect
to the turbocompressor journal bearings), the bearing surfaces must be capable

of surviving sliding contact over an appreciable number of starts and stops with-
out damage or significant wear. Since MTI had only limited prior experience with
self-acting start-up of pivoted-pad bearings, and known experience with self-acting
start-up of full-circular bearings was not good, an experimental program was under-
taken to evaluate promising surfacing materials under conditions of start-stop and

high~speed contact operation.

It was known that the compatibility of the bearing fabrication materials, as
defined in the preceeding subsection, would not be acceptable for the sliding
and high~speed contact conditions. The test program thus centered on the evalu-
ation of various combinations of coatings applied to the substrate fabrication

materials. In particular, the following coatings were evaluated.

Shaft Pad
A1203 flame-spray WC flame-spray
Mo arc-spray DU

Hardened (Rc40) 416 stainless

steel Electrofilm 4396
Chrome oxide flame-spray Chrome oxide flame-spray
WC flame-spray Hardened (RC6O) M-50 tool
steel
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¥For good assurance of duplicating the conditions of the journal bearings, the tests
were conducted with a single pad of a 1.5 inch diameter pivoted-pad bearing. Both
start-stop tests at bearing unit loads up to 4 psi and high-speed rubs due to impact

loading at 60,000 rpm were made. Tests were conducted at 350 and 500 F in argon.

The test results clearly showed chrome oxide versus chrome oxide to be the best
coating combination oﬁ the basis of both its performance under start-stop conditions
and its tolerance of high-speed rubs. It survived 1000 starts and stops without
surface damage and with negligible wear. Under repeated shock-load contacts at
60,000 rpm there was an increase in the contact area of the pad, but both the pad

and shaft surfaces were smooth and polished, without any evidence of surface damage.

On the basis of these tests, as well as the past history of its successful appli-
cation in gyroscope gas bearings, the combination of chrome oxide versus chrome
oxide was selected for all the bearings in the present application. A complete
description of the evaluation programs at 350 and 500 F are given in Appendices

E and F of this report.

Bearing System Instrumentation

Successful and rapid development of advanced high-speed gas-bearing turbomachinery
requires that the static and dynamic behavior of the rotor-bearing system be moni-
tored with extreme precision during the test and evaluation phases. In particular,

the rotor-bearing system instrumentation must

1. provide data for quantitative evaluation of overall performance,

2. provide data for detailed evaluation of component performance and for

refinement of component design, and

3. indicate whether or not the equipment is in a safe mode of operation.
To measure static and dynamic bearing film thicknesses in the prototype turbo-

compressor, displacement measuring instrumentation was selected based on measuring

electrical capacitance of the gas film between the tip of a capacitance probe and
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the moving surface of the journal and thrust bearings. Specifically, a capacitance
system based on the Wayne-Kerr Model DM 100 Distance Meter was selected for the

following reasons:

1. calibration of the combined transducer and readout system is extremely

stable with time and temperature,

2. the calibration factor is essentially constant over a wide range of
probe clearance gap (i.e., output is linear over a wide displacement
range) and hence, recalibration is not required each time the tramns-

ducer probes are reset,

W

the calibration factor is p.qs:pnf'ia'ﬂy constant over a wide ran

temperature (i.e., from 75 to 700 F) only slight changes in

calibration occur up to 1200 F,

4. high sensitivities are possible, ranging from 0.2 volts per mil to
0.1 volts per mil for the capacitance probes selected for the turbo-

compressor,

5. frequency response, though not outstanding, was adequate for the

application being flat to approximately 6,000 hertz,

6. the capacitance probe is unaffected by magnetic fields, and

7. the capacitance probes could be made very small, light, and rugged.

In order to adequately measure bearing system performance, a total of 21 capacitance
probes were incorporated into the bearing system design to measure (1) thrust
bearing film thickness, (2) orbital motion of the two journals, and (3) actual

film thickness between the eight pivoted-pads and the journals at a point close

to the pivot location. In addition, several probes were incorporated to measure
dynamic motions of several of the pads and of the forward thrust stator relative

to the '"fixed" bearing housings.

Locations of the various capacitance probes are listed in Table II-5. Figures
II-28 and II-29 show location of the probes in the No. 1 and No. 2 journal
bearings in more detail. Figure II-30 is a photograph showing the various sizes

of capacitance probes used. Views of the probes installed in the thrust bearings
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and pivoted-pads can be seen in the photographs of Figures II-6, ILI-7, II-8, II-16
and II-19.

In addition to the capacitance probe instrumentation, a total of 33 chromel-alumel
thermocouples were incorporated to measure temperatures of the bearing housings,
thrust plates, and pivoted-pads. Figure II-31 shows typical thermocouple location

patterns on the pivoted-pads.
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TABLE II-5
LOCATION OF BEARING SYSTEM CAPACITANCE PROBES

Thrust Bearing And No. 1 Journal Bearing

Number of Probe
Location Measurement Probes Designation
Forward thrust
bearing housing Dynamic movement
(Ground to forward of forward thrust
thrust stator)* stator 1 PT 1
Forward thrust
bearing stator Forward thrust
{(Forward stator bearing film PT 2, PT 3,
to runner) thickness 3 PT 4
Reverse thrust Reverse thrust
bearing stator bearing film
(Ground to runner) thickness 1% PT 5
No. 1 housing Dynamic orbit of
(Ground to shaft) No. 1 journal 2 at 90° PS 6, PS 7
Pivoted-pads Film thickness between
(Pad to shaft) each pad and No. 1 PF 8, PF 9,
journal 4 at 90° PF 10, PF il
Pad flutter (Ground Pad flutter in pitch
to back of pad) direction (unloaded
pad) 1 PP 12
Pad flutter (Ground Pad flutter in roll
to back of pad) direction (unloaded
pad) 1 PR 13
No. 2 Journal Bearing
Pivoted-pads Film thickness between
(Pad to shaft) each pad and No. 2 PF 20, PF 21,
journal 4 at 90° PF 22, PF 23
Pad flutter Dynamic movement between
(Pad to shaft pad and journal in the
roll direction (unloaded
pad) 1 PR 24
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Location

No. 2 housing {(Ground
to shaft)

Pad flutter (Ground
to back of pad)

TABLE II-5 (Cont.)

Number of

Measurement Probes

Probe
Designation

Dynamic orbit of No. 2
journal 2 at 90°

Pad flutter in the
pitch direction
(unloaded pad) 1

PS 26, PS 27

PP 25

*the word 'Ground' refers to ény static structure to which a probe is rigidly

attached

**This probe can also be used as a speed pick-up by sensing a small recess in
the rearward face of the thrust runner.
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View Of Various Capacitance Probe Configurations Used
For Bearing System Performance Measurement
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/DESIGNATES THERMOCOUPLE LOCATION
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BACK FACE OF NO. 2 BEARING PAD

TYPICAL FOR ONE LOADED PAD AND ONE UNLOADED PAD

(Thermocouples spot welded to back surface of pads; after
welding, the installation was covered with epoxy. )

Three thermocouples were installed on the No. 2 bearing
housing at a radius of 2.44", 90° apart.

H
1, L-THERMOCOUPLE LOCATION

BACK FACE OF NO. | BEARING PAD

TYPICAL FOR ONE LOADED PAD AND ONE UNLOADED PAD

(Installation method same as that for no. 2 bearing pad
thermocouples. )

A total of IO thermocouples were installed on the no. |
bearing housing.

Fig. II-31 - Location Of Significant Thermocouples In
Journal Bearing Regions
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III. DESIGN OF ROTOR-BEARING SYSTEM SIMULATOR

In any major development program where relatively new techniques are being extended
to the limits of
type machinery demands the utmost assurance of sound design, it becomes exceed-
ingly important to be able to isolate, evaluate and remedy possible problem areas
by means of component or subsystem test programs. With respect to the NASA axial
flow turbocompressor, it was recommended that the design of the gas-lubricated
rotor-bearing system, as described in Section II and Appendices C and D of this
report, be experimentally evaluated and optimized in a specially constructed
rotor-bearing system simulator. This would permit development and acceptance
testing of the rotor-bearing system independent of, and yet parallel to, the

turbocompressor aerodynamic components.

The recommendation for a rotor-bearing system simulator was approved by NASA,
and design of the simulator was begun in October, 1964. The design was carried

out such that the simulator could readily be used to

1. define rotor balancing requirements and procedures

2. evaluate bearing system performance under both balanced and unbalanced

rotor conditions

3. evaluate bearing system performance at design-point and off design
conditions (such as at maximum overspeed, at reduced ambient pressure,

and at higher-than-expected thrust loads)

4, evaluate bearing system performance at steady-state bearing temperatures

representative of those anticipated in the turbocompressor
5. assess the adequacy of the bearing cooling techniques

6. experimentally optimize the bearing system design parameters to

minimize bearing friction losses

7. 1identify unknown problem areas.

A cross-section view of the rotor-bearing system simulator is shown in Figure ITI~1..

Significant features of the simulator are described in the following subsections.
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Simulator Rotor

A photograph of the simulator rotor (less thrust runner) is shown in Figure III-2.

The rotor possesses the same principle dimensions, total mass, mass distribution

w

and stiffness characteristics as will be exhibited by the turbocompressor rotor.
The total calculated weight, and polar and transverse (about the c.g.) mass
moments of inertia of the complete rotor assembly (including thrust runner) were
10.62 pounds, 0.033 in.—lb.—sec.z, and 0.63 in.—lb.—sec.2 respectively. The
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the forward-most face of the thrust runner. Actual measured weight and c.g.

location for the complete rotor assembly was 10.5 pounds and 8.531, +0.031

Heat exchanger elements were brazed into the rotor on the ID of each of the
journals. These exchangers, which transfer bearing friction losses to a flow

of coolant gas, are identical in design to those which will be used in the turbo-
compressor. They were included in the simulator for the following reasons. First,
the mechanical integrity of the brazed construction under high-speed strains due
to centrifugal growth and possible effects of this growth on rotor balance,

needed to be evaluated. Secondly, inclusion
eeded to be evaluated. oecondl y, 1nclusion

of the heat exchan
possible to verify the intended heat transfer function of these components. Photo-
graphs of the heat exchangers, before and after brazing into the rotor, are shown

in Figures C-13, C-14, II-25 and II-26.

The material from which the turbocompressor rotor will be manufactured is
Waspaloy. The simulator rotor, however, is not subjected to the same high turbine
inlet temperatures and, consequently, high-temperature material properties were
not required. Selection of the simulator rotor material was based on the follow-

ing requirements:

1. Good stability to meet dimensional and tolerance requirements

2, A yield stress of 100,000 psi to meet the turbine wheel bore stress

requirements
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3. An NDT point well below turbine wheel temperature with a high Charpy V-

notch energy value at O F.

4. Good machinibility and freedom from distortion as a consequence of heat

treatment and brazing.

These requirements were met by the use of correctly heat treated AMS 6415 F (AISI 4343).

The essential feature of the heat treatment is the transformation to a micro-structure
which is 100 percent martensite, after which further heat treatment or brazing is
undertaken at a temperature below the transformation point. The properties of the

material after heat treating and brazing are as follows:

yield strength - 1.4 x lO5 PSI
Hardness - 25 - 30 Rc
Charpy V notch - 50 ft.-1b. in the temperature range -100 to +100 F,

The journal bearing portions of the simulator rotor are, like the turbocompressor
rotor, coated with flame-sprayed chrome oxide. The basis of selection for the chrome
oxide surfacing material is described in Section II, and Appendices E and F, of this

report.
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~ View of Simulator Rotor, Less Thrust Runner
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Simulator Bearings

’

The simulator was designed to use ﬁrecisely the same bearing system as designed

for the turbocompressor. Photographs of the journal bearing parts are shown in
Figures II-5 through II-10, and of the thrust bearing parts in Figures II-14
through II-19. For the No. 1 journal and thrust bearing region (which is located
at the compressor inlet end of the turbocompressor), the bearing components include
pivoted-pads, pivots, flexures, thrust stator, journal and thrust bearing support
housings, and bearing system instrumentation transducers (capacitance probes and
thermocouples). These components form a complete assembly which has the same
interface for both the simulator and the turbocompressor. In the No. 2, or
turbine, journal bearing region, the bearing components include pivoted-pads, pivots,
flexures, and instrumentation transduéers. Aéain, the interface for the bearing

components is identical in both the simulator and the turbocompressor.

Control of Bearing Loads

Variation in jourmal beéring loads, from zero to full rotor weight reaction, is
possible by rotation of the complete simulator on its mounting trunnions from a,
vertical to a horizontal rotor orientation. Figures III-3 and II1I-4 are photo-
graphs of the complete simulator assembly in a horizontal and vertical orientation

respectively.

For control of thrust load, at any orientation of the rotor, the simulator casings
fore and aft of the turbine wheel have been extended radially inwards, and laby-
rinth seals provided between these extensions and the rotor (see Figure III-1).

This permits the turbine wheel to be used as a double-acting piston. Variable
magnitude and direcfion of thrust load can thus be obtained by control of pressure
in the cavities on each side of the turbine wheel. These cavities are connected

by suitable pressure control valves to a gas supply manifold (as shown in

Figure IV-3). Leakage past the labyrinths passes into the main simulator casing
from where it is vented to atmosphere (via a vacuum pump when the simulator is being

operated at sub-atmospheric ambient pressures).
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Simulator Casings

The primary functions of the simulator casings are to provide an enclosure and subport
structure for the bearing system and turbine drive. As the ambient conditions for
simulator operation involve sub-atmospheric pressures in the bearing areas and con-
siderably elevated pressures in the turbine supply system, the casings have been
designed with suitable labyrinth seals to separate the high and low pressure regions
within the enclosure, while at the same time permitting correct distribution of heating
and cooling gas flows as required for control and simulation of bearing region temp-—

eratures.

Two spinnings are provided to form exhaust ducts at the turbine end of the simulator.
The first of these is connected to a vacuum pump by means of suitable piping and
control valves. This permits the control of ambient pressure in the simulator and
exhausts the various bearing system gas flows, and also the labyringh leakage flow
in the thrust loading system, to atmosphere. The second spinning is used to collect
turbine discharge gas. This gas is then ducted to atmosphere. This duct also de-
presses turbine noise to a more tolerable level than would be the case with an open

exhaust.

The casings were also designed to roughly approximate the mass and stiffness character—
istics of the turbocompressor casings. Mounting of the simulator is accomplished in
approximately the same plane as the turbocompressor mounting. This was done so that
any potential structural resonance problems could be identified during the test

program.

An item of considerable importance in the design of the simulator casings is the
accommodation and accessibility of leak tight instrumentation and supply connections
to the bearings. The design as shown in Figure III-1 utilizes permanently installed
pass—throughs in the fore and aft bulkheads at No. 1 bearing, and the forward bulk-
head in the No. 2 bearing area. This permits the easy coupling of all connections
on the inboard side prior to completing the enclosure by means of the O-ring sealed
outer sleeve at No. 1 bearing and the exhaust duct O-ring and gasket-sealed spinning
at No. 2 bearing. Figure III-5 shows some of the bulkhead instrument connections

for the assembled simulator.
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Fig. III-3 - View of Complete Simulator Assembly
With Rotor Horizontal

Fig. III-4 - View Of Complete Simulator Assembly
With Rotor Vertical —— Turbine End Down
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Simulator Turbine

In selecting the type of drive for the rotor-bearing dynamic simulator, a number

of requirements were taken into consideration. These are listed as follows.

1.

The speed range requirement was zero to 60,000 rpm with variable speed

control.

The maximum power requirement would be approximately 2.5 HP at 60,000 rpm.
This power requirement was based on bearing friction and rotor windage
losses at the minimum anticipated bearing clearances and maximum ambient

pressures and temperatures.

The selected drive should not interact with rotor-bearing dynamic per-
formance or introduce characteristics which would prove difficult to

correctly interpret.

The selected drive should not introduce indeterminant axia; forces

which would interfere with the. thrust loading system.

Speed control should be sufficiently precise to permit in-place

balancing of the rotor.

To meet these requirements an impulse turbine was selected. The design of this

turbine,

however, was strongly influenced by the primary requirement for correctly

simulating the size, inertia, and elastic characteristics of the turbocompressor:

rotor.

The resulting turbine wheel, although not possessing optimum specific

diameter or specific speed for the available shop air line pressures, was capable

of producing sufficient power for 50,000 rpm design speed operation. To reach

the overspeed condition of 60,000 rpm, it was necessary to increase the nozzle

inlet pressure to 215 psia, a pressure which was available from a large-volume

nitrogen storage system. During operation of the turbine under the above con-

ditions,
testing,

concern.,
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the efficiency was very low (approximately 25 percent). The duration of

however, was relatively short and the low efficiency value was of no




The nominal dimensions of the turbine are as follows:

, wheel diameter - 3.742 inches
: number of buckets - 21
é number of nozzles - 4

diameter of nozzles - 0.124 inches

radius of buckets

0.300 inches.

The turbine buckets are formed on the outside diameter of the wheel by end milling,

using a 0.60 inch diameter cutter. The four convergent-divergent nozzles are manu-

factured as separate components which are then inserted into the simulator casing.

The flow to the nozzles is supplied via drillings from an annulus located within the

simulator casing.

i Exhaust from the turbine is by four radial slots cut into the simulator casing, each

of which is 0.25 inches wide and extends over a 45 degree circumferential arc.

Thermal Simulation Capability

The simulator is equipped with the same bearing system thermal control capability

as is provided by the design for the prototype turbocompressor. This includes the

following features.

1.

Provision for introducing bearing cooling gas into the bore of the rotor
via the center hole in the thrust bearing. (Provision for preheating the

cooling gas was also provided as described in Section IV of this report.)
Provision for introducing heated gas around the No. 1 bearing housing.

Provision for controlling temperature of the No. 2 bearing housing via
a 500 watt Chromalox annular electrical bulkhead heating element, located

as shown in Figure III-1.

Provision for introducing coolant liquid into the forward thrust bearing
stator. (Provision for preheating the coolant was likewise provided in

the simulator control system.)
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All parts of the simulator are designed to operate at the maximum anticipated
steady-state temperatures which could occur in the turbocompressor bearing

regions.

Simulator Instrumentation

As mentioned in Section II of this report, successful and timely development of a
prototype gas-bearing machine requires extensive rotor-bearing system instrumen-
tation for quantitative measurement of performance and for minimum risk operation.
Accordingly, the simulator rotor-bearing system was equipped with exactly the same
capacitance probe and thermocouple transducers as was recommended for the proto-

type turbocompressor design (see pages 87 through 91 ).

In addition to the bearing system instrumentation, numerous additional thermo-
couples were installed to monitor simulator casing temperatures, as well as temp-
eratures of the various coolant fluids. A Model 3040 Electro Products Laboratories
magnetic speed pickup was used to measure rotor speed. The pickup sensed six
notches cut in the OD of the rotor ring used to simulate the mass of the second-
stage compressor blades. The speed pick-up can be seen projecting from the small-
diameter center section of the simulator casing in Figure III-5. Finally, the
simulator was equipped with numerous pressure taps for measurement of turbine,

thrust loading, and bearing ambient pressures.
A description of the simulator instrumentation readout equipment, and the simulator

control system is given in the next section of this report. A schematic of the

control system is shown in Figure IV-3.
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IV. TEST EVALUATION OF THE FINAL BEARTING SYSTEM DESIGN

Three series of tests were performed with the rotor-bearing system simulator des-

report. The £
1965, was an evaluation of the initial bearing system design. The results
this evaluation are documented in Appendix C of this report. Testing of the
initial design was concluded on October 20, 1965 with a successful acceptance
test in accordance with P&WA Specification 6355-A (this specification is enclosed

in Appendix A of this report).

The second series of tests, begun on December 30, 1965, was an evaluation of the

P A 4
second bearing system design.
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Appendix D. Testing of the second design was concluded on January 14, 1966,
again with a successful acceptance test in accordance with P&WA Specification

6355-A.

It was during the second series of simulator tests that a low~frequency rotor
whirl phenomenon was first identified. As discussed in Appendix D, onset of the
whirl phenomenon occurred as the diametral clearance of the No. 2 journal bearing
.
was being increased to the nominal design-point value, this value being consider-
ably greater than the design clearance of the initial bearing system design.
Full attainment of the hoped-for increase in clearance would have resulted in a
66 percent reduction in friction loss for the No. 2 journal bearing, this being
the primary objective of the second bearing system design. As a result of the
whirl condition, the acceptance test for the second bearing design had to be
performed at considerably less than the design-point clearance value. Nonethe-
less, a significant increase in diametral clearance, with its attendant decrease

in bearing friction loss, was obtained relative to the design-point conditions

of the initial design.

The third series of simulator tests was begun on March 9, 1966, and was concluded

on March 17, 1966 with a successful acceptance test. The purpose of the third test

series was to evaluate the performance of the final bearing system design (which was
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identically the same as the second bearing design, except that the mass properties

of the No. 2 journal bearing pads were restored to those of the initial bearing
design) and to determine the maximum bearing diametral clearance (i.e., the minimum
bearing friction loss condition) at which whirl-free operation of the turbocompressor
would be assured under various operating conditions. More specifically, the effect
on the boundaries of the whirl-free clearance envelope were determined for the

following operational variables:

1. Bearing ambient pressure - 10.0 to 14.7 psia
2. Bearing lubricant gas - air and argon

horizontal and vertical

3. Orientation of rotor axis

4. Rotor balance condition - residual unbalance and residual plus

0.0034 ounce-inches unbalance.

The following subsections describe (1) the simulator test facility in which the
various bearing system evaluation tests were performed and (2) the specific test

results pertaining to performance of the final bearing system design as documented

in Section II of this report.

Description of the Simulator Test Facility

The simulator test facility consisted of the following items:

1. the rotor-bearing system simulator (described in Section III),
2. the simulator control panel,

3. instrumentation read-out equipment.

Figure IV-1l is a photograph of the rotor-bearing system simulator mounted on a
test bench behind the control panel. In this photograph the simulator is vertical
with the turbine-end down. The vacuum casings around the No. 1 and No. 2 bearing

regions are removed and the machine is set up for in-place rotor balancing on the

gas bearings.
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Figure IV-~2 is a photograph of the simulator control panel and a partial set-up
of the instrumentation read-out equipment. A Hewlett Packard 521A electronic
counter, seen mounted above the left-hand end of the control panel, was used to
continuously monitor rotor speed. A 24-point temperature recorder, located on
the right-hand table, was used to monitor bearing system temperatures. Microdyne
consoles (located at the immediate right and left of the control panel), together
with Wayne-Kerr DM-100 distance meters and Tektronic 502-A oscilloscopes, were

used to monitor bearing system capacitance probe signals.

Figure IV-3 is a schematic diagram of the simulator control system. All controls,
except for heater exit temperatures and air-manifold supply pressure, were manually
operated. It is seen from Figure IV-3 that individual control valves were supplied

for

1. fine and coarse control of turbine nozzle pressure (V-4 and V-5),

2. control of forward thrust loading pressure (V-6),

3. control of reverse thrust loading pressure (V-7),

4. control of forward hydrostatic thrust bearing supply pressure (V-10),
5. control of reverse hydrostatic thrust bearing supply pressure (V-8),

6. control of water coolant supply pressure to the forward thrust bearing

stator (V-12),
7. control of cooling gas flow into the rotor bore (V-9),
8. control of heating gas flow into the No. 1 bearing housing cavity (V-11),

9. control of simulator bearing region ambient pressure (V-14, V-15 and V-16).

All pertinent pressures and flows for the above listed control functions were
measured via bourdon tube pressure gages and rotometer flowmeters mounted on the
control panel, as seen in Figure IV-2. Control of the No. 2 bearing housing bulk-
head heater was obtained via a manually controlled variac (auto transformer)

also mounted on the control panel.
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Shop air at 120 psig was used to drive the simulator turbine at speeds up to about
51,000 rpm. To achieve the 60,000 rpm overspeed condition, a nozzle pressure of
approximately 200 psig was required. Since this pressure was not available from

the shop air supply, nitrogen from a high-pressure tank truck was used for 60,000 rpm

overspeed operation.

As seen from Figure IV-3, the manifold used to supply gas flows for all other simu-
lator requirements (excluding turbine drive gas) could be connected either to the
shop air supply, the nitrogen tank truck supply, or to a completely separate argon
supply. When it was desired to operate the simulator in an argon environment, the
supply manifold was isolated from the turbine air (or nitrogen) supply line via
valves V-18 and V-3. Valve V-20 was then opened to admit argon from high-pressure

bottles into the supply manifold.

Control of journal bearing temperatures was achieved by regulating flow rate and
inlet temperature of (1) the rotor-cooling gas flow, and (2) the No. 1 bearing
housing heating flow, and by adjustment of the supply voltage to the No. 2 bearing
housing bulkhead heater. Control of thrust bearing temperature was obtained by reg-

ulating flow and inlet temperature of the thrust bearing coolant water.
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Evaluation of the Hydrodynamic Thrust Bearing

The same hydrodynamic thrust bearing was used throughout the simulator test
program —— no modifications to its design were required. During all tests, film
thickness of the hydrodynamic thrust bearing was measured with three capacitance
probes circumferentially spaced 90 degrees apart on a 1.834 inch base circle. As
can be seen from the photograph of Figure II-16, the probes were located in the

"seal" region of the hydrodynamic bearing.

Figure 1IV-4 is a plot of measured and calculated film thickness versus thrust
load for the hydrodynamic thrust bearing at 50,000 rpm. The test data were
obtained with the axis of the simulator rotor inclined 7.5 degrees from the
horizontal and at bearing ambient pressures of 7.5 and 12.2 psia. The film
thickness data is based upon an average of the three probe readings. However,
individual probe readings clearly indicated that the forward thrust stator was
misaligned from the thrust runner by about 0.00035 radians at low loads and by
about 0.,00015 radians at the highest loads. This decrease in misalignment with
increasing load is a demonstration of the self-aligning capability of the for-

ward thrust stator due to the flexure mounting arrangement which was provided for

this bearing.

The thrust load data shown on Figure IV-4 was calculated using measurements of
pressure acting on the forward and reverse thrust-loading faces of the drive
turbine (see Figure II1I-1) and subtracting out the component of rotor weight due
to the 7.5 degree inclination of the rotor. All other internal differential

areas of the simulator were vented to bearing ambient pressure and, hence, con-

tributed no thrust forces.

It is seen from Figure IV-4 that there is quite good agreement between the cal-
culated and measured plots of load versus film thickness, particularly at the
design load of 24 pounds where ‘the agreement is essentially exact. The test data
show, as predicted by theory, that the load capacity of the bearing is not sig-

nificantly effected by ambient pressure from 7.5 to 12.2 psia.
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The hydrodynamic thrust bearing was evaluated at speeds from 30,000 to 60,000 rpm.
Performance over this range of speeds was excellent. Figure IV-5 is a comparison
of measured and calculated thrust bearing film thickness versus load at 30,000 rpm
for ambient pressures of 9.9 and 11.75 psia. Like the data at 50,000 rpm, it is

seen that good agreement exists between calculated and measured performance.

Throughout the simulator test program, dynamic once-per-rev runout of the thrust
runner, as measured with the capacitance probes, was approximately 0,07 mils with
residual rotor unbalance and 0.09 mils with 0.002 ounce-inches additional unbalance
“1 the turbine plane. This can be seen from Figure IV-6 which shows oscilloscope
photographs of the three thrust bearing capacitance probe traces taken at 50,000 rpm
during the second simulator acceptance test. (The photos for test run No. 252 corre-
spond to residual rotor unbalance, while the photos for test run No. 236 correspond
to 0.002 ounce-inches additional unbalance in the turbine plane.) Since the ratio

of thrust bearing OD to capacitance probe base circle diameter was 1.77, the actual
runout of the thrust runner at its OD was about 0.124 mils with residual unbalance
and 0.159 mils with the additional unbalance. Based on rotor ingpection records of
squareness of the thrust runner mounting face to the centerline of the journals, the
TIR at the OD of the thrust runner should have measured 0.104 mils. Hence, there is
quite good agreement in thrust bearing runout based on static inspection room measure-

ments and dynamic (50,000 rpm) capacitance probe measurements.

It is clearly seen from Figure IV-6 that the thrust bearing runout displacements,
as measured by probes No. 2 and 4, are 180 degrees out of phase. This is a further
confirmation that the oscilloscope traces are showing thrust bearing runout, rather
than axial displacement of the whole rotor, since probes 2 and 4 were 180 degrees

circumferentially displaced from each other as illustrated in Figure II-16.
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Test Evaluation of the Forward Hydrostatic Thrust Bearing

Test data for the forward hydrostatic thrust bearing is presented in Figure IV-7.
The plotted curve was obtained from a "bench" test in which the thrust runner
was disassembled from the rotor and allowed to freely float on the thrust stator.
Weights of 50, 75 and 100 pounds were then suspended from the hole through the
ID of the bearing to obtain the desired calibration loads. This, of course, was
the optimum set-up condition for the bearing, since the runner was completely

free to seek its position of minimum misalignment and, hence, maximum load capacity.

Also plotted on Figure IV-7 are two test points taken during the initial acceptance
test of the forward hydrostatic thrust bearing (with 5 supply orifices). These
points, obtained at rotor speeds of 40,000 and 50,000 rpm, confirm the zero speed

calibration data taken during the bench tests.,

The calculated design-point condition for the forward hydrostatic thrust bearing
is also plotted on Figure IV-7. It is seen that all of the test data exceed the
calculated design-point clearance. This is probably due to a conservative
assumption used for the calculated point —— namely, the OD of the hydrostatic
bearing was assumed to be the same as the root diameter of the spiral grooves
for the hydrodynamic bearing. The higher values of measured load capacity indi-
cate that hydrostatic pressurization probably did exist, to some extent, across

the spiral-grooved section of the hydrodynamic bearing.

At no time during any of the three acceptance tests performed on the rotor-bearing
simulator was pneumatic hammer of the forward hydrostatic thrust bearing observed.
(Pneumatic hammer was, however, observed with the initial design of the forward
hydrostatic thrust bearing which had 20 hydrostatic supply orifices. This insta-
bility is discussed in Appendix C of this report. The instability was eliminated

by reducing the number of supply orifices from 20 to 5.)

93



Test Evaluation of the Reverse Hydrostatic Thrust Bearing

Figure IV-8 shows test data obtained for the reverse hydrostatic thrust bearing.
This data was obtained with the thrust runner assembled to the rotor and the
simulator oriented vertically with the turbine-end down. Thrust loads were

applied by pressurizing the reverse thrust-loading face of the drive turbine.

Also shown on Figure IV-8 is one of the test points taken during the initial
acceptance tests of the reverse hydrostatic thrust bearing. It is seen that the
load capacity of the reverse bearing under the acceptance test conditions is
less than the static calibrations obtained at non-rotating conditions and

14.7 psia ambient pressure. The reason for this measured difference in film
thickness at approximately 50 pounds thrust load is not apparent from the test
data, Nonetheless, the measured film clearance of approximately 1.0 mil at

the acceptance test condition is quite adequate for safe continuous operation of

the machine at 50 pounds reverse thrust load.

The calculated design-point condition for the reverse hydrostatic thrust bearing
is also plotted on Figure IV-8. It is seen that the non-rotating calibration
data fall slightly short of the calculated design-point clearance. Again, the
reason for this slight discrepancy in f£ilm thickness is not immediately apparent

from the test data.

Throughout the simulator test program, no evidence of pneumatic hammer of the

reverse thrust bearing was detected.
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Test Evaluation of the No. 1 Journal Bearing

The design values of stiffness for the "upper" and "lower" pivot-support flexures
for the No. 1 journal bearing were 10,000 and 63,000 1b./in. respectively. Ex-
perimental load-deflection data, plotted in Figures C-20 and D-13, show that the
actual values of stiffness for the upper and lower flexures were 9,800 and 50,000
1b./in. respectively. The discrepancy between design and measured values of
flexure stiffness is believed to be due to "non-ideal' boundary conditions which
exist at the ends of the flexure sections. For the purposes of design, a zero-
slope boundary condition was assumed at the ends of the two beam sections of
which each flexure is comprised. In actual fact, this assumption was probably
somewhat in error due to (1) some deflection of the thicker central portion of
the flexure (which carries the pivot screw), and (2) some deflection within the

clamping zone at the two ends of the flexure.

For the second simulator acceptance test, the No. 1 journal bearing was set up
with a zero-speed room temperature diametral clearance between 0.79 to 0.85 mils.
Neither this set-up clearance, nor any other facet of the No. 1 bearing design,
was changed between the acceptance tests for the second and final bearing system

designs.

Figure IV-9 shows a comparison of measured pivot film thickness for the No. 1
bearing at 50,000 and 60,000 rpm with calculated values of film thickness. The
measured data were obtained during the second simulator acceptance test (test
runs No. 243 and 244). The test condition was horizontal operation in air at an
ambient pressure of 12.0 psia. Measured temperatures of the No. 1 bearing pads

and bearing housing were 170 and 165 F respectively.

The calculated film thickness curves drawn on Figure IV-9 are based on the
measured values of upper and lower flexure stiffness, the actual zero-speed set-up
clearance of the bearing, the measured values of pad and housing temperature, and
include the effects of journal centrifugal growth (which is 0.35 and 0.50 mils
radially at 50,000 and 60,000 rpm respectively). The other design parameters

for the bearing are the same as given in Table II-1 (Section II of this report).
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It is seen from Figure IV-9 that the measured and calculated values of pivot film
thickness are in fairly close agreement, with the measured films being somewhat larger

than the calculated films.

Figures IV-10 and IV-1ll are oscilloscope time-base traces of the pad-to-shaft capaci-
tance probe signals for the No. 1 journal bearing taken during test runs 258 and

239, respectively, of the second simulator acceptance test. (See Figure II-27

for location of the various No. 1 bearing capacitance probes.) The test conditions

for these runs were as follows:

Test No. 239 Test No. 258

(Fig. 1V-II1) (Fig. IV-10)
Gas Air Air
Ambient pressure - psia 10.5 10.9
Rotor Orientation Horizontal Horizontal
Speed - rpm 50,730 50,500
Rotor Unbalance Condition Residual plus Residual

0.002 ounce-inches
unbalance added to
turbine plane

The significant difference between test runs 239 and 258 was the condition of rotor
unbalance. Whereas there is virtually no once-per-rev relative pad-to-shaft motion
indicated on the traces of Figure IV-10, the addition of unbalance in the turbine
plane produced definite once-per—rev relative motions (particularly for the upper
or unloaded pads) as shown in Figure IV-11. The fact that the relative motion
traces for the upper pads show a larger dynamic amplitude than do those for the
lower pads may be due to a slight resonance of the upper pad-flexure assemblies due
to the unbalance excitation. The resonant frequency of the upper pad assemblies,
while considerably above 50,000 rpm, is significantly lower than that of the lower
pad assemblies due to the lower stiffness value of the upper flexures. Hence the
upper assemblies would be more responsive to a 50,000 rpm excitation than would the
lower assemblies. From the standpoint of adequate film thickness, the effect of

the additional unbalance is of no concern whatsoever.
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Figure IV-12 shows osc.lluscope pﬁotographs of the No. 1 journal orbit during
test runs 258 and 239 as measured by "X and Y" capacitance probes mounted on the
No. 1 bearing housing. The fuzziness of the bearing orbits is due to the fact
that only half the detection area of the X and Y displacement capacitance

probes was actually exposed to the No. 1 journal surface. The other half of

the probe faces were exposed to an irregular chrome oxide radius which caused

a high-~frequency low~amplitude noise signal to be superimposed on the primary
signal. The fuzziness is a result of this high~frequency hash. It is seen that
there appears to be only a slight, if any, increase in the orbit for run 239
relative to run 258. This would seem to confirm that the upper pad-to-shaft
traces of Figure IV-11 show primarily vibration of the pad-flexure assemblies
rather than journal motion. However, the orbit traces of Figure IV-12 are too

fuzzy to analytically confirm this conclusion.

Figure IV-13 shows three oscilloscope photographs of the No. 1 journal orbit

as follows:

Test Run Speed - rpm Rotor Balance Condition
264 49,800 Residual unbalance only
265 59,800 Residual unbalance only
242 60,100 Residual plus 0.002 ounce-

inches unbalance added to
the turbine plane

It is seen from Figure IV-13 that, regardless of the condition of rotor unbalance,
the orbit diameter of the No. 1 journal almost doubles from 50,000 to 60,000 rpm.
This is due to the influence of the 93,000 rpm third critical speed resonance
mode which is the fundamental free-free (i.e., rotor bending) mode. It is quite
probable that the residual unbalance orbits could have been considerably reduced
from those shown in Figure IV-13 by utilizing a three-plane rotor balancing

technique rather than the simpler two-plane technique which was actually used.

Throughout the simulator test program, performance of the No. 1 bearing was

excellent. At no time was any tendency or evidence of either rotor or pad
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instability detected. The correlation between measured and calculated film clear-
ances shown in Figure IV-9 gives assurance that operation in argon will be essen-

tially as predicted in Figures II-1 and II-2.
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Test Evaluation of the No. 2 Journal Bearing

The design values of stiffness for the "upper" and "lower" pivot-support flexures
for the No. 2 journal bearing were 10,000 and 100,000 1b./in. respectively.
Experimental load-deflection data, plotted in Figures C--19 and D-13, show that
the actual values of stiffness for the upper and lower flexures were 8,400 and
70,000 1b./in. respectively. The probable reasons for the discrepancy between
design and measured values are the same as mentioned in the preceeding subsection

with respect to the No. 1 flexures.

For the third, or final, simulator acceptance test and rotor-whirl investigation,
the No. 2 journal bearing was set up with a zero-speed room temperature diametral
clearance between 1.1 and 1.2 mils. This, incidentally, was the same clearance
used for the second simulator acceptance test. In fact, the only change made to
the No. 2 bearing between the second and final acceptance tests was a reduction
in the mass and roll inertia of each of the No. 2 pivoted-pads as documented in

Table D-1 (Appendix D).

Figure IV-14 shows a comparison of measured pivot film thickness for the No. 2
bearing at 50,000 and 60,000 rpm with calculated values of film thickness. The
measured data were obtained during the second simulator acceptance test (test
runs No. 243 and 244). The test condition was horizontal operation in air at an
ambient pressure of 12.0 psia. Measured temperatures of the No. 2 bearing pads

and bearing housing were 207 and 165 F respectively.

The calculated fiim thickness curves of Figure IV-14 are based on the measured
values of upper and lower flexure stiffness, the actual zero-speed set-up clear-
ance, the measured values of pad and housing temperature, and include the effects
of journal centrifugal growth (which is 0.44 and 0.62 mils radially at 50,000
and 60,000 rpm respectively). It is seen from Figure IV-14 that the measured and
calculated values of pivot film thickness are in fairly close agreement, with
the measured films being, for the most part, slightly larger than tbe calculated

films.
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Figures IV-15 throt . IV-17 are plots of measured and calculated pivot film thick-
ness for the final design of the No. 2 bearing (i.e., with the mass of the No. 2

pads reduced relati--z to the conditions of Figure IV-14). The measured data points

on Figures IV-15 tarough IV-17 were all obtained just prior to the onset of a low-
frequency zci:. whirl condition which is discussed in a following subsection. The
test conditi~ns are fully noted on the figures. Again it is seen that fairly good
agreement ex’.sts between the measured and calculated data. However, it is interesting
to neote that for the whirl onset condition, the measured films are all slightly
smaller than the calculated films, which is the opposite of the data shown in Figures
IV-9 and IV-14. It is not clear at this time whether there is any particular sig-

nificance to this observation.

Figures IV-~18 and IV-19 are oscilloscope time-base traces of the pad-to-shaft capac-
itance probe signals for the No. 2 journal bearing taken during test runs 302 and
306, respectively, of the final simulator acceptance test. The test conditions

for these runs were as follows:

Test No. 302 Test No. 306
(Fig. 1v-18) (Fig. 1V-19)
Gas Air Air
Ambient pressure, psia 12.6 12.6
Rotor orientation Vertical Vertical
Speed - rpm 50,120 49,670
Rotor unbalance condition Residual Residual plus

0.002 ounce-inches
unbalance added to
the turbine plane

The principle difference between test runs 302 and 306 was the condition of rotor
unbalance. It is seen from Figures IV-18 and IV-19 that there is a small increase
in the amplitudes of the dynamic relative motions between the pads and the No. 2
journal due to the addition of turbine unbalance in test run 306. Of more signifi-
cance, however, is the presence of a strong two-per-rev vibration in the relative

motion signals of the two "upper' or "unloaded" pad-to-shaft prcbes. This
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vibration was found to be due to the upper pad-flexure assemblies having a
resonant frequency in the vicinity of 100,000 rpm. This resonance is discussed

in more detail in the next subsection.

Figure IV-20 shows three oscilloscope photographs of the No. 2 pad-to-shaft
capacitance probe signals taken during test run 258 of the second simulator
acceptance test. The test conditions were simulator horizontal, 50,500 rpm,
residual unbalance only, and ambient air pressure of 10.9 psia. In addition to
the four pad-~to-shaft probes located near the pivot point (probes PF-20, PF-21,
PR-22, and PF-23), traces from a fifth pad-to-shaft probe (PR-24) and a housing-
to-~pad probe (PP-25) are also shown. (Location of these various capacitance

probes within the No. 2 bearin Figure II-29.) Again, pivot probes

wn in ure <) Again,
PF-21 and 22 in the two upper pads show evidence of the pad-flexure resonant
vibration frequency. It is interesting to note that the trace from probe PR-24,
which is mounted in the same pad as PF-21, contains considerably more once-per-
rev content (in addition to an obvious content of two-per-rev vibration) than
does the PF-21 trace. Since PR~24 was located slightly more than twice the dis-

tance from the pivot as was PF-21 (see Figure II-28), this would indicate that

a slight once-per-rev roll vibration of the pad may have also been occurring.

Figure IV-21 shows four oscilloscope photographs of the No. 2 journal orbit as
measured by "X and Y'" probes PS-26 and 27 mounted on the No. 2 bearing housing.

The following conditions are represented in Figure IV-21:

Test Run Speed —-rpm Rotor Balance Condition
252 49,700 Residual unbalance only
239 50,730 Residual plus 0,002 ounce-inches
unbalance added to the turbine plane
263 60,800 Residual unbalance only
240 60,600 Residual plus 0.002 ounce-inches

unbalance added to the turbine plane

It is seen from Figure IV-21 that the No. 2 journal orbit is definitely increased

by the addition of turbine unbalance at both 50,000 and 60,000 rpm. It is also
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seen that regardless of the condition of rotor unbalance, the journal orbit almost
doubles from 50,000 to 60,000 rpm. This is due to the influence of the 93,000 rpm.
third critical speed resonance mode which is the fundamental free-free (i.e., rotor
bending) mode. It is quite probable that the residual unbalance orbits could have
been considerably reduced from those shown in Figure IV-21 by utilizing a three-plane
rotor balancing technique rather than the simpler two-plane technique which was

actually used.

Figure IV-22 shows three oscilloscope photographs of the No. 2 pad-to-shaft capaci-
tance probe traces taken at 60,000 rpm during test runs 265 and 267 of the second
simulator acceptance test. The test conditions were simulator vertical and 0.002
ounce--inches unbalance added to the turbine plane. (Refer to Figure II-29 and the
previous discussion of Figure IV-20 for definition of the capacitance probe locations.)
Relative to operation at 50,000 rpm (Figure IV-20) it is seen that the dynamic com-
ponent of relative motion between the "lower" pads and the rotor is greater than
between the "upper" pads and the rotor. There is also definite indication of two-per-
rev vibration of the lower pad-flexure assemblies, probably due to excitation of the

resonant frequency of the lower pad-flexure assemblies.

In spite of the various effects of rotor unbalance and pad-flexure assembly vibra-
tions illustrated by Figures IV-18 through IV-22, operation of the No. 2 journal
bearing was, at all times, satisfactory from the standpoint of film thickness at
the pivot point. The correlation between measured and calculated film clearances
shown in Figures IV-14 through IV-17 gives assurance that operation in argon will

be essentially as predicted in Figures II-3 and II-4.
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Data Taken At Threshold Of Rotor Whirl Condition
(50,000 RPM, Rotor Horizontal, 14.7 PSIA Ambient)
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Cp/R=3 x 107 AT 50,000 RPM
t/D=0.06

LOAD =7.25 LB IN HORIZONTAL POSITION

ALL TEST DATA SHOWN OBTAINED WITHOUT
TURBINE UNBAL ANCE

PAD WEIGHT=0.14 LB
LUBRICANT GAS -AIR AT 10.0 PSIA

TEMPERATURES USED IN OBTAINING CALCULATED
DATA WERE THOSE MEASURED DURING
CORRESPONDING WHIRL THRESHOLD TEST RUNS
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Fig. IV-16 - Comparison Of Measured And Calculated Pivot Film Thickness

For The Final No. 2 Journal Bearing Design Measured
Data Taken At Threshold Of Rotor Whirl Condition
(50,000 RPM, Rotor Horizontal, 10.0 PSIA Ambient)
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L =D=2.125 INCHES

Cp/R=3x 1073 AT 50,000 RPM
1/D=0.06

LOAD=0.0LB  (VERTICAL ROTOR)

ALL TEST DATA SHOWN OBTAINED WITHOUT
TURBINE UNBALANCE

PAD WEIGHT=0.14 LB
LUBRICANT GAS -AIR AT 14.7 PSIA

TEMPERATURES USED IN OBTAINING CALCULATED
DATA WERE THOSE MEASURED DURING
__CORRESPONDING WHIRL THRESHOLD TEST RUNS
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ROTOR SPEED- THOUSANDS OF RPM

Fig. IV-17 - Comparison Of Measured And Calculated Pivot Film Thickness

For The Final No. 2 Journal Bearing Design —— Measured
Data Taken At Threshold Of Rotor Whirl Condition
(50,000 RPM, Rotor Vertical, 14.7 PSIA Ambient)
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Probe signal PF-20 (Loaded Pad)

by [
ot 3]

Zero film for PF-20

GEL

Probe signal PF-23 (Loaded Pad)

L R Ly
\ P

)
N
&
|
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o
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i
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Zero film for PF-23

Zero film for PF-21

Probe signal PR-24 (Unloaded Pad)

Zero film for PR-24

Probe signal PF-22 (Unloaded Pad)

Zero film for PF-22

AP A TPITER
gg:z;gs:g Probe signal PP-25 (Unloaded Pad)

Oscilloscope Calibrations

Vertical ~ 0.25 mils per major grid
division, except PP-25
which is 0.5 mils per
major division

Test Run 258
Rotor Horizontal
Ambient — air at 10.9 psia
Horizontal - 1.0 millisecond per
major grid division

Fig. IV-20 - Oscilloscope Time-Base Traces Of Pad-to-Shaft Capacitance
Probe Signals For The Second No. 2 Journal Bearing Design ——

Taken At 50,500 RPM With Only Residual Rotor Unbalance

115




Test Run 252
49,700 RPM

Residual Unbalance

Note: There is no relationship between location
of the orbits and the zetro-speed clearance

squares

Test Run 239
50,730 RPM
Residual plus 0.002 oz.-in.

unbalance in turbine plane

Test Run 263
60,800 RPM

Residual unbalance

Oscilloscope Calibrations

Vertical and Horizontal -
0.5 mils per major grid

division

Test Run 240
60,600 RPM
Residual plus 0.002 oz.-in.

unbalance in turbine plane

Fig. IV-21 - Oscilloscope Traces Of The No. 2 Journal Orbit Showing Effect
Of Increasing Speed From 50,000 To 60,000 RPM, With and Without
Turbine Unbalance, On Journal Response
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«€—— Probe signal PF-20 (Lower Pad)

- Zero film for PF-20

—-a—— Probe signal P¥-23 (Lower Pad)

-t——. Zero film for PF-23

Test Run 265
59,800 RPM

we