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ABSTRACT

During the dynamics tests of the Saturn V - Apollo vehicle
sufficient data was obtained to evaluate the modal damping forces. However,
the use of this data was limited to the choice of a linear damping force.
The result was that variations in the computed values of linear damping
from different tests could not be explained. 1In this study both linear
and nonlinear damping forces are investigated. To accomplish this

required the development of analytical and empirical techniques not
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presently available in the literature. It also rcquired some conditioning
of the raw experimental data. Tiie conclusion ls that a nonlineur damping
force will yield results much more consistent than those using linear
damping. Numerical values are given for the first two modes of two

Saturn V - Apollo configurations. Considerable differences between resonant
amplitudes using linear damping compared with nonlinear damping are noted
when the results are extrapolated to force levels above those used in the
tests. Linear viscous damping is shown to be very conservative as far as

the structure is concerned.
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CHAPTER I

INTRODUCTION

The purpose of this report is to investigate the system damping of a
large launch vehicle with its payload; in particular the Saturn V - Apollo
system. No logical ecxplanation has been given to the reported damping values
previously obtained from dynamic test and analysis, There are reasons for
this. First, the experimental test data has aot been conditioned or
modificd. Only the test records that are accurate should be used, Secondly,
engincers have not accounted for sources of damping other than the lincar
viscous damping commonly used. Finally, the analytical techniques for
determining the system damping from experimental dafa have not been perfected
to the point that a rigorous analysis of the data can be performed, Each of
these reasons for the reported inconsistent values of damping are eliminated
in this final report.

The particular vehicle configurations that were studied are discussecd
in the second chapter. They are the Saturn V - Apollo vehicles; Configuration
1 at time point two and Configuration II at time point cleven, as simulated
in the dynamic test tower at the Marshall Space Flight Center. The lumped
parameter or modal approach for studying this continuous system is reviewed
and the fundamentals of cnergy dissipation and hysterctic damping arce intro-
duced in this chapter,

Conditioning of the cxperimental test data is éxplained in the third

chapter, It is shown that test rccords occur which may contain undesirable




-2 -

cffects, and the desirable data must be filtered or separated out.  Test
records containing principal pitch and yaw modal coupling are conditioncd
so that uncoupled data is obtained., With data which has been conditioned,
one can determine modal damping coefficients that are morce accurate than
those previously available. These coefficients are still based on linear
viscous damping and are shown to be frequency dependent.

To be able to decide what analytical rcprescentations of damping
(including nonlinear forms) can best describe modal damping, additional
test data must be used. The energy loss per cycle,or energy dissipation,
is easily obtained for this purpose. In chapter four the energy loss per
cycle is used along with other test records on amplitude and frequency to
obtain nonlincar represcentations of damping. This requires new analytical
techniques to be used with the resulting nonlincar modal equations. Three
such techniques are introduced and discussed in detail.

An empirical method to determine modal damping is shown in chapter
five. This technique uses a polynomial in amplitude and frequency to describe.
modal cnergy loss per cycle., Terms of this polynomial are directly rclated
to modal damping forces, and damping coefficients are easily determined from
the cocfficients of the energy loss polynomial. Energy loss coefficients are
obtainced from a computer program which fits the polynomial to the set of
cnergy loss values obtained from tests,

A summary of analytical results and the resulting conclusions arc

discussced In chapter six,




CHAPTER 11

THE SATURN V VEHICLE AND ITS DYNAMIC PARAMETERS

It is the purpose of this chapter to place in perspective the type
of vehicles of concern,6and what analytical techniques can be used on
such vehicles. One must constantly be aware of what type of test data has
been collected and how it can best be utilized. However, if a particular
analytical approach appears to be useful, it will be explored with the
hope that desirable experimental test data may be available in the future.

From the standpoint of expense and time involved with obtaining test
data, a maximum amount of information is desired from a minimum amount of
test data, Thus, only a few dynamic parameters arc obtained from the tests.
How these paramecters interface with analytical techniques is quite important,
Of particular interest is the interface that permits one to determine the
damping of the vechicle system.

Furthermore, it is desirable to see whether lincar viscous damping
is a rcasonable approximation to system damping. Other nonlincar represen-
tations of damping are known to exist and may be predominant. Energy
dissipation Is a dynamic paramcter directly related to system damping; and
this fact is utilized to a great extent throughout this study. Also, it
is desirable to know the sub-system or component damping based on what ;hc

total vehicle damping is.




2.1 The Saturn V Tests.,

The dynamic test vehicle (DIV) is the Saturn V vehicle, The Saturn
V Dynamic Test Program was conceived by the George C. Marshall Space Flight
Center at Redstonc Arsenal in 1962, The primary objective of this program
was to obtain structural dynamic data from a test specimen,the 500-D
vehicle, representingas closely as possible the Saturn V vehicle and its
flight environment. A knowledge of these structural dynamic characteristics
was required for the flight control system design, for the determination of
vehicle loads, and for the verification of propulsion system stability on
the Saturn V flight models. The test was also intended to verify the
analytical metﬁods and results usced in flight simulation analyses of the
Saturn V vehicle,

The vehicle was supported in a semi-free condition using a unique six
degree of frecedom oil/gas suspension system with restraining springs for
rigid body lateral and roll stability. This gave the vehicle essentially no
restraint in the horizontal direction and very soft spring support in the
vertical direc;ion. In addition to the hydrodynamic supports, the vehicle
support systeéem included two sets of lateral stabilizing springs. Both sets
were located as close as possible to the mean nodal point locations so that
they would restrain the vehicle as little as possible during flcxiblc body
bending modes. The upper stabilizing system consisted of 16 springs attached
tangentially so that they would also provide the roll restraint necessary Lo
keep the vehicle centered during roll testing. The entire vehicle was
encloscd in a 400 foot stecl tower to provide access to the vehicle and co
minimize the effects of the weather on the test. The vehicle was cxcited

using 10,000 pound capacity electrodynamic shakers oriented to cxcite
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pitch, yaw, roll, and longitudinal motions. Accelerometers and rate gyros
were used for the primary data instrumentation.

At the conclusion of each test, rapid data validation was achieved by
use of the digital computer for data reduction. Analysis of the data was
inmediately performed to declare the test data valid or to declare the need -
for retest,

The final step in the Test Program was the correlation by The Boelng
Company of the test data with their analytical data and the subscquent
projection of the dynamic characteristics to flight control design Ll].*

The test vehicle itself was a full scale Saturn V vehicle (500-D) built
to flight vehicle specifications. Where deviations from these specifications
occurred, the deviations were designed so as not to change the overall
dynamic response of the vehicle. For example, the engine mass simulators
were designed to represent the mass and center of gravity location of the
flight article very closely (within five percent). The vehicle consists of
(1) the propulsion stage, the booster rocket containing the $-IC, S-II, and
S-IVB stages, (2) the instrument unit (IU) which houses the primary flight
control and guldance systems, (3) the payload which consists of the command
and service modules, and (4) the lunar excursion module simulator. The full
test vehicle was approximately 365 feet high with a base diameter of 33
feet, The physical size of the test specimen and the liquid propellants it
contained required testing the vehicle in the vertical position,

Based on analytical studics, the dynamic characteristics of the [ree-
frece, cryogenic flight vehicle were simulated by filling the $-IC fucl and

liquid oxygen tanks with water. The upper stage tanks were left ompty for

*
Sce Reference Page 115,
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lateral testing. This is referred to as "Configuration I', see Fig. (2.1).

During lateral tests a single shaker was used and during longitudinal
and roll testing two shakers were used. Only lateral bending modes are
investigated in this study, but the analysis in general is not limited to only
lateral motion.

Accclufomctcrs and rate gyros werce used to defince the primary vehicle
dynamic characteristics such as the vehicle mode shapes and structural
characteristics in the IU {light scnsor location. A typical test employed
about 120 instruments which fed their outputs directly into the data acquisition
system. The instrument outputs were continuously monitored, recorded, and
visually displayed by the data acquisition system during testing.

The data acquisition system automatically controlled the frequency
sweeps by monitoring the instrumentation outputs continuously to insure
that the vehicle transients had settled to an acceptable level prior to
recording data. Each timc the system checked or recorded data, it took a
full three cycles at the ratc of 900 data points per second from each of the
120 sensors simultancously.

All data, including raw test output frequency response plots, curve
fit frcquency responsce plots, and vehicle mode shapes, were plotted on high
speed plotters for visual analysis.

At the conclusion of testing, a very large package of data had been
collected. Test rccords for a specimen of this size have not been previously
available. These data afford an excellent opportunity to comparc analytical
and test dynamic parameters for very large space vehicles,

In addition to the complete vehicle test information, particularly




useful information on a truncated version of the vehicle was available. This
is the same vehicle minus the first booster stage,or the S-IC stage. This

is referred to as Configuration II, as shown in Fig. (2.2). Data for the

test of this vehicle was available for time point 11. This is for a time
when certain maximum loads are imposed and the propulsion tanks are at a
certain i1l conditlon, which was simulated by water., Data collected for this

[2}

Configuration II was obtajined dircctly from the Bocing Company .
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2,2 Modal Equation of Motion.

To be able to extend the test results to other configurations and to
permit design changes to be checked and verificed, it is nccessary to develop
an analytical tcechnique that allows one to usce test results to determine
system paramhtcrs in the mathematical model of the vehicle, The collection
of test data was basced on a pre-test analysis, Thus, further analysis is
limited in scope to what was done prior to testing the vchicles., The technique
commonly applied to this complex continuous frec-free vibrating beam like
system is the normal mode, or modal, technique, This technique is based on
the ability to approximate a continuous system by a N-degree-of-freedom
model as shown in Fig. (2.3).

It is rather casy to calculate the responsc amplitudes of systems
having two or threce degrees of frecdom., The analysis of a large system with
perhaps more than one hundred degrees of freedom is simplificd by the appli-
cation of modal techniques, This technique utilizes four propertics of the
system, (1) natural modal frequencices, (2) resonant amplitudes or amplitude
frequency plots, (3) mode shapes, and (4) encrgy dissipation per cycle. With
these four things known, any system can be considcred to be an equivalent
single degree of freedom systcm., The amplitude of an arbitrarily chosen
nodal mass is taken as the reference for a vibrational mode. The amplitudes
of all other nodal masscs are ratios of the reference mass in calculating
amplitude, so that the mode shape becomes normalized for the mode, Generalized
mass is actually the cquivalent mass of the total system in one of its primary
or normal modes., The four propertics make up what {8 referred to as the
"dynamic characteristics' of the system; they are all that {s nccessary to

perform a dynamic analysis.




FIG. 2.3

N=-DEGREE-OF~FREEDOM MATHEMAT LCAL MODEI,
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A distributed mechanical system can be investigated as a system of
nodal points with the mass lumped at these nodes, and the displacement of the
nodes as dependent variables in the ordinary diffcerential equations of
motion, see Fig. (2.3). For many systems the damping terms in the cquations
of motion can be neglected. Such is the casc for many of the launch vehicles
used in our present space cfforts, Chang[a] states that if damping is small
the natural modes of vibration should not differ significantly from thosc
predicted neglecting the damping.

To place the idea of a modal equation of motion in prospective it is
desirable to review its classical formulation. The equations of motion for
the undamped lump-mass system in vector-matrix notation are

m]% + klx =F (2.2.1)
To uncouple the equations let

x = lblg
vhere [#] is the matrix of mode shapes which uncouples the equations of
motion and Q are the principal coordinates, Substituting into Eq. (2.2.1)

and premultiplying by the transpose gives
p'mled g + (61781 Q = (61 (2.2.2)

If the proper [4] matrix is chosen,each coefficient matrix is diagonalized.

Thus
B mils] = B, ]

Bk) () = Fr~] = Colm--
k| nj

K
where w2 = —i .
n Mi




- 13 -

For example, consider four lumped masses and consider only two modes,

Thus _
¢11 ¢s12—1
_ ¢21 ¢22
[6,,1 -
‘31 ¢32
| 41 %42

where ‘ij is the normalized modal displacement of the ith mass in the jtll

mode, Substituting

2 2 2 2
dllml + ¢21m2 + ¢31m3 + ¢41m4 0
. "3 b= 2 2 2 2
0 bram t Bymy By + 6w,

provided [m] is diagonal with m1 being the ith lumped mass,

With the force applied only at the rth lumped mass point, say at the
i = 4 mass, then ] 0 A
[ B116,,8,.8
i - |t 41] 0
L612922832%42 0
-
- 41 F(t) ] = F L F(t)_
~L
L6, F(O)

With a sinusoidal forcing function
F(t) = F Sin wt
the modal forcing functions become
F . Sin wt
Q@)
where ch = ¢4jb. In general
F = ¢ F (2.2.3)

¢l r}
with the load at the rth mass point,




- 14 -

Making the appropriate substitutions into Eq. 2.2.2 yilelds

bm, 1§ + Ok, JdQ = F 2.2.4
33 TR S (2.2.4)
which can Le separated into n scparate uncoupled equations. Each cquation
represents a different mode of vibration. Looking at any one of the modes
and dropping the subscripts

MQ + kQ = F_ Sin ot
This equation describes the modal response as long as the forcing frequency
w is not near thc natural frequency wn = VK/M . When this occurs the
modal amplitude is large and damping must be included. Thus, the modal
cquation of motion becomes

se 1 M 2 Fl‘

Q + zelo, Q1+ wo = o= Sinwt (2.2.5)
where glQ, QJ is the modal damping. Methods to determine the appropriate
damping terms is the object of this study.

From test information the system pavameters in Eq. (2.2.5) can be
found. That is, the natural modal frequency yields wn, the mode shapes as

shown in Figs. (2.1) and (2.2) yield the columns in the transformation

matrix [p], and the generalized mass is calculated knowing the actual mass,

The form of the damping term and the magnitude of the damping cocfficients arce

determined from encrygy dissipation per cycle, resonant amplitudes, and the

shape of the amplitude versus trequency curves,

g et et 2 - A e A
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2,3 Modal Damping and Encrgy Dissipation.

When the Apollo-Saturn V structural system has no damping, it will
continuc to oscillate without an external driving force to add encrgy to
the system, However, many sources of damping arce present and energy is
removed from the system, The analytical representation of damping is different
for the different sources of damping. Consider the modal damping force
function of Eq. (2.2.5) as

Modal Damping Force = g [Q, Q] (2.3.1)

Some of the typical analytical representations of damping are shown in

Table 2.I;seeReference [4]. The possible source of each case is also shown.

As mentioned above, a useful technique in studying different i
analytical representations of damping is to make a comparison of encrgy
dissipation per cycle, MW/cycle. This is obtained by intcegrating the force
times the displacement over a vibration cycle. As mentioned above, only

the damping forces will remove cnergy from the system., Thus,

Nifcycle = I (g, @1 dq (2.3.2)
cycle

Consider the input force F(t) to be a type which maintains a constant
response amplitude, The response may be approximated by
Q = A sin(wt -3), (2.3.3)
where A is the amplitude, w is the frequency, and & is the phase angle,
This amplitude, frequency, and phase may be determined by using the method

of W, Ritz discussed in Section 4.2,  The velockly boecomes

%% = A Wcos(Wt -3). (2.3.4) §
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TABLE 2.1. ANALYTICAL REPRESENTATION OF DAMPING

d
Casc g(a%, Q) Source
1 C ﬂg Viscous or
1 dt
environmental
11 C | Q | sign—(-lg Material or
2 dt
slip
111 C ﬂg 2 si n-q-(2 Environmental
3\dt LT
4Q ate
v c4| Q | T Material
2, dq o
Vv Cl(l + o) ac ° C1 a= LS All Sources

Substituting any of the damping functions of Table 2.1 into Eq. (2.3.2) with
displacement and vclocity given by Eqs. (2.3.3) and (2.3.4), the cnergy
loss per cycle is obtained by integrating between the limits of ®/w and
27 + §/wW. The energy content is similarly obtained from
y = Mileyele (2.3.5)
M(({max)
The results for each damping function shown in Table 2,1 are shown in Table

2.1I.
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TABLE 2.11. ENERGY LOSSES - SINUSOIDAL RESPONSE

Casc M/cycle vV = M/2W
c.m
2 1
1 C,m A%w o
2C
II 2C2A2 ——;
Mw
) 8C.A
8. .32 3
t Xl ™M
4C, A
4 3 4
v X TN
2 4 T Csm an”
\' CSTT A"w + zA w CSO. 'ﬁw— + -—Zﬁw-

Most authors consider the damping to be from a single source when
investigating a dynamic system. This is sufficient when the damping is
small and/or when one has a simple sub-system of a more complex system.
Furthermore, many authors consider only viscous damping, Casc I. The
present basis for determining the modal damping of the Saturn V is also
based on viscous damping. By obscrving the resonant amplitudes of a response
curve the viscous damping coefficient is obtained. The coefficient for other
cases can also be computed to give this resonant amplitude. When a response
curve is observed, there is an cqual recason to believe that damping is

characterized by any other casc rather than viscous damping. This dilcmma

‘,w.v



- 18 -

may be solved by observing the response curves for a different force

amplitude. It 'is notcd from Table 2.II that energy losses per cycle vary with

different powers of amplitude, Thus, with the change in response amplitude,
using the same damping coefficicnts, response curves will now show a difference.
This is 1illustratced in Chapter IV.

Extending the idea that no complex dynamic system can have a single
source of damping, or that onc analytical representation may or may not
be bettcer than another, a method to allow all possible sources or analytical
rcprcsentationé of damping is shown in Chapter V. 1If all sources arc

present the total cnergy loss per cycle is the sum from cach source.

2.4 Hysteretic Representations of Damping.

Regardless of the particular damping mechanism involved, all materials
exhibit multi-valued load-deflection curves under cyclic loading. These
curves form the familiar hysteresis loops used in defining the constitutive
rclationships of matcrials, Also, interfacial slip joints produce similar
hysteresis loops. Typical hystercesis loops for lincar and nonlincar damping
characteristics are shown in Fig. (2.4).

The arca between the loading and unloading branches of the hysteresis

loop is proportional to the cnergy dissipated by the system during onc cycle
of motion. Thus, the area inclosed by the hysteresis loop is a measure of
the damping capacity of the system,

Mathematically, the cnergy dissipated per cycle (M) is given by
M = FddQ (2.4.1)

where Fd is the symbolic represcentation of lincar or nonlinear force, and
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Q is the mechanism deformation.

Many investigators have employed hysteresis relationships in their
study of the damping propertics of materials and structural systems., Notable
contributions to structural analysis techniques have been made by Chang Lj],
and Lazan [5]. 1In this study , an analytical represcentation of damping will
be used to define the nonlincar damping functions. The analytical repre-
sentation of slip damping is discussed in the following paragraphs.

When an external load is applied to a built-up structurec, microscopic
relative displacements occur along the interface. This mechanism is the
principle contributor to the damping of the system.

As the applied load goes through its growth phase, the force-
deflection plot is of a constant slope, proportional to the structural
stiffness. At the onset of rclative displacements along the mating surfaces,
referred to as interfacial slip, there is an abrupt change in stiffness,
which causcs the force-deflection curve to change radically to a less steep
slope. This reduced slope now remains constant until the appliced load
reaches its maximum, The curve then becomes the same as during load
initiation, but in the negative direction., It docs not change until the
shear force system along the interface created by the load increasing toward
its positive maximum has been completely cancelled, and an equal and opposite
system has been established. At this point, slip again occurs, giving risc
to a slope change on the forcce-deflection diagram which is of the same
magnitude but opposite in directjion to the '"slip slope obtained during
positive load phase. When the load reaches its minimum, force-deflection
slope takcs on the same value and direction as with load Initiatlon,

however, it will intercept the x-axis on the negative side of the origin,
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After the cancellation and re-cstablishment of a sufficiently large inter-
facial shear forcce system increasing in the positive direction, slip will
again occur. Progression along this force-deflection slope closes the curve,

This recasoning has bcen used to conclude that the force-deflection
hysteresis path describes a parallelogram., The longitudinal axis of the
paralleclogram is anti-symmetric about the x-axis and is inclined from the
y-axis due to the force contribution by the spring, sce Fig. (2.4c).

It is a well-known fact that a measurcment of the system damping is
c¢qual to the arca cnclosed by the force-deflection hysteresis curve, Tt
would be desirablce to analytically represent the damping force by a function
of terms involving displacement and velocity,

After trying scveral combinations of displacement and velocity in
search of a hysteresis curve of suitable shape, it was found that a function
g(q, 6) = Eséz(sign ('2) is a good simple simulation of the damping
force, For increasing and decreasing load the slopes are equal and very
nearly constant. However, the velocity-square plot cxhibits a lobe at top
and bottom rather than a straight line. This is illustrated in Fig. (2.5).

Therefore, slip damping can be represented by Casc III in Table I
which has an energy loss per cycle
3w2

8.__
M/cycle = 3 C3A

Including Casc IIIas part of thce gross vehicle damping would allow for slip

(2.4.2)

damping as well as environmental damping (vortex shedding in acrodynamic
studies)., Static tcsts are conducted to determine hysteresis loops for slip
damping; however, these loops arc not frequercy dependent. No good test

information or analysis is available to justify frequency independence. Thus,
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FORCE (SPRING + DAMPING)
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FIG. 2.5  ANALYTICAL APPROXIMATION OF SLIP DAMPING
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an equivalent cocfficient E3u? is obtained by equating the cnergy of each
closed curve in Fig. (2.5).
Integrating the area enclosed by the slip damping curve in Fig. (2.5)

yields 2 2
M/cycle = A"(K - Kl) - Al(K - Kl) (2.4.3)

Setting this equal to Eq. (2.4.2) gives

_ 3% - A - k)
¢, = : (2.4.4)
3 8K3w2

the cocfficient of the equlivalent analytical representation of slip damping,

6362(sgn 6). The amplitude A approaches A and the stiffness factor K

approaches K for small damping.

2,5 Modal Versus Sub-System Damping.

In general the cffects of damping are not investigated on the component
or subsystem level, but are trcated as overall, or modal, characteristics
of the system, This approach to structural analysis gencrally yiclds valid
information of gross system behavior, but it fails to define the contribution
of each sub-system. Information of this naturc is particularly important in
design and control theory studies. In addition, the structural analyst often
requires detailed knowledge of the vehicle response station-by-station along
the vehicle,

Procedurcs that are particularly suited for dynamic response studies
of complex systems, such as an acrospace vehicle, are documented by McTiguce
and Riley [6], Foss [7], and DabDeppo [8].

Mcthods presented by the authors of (6] and [7] are quite similar, in
that they employ a matrix formulation of normal mode techniques to solve for

the dynamic response of systems posscessing lincar damping., The contribution
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by Foss conslsts ol a speclal coorvdinate transformation technique which
enables the analysis of systems possessing mass, stiffness, and damping
matrices that cannot be simultancously diagonalized.

A wethod of constructing the viscous damping matrix for a freely
vibrating system is given by DaDeppo (8]. This method assumes that the
damping matrix can be expressed as a lincar combination of matrices that
depend only on mass and stiffness. Further, the method requires that
experimentally determined damping ratios for the normal modes of vibration
must be obtained before the uncoupled equations of motion can be solved.

The first phase of this modification and expansion has been developed

by Koenig and Drain (9]. 1In this paper, a method of analyzing a lightly

damped lumped-paramcter system is presented in which the normal restrictions
of proportional rclationships between mass, stiffncess; and damping arc
overcone . This method provides the basic approach used in formulating the

linear analysis tcchnique.




CHAPTER III

ANALYSIS OF TEST DATA AND LINEAR DAMPING FORCE

The test data available to the analyst contains information that is
desirable for theoretical analysis and, in fact, contains additional
experimental data not necessary for the analysis. It then becomes
necessary to condition, or filter, this test data so that only the desired
information is obtained. Such is the case when one attempts to produce
only bending motion of the free-free vehicle in one plane, say the vehicle
pitch plane. The test results shown in this chapter are a typical example.
They arc for the Saturn V Configuration I vehicle explained in Chapter II.
The objective of this chapter is to show what analytical techniques can be
applied to a typical set of experimental test data so that the modal damping
and other modal parameters can be determined.

In the first section the experimental test data is investigated and an
analytical technique for determining modal principle pitch and yaw frequencies,
mass, and damping is shown. This technique for determining both pitch and
yaw modal paramcters from one test has obvious advantages. In the second
scction a technique for determining a linear viscous damping cocfficient is
illustrated for the Configuration I vehicle second mode. It is shown how
this cocfficient varies with frequency. An average equivalent linear viscous

~

damping coefficient for cach mode can be obtained.

- 25 «
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3.1 Conuitioning of Lxperimental Test Data.

As explained in the previous chapter, the test data is collected as
accelerometer readings at different discrete frequencies for cach nodal
point along the vchicle axis., A record of the maximum accelerometer reading
per unit input load versus frequency can be plotted as shown in Fig. (3.1).
An attempt was made to keep the input force relatively constant at each
frequency. The record shown is for the Configuration I vehicle,

Various deductions can be made by observing this data. These are as
follows:

1) Yaw motion is excited with the force only in the pitch
direction.

2) The resonant spikes appear to have a greater slope on the
low frequency side.,

. 2 33) 'The resonant frequencies, or modal frequencies, appear to be
..t well defined,

4) Multiple peaks appear for some resonant spikes.
5) Modal coupling may occur between resonant frequencies.
6) Damping is very light causing the tall and uarrow spikes.
In the course of this study each of the above items will be investigated

for causc and effect relationships.

For further study, the response near the second mode; or second :

spike on Fig. (3.1), is obscrved in grcoater Jetail. Any other mode can be

studied in the same way, as all are considered to have the same {features,
Converting [rom accelerations to displacements is accomplished by aividing
the acceleration by the frequency squared (in radlans poer scecond) and
multiplying by 386 (in. per scc, squared), This conversion is shown in
Table 3.I. These values arce shown for the vehicle tip (Station 4197)

displacement; however, additional accelerometers are attached at other

EE!!!!!!!!!!!!!!!lIll-Ill!-lIlIII-IllIIllllllllllIlllllIl;llIIIlIlIIll!!!!.l!ll-lll'-llﬂll.li..
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TABLE 3.1 CONVERSION OF RAW TEST DATA TO NODAL DISPLACEMENTS
rom FREQUENCY | FREQUENCY | FORCE P?:ihACCELERATlogaw T§§t2§SPLAC5§§NTS TQ§ECEISPLACEM§§ES
cps. rad./sec. 1b. Plane Plane Plane Plane X Y
o f v Flo%/mb. x 10 | g%/, x 104 in., x| i, v | in. x 102 ] in. x 107
1 1,778 11.17
2 1.783 11.20 952 1.014 .1178 .297 .0350 .978 114
3 1.788 11,235 267 1.208 .1549 .358 .0459 1.250 .160
4 1.793 11.27 973 1.417 .2319 419 .0687 1,503 .246
5 1.798 11.30 960 1,709 .3662 .497 .1065 1.824 .391
6 1.803 11.33 962 2.218 .5341 .641 .1595 2.45 .590
7 1.807 11.36 930 3.254 1.270 .904 .3530 3.63 1.42
8 1.813 11.39 922 3.507 2.062 .961 .5650 3.98 2.34
9 1.818 11.42 919 3.224 2.115 .877 .5760 3.67 2.41
10 1.823 11.455 928 3.213 1.939 .881 .5320 3.69 2.23
11 1.828 11.49 932 3.053 1.461 .830 .3970 3.56 1,70
12 1,833 11.52 941 2.692 .8750 .737 .2400 3.21 1.04
13 1.838 11.55 954 2.379 6677 .657 .1845 2.88 .808
14 1.843 11.58 954 2.047 L4735 .563 .1775 2,52 .583
15 1.848 11.61 954 1,819 .4307 .500 .1183 2.27 .538

—82_
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vehicle stations to record the pitch motion of the other nodal points. It

will be shown later in this section how modal displacements are obtained
from nodal values.

It is important to know the nodal displaccments at the tail of the
vchicle, Station 116. This is where the cxternal sinusoidal forcing
function is appliced. Displacements for the tail node are also available
from recorded data on accceleration. The computed tail displacements arc §
also shown in Table 3.1. However, only pitch accelerometer rcadings were ;

recorded for nodes other than the tip; and yaw values are obtained from

Tip Yaw Acc, . ,
TiéPPitch Acc, X Pitch Displ. (3.1.1) é

Yaw Displ., =

That is, the yaw modc shape is assumed to be the same as the pitch mode shape,
only at a reduced amplitude. This is illustrated in Fig. 2.1.

The presence of both pitch and yaw motion, with the input force only
in the pitch dircction, indicates the vehicle has "Planar Coupling'.
There are two known causes for planar éoupling in the Saturn V vehicle. |
These are both due to mass and stiffness not being axially symmetric. Such !
is the case with the (1) lunar module and (2) the command-service module
interface, Below station 3100 the vehicle structure is symmetrical, The ;
flight-type lunar module located in the service module possesses both mass
and stiffness axial unsymmetry. The test vehicle, however; containcd a
symmetric component which simulated only the weight and C. G. of the lunar
module. However, there is significant stiffness axial unsymmetry at the
command module~service module interface, The interface structurce is made
up of six Bi-POD typc supports which attach the command module to the

service module. Three of these are attached to the command module by |

tension ties, The other three B1-PODS rest on compression pads, but duc
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to initial pretension loads, they are assumed to be effective in both tension

and compression, Ia addition to the six Bi-POD supports, a torsion strut
was added to one Bi-POD to give torsional strength to the interface. This
strut is shown to be the primary stiffness coupler, 1Its effect on vehicle
motion was that the vehicle tip subscribed an elliptic path. Thus, pitch
excitation excited both modes lying in the principal major and minor vehicle
planes. All sensor readings recorded during testing were the superposition
of the two principal modes being excited., There is a slight difference in
the frequency of the two modes, so their phase relationship varices considerably
near resonance, A stiffness analysis was performed to determine the 1§cution ]
of the principal major and minor planes. Major and minor planvs of motion ;
are inclined approximately 28° from the vehicle pitch and yaw plancs used
in the dynamic test.

A plot of the tail displacement versus frequency is shown in Fig. (3.2).
Many of the observations made from Fig. (3.1) are also possible in this
Figure. The unsymmetrical, or warped, shape of the curve is obvious. Also,
if one would conncct the data points by the dashed line, two resonant peaks i
occur. The corresponding phase angle betwecen the tail displacement and force
is available from test data, This is shown in Fig., (3.3).

It might be assumed from Fig. (3.2) that the system exhibits a nonlincar ;
soft spring characteristic., The amplitude versus [requency curve of such
nonlincar systems arc warped as in Fig. (3.2). However, the prescence of
two resonant peaks and the known presence of yaw motion leads one to
believe that planar coupling is the cause of the warped curve. Also, the

yaw maximum amplitude is at a higher frequency than for pitch.

!!!!!!!!!!!!!!!!!!!-!-ll!l!lllIIIlIllIlIIllllIIIIIIIIIIIIIllIIIlIIIIIIIIIlIll!ﬂllllllll!!l!!llllllJ
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It is desirablc to convert from nodal variables to modal variables before
further investigation of the experimental data is attempted. The techniquc
of converting from nodal variables (xi) to the modal variables (Qn) is

explained in Scction (2.2). That is, from Eq. (2.2.2)
{x} = (8] {a} (3.1.2)

th
where ¢1j is the displacement of the 17 mass at the resonant {requency of

the jth mode.  Therefore,

X, = ‘11°1 + ¢12Q2 + ¢13Q3 + ... (3.1.3)
for the 1th node. For the tail dispiacement
X, = bthl + ‘czQz + ¢t3Q3 + ... (3.1.4)

Any one of the modal displacements can be solved for in terms of the one
nodal displacement and the remaining modal displacements. That is, for the

second mode
o = X =t -
2 é

6

t2

3% " 8,9,

(3.1.5)

where the influence of modes through the fourth mode are considered,
The modal displacements arc obtainced by solving the modal cquations of
motion

M,Q

where the subscript j rcfers to the jl':h mode, sec Eq. (2.2.5), The solution

+8,(Q Q + K0 = F (6 (3.1.6)

of this equation with cither nonlinear or lincar damping can be represented

Qj = Aj Sin (Wt - Qj

where &, is the phase angle with respect to the driving force, With a

J

lincar viscous damping force

) (3.1.7)
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NCE Q = cQ

373

the amplitude becomes

A o2 [(1 _ r2)2+ (2F T )2] % (3.1.8)
3] 3 "33
where
ch(c) = F_ S$in w“'IFojl = F_ (3.1.9)
, K
w% SR G modal frequency squared 1 |
3 M, ;
|
r. = LI frequency ratio y (3.1.10) i
3 w |
i !
!
C !
£, = —r = damping factor i
j ZMJMB
y

Furthermore, the modal force is related to the nodal force by

F(t) = F(t)b,, = 6 .F Sin ur (3.1.11)

3 h|
when the load is applied at the tall (t).
The phasce angle for the lincar system is given by

2F ¢

8 = tan-l-——l—li (3.1.12)
l-1x
J
When the forcing frequency is not near the modal frequency (1 - rg) >> Zﬁjrj
and 0, r, <1 %
§ = 3 ;
J m, rj >z 1 .

Substituting into Eq. (3.1.11) yiclds

Q. = A, Sinuwt, r, = 1

J J J (3.1.13)
Qj = -Aj Sin wt, rj <1

B ST
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where
¢ .F
t)
j 3 i 7 (3.1.14)
Mjwjl 1 rj l

Now onc is prcparcd to solve for any modal displacement amplitude

using Eq, (3.1.4). The sccond mode (j = 2) is of interest, so Eq. (3.1.5)

with X, for that mode is of interest. Substituting into Eq.(3.1.5) gives
x + (6 A -6 _A -6 A) Sin ut
A, Sin (ut - &) = % 11, ‘z 3 4% (3.1.15)

t2

where the Aj values (j # 2) are the undamped amplitudes given in Eq. (3.1.14)
with the modal paramcters 6tj’ Mj’ and wj

available from test data., These

values arc shown in Table 3.II. Note that 6: is the relative displacement

]
of tip to tail when @ = uﬁ.

TABLE 3.I1  MODAL PARAMETERS FROM TFSTS
MODE | TAIL MODE FACTOR MODE MASS MODE FREQ.
2
1b. scc, .
)] 6tj Mj, ™ wj' rps.
1 .084 62.9 6.95
2 .041 21.0 11.39
3 .028 23.5 16.19
4 .086 245.0 21.58

Duc to the method of support for the Configuration I vehicle there

is a contribution to the nodal displacements from a "rigid-body rotation",

The vehicle Is cssentially rotating about a fixed nodal point as shown in

Fig. (3.4).

with lateral support given by springs as shown.

It is8 supported by alr bearings and hung like a pendulum,

The equation of motion
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can be written as
IY+ K,Y = +RF Sin wt

where I is the vehicle moment of inertia about the fixed node, With some

friction to dampen the free vibrations

y(t) = — A Sinw

2 2
I( -w + mR)
where wR = 1,00, the rigid-body frequency. Thus the tail displacement due

to rigid body rotation is

2
xlé = -—-—g—li-—z-— Sin wt
I(-w + mR)
or the amplitude
2
xﬁ = R E ' . (3.1.16)

