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INTRODUCTION

Generally the geometry of a gear set is designed
for the best compromis= of tooth strength, surface
durability and cost. After checking scoring criteria
a power loss calculation might also be made, possibly
as an afterthought. The gear designer is either not
aware or does not fully appreciate that certain gear
geometric variables can significantly affect the power
loss of the gearset being designed, For example, as
shown in an earlier work by the authors [1] a change
in diametrx] pitch of 32 to 4 can decrease peak effi~
ciency from 99.8 to 99.4 percent for a 10 cm (4.0 in.)
pinion gearset under certain operating conditions,
Although at first glance this appears to be aof little
significance, such a change represents at 200 percent
change in power loss!

A study of the effects of a wide range of gear
geometric and operating conditions on gear efficiency
has not been available prior to the work of [1]. Al-
though many methods have been proposed to estimate
gear efficiency {2-6] they are not refined to the
point that the effects of each gear geometric variable
and operating condition on the overall gearset effi-
ciency can be evaluated, Furthermore, most of these
methods seriously underestimate gear system power
losses at less than full load since they neglect speed
dependent losses, that is, the losses associated with
forming an elastohydrodynamic film (rolling traction),
gear windage a1 support bearing losses. These speed~
dependent losse . contrioute significantly to the crmu-
Tative power consumption of many machines which opai-
ate at less than full power levels much of the tign.

Perhaps the most complete spur gear efficiency
analysis presented prior to the present method is re-
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ported in [6]. In [6] instantaneous values of sliding
and rolling power loss were integrated qver the path
of contact and averaged. The effects of gear geometry
were incorporated into this analysis.

The method of [7] included not only sliding and
rolling traction gear Josses but also considered the
effects of windage and rolling element bearing losses
as well,

In order to determine gear mesh losses with the
method of [7] it {s necessary either to perform a nu~
merical integration or to calculate and sum the power
loss at three points along the path of contact. It
therefore became the objective of the present study to
(1) develop for design purposes a power 10SS expres-
sion that need be evaluated at only one point along
the path of contact; (2) to compare this expression
with the numerically evaluated expression of [7]; (3)
to use this analysis to illustrate which gear geome-
tric and operating variables lead to the highest effi-
ciencies, and (4) i1lustrate the use of the method
with a design example.

SYMBOLS

CR contact ratio

c support-bearing basic static capacity

s N (1bf) ’

Cy cnnstant used in Eg. (1): 2x10-3 (sI
units); 3.03x10-% (English units)

Co constant used in Eq. (2): 9x104 (SI
units); 1,970 (English units)

Cs constant used in Egs. §3,4): 2,82x10~7
(ST units); 4.05x10~43 (English units)

Cy constant used in Eqs. (3,4): 0.019 (SI
units); 2.86x10% (English units)

Cg constant used in Eg. (5): 2.10x10-4 (SI

units); 3.18x10~~ {English units)




constant used in Eg. (7);: 9,79x10-2 (s]
units); 2.91%10-¢ {English units)

constant uged in Eq. (7)s 24.1 (SI units);

3,49x10~ (English units)

constant used in Eq. (9): 0,013 (SI units);
0,5 (English units)

constant used in Eq. (13): 29,66 (SI
units); 45,94 (English units)

constant used in sg. (15): 2.051x10-7 (SI
units); 4.34x10~9 (English units)

constant used in Eq. (16): 39.37 (SI
units); 1.0 (English ufts)

S

constant used in Eq. (8): 1,45x10~4 (SI
units); 1.0 (English units)

pitch circle diameter, m (in.)

bearing pitch diameter, m (in.)

static equivalent bearing load, N (1bf)
face width of tooth, m (in.)

ball-bearing lubrication factor
coefficient of friction

isothermal central film thickness, m (in.)
gear capacity factor

length of path of contact, m (in.)

bearing friction torque, N-m {(in-1bf)

lecad-dependent part of bearing friction
torque, N-m (in-1bf)

viscous part of bearing friction torque,
N-m (in-1bf)

gear ratio, Ng/Np
number of gear teeth
efficiency, percent
rotationa) speed, rpm
power loss

total power lnss due to rolling-element
support bearings, kW (hp)

power loss due to rolling traction, kW-{hp)
power loss due to tooth sliding, kW (hp)
power loss due'io windage, kW (hp)
diamentral pitch

pitch circle radius or radius in general,
m (in.)

equivalent rolling radius, m (in.)

T pinfon torque, Nem (in-1bf)
Vs av%¥:?:e2}1d1ng velocity, Vg - Vp, m/sec
Vr av?::?gegglling velocity, Vg * Vp, m/sec
W gear contact normal load, N (1bf)
W tangential gear driving load, N (1bf)
) gear tooth pressure angle, deg
0 Jubricant absolute viscosity, 10-3 N
sec/m? (cP) (1bf sec/in?)
v Jubricant kinematic viscosity, 10~Z cm/sec
(cS) (ft?/sec) ”
Subscripts:
g gear
IN input
p pinion
rolling
S sliding
TOT toial
0 ambient conditjons

GEAR POWER LOSS ANALYSIS

The method presented here, following that of 7],
considers four major sources of gear system power
loss: s1iding, rolling, windage and support bearing
losses, It 4s applicable to spur gears of standard
tooth propartions in which the gears are jet or splash
lubricated. No accounting has been made for churning
losses of gears running submerged in oil. The analy«
sis considers sliding losses which are the result of
friction forces developed as teeth s}ide across o2
another. Rolling losses are geperated in the forma-
tion of an elastohydrodynamic¢ (EHD) filim, that is, as
0i1 is squeezed between gear teeth and subsequently
pressurized. In addition to gear sliding and +511ing
losses an expression was developéd to account for gear
windage based on disc drag data presented in [8,9].
Support ball bearing losses were included using a
well-known method reported in [10].

In [7] the mesh losses were calculated by numeri-
cally integrating the sliding and rolling losses over
the path of contact. In this analysis the average
power losses across the path of contact are calculated
algebraically from the average sliding and rolling
velocity of the mesh. A simple tooth loading diagram
shown in Fig. 1 was assumed, The effect of tooth load
sharing was included. The frictional sliding loss was
based on disc machine data generated by Benedict and
Kelley [11]. Their friction coefficient expression,
which fit this data, ¥s considered to he applicable to
gear sliding loss ca’culations in the EHD lubrication
regime where some asperity contact cccurs, which is
the common case.

As in [7], rolling losses were taken to be di~
rectly proportional to the EHD central film thickness
following [12]. Gear tooth film thickness was calcu-



lated by the method of Hamrock [13). In (7], film
whickness was adjusted fer thormal effects using
Cheng's thermmal reduction factor (4], This factor
tauses the EHD film thickness to reach some limiting
value with increasing speed, However, in the interest
of simplicity, thermal effects, though potentially
important at high speeds and 19w loads, will not be
included in the simplified method to be prosented.

In [7] a numerical intpgration method was used to
compute power 1oss over the path of contect and was
later sirp?ified to an interval colculation. lHere the
method wilY we further simplified to a single loss
expression representing the average loss across the
path of contact, This is accomplished by choosing a
single point along the path of contact where average
stiding and rolling velorities occur to evaluate the
loss expressions, In Fig. 2 a comparison of the in-
stantancous and average velocities as well as the in-
stantancous and average power losses are shown, The
point at which the power loss equations are evaluated
is at 271/4, where the average value of sliding and
rolling velocities for the mesh occur. Sliding and
rolling losses ¢an be found from:

LA clfwag (1)
(Fh a caﬁVTyfo) (2)

where the variables used in tnese expressions are dge
scribed in the design example presented in a Jater
section.

The simplifipd values of pawer 1o0ss, also shown
in Fig, 2, approximate the arca under the instantane-
ous 10ss curves to a high degree of accuracy and thus
provide an accurate, simple method to determine the
mesh losses, The simplified expression was found to
be within 0,1 percentage points of the numerically
{ntegrated solution of {7] for the range of variables
presented later in this work, The only exception to
this is at extreme!l. light loads {K-factor of 10} and
high speed (greater than 40 m/sce) where under gertain
conditions the error can rise to 1 percentage point,
This 1is due to the omission of & themmal correction
factor to limit EHD film thickness, hence rolling
power loss, at high speeds, If such operating condi-
tions are of interest then it is suggested that a
themmal EHD veduction fagtor such as that used in {7]
be incorporated inte the analysis, In addition to the
mesh losses, an expression for gear windage loss was
also developed in [7) from experimental data on tur-
bine dise windage losses, To account for the oily
atmasphere within the gearbox the density and viscos-
ity of the gearbox atmasphere were corrvected to re~
fleect a 34,25 part air to 1 part oil combination as in
[15]. Constant values for air density and viscosity
at 339 K (150° F) and o0il specific gravity of 0.9 were
assumed, The expressions for pinion and gxar windage
werg found te be

FY . 2,8,4.6 . 0,2
PW.p =Y C3 (1 + 2.3 ‘Tp“) np Rp (0.0&8 " * C“) (3)

2.8
n -
Py g" €y (1 + 2.3 Wg)(ﬁg‘) R;'b(0.028 wt C4)0‘2
' 9

(4)

. sumed for compari{on purposes,

~ Suppurt bearing loss from the approyimate method
of Harris {10] was also included in [7). A straddle
mounted deep groove ball beaving arrangement was as-
The deep groove bal)
bearing losses ure a function of the bearing pitch
diameter, static ¢apacity, lubricant viscosity, shaft
speed and bearing load. These equations ara:

M 15 a torgue loss consisting of a load-dependent
(M&% and a viscous term (My). For a deep groove
ball bearing: .
F1.55
M, = 0,0009 ke D (6)
L * cﬁ.bﬁ m
5
Cﬁfn(vn)2l3og far {vn) » 2000
My = (7)
C7f003 for (wn) < 2000

Design Example

The following is a step~by-step example of a
power loss calculation using the simplified method
developed in this investigation. The given geometry
??ﬂ egarating conditions are for the example shown in

g, 2

Gear data: Np, 48; Ng, 80; &, B; e, 20°; mq,

1,666 7, 0.0397 m (1?5625 in. )¢ operating gondi-
tions: n,, 2000 rpm; Tp, 271 N-m (2400, in,-1bf);
w0s 0,05 N sec/m? (7, 2651070 1bf secy in);

vgs 0,60 cmé/sec (6.459x10"% fte/sec); fo

25 bearing data: (medium series, 44.5 mn (1,75 in.)
bore diameter, deep groove ball bearing) Dy, 0.07 m
(2.75 in); Cey 17 436 N (3920 1bf); FST = W/2.

Length of path of contact,

aTa%{B%+awﬁ-(%cmaFTm
+ [(Dg i Qk?)z - (Dg os 9)2]112

- (b, * D) sin a} - 0.0168 m (0.6593 in,)  (8)

Average sliding velocity,

1 +m
- Y
mg ) T

Vg = 0.0262 np(

= 1,408 m/sec (56.27 in/sec) (9)

Average rolling velocity,



Ly [m, = 1
VT = 00,1047 N I})p sin @ = 3= (%‘T)]

= 10,56 m/seq (415,9 infsec)
Average nomal load,

' TpI(Dp cos o) = 1892 N (425.7 1bf)

Friction coefficient,

/ = 0.0127 1og[¢:9w/(5»~uovSV$)] . 0,0287
Average sliding power loss,
Pg = CyVefW o 0,1529 kW 10,2040 np)
Equivalent contact radius,

[D,(sin a) + 2.12) [Dg(sin o) - /2]
R »
eq Z(Dﬁ + Dg)sin [

= 0,0171 m (0,6726 in.)

Central EHD film thickness,

0.679(~0.067),0.464
L CIO(VTNO) W( )Req

~ 1.249x10°8 m (4.927x107° n.)
Contact ratio,

(R« Cy 2,0 (x cos o) = 1.787
Average rolling power loss,
Pp = CoVNFCR = 0.0840 kW (0.1127 bp)
Windage losses,

\ 2.8.4.6/n n
Py,g = Call * 2:3FTR ) (n,/mg) %g (0,028 w,

* cq)°~2 = 0,0164 kK (0.0220 hp)

(10)

(11

(12)

(1)

(13)

(14)

(15)

(2)

(4)

2. aib b
Py, ™ Cafd + 235 R )5 50+ 0(0.028 v,
+ 6,2 = 0,0084 K (0.0112 hp)
Load dependent hearing torque l0ss,
01,650,585
My, q = 0.0009 Fg3*c0-%%,
x 0,0351 N-m (0.3107 in~1bf)

1.55,-0.55

w 0,0351 N-m (0.3107 in-1bf)

Viscous bearing torque loss,
-5 23,3
w 0,1079 N-m {1,024 in-1bF)

My . = Cp 14281075 (von )2/%3
\ [ 88

-
Ip "

= 00,1634 N-m (1.437 in-1bf)
Total bearing torque loss,
Mg " ML,; + HV.g w 0,1430 N-m (1,335 in=1bf}
~Mp = ML.p + Mv‘p » 0.1985 N-m (1,748 in-1bf)

Total bearing power loss,

PBRG - 205(Mgn9 + Mpnp) w 0.1194 kW (0,1601 hp)
Total system power loss,

Pror = Ps Y PR * Puyg T Py * Pare

= 0.3811 kW (0.5106 hp)

Input power,

Piy = Tpnp = 56,79 kW (76,16 hp)

Gear system efficiency,

{3)

(16)

(an

(18)

(19)

(20)

(21)

(22)

(23)



o n ‘pIN " pTOT)lple 100 = 99,34% (24)

Comparison with Test Data

Figure 3 shows the comparison of this power loss
method with the data of [16] which was generated on a
back-to=back test stand with a spur gearset, In {16]
speed, torgue, oil flow rate, oil jet location, gear
width and Jubricant viscosity were test variables.
Tha theory of [7] generally shows good agreement with
the data, especially for the higher flow rate. The
test data of {16] indicates that out of mesh lwbrica-~
tion, that 1s the oil jet is directed into the outlet
of the gear mesh, can reduce the power loss by several
hundredths of a kW. The present theory has no terms
to account for this reduction,

Included in Fig. 3 for comparison is the theore=
tical prediction of [6]. The somewhat higher predice
ted loss from this thedry is thought to be primarily
due to the choice of friction coefficient expression
¥h}c2itends to overestimate the actual coefficient of

riction,

DISCUSSION OF RESULTS

The theory of 7] was used to determine the ef-
fects o various gear geometry and operating condi-
tions on gearset efficiency. The results are shown in
Figs. 4 to 10. Gearset efficiencies shown in these
figures do not include the effects of bearing loss.

Effect of Gear Load

The effect of torque on gearset efficiency is
shown in Fig, 4 for gears of three pitch diameters,
The general trends shown here are typical for the wide
range of gear geometries and operating conditions that
were considered, At very low torque values efficiency
is low due to the tare losses but efficiency rises
rapidly with small increases in torque, At higher
torque levels gear efficiency is relatively insensi-
tive to torque, being generally greater than 98 per-
cent at torgue values which exceed & percent of the
torque oceurring at maximum efficiency.

The effect of pitch diameter at low torgue levels
is significant, Here a smaller gear is much more ef-
ficient than a large gear. At higher torgue levels
the. differences are much less.

in Fig, b this data is replotted against a gear
capacity factor, X, described in [17):

Cléw(m + 1)

F pmd

(25)

=4

where

C12 = 1.45x10~4 (SI units) Cy2 = 1.0 (English units)

The allowable K-factors for helical and spur gears,
tabularized in [17], generally range from a value of
about 160 for low hardness-generatt steel-gears to
about 1000 for ajrcraft quality, case hardenad and
ground, high-speed gearing. A nominal K-rating for a
general-purpose industrial drive, with 300 BHN sheel.
gears, carrying a uniform load at a pitch=line-velo-
¢ity of 15 m/sec (3000 fpm) or less would typically
range from 275 to 375, The K-factor tends to nommal-
ize the efficiency data of Fig. 4. Like Fig. 4,

Fig. 5 shows that larger gears generally have superior
peak efficiency. However, where Fig. 4 showed that at
equal, low torque levels smaller gears are more effi-

cient, in Fig. 5 the reverse is true at equal, low
K=factors, This is because at equal K-factors the
large gearset is operating at a significantly higher
torque level {where the efficiency is greatly im-
proved) than the smaller gearset,

Also, pritch=line-velocity is used here instéad of
rotational speed for its novmalizing effect, Pitch-
line~velocity reduces rotational speed for larger di-
ameter gears so that a more realistic comparison can
be made among different sized gearsets,

Effect of Diametral Pitch, Pinion Pitch Diameter

Pitch-Line~velocity and Ratilo

The "carpet” plots in Figs. 6 to 9 show the
simultaneous effects of three variables; diametral
pitch, pitch diameter and piteh-line-velocity, on
gearset efficiency (excluding support bearing log-
ses), These variables and gear loau were found to
have a greater effect on effigiency than ratio or face
width. Two loading situations were chosen; (a) light
load, K = 10 and (b) moderate to heavy load, K = 300,
clase to the maximum efficiency of the gearset as
shown in Fig. 4. The magnitude and trends of effi-
ciency results at K = 1000 are quite similar to those
at K = 300 and are not shown here,

fn Fig. 6, the K-factor is constant at 300 and
the ratio cquals ene. In this and succeeding carpet
plots, the three key variables are represented along
arthogonal, intersdcting planes. Three values for
each of the three variables are presented, The effi~
c¢iency at any combination of these values occurs at an
intersection point, Thus, efficiency at intemmediate
values can readily be found by interpolation between
pianes as shown ti the appendix, s of

The threc values of
pitch-line-velocity shown in Fig., 6, along shaded
planes, are 1,3, 5,1 and 20.3 m/sec (250, 1000 and
4000 ft/min), Piych diameter varies along one set of
planes from 1.6 to b.3 cm (4 to 6 in.) and diametral
pitch varies from 4 to 16 along the other,

The most efficient combination of pinion pitch
diameter and diametral pitch is the Yargest diameter
gear having the finest-pitched teeth, Conversely the
least efficient gearset is the smallest diameter gear
having the coarsest piteh, At this K~factor value, an
ingrease in pitch-line-velecity tends to increase ef-
ficiency, particularly for smail, coarse-pitched
gears. Altbough not shown, efficiency continues to
increase at speeds to 40,6 m/sec (8000 ft/min) but at
a much slower rate. “he maximum ingrease in effi-
ciency was U.21 percentage points at a pinion diameter
of 1.6 eni (4 in.) and ciametral pitch of four,

Diametral piteh had the greatest effect on effi-
ciency for any speed and gear size. At a constant
diametral pitch value of 16, changes in pitch diameter
and pitch-line~velocity ha¢ little effect. However,
at a diamet-al pitch of 4, both these parameters had
large effects. The higher efficiencies found with tne
fine pitched gears are primarily due to lower sliding
velocities and, therefore, reduced power losses.

As shown in Figs. 4 and 5, large diameter gears
tend to have superior performance, At 2 constant
pitch-1ine-velocity the rotational speed decreases #s
the diameter increases, This causes a reduction in
the sliding velocity which in turn limits the sliding
power loss. Thus the increase in efficiency shown as
diameter increases is due to a reduction in magnitude
of sliding velocity.

Also showw in Figs. 4 and 5 is that an increase
in pitch-line-velocity results in an increase in effi-
ciency. As pitch=lipe~-velocity is increased beth the
s1iding and rolling velocities increase. In Eq. (12)
it can be seen that an in¢rease in 2ither of these




velocities wil) reduce the coefficient of friction.
This reduction in friction coefficient tends to revuce
the slidGing power 1gss so that the sliding 10ss does
not increase directly with pitch-line~velocity as does
the input puwer. The net rosult is that the effi-
ciency 15 improved,

In Fig, 7 the results of changing gear reduction
ratio from one to six at K = 300 are shown. Since
pinion diameter is held constant a change in ratic
means a change in gear diameter, A comparison of
Figs, 6 and / reveals that ratio has a negligible ef=
fect on efficiency at § pitch-line-velocity of 20,3
m/sec (4000 f£/min) and a small effect at lower pitch-
linc-velocitics, At low speeds the efficiency of
small, coarse-pitchied gears are most improved by an
increase in satio. A maximun increase in efficiency
was found to be approximately 0.5 percentage points
for a change in ratio of one to six. The reason for
Jower losses at the higher ratios iz +42 to a slight
reduction in s1iding velocities, Howaver, ovarall the
effect of ratio on efficiency was judged te he slight.

In Fig, 8 the K-factor has been reduced to 10 and
ratio is stil) equal to one. This is essentially an
unloaded gearset and the losses are almost entirely
the tare losses - the rolling and windage losses,

Gear tooth s1iding losses are insignificant since the
tooth lpading is very low. The effect of the vari-
ables at K = 10 are significantly different than az

K » 300, The effect of pitch-line~velocity is re-
versed, The most efficient pitch-line~-velocity is the
Towest value and a significant reduction in efficiency
occurs as pitch-line-velocity increases. This is due
to the fact that the tare losses are a strong function
of rotational speed. The efficiencies are much lower
since the power being transmitted is very low,

The effect of izbreased efficiency with increased
diameter remains the vame here at the lightly loaded
case, The effect of diametral pitch on efficiency is
?reatIy reduced at this low K-factor. Only at the

awest pitch-line-velocity, where s1iding losses are
still significant, 1.3 m/sec (250 ftﬁning. will the
efficiency still increase appreciably with finer
pitched gear teeth, At higher pitch-line-velocities
where the s1iding loss becomes insignificant relative
to the rolling loss, the diametral pitch nas virtually
no effect on efficiency, Efficiency data calculated
at 5.1 m/se¢ (1000 ft/min) were intentionally omitted

in Fig, 8 for clarity since these data were within 0.5
percentage points of tne data at 1.3 m/sec (250
ft/min),

In Fig. 9 the gear ratio was increased to six at
K a 10, As mentioned previously, this is equivalent
to increasing the goar diameter by a factor of six.

At 1.3 m/sec (250 ft/min) ratio has little effect on
efficiency. However, at 20,3 m/sec (4000 ft/min) the
increased ratio causes an approximate 0,5 percentage
point drop in efficiency while at 40.6 m/sec (8000
ft/min) efficiency is substantially reduced by about 4
percentage points. Thus ratio has fts strongest ef-
fect at high pitoh~line-velocity and light Toads where
rolling and windage losses are the main source of
power 10ss.

Effect of Face Widi./Diameter Ratio

In the previous carpet plots, the F/D ratio was
held constant at 0.5, In Fig., 10 the effect of F/0
ratio on efficiency at several values of pitch-line-
velocity and K-factors is shown. In most cases the
efficiency change is very small, less than 0.2 per-
centage points, for a range of $/D ratios of 9.5 to
2.0. However, at pitch-line~velocities above 20.3
misec (4000 ft/min) at a low K-factor of 10, the var-

6

iation in efriciency with S0 ratio is somewhat more
significant primarily due to the effects of windage.
The maximum variation occurs at 40,6 m/sec (8000
ft/min) where the narrowest gearset (#70 = 0.5) is
less efficient than the widest gearset by 4,1 percent=
age points, However, for a wide range of operating
conditions the #7D ratio does not significantly afe
fect efficiency.

Breakdown of Gear System Loss

A theoretical breakdown of the various components
of gear system power loss for the test gears of [1b]
{s shown in Fi?' 11, At low pinion speeds {Fiq,
11(a)), the 51iding loss accounts for most of the syse-
tem losses. However, at higher speeds (Figs. 11(b)
and (c¢)), the pinion bearing losses become increas-
ingly more important, At a pinion speed of 2000 rpm,
the gear and pinion windage losses, which are often
neglected, contribute as much as 10 percent of the
total power loss and should not be ignored.

At low torque levels, the sliding loss is low
since this loss is a direct function of load, The
rolling loss is relatively insensitive to torque, be-
ing proportional to film thickness, so it is a major
source of power loss at low torgues, particularly at
the higher speeds.

Figure 11(c) clearly i1lustrates the potential
pitfall of disregarding the speed dependent losses
when computing gearbox Josses, which is all too often
the case, Even at the ful) load value of 271 N-m (200
ft/1bf) where the sliding losses are a maxmimum, they
sti11 represent about one-half of the tolal gear mesh
losses which excludes bearing losses. It is also in-
structive to note that at this operating condition,
the total support bearing losses are naarly 80 percent
as large as the gear sliding losses, Geod estimates
of gear rolling and windage losses along with support
bearing losses are vital to accurately detemining the
power consumption of the gearbox,

Finally, Fig. 11 illustrates that the unloaded or
tare losses associated with a gearset can be a sur-
prisingly high percentage of the loaded power losses.
Of course methods which use just a sliding coefficient
of friction to predict losses will completely miss
this tare loss since without load there can be no
s1iding power loss. This is why these methods signif-
icantly overestimate part-load efficiency.

In Fig. 12 this tare or unloaded power loss is
plotted as a percentage of full load loss over a wide
range of pitch-line~velocities and gear sizes fer the
gearset studied in Figs. 4 and 5. This tare loss is
comprised entirely of rolling, windage and support
bearing power loss. The support bearings were scaled
in proportion to the gear size as shown,

From Fig., 12, it is apparent that pitch-line-vel-
ocity has a more dominant effect than diameter on per-
cent tare loss, since at equal pitéh-line~velocity the
large gearset is actually turning slower, Over the
range of operating conditions considered, tare losses
are appreciable and should not be overlooked when de-
termining required cooling capacity or idling power
consumption.

SUMMARY

A method to calculate gear mesh power losses fron
the conditions occurring at one point along the:path
of contact was developed. The sliding and rolling
velocities occurring at this point can be used th com-
pute the average sliding and rolling-traction power
1osses for the mesh. In additien, expressions are
given to determine gear windage and support bearing



losses, This approximate mothod was compared %0 the
more exact numerical method of E?]. A design example
was %iven to illustrate the application of the method
_ developed. The analysis presentell was used to gener-

ate efficiency nlots at Yow and moderate to high loads
which ihowed which gear geometries and operating var-
{ables lead to the highast yearset efficiencies. The
fogzowing results weve obhained from this investi=-
gation:

1. The single point, approximate gear loss method
gave efficiency results within 0.1 percentage points
of the ful) numerical integration solution of [7]).

The only exception occurs at 1ight load and high
speeds (40 m/sec) where the lack of a thermal correc-
tion factor to limit EHD film thickness causes the
deviation to increase to 1 percentage point.

2. Under moderately-to-heavily loaded conditions
{X-factor = 00), an increase in diametral pitch,
pitch diameter and pitch-ling-velocity causes an in-
crease in gearset efficiency, However, under light
Toads (K-factor = 10), an increase in pitch-line-vel-
ocity causas an efficiency loss and an increase in .
diametral pitch has only a slight benefit on gear ef-
ficiency primarily at low velocities.

3. Gear ratio and face width-to-diameter ratio
generally had minor effects on efficiency except at
Tight loads where high ratio and narrow gearsets tend
to be less efficient, particularly at high pitch=line
velocities (above 20 m/sec).

4, Rolling-traction power losses, support bearing
power loss and windage losses, to a lesser extent,
were significant portions of the total gear system
loss. Unloaded or tare gear power losses at operating
spaed can be as much as b5 percent of the loaded, max~
imum power 10sS.

APPENDIX

To determine the efficiency of a gearsei not lo-
cated along the axes appearing on a carpet plot, a
three dimens{onal interpolation must be done. Since
the value of the three independent veriables are uni-
formly spaced along the carpe¢ plot axes a linear in-
terpolation 1s a1l that is required, An example of
such an interpolation is shown in Fig. 13 where Fig. 9
1$ interpolated for a pinion diameter of 2.8 cm (7
in.), diametral piteh of 10 and a pitch-line-velocity
of 30 m/sec (6000 ft/min), First, planes of constant
pinion dianeter, diametral pitech and pitch-line-vel-
ocity equal to the required values are established by
Tinear iaterpolation along the boundaries where values
are given. As these planes are established, intersec-
tion lines between planes will form leading to one
intersection point. This point establishes the re-
quired gearset efficiency by projection to the effi-
clency scale. In this case, the requived gearset ef-
ficiency is determined to be 94.3 percent.

REFERENCES

1

3.

4

5

»

6.

1.

8.

9

»

10'
11,

1e.

13,

14,

16.

17,

Anderson, N, E., and Loewenthal, S. H., *Effect of
Geometry and Operating Conditions on Spur Gear
System Power Loss," ASME paper no. 82-C2/DET-39}
Sept, 1980, V :

Snipssy.kﬁugege E., SLoadeg g?ars ig Ac&ign.“ Soar

an Q00 [y s ¥ edg. 3 . u ey‘ e [} C ?aw~

TATY, New York, 1962, ch. 14, pp. 14~1 - 14-6u,

Buckingham, Earle, "Efficiencies of Gears,"

Analytical Mechanics of Gears, Dover, New York,
y Chy 1Y, P 425
)

pu e .
Merpitt, H, E,, "Efficiency and Testing," Gear
E%%anerigg, Wiley, New York, 1972, ch. 22, pp.
[}

Martin, K. F., “A Raview of Friction Predictions
in Gear “ecth,* Wear, Vol, 49, No. ¢, Aug. 1978,
pps 201238,

Chiu, Y, Py, "Approximate Calculation of Power ,
Loss in Involute Gears," ASME Paper 76-P1G-2, ,
Oet. 1975, ‘

Anderson, N, E. and Loewgnthal, S, H.,

"pur-Gear-System Efficiency at Part and Full
Load," NASA TP-1622, AVRADCOM TR 79«46, 1980,

Mann, R, W., and Marston, C. H., "Friction Drag on
Bladed Discs in Housings," Journal of Basic
Engineering, Vol, 83, No. 47Tec T96T;

PR+ .

Daily, J, W., and Negce, R, E., “Chamber Dimension
Effects on Induced Flow and Frictionat Resistance
of Enclosed Rotating Disks," Journal of Basic
Engincering, Vol, 82, No. 1, Mar, 1960,
pﬂ. El?~23a‘

Havrts, T, A., Rolling Bearing Analysis, Wiley,
New York, iwod,

Benedict, G, H. and Kelley, B. W., “Instantancous
Coefficients of Gear Tooth Friction," ASLE Transe
M) VOI; q’ NU. 1’ A‘jrl 1961' ppl Jg";ﬁu

Crook, A, W., "The Lubrication of Rollers., IV,
?gasgrgT$?ts or Fr{c%ion angiﬁffech1:$ Vgsco§«

y," Philosophical Transactions or the Roya
Society (London), ser. A, VoI, £55, Mo, JU%G,
Jan, 17, 1903, pp. 281-312.

Hamrock, 8. J. and Dowson, 0.: “Isothermal
Elastohydrodynamic Lubrication of Point Con-
tacts. III - Fully Flooded Results," Journal of
Lubrication Technology, Vol, 99, No. 2, Apr,
1977, pp. 264-276,

Cheng, H. S., "Prediction of Film Thickness and
Sliding Frictiona) Coefficient in Elastohydrody=
namic Contacts," ASME Design Enaineering Techs
notogy Conference, lst, ASME, New York, 1974,

(4D 285-293,

Bowen, G, ¥,, Braddock, C, E., and Walker, R. D.,
"Installation of a High-Reduction-Ratio Transmis~
sion in the Ui~} Helicopter," BHR-299-099-11Z,
Bell Helicopter Co., Fort Worth, Texas, 1969
{USARVLABS~TR=Bu57, AU-855747).

Fletcher, H, A, G., and Bamborough, J., "Effect of
031 Viscosity and Supply Conditions on Efficiency
of Spur Gearing," NEL-138, National Engineering
Laboratory, G]asgnw, Scotland, 1964.

Wellauer, E, J., "Lead Rating of Gears," Gear
Handbook, McGraw-Hi1l, New York, lst. ed., 1962,
U, W, Dudley, ed., ch 13, pp. 13-1 = 13-48,




GEAR "]
TOOTH

LOAD
MESH 1
PATH OF CONTACT, X
,~MESH 2 CARRIES FULL LOAD
~MESH 2 AND MESH 3
i SHARE LOAD

START OF : { " MESH 2

MESH 2 X X X X

ENGAGEMENT =~ "1 273 4™-END OF MESH 2

ENGAGEMENT

[

X, PATH OF CONTACT

MESH 3

Figure 1, - Tooth load sharing diagram,
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Figure 2. - Instantaneous and average values of sliding velocity, rolling velocity, sliding power loss and rolling power loss across the pati of con-
tact of test gears from [16] . Pinion speed, 2000 rpm; pinion torque, 271 N-m (200 fi-Ibf); pinion pitch diameter, 15.2 cm {6 in. ) ratio, 1.67;
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Figure 3. - Comparison of precicted gear power loss for into mesh

lubrication with data of [is] . Pinion pitch diameter, 15.2cm
(6.in.); ratio, 1.67; diametral pitch, 8; pressure angle, 20°%
pinion width/diameter ratio, 0.26; lubricant viscosity, 60 cs.
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Figure 4. - Effect of torque on gearset efficiency for three
pitch diameter pinions. Pitch line velocity, 20.3 nisec
{40090 fmin}, ratio, 1.0; diametral pitch, 32 pressure
angle, 20% pinion width/diameter ratio, 0.5; fubricant
viscosity, 30cp.
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Figure 5. - Effect of piich diameter on gearset efficiency
as a function of K factor. Pitch line velocity, 23.3 misec
{4000 fimin); ratio, 1.0; diametral pitch, 32; pressure
angle, 20°% pinion width/diameter ratio, 0.5; lubricant
viscosity, 30 cp.
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Figure 6. - Effect of pinion diameter, diametral pitch and pitch line
velocity on gearset efficiency at a K-factor of 300; ratio, 1.G; pres-
sure angle, 20% pinion widthidiameter vatio, 0.5; lubricant
viscosity, 30¢p.
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Figure 7. = Effect of pinjon diameter, diametral pitch and pitch fine velocity
on gearset efficlency ata K-factor of 300; ratio, 6; pressure angle, 200
pinion width/dlameter ratio, 0.5; lubricant viscosity, 30¢cp.
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ratio, 1. 0; diametral pitch, 8; pressure angle,
20°% fubricant viscosity, 30 cp.
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