HYDRODYNAMIC IMPELLER STIFFKESS, DAMPING, AND INERTIA
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Measurements were made of the lateral hydrodynamic forces experienced by a
centrifugal pump impeller performing circular whirl motions within several volute
geometries. Experiments were conducted for various flow coefficients, ¢, impeller
rotating speeds or angular frequencies, w, and the angular frequency of the whirl
motion, 2, was varied from zero to nearly synchrosous (fi=0) and to nearly anti-
synchronous = (8=—w). The 1lateral forces were decomposed into (i) time averaged
lateral forces and (ii) hydrodynamic force matrices representing the variation of
the 1lateral forces with position of the impeller center. No assumptions concerning
the form of these matrices need to be made. The latter can be further decomposed
according to the variation with whirl frequency, the result being "stiffmness”,
"damping”, and "fluid inertial” rotordynamic force matrices. It was found that
these force matrices essentially consist of equal diagonal terms and skew—symmetric
off-diagonal terms. One consequence of this is that during its whirl motion the
impeller experiences forces acting normal and tangential to the locus of whirl,
Data on these normal and tangential forces are presented; in particular it is shown
that there exists a region of positive reduced whirl frequencies, /0w, within which
the hydrodynamic forces can be destabilizing with respect to whirl.

NOMENCLATURE
[A] = dimensionless hydrodynamic force matrix
[B] = the 6X6 internal balance calibration matrix
[cl = hydrodynamic damping matrix as defineéd by Eq.(3).
b2 = impeller discharge width
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6—component generalized force vector

components of instantaneous lateral force on impeller in the rotating
internal balance reference frame
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components of instantaneous lateral force on impeller in fixed labora-—
tory reference frame (X,Y) non-dimensionalized by % prryw b2

values of Fx and F_ when impeller axis remains coincident with the
origin of the (X,Y) Y coordinate system

Components of instantaneous lateral force on impeller mnorpal to and
tangential to the whirl orbit, non-dimensionalized by %zpurzw bze

integers such that @ = Io/J

hydrodynamic stiffness matrix as defined by Eq. (3)
hydrodynamic inertial matrix as defined by Eq. (3)

pump rpm = 600/2n

impeller discharge radius

time

6-component vector of internal balance bridge output voltages
fixed laboratory reference frame

instantaneous coordinates of impeller center in fixed laboratory refer-—
ence frame (X,Y), non—dimensionalized by T,

first and second time derivatives of impeller . position  non-
dimensionalized using the distance T, and the time o

radius of circular whirl orbit

density of water

pump flow coefficient based on impeller discharge area and tip speed
pump total head coefficient = total head rise divided by prgm2
radian frequency of pump shaft rotation

radian frequency of whirl motion = Iw/J

subscripts P and Q and superscript k refer to the Fourier decomposi-
and F, defined in Eq. (D,
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INTRODUCTION

In recent years it has been increasingly recognized that hydrodynamic cross—
coupling forces can cause sericus ‘rotor ‘dynamic problems in ‘high speed
turbomachines. - Such problems have been -experienced mnot ‘only in steam turbines
(Refs.1,2), but also in large compressors (Refs.3,4), in turbines (Ref.5) and in
high speed pumps (Ref.6). Though other instability mechanisms such as internal
damping or nonisotropic shaft stiffness or rotor inertia can be fairly readily
characterized the same cannot be said of the hydrodynamic cross-coupling forces.
Various hydrodynamic flows have been identified as possible contributors to these
destabilizing forces. Bearings and particularly seals can clearly play such a role
‘as the papers in this workshop (and previous workshops in the same series) attest.
But much less is known about the potential for destabilizing forces arising from the
flows associated with the impeller and diffuser of a compressor or pump; this paper
will be confined to this issue.

Consider the hydrodynamic forces acting on a pump impeller in the plane
perpendicular to the axis of rotation, the so~called lateral hydrodynamic forces.
For present purposes a set of axes, X,Y in this plane are defined as fixed in the
laboratory or "volute” frame. The origin of these axes corresponds to the design
position for the axis of rotation of the impeller (impeller center) for that
impeller/volute combination, also called the "volute center”. Because of the
asymmetry of most volute designs an impeller rotating with its center fixed in this
coordinate frame will normally experience a steady force whose magnitude and direc-—
tion will differ according to the position of the impeller center, denoted by O in
Figure 1. Whether or not this force is zero when the impeller center, O, coincides
with the volute center obviously depends upon the wisdom of the designer. In any
case the lateral forces on the impeller for any position of the impeller can be
represented by

Fx FOX b d

= + [A] (1)
F
Fy) oy v

o~

In both this equation and all the equations and results which follow dimensionless
forces and deflections are used (see Nomenclature for definitioms). Equation (1)
implicitly assumes small offsets x,y in the impeller center so that the force
variations can be represented by such a linear equation (at the present time little
is known of possible non1linear effects). It follows that the steady lateral forces
F due to a fixed offset of the impeller center can be represented by the
forceg F » F generated when the impeller center coincides with the volute center
(or at Teast some fixed laboratory position) plus a "stiffness” matrix [A]. Both
will be functions of the flow conditions as represented by the flow coefficient d.

A substantial body of data now exists on the lateral forces F ,F thanks to
the work of Domm and Hergt (Ref.7), Agostonelli et al (Ref.8) %%nd®¥verson et al
(Ref.9) among others. The present program of research at Caltech began with meas—
urements of both the 1lateral forces F and the hydrodynamic "stiffness”
matrices [A]. This information, some of wh1cﬁ wag presented at the 1last workshop
has been Treported in Refs.10-13 and will not be repeated here. It was obtained by
very slowly moving the impeller center around a circular orbit (as shown in Figure
1) and measuring the lateral forces at each location. One of the most significant
features of the results is best illustrated by evaluating the forces components
F,., F,, normal and tangential to the orbit of this very slow whirl motion. It
transpired that the hydrodynamic forces give rise to a positive tangential force in
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the same direction as the direction of impeller rotation which would be rotordynami-—
cally destabilizing.

The present paper extends these results to the case of non—negligible velocity
of the orbiting motion. Specifically a whirl motion with a circular orbit and an
angular frequency, 2, is imposed on the impeller and resulting unsteady forces are
measured. Denoting the orbit radius by ¢ this implies that x = g cos ﬂt/rz,
y = & sin Qt/r2 and that Equation (1) needs to be generalized to the form:

F_(t) F, cos Gt .

- £
F_(t) - Foy * T, [Am/"’)] sin Ot

where the rotordynamic force matrix [A(Rfw)] is now a function of the ratio of
whirl frequency to impeller rotating frequency Q/w as well as the flow coeffi-
cient. On the other hand the matrices required for input into most rotordynamic
analysis are the stiffness, [K], damping, [C], and inertial, [M], matrices defined
by the dimensionless matrix equation

Fx ji xl b 4
R = - ] l&. - [c] ’}J - X9 (3)

It follows by comparing the definitions (2) and (3) that

Axx = Mxx %; - cxy % - Kxx
Axy=mxy‘:—;+cxx%—xxy
Ayx:Myx%;’ Cyvu ™ Eyx
A&y = Myyv%; + ny % - Kyy (4)

It should be observed that Equation (3) makes the a priori assumption that the
matrix [A] varies quadratically with 2/w. There is no fundamental reason why the
hydrodynamic forces should follow such a simple behavior. Nevertheless the results
of the present study do seem to be well represented by quadratics and values of [M],
[C] and [K] evaluated from least squares fits to the [A(Q/w)] data are presented
later. Finally we note that the imposition of a circular orbit motion is analogous
to performing a forced vibration experiment in a mechanical system; data are thereby
extracted which have use in a more general dynamic analysis of the system.

EXPERIMENTAL FACILITY .

The facility used to conduct the present experiments has been described in
detail elsevwhere (Refs.10,11,12,14). Only a brief description will be given here;
modifications made for the purpose of the present experiments will be given more
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attention, The site of the experiments is a pump loop (Figure 2) containing flow
control and measuring systems. Installed in the lower left hand cormer of this loop
is the test pump and drive system known as the Rotor Force Test Facility (RFIF)
shown schematically in Figure 3. The flow enters the centrifugal impeller (5) from
the inlet connection (3) and inmlet bell (4). Volutes (2) of various geometries are
contained in the pump housing (1) so that the volutes can be of: lightweight
construction (most are made of fiberglass). The impeller (5) is mounted directly on
the internal force balance (6) which is new to the present experiments and is
discussed more fully below. Face seals on both the inlet and discharge side of the
impeller are backed-off to prescribed clearances in order to minimize their
contribution to the force on the impeller. The main pump shaft (10) rotates in a
double bearing system (7,8,11) designed so that rotation of the sprocket (9)
attached to the intermediate bearing cartridge causes the orbiting motion, The
radius of the orbiting motion is set at 0.126cm for all of the present experiments,
This motion is drivem by the eccentric drive motor (2 H.P.,) The main shaft is
driven by the main drive motor (20 H.P,) through a gear box and a flexible shaft
system designed to acd¢commodate the whirl motion., The maximum speed of the main
shaft is about 3600 rpm (2 = 60Hz) though the current experiments have been
performed at 1000 and 2000 rpm (o = 16.7 and 33.3Hz). PFor reasons discussed below
the whirl speed is presently limited to 1000 rpm,

Previous measurements of the steady forces at zero whirl freguency
(Ref.10,11,12,13) were made using an external force balance whose operation required
floating the entire bearing system and measuring the forces on this floating mass.
Though simpler to implement, this external balance system was severely limited inm
its dynamic capability. The internal balance was designed to measure the wunsteady
forces implicit in the case of non-zero whirl frequencies (as well as other unsteady
forces such as caused by rotor/stator blade interactioas though these are not
addressed in the present paper). It is also designed to measure all 6 components of
force and moment experienced by the impeller., The design of the internal balance is
shown in the schematic of Figure 4. Essentially, it consists of four equally spaced
"posts” parallel to the axis which connect two substantial end plates ome of which
is rigidly connected to the drive shaft and the other is used as a mounting base for
the impeller. The four "posts’” which are 2.54 cm long and have a sguare cross—
section of 0.51cm on a side are placed at a radius of 4.76 cm. The posts and rigid
end plates were machined monolithically from stainless steel. Semi—conductor strain
gauges were bonded to all four faces of each post at locations indicated in Figure 4
(1/4, 1/2 and 3/4 span points). Different combinations of strain gauges were wired
into bridges, designed so as to be sensitive to each of the six components of force
(or force and moment components) experienced by the balance. This balance was
designed to have high natural frequencies both for torsional and lateral deflections
and yet be sufficiently sensitive to the forces it is intended to measure. Both the
torsional and 1lateral natural frequencies with the impeller attached to the "free”
end plate were estimated to be about 480 Hz, However Fourier analysis of the
spectrum of natural frequencies when the balance was installed indicated a consider-
ably lower natural frequency of about 160 Hz (see Figure 5). The additional flexi-
bility is attributed to the shaft and the bearing system. Structurally the balance
was completed by a waterproof shield enveloping the two end plates. The internal
air opressure was maintained at a constant, regulated value using the hole through
the center of the shaft and a pnetmatic collar connecting this with an exterior air
supply. The wires from the strain gauges were led through the same hollow shaft and
connected to a set of 52 slip rings. For the purpose of the analysis discussed
below it should be noted that the lateral forces 'Fl’ F2 registered by the impeller
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are in a frame of reference rotating and whirling with the impeller.

Unsteady fluid flow measurements such as those attempted here require suffi-
cient control to permit data to be taken over many cycles of both the whirl and main
shaft frequencies. This demands close control of both motions which was achieved by
means of the comtrol system shown diagrammatically in Figure 6. A single frequency
generator feeds a frequency multiplier/divider utilizing the input of two integers
I,J chosen by the operator. One output signal at a frequency ® drives the main
shaft motor, a feedback control system ensuring close adherence to that driving sig-
nal, Another output at a frequency & = Yu/J controls the eccentric drive motor
which is also provided with a feedback control system. Three other outputs from the
frequency multiplier/divider at frequencies of ® + @ or (J # I)o/J and /T are
used in the data acquisition and processing systems., The flow fluctuator control
system which is also shown 1in Figure 6 has not as yet been used in the research
program,

The central component of the signal processing system is a 16-channel digital
signal processor which utilizes a reference frequency (w, 2 = In/J, 0/J or v % Q)
and accumulates an "average cycle” of data for each of the 16 data input channels,
described by 64 digital values per cycle per channel. This data is accumulated for
up to 4096 reference cycles, Subsequent Fourier analysis of this digital data
evaluates not only the magnitude and phase of the fundamental present in each data
channel but also the same information for many higher harmonics. In the opresent
experiments the lowest common frequency o/J, was used as the reference frequency;
thus the Jth harmonic yields the magnitunde and phase (or in-phase and quadrature
components) of the component of the measurement at the main shaft frequency and the
Ith harmonic does 1likewise for the component at the whirl frequency. (The
importance of the control system described earlier in which integer values for I
and J are chosen by the operator should now be apparent.) The present paper
concentrates on the results obtained for the impeller forces as measured by the
internal balance. Since this is rotating with the impeller it follows that the
primary results of interest follow from the Jth, |J-Ilth and [J+Ilth harmonics
(see below). Auxiliary information on flow rates, pressures, etc was obtained in
the same way as reported in Ref.10,11,12 and 13.

INTERNAL BALANCE CALIBRATION

As discussed above the internal balance includes nine full Wheatstone bridges
each of which is primarily sensitive to ome or two of the force and moment
components., Six of these nine bridges were selected to sense the six components,
the other three being monitored as a back—up check on the main measurements. The
purpose of the calibration procedure was to produce a 6X6 calibration matrix, I[B],
which would include all of the possible balance interactions so that the six
component vector of forces {F] could be subsequently calculated from the six
component vector of output voltages {V} by

, (5)
{F} = [B] {V}

A number of different calibrations, hysteresis tests and dynamic response tests were
performed - on the balance in situ. The basic calibration matrix was obtained by in
situ static loading of the balance using wires, pulleys and weights. The resulting
36 graphs displayed satisfactory linearity in both the principal and interaction
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matrix elements. One of the principal element calibrations is shown in Figure 7.
The largest interactions occurred in the thrust measuring bridge and these were less
than 5% of the principal element outputs. The interactions in the 1lateral force
bridges was of the order of 1%. Hysteresis tests performed by fairly rapid manwual
operation of the static calibration system revealed virtually no significant
hysteretic effects.

Further static and dynamic calibration tests were carried out under rotating
and whirling conditions, First a smooth flywheel with hidden and known off-balance
weights was used to check the earlier static calibration by rotating in air without
any whirl motion, This corresponds to a static loading in the rotating frame of the
balance. Secondly the balanced impeller was rotated in air without whirl motion in
order to detect the lateral force resulting from the weight of the impeller. This
is seen by the balance as a dynamic load and allowed evaluation of the dynamic
response of the balance up to about 50Hz. The magnitude and phase of the balance
e¢lement response remained unchanged up to this frequency; phase angles for example
were constant within 33°. Further dynamic checks were conducted using whirl motion
in air.

LATERAL FORCE MEASUREMENT TECHNIQUE

Though the design and location of the internal balance was chosen to minimize
parasitic forces, mnevertheless it was necessary to subtract some inevitable tare
forces from the raw data in order to extract the essential hydrodynamic forces
imparted to the impeller. This was accomplished by performing four different sets
of measurements for each eventual data point:

(i) The forces for the impeller run at the required speed and flow coeffi-
cient

(ii) The forces when the impeller is run in air at the same speed

(iii) The forces when experiment (i) is performed in water with the impeller
removed

(iv) Experiment (iii) performed in air.

Subtracting (ii) from (i) and (iv) from (iii) removes the parasitic forces due to
the impeller and shaft weight and small mass imbalances. Subtraction of these two
results yields the force on the impeller and eliminates parasitic hydrodynamic
forces on the exterior surface of the internal balance. Indeed it transpired that
the annular gap between the exterior of the internal balance and the surrounding
casing was sufficiently small (~ 0.5cm) to cause measurable hydrodynamic tare forces
and matrices to be present in the data of (iii) minus (iv). Some of these data are
given later.

The lateral forces detected by the internal balance are in a rotating reference
frame. Denoting the lateral force components in the balance frame by E., F, (see
Figure 8) it is necessary to describe how the average forces s F and the ele~
ments of the hydrodynamic matrix [A] were obtained. First it gs c18%r that F R F
are related to Fl' F2 by
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Fx(t) Fl(t) cos ot — Fz(t) sin ot

(6)

Fy(t) Fy(t) sin et + F,(t) cos wt

As described earlier F,(t), Fy(t) are Fourier analyzed using the reference
frequency o/J so that

£ -]
kot
Fl(t) = F + Z=1( 1P sin _I + F 19 °°% 7 >
_ kwt kot (7
Fz(t) = F + 2:1( 2P sin == + FZQ cos —3—>
and Fl’ F » Fk and Fk are available up to some 11miting value of k from the
digital data acqnisgtion system and software. Eliminating Fl’ F from (6) and (7).,

substituting the resulting expressions for F < F_ into (2) and then integrating
over one cycle of frequency w/J results in the onlowing relations

= (Fp - Fm)
Fy = (FT + FZQ)

1 (T J- +I , oJ+1
A =28(F;P Fy FJ + F

l

XX 10
by = i (T - ET e T o
A =i (Mgt e EiT « T AT
Ayy - _;8_ (_F;I FJ I FI+I FJ’-(;I

Thus eveluation of the Jth, (J-I)th and (J+I)th harmonics are required. The wusual
value chosen for J was 10 though the data points at the lowest whirl frequency used
J=20,18,16,14 and 12; I ranged from —9 to +9.

Experimental Test Matrix

Altogether seven sets of measurements have been made to date. In each of these
sets the whirl motion radian frequency € (as given by the choice of integers I and
J) was varied while holding the pump speed ©, flow coefficient ¢ and the face seal
clearances fixed. '

All seven sets of measurements used the same five-bladed centrifugal impeller
(Impeller X) which has an outer radius r,=16.2cm and discharge angle of 25 degrees.
This impeller was cast out of bronze and ﬁas a specific speed of 0.57. In five out
of the seven sets a logarithmic spiral volute (Volute A) was used. This is a well-
matched trapezoidal cross—section fiberglass volute that was designed to be wused
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with Impeller X. The ratio of the base circle diameter to impeller diameter is
1,13, and the area at the cutwater was 20.75cm2. One set of measurements was
conducted using a circular volute (Volute B), deliberately mismatched with its
5.42cm constant diameter circular cross—section., Finally, a set of measurements was
made with Impeller X rotating and whirling inside the pump outer casing, in the
absence of any volute,

A face—seal clearance 0.13mm was maintained throughout all the experiments.
However, in one particular set of measurements two circular rings were attached to
the interior of the volute on either side of the impeller discharge in order to
reduce the leakage flow.

Six of the sets were conducted at 1000 rpm impeller speed, while the whirl
speed was varied from 0 to 900 rpm in both directions (—0.9 < @/w < 0.9). The
remaining set was made at 2000 rpm to study the influence of pump speed on the
hydrodynamic forces; in this case the whirl speed was varied from 0 to 1000 rpm in
both directions (-0.5< 2/w < 0.5). The restriction on the highest whirl speed is
merely a precautionary measure to limit the inertial loads and mechanical vibrations
on the eccentric drive assembly and dynamometer. The combination of Volute A and
Impeller X was tested at 3 values of ¢ (.06, .092 and 0.131) and 1000 rpm pump
speed. All other experiments mentioned earlier were conducted at "design” condition
of ¢ = .092,

RESULTS

The results presented in this paper wili be confined to the data obtained for
the hydrodynamic force matrix [A(2/w)], the associated average normal and tangential
forces Fh, ET given by

(A 4+ A )
XX vy

vy
]
N

S
E,W = 2 ( Axy +‘A7x)

and the stiffness, damping and inertia matrices [K], [C] and [M] as defined by Eg.
(3). Other data such as the hydrodynamic performance (Y(d)) and the average lateral
forces F <’ F__ will be presented in later reports. It should however be noted
that the F y values obtained were essentially independent of the whirl speed
and agreed wg¥h %Kose measured by Chamieh et al (Refs. 10,11,12). Thus we
concentrate here on one of the results of primary importance in the rotordynamic
analysis of centrifugal pumps.

The various experimental measurements are compared with a base case, namely the
results for the Volute A/Impeller X combination run at 1000 rpm and the design flow
coefficient ¢ of 0.092 with face seal clearances set at 0.13mm., The [A(2/0)]
matrix for this case is shown in Figure 9 plotted against 0/w. In common with all
the other cases tested this matrix has almost equal diagonal terms and off-diagonal
terms which are almost equal but of opposite sign. This skew—symmetric form for the
hydrodynamic matrix is remarkable since there is no fundamental reason why it should
take this form. This form is often assumed but this is the first confirmation that
we are aware of.
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Because of this skew-symmetric form of the hydrodynamic force matrix it is
convenient to present only the arithmetic mean of the diagomal terms which, in fact,
corresponds to the dimensionless normal force, Fh, averaged over the whirl orbit and
half the difference of the off—-diagonal terms which in fact corresponds to the
dimensionless tangential force, F,, similarly averaged. The values of K, Fp
corresponding to Figure 9 are shown in Figure 10. The variation in ghese
quantities with flow coefficient and with speed are shown in Figures 11 and 12, The
effect of two rings that were attached to the volute on either side of the impeller
discharge in order to reduce the seal leaskage is shown in Figure 13. Finally a
comparison of the results for Volutes A and B is included in Figure 14,

Several general features of these results should be emphasized. Considering
first F_, mnote that the hydrodynamic force is almost always in the radially outward
direction. At zero whirl frequency it has a positive value which is in close agree—
ment with the results of Chamieh et al (Refs. 10,11,12); this corresponds to a
negative stiffness at zero whirl speed., The sign of the tangential force, F, is
such as to produce a rotordynamically stabilizing effect at mnegative whirl speeds
and for the larger positive whirl speed. However it is important to note that there
is a region of positive whirl speeds between zero and 2/v = 0.25 — 0.5 in which the
tangential force is destabilizing rotordynamically. It would appear from Figure 11
that this destabilizing interval increases somewhat as the flow coefficient
decreases.

Conventional scaling of forces with speed in pumps would imply that the data
for 1000 rpm and 2000 rpm should be identical when plotted in the chosen dimension—
less form, Figure 12 demonstrates that this is the case for the normal force F,.
but the tangential force, FT’ at negative whirl speeds appears to be significant?y
different for these two pump speeds. This could be due to viscous, frictionmal
forces which do not scale with the square of the velocity.

The addition of the leakage reducing rings shown in Figure 13 had little effect
on the results except for F.T at negative whirl speeds.

Note that all of the F; data in Figures 10 to 13 is essentially the same. Only
when the volute is changed (Figure 14) is the normal force altered. The lower
values of F,, for Volute B would be expected since it has a larger cross—sectional
area. However the tangential forces were similar for the two volutes.

As an aside we included here the hydrodynamic tares caused by the flow exterior
to the balance and shaft, These were earlier described as the difference in the
results of experiments (iii) amd (iv). Note from Figure 15 that these tares amount
to about 5-10% of the measured impeller effects. However it is interesting to note
that the functional form of these tare forces is similar to that for the impeller
forces.

The conventional stiffness, damping and inertia matrices used Dby
rotordynamicists were defined in Eq. (3) and (4). It is clear from Figures 9
through 14 that the data can be fairly well represented by the quadratics given in
Eq. (4). Dimensionless values of [K], [C] and [M] for the various experiments are
presented in Table II. The values without parentheses are the result of quadratic
least squares fits to the data for both positive and negative whirl speeds. The
data in parentheses are the result of quadratic least squares fits to the data for
positive whirl speeds only. Discrepancies between these values are therefore a
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result of a combination of deviation from the quadratic behavior and uncertainty in
the matrix element values. For example it is clear that the curvature of the E, is
small and somewhat uncertain; this results in substantial discrepancies in the off-
diagonal terms of the inertia matrix, [M]. On the other hand all the elements of
the stiffness matrix, [K], are well defined. The latter are quite consistent with
the 'quasi-statically measured stiffness matrices of Chamieh et al (Ref.10,11,12).
The damping and inertia matrices represent new data. They can be directly compared
with the matrices presented by Ohashi at this workshop. In doing so ome notes that
the values for all matrices are substantially larger than those of Ohashi’s. Though
the reasons for this are not clear at this time, it should be pointed out that the
volute boundaries are much closer to the impeller in the present experiments and
this should result in higher values of the damping and added mass (or inertial
effects). Note for example the last 1line of Table II which represents values
obtained in the absence of a volute (though the pressure casing is still close
enough to produce & significant effect). ;

CONCLUSIONS

In conclusion we note that the data presented in this opaper represents the
first experimental measurements of the complete hydrodynamic force matrix for a
whirling centrifugal pump impeller. The common assumption of skew-symmetry for
these matrices 1is justified by the experiments and the results come close to the
commonly used quadratic variation with whirl frequency. The steady forces and
stiffness matrices agree with those measured by Chamieh et al (Refs.10,11,12). The
damping and inertial matrices are new and the effects of these on the rotordynamics
of a typical pump should be tested. Many more tests are planned with the present
experimental facility including tests with other impellers, wvolutes (with and
without diffuser vanes) under a wide variety of flow conditions. The effects of
cavitation will also be examined soon.

Postscript
Some preliminary data was released in June 1983. This should now be disre—

garded; it is superseded by the data of the present paper.
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TABLE I

Rotordynamic stiffness, damping and inertia matrices. Values shown without
parenthesis represent quadratic fits for both positive and negative whirl speeds.
Values shown in parenthesis are the corresponding fits for positive whirl speeds

only.

V;;;:e Spiﬁg; N Kxx ny Cxx ny Mxx Mxy

Flow, ¢ ny Kyy ny ny Myx Myy

A 1000 rpm | -1.60 0.30 2.13 7.08 6.72 0.12
4=0.06 (-1.59) (0.85) (1.64) (6.48) (5.91) (0,91)

Spiral

-1,03 -1.46 -7.13 2.59 0.52 6.61
(-1.04) (-1.18) (-5.05) (1.63) (-0.84) (4.37)
A 1000 rpm -1.43 0.77 2.67 6.88 6.76 -0.10
4=0.092 (-1.11) (0.72) (1.87) (4.95) (4.77) (0.90)

-0.84 ~1.42 -7.06 2.74 -0.04 6.57
(-0.72) (-1.19) (-5.58) (1.52) (-1.45) (5.02)

A 1000 rpm -1.48 0.82 4.01 6.35 6.00 -2.67
d=0.131 (-1.50) (0.36) (0.62) (6.34) (5.91) (1.00)

-0.78 ~-1.60 -6.46 3.77 1.89 5.91
{(—0.46) (-1.57) (-5.54) (2.16) (0.41) (4.69)
A 2000 rpm -1.88 1.31 4,11 6.63 6.10 -1.04
¢=0.092 (~2.07) (1.20) (2.99) (6.82) (4.97) (0.89)

-1.45 -1.80 —6.53 4.17 1.19 6.30
(-1.39) (~2.03) (~7.41) (3.23) (-0.65) (6.60)

A 1000 rpm -1.48 0.94 3.92 6.92 6.71 -1.98
with d=0.092 (-1.63) (0.86) (2.69) (6.87) (6.30) (-0.44)

rings

-0.97 -1.48 -6.87 3.98 2.25 6.12
(-0.74) (-1.47) {(~6.33) (1.80) (~-0.29) (5.39)

B 1000 rpm -1.24 0.83 3.4 5.5 5.11 -1.74
circular ¢=0.092 (-1.40) (0.77) (2.18) (5.55) (4.80) (-0.15)
-0.81 -1.39 ~5.28 3.12 1.34 4.56
(-0.79) (-1.33) (-4.23) (2.39) (0.35) (3.25)
No 1000 rpm -0.32 0.44 2.1 2.9 4.41 -0.31
volute ¢=0.092 (-0.37) (0.75) (2.34) (2.04) (3.08) (0.08)
-0.39 -0.22 ~-3.03 1.9 0.54 4,21
(-0.73) (-0.06) (-0.23) (2.18) (0.15) (0.64)
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Schematic plan view of the pump loop prior to installation of the Rotor
Force Test Facility (RFIF).
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Figure 3. Cross—section of the main structure of the Rotor Force Test

(see text for numbered components).
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Figure 4. Schematic of the internal force balance.
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Figure 7.-ﬁ Typical in situ static calibration curve showing the voltage output of
a principal bridge for various F, lateral loadings. Typical interac-—
tion outputs were also linear but only 12 percent of the principal
outputs. '
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Schematic showing the relation between the lateral forces in the

sta-
tionary X,Y frame and the rotating frame of the balance.
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Figure 9, The hydrodynamic force matrix, [A] as a function of 2/w for the Volute

A/Impeller X combination at 1000 rpm and ¢ = 0.092,
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Figure 10, The dimensionless normal and tangential forces, F
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Figure 11. The normal and tangential forces for Volute A/Impeller X at 1000 rpm
for three flow coefficients 4 = 0.06, 0,092, 0.131,
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Figure 12, The normal and tangential forces, for Volute A/Impeller X at the design
flow coefficient ¢ = 0.092 and two different pump speeds, 1000 rpm and
2000 rpm.
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Figure 13. The normal and tangential forces F,, F.. for Volute A/Impeller X at 1000

rpm and the
the leakage limiting rings.
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Figure 14, Comparison of FN"FT for Volutes A and B at 1000 rpm and ¢ = 0.092.
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Figure 15. The hydrodynamic tare effect of the
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