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NOMENCLATURE

Fourier coeffic{ents for rotor motion

direct and cross-coupled damping ccefficients (FT/L)
inlet seal clearance (L)

exit seal <learance (L)

average seal clearance (L)

displacement of seal rotor from centered position (L)
d! ect and cross-coupled stiffness coefficients (F/L)
entrance-loss coefficient

direct and cross-coupled added-mass coefficients (M)
fluid mass flow rate (M/T)

stator Hira' coefficients

rotor Hirs' coefficients

fluid pressure (F/L,)

taper parameter

scal radius (L)

2pUC/y = nominal axial Reynolds numbe»

mean fluld flow velocity (L/T)

radial seal displacements {L)

ratio °f specific heats for air

g / Cp = equilibrium eccentricity ratio

fluid density (M/L,)

fanning friction-factor

fluid shear stress (F/L,)



u

= ghaft angular velocity (1/T)
« gshaft precessional veloelity (1/T)

= fluid viscosity (FT/L;)

vi




INTRODUCTION

With turbomachinery design trends tending toward increased speeds
and loadings, lighter weight, and reduced clearances between rotating
and stationary parts, considerable concern with instability and
synchronous response has arlsen, Synchronous reaponse refers to
vibration of the turbomachine rotor assembly at a frequency colincident
with the rotational speed, Characteristically, the vibration
amplitude increases to a maximum at each critical speed (coincidence
of the running speed with a rotor's damped natural frequency), and
then decreases to a relatively steady level. Operation of
turbomachines at rotational speeds above any of the critical speeds
requires the rotor to traverse them during start-up and shut-down.
Therefore, in order to limit the peak synchronous vibration levels,
the machine designer aspires to introduce damping into the rotor
system.

In coqtrast to synchronous vibration, "unstable" or
Wgelf-excited" motion is typically subsynchronous. This .otion takes
the form of whirling of the rotor shaft at a natural frequency less
than the rotational speed. The exciting force for thia whirling
motion is a tangential force acting on the rotor due to some fluid or
friction mechanism. This vibration often occurs with large amplitudes
which sustain or pgrow as running speed increasea. At best, this
self-excited whirling prevents further speed lnereases; at worst, it
results in damage to or catastrophic failure of the equipment. One of

the rotordynamic force mechanisms which plays a role in aelf-excited

Journal Model: ASME Journal of Lubrication Technology



rotor motion and synchronous response is that of the forces developed
by annular seals. Until recently, most investigations of annular
seals in turbomachinery have been concerned with reducing the leakage
of the working fluid through the seal (i.e., improving the sealing
effect). However, recent experiences have shown that forces developed
by <chese seals can bhave considerable influence on the stability and
synchronous response of rotating machinery. Black et al. [1-3] have
demonstrated the critical effects that forces developed by neck-ring
and interstage seals have on the roteordynamic behavior of pumpa.
Also, stability difficulties with the Space Shuttle Main Engine (SSME)
high-pressure fuel turbopump [4] have prompted further research into
these forces developed by liquid seals.

Experiences have shown that various gas seal configurations can
have similar influences on the rotordynamic behavior of
turbomachinery. In the high~pressure oxygen turbopump of the SS5ME,
for example, initial vibration problems were remedied by changing the
turbine interstage seal from a stepped-labyrinth configuration to a
convergent t;per seal with a honeycomb stator and a smooth rotor [5].
A lack of experimental data to completely explain this and other gas
seal behavior makes obvious the need for research in this area.

The purpose Jf this report is threefold. It describes the test
facility and initial test program developed to experimentally measure
the fluid forces 1induced by annular gas seals, 1t provides a
comparison of theoretically predicted and experimentally obtained data
for smooth and honeycomb seals, and 1t provides a comparison of
experiuental data from the tests of three smooth-rotor/smooth-stator

seals. The leakage of the working fluid through the seal, the
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pressure gradient along the seal length, entrance preasure-loss data,
and rotordynamic ccefficients provide a baais for comparison. A short
discuasion on seal theory 1s included, and various rotordynamic
coefficient identificat'on schemes are described. The work presented
herein is intended to add to the rapidly expanding database on seal
forces, and to determine the validity of one theoretical analysis for

predicting those forces,



ANNULAR SEAL ANALYSIS REVIEW

As related to rotordynamics, seal analysis has the objective of
determining the reaction forces acting on the rotor arising from shaft
motion within the seal. Due to similarities between plain journal
bearings and annular 8eals, seal analysis 1s generally based on
governing equations which have previously been developed for bearings.

Annular seals and plain bearings are geometrically similar, but
seals typically have radlal clearance-to-radius ratios on the order of
0.005, versus Cp/R ratios of 0.001 for bearings. Due to seal
clearances and pressure differentials, fully-developed turbulent flow
normally exists. Alsoc, seals are nominally designed to operate in a
centered position. Journal bearings, on the other hand, have
operating eccentricities which vary with running speed and load.
Therefore, most of the rotordynamic work for bearings has been done to
determine dynamic coefficient versus eccentricity relationships.

Two linearized seal models, expressed in terms of dynanmic
coefficients, have been suggested for the motion/reaction-force
relationship. For small motions of the rotor about an artitrary

position in the seal, as shown in Fig.1, the relation can be written

. VFx Kyx(ea) KxyCeo)X| [Cxx(eo) Cxyleq) Myy(eg) Myyleg)|\X o
- = + + 1
Fy Y MY

Kyx(eo) Kyyleq Cyx(eo) Cyyleo) Myx (o) Myy(eq

-

-

where the dynamic coefficients {Kyyx, Kyy. Cxx,» Cyy, Mxx, Myy] and
(Kxyy, Kyx. ©Cxys» Cyx» Myy, Myx] represent the “direct" and
Veross-criipled" stiffness, damping, and added-mass terms,

respectively. These coefficients are functions of the equilibrium
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Fig. 1 Small motion of a seal rotor about an eccentric position;
t3 15 the rotor spin speed,fl is the precessional orbit

frequency,

9)

'

(.

Fig. 2 Small motion of a seal rotor about a centered position;

o 1s the rotor spin speed,fL is the precessional orbit
frequency,




eccentricity ratio €5 = e5 / Cp, where the eccentricity ratio i
equals the displacement (ey,) of the rotor from the centered position
divided Dby the nominal radial c¢learance (Cp). Tne ternm
"eross-coupled" refers to the coupling effect exhibited by the
off-diagonal terms; specifically, motion in one plane introduces
reaction forces in an orthogonal one., These cross-coupled terms arise
from the fluid's circumferential velocity component, and show a strong
dependency on both the magnitude and direction (with respect to rotor
rotation) of the fluid velocity. This circumferential velocity
component may arise from the prerotation of the fluid as it enters the
seal due to some rotating element upstream, or It may develop as the
fluid passes through the seal, with rotor shear forces "dragging" the
yiscous fluid around its periphery. The c¢ross-coupled stiffness term
usually produces a destabilizing force component, and therefore is of
considerable interest. The ¢ross-coupled damping and added-mass terms
are generally much less influential than the cross-coupled stiffness
term with respect to stability. Fo. nro fluld rotation, these
cross-coupled terms are Zzero.

The second linearized seal model applies for small motions of the
rotor about a centered position in the seal, as shown in Fig. 2 .

This model can be expressed

Fy K k| \x c c '
- = + + (2)
Fy ~k K} Jy -« ¢ -m M

where the dynamic coefficient matrices are skew-symmetric,

P
=
=
»as

[
[

Theoretical work on annular seals has been done for both

incompressible and compressible fluids. Black et al. [6] have



developed analytical "short-seal" sculutions for incompressible seals,
which account for circumferential fluid flow due to wall shear
stresses but not pressure perturbatiocns. The analysis employs a
bulk-flow assumption and accounts for fluid prerotation as it enters
the seal. Childs! {7] incompressible seal analysis provides
“"finite-length " solutions, in which both shear and pressuré-induced
flow are included. Childs' wutilizes Hirs' [8] turbulent bulk-flow
model, and accounts for inlet swirl as well as perturbations in axial
and circumferential Reynolds numbers due to clearance perturbations.
Compressible flow in seals has been analyzed by Fleming [9, 10)
and Nels. © [11, 12]. Fleming presents a short seal solution for the
leakage, direct stiffness, and direct damping coefficients for
straight and tapered, smooth, annular gas seals, but does not include
the cross-coupled damping terms, Nelson, whose analysis is used for
comparison in this report, analyzes both smooth and surface-roughened
annular seals in the straight and tapered configurations. An outlip2

of Nelson's analysis is included in the section that follows,



NELSON'S ANALYSIS

Nelson (11, 12] has developed an analysis which provides both
static and dynamic results for annular gas seals, The statlc results
include fluid leakage through the seal, preasure gradient along the
seal axis, and the fluid axial and circumferential velocities through
the aeal. Dynamic data provided by the analysis consists of the
rotordynamic coefficients (direct and cross-coupled stiffness and
damping terms) for sﬁall rotor motion about a centered position
(equation (2)). Nelson assumes that the added-mass terms are

negligible for gas seals, and, hence, equation(2) is written

Fy K ki\x C e VX
- - + . (3)
Fy -k K|]¥ -c c|fr\

Nelson utilizes a modified Hirs' [8] turbulen: bulk-flow fluid
model to develop governing axial and circumferential momentum
equations, and his model is completed by the continuity and energy
equations. Hirs'® model defines the wall shear stress 1y, as

Ty = 1/2 ply2 no(2pUpH / p)MO = 1/2 plip2 noRyM0 (4)
where Up is the mean flow velocity relative to the surface upon which
the shear stress acts, and H 1s the local seal clearance. Hirs!
formulation assumes that the surface roughness is the same on the
rotor and stator. However, if the bulk-flow velocities relative to
the rotor and stator are substituted into equation (4), the shear
Strenses at the rotor and stator are, respectively,

Tp = 1/2 pUp2 nr(2pUpH / u)mr

1g = 1/2 pUg? ns(2pUgH / p)ms



Hence, different surface roughnesses In the seal slements can be
accounted for via the empirical coefficlents mr, nr and ms, ns for the
rotor and stator surfaces. Tnese coeffi¢ients must be calculated from
static-rressure-gradient test data, and are then provided as input
parameters for Nelson's analysis.

Assuming small motlon of the rotor about a centered position,
Nelson uses & perturbation analysis similar to that employed by Childs
(7] to develop zeroth and first-order perturbation equations. The
zeroth-order solucion representa a zero-eccentricity flow condition,
with rctor rotation but without precession. This solution is iterative
and yields the mass-leakage flow rate, and the axial distribution of
preasure, axial velocity, density, and circumferential velocity. An
iterative solution scheme is employed, using initial guesses for the
zeroth-order seal entrance Mach number and entrance pressure-loss
coefficient, The entrance-loss relationship is defined by

_ ¥/ (1-Y)

Pol0) = {1 + [(¥-1)(k+1)M2(0)] 7 2} (6)
where ng(0) is the seal entrance/reservoir pressure ratio and My(0) is
the entrance Mach number, The entrance Mach number is {teratively’
adjusted, and the loss coefficient k 1is recalculated according to a
least-squares curve fit

K+ 1= a+ b(Ry)C (7)
for a given seal. = In eguation (7), Ry is the axial Reynolds number,
and a, b, and ¢ are constants calculated from test data and provided
as input parameters for Nelson's analysis. The iterative solution

procedure for Mg(0) and k continues until either:



1) the Mach number at the exit reaches unity and’the exit pressure
is greater than the sump pressure (choked flow), or

2) the exit pressure equals the sump pressure and the exit Mach
number is less than unity {(unchoked flow).

The pressure, density, and velocity distribution and their
derivatives which are determined in the zeroth-order solution and the
entrance-l0oss relationship determined from test data are used 1in
defining coefficients of the first-order perturbation equations.
These equations define the pressure, density, and axlal and
circumferential velocity perturbations due to rotor motion, and are
transformed to sixteen ordinary differential equations in the axial
coordinate z. The four physical boundary conditions required for the
solution of these equations depend on the perturbation conditiorns that
are specified at the seal entrance and exit. The inlet circumferential
velocity perturbation |is zero. Expansion of the entrance
pressure~loss relationship of equation (6) yields a second boundary
éondition. For choked flow, the first-order perturbation in the exit
Mach number i3 zero, while for unchoked flow, the first-order
perturbatiocn in the exit pressure is zero,

Application of these boundary c¢onditicns and numeriecal
integration of the ordinary differential equations provides the
first-order solution. Integration of ‘the first-order pressure
solution along and around the seal periphery yields the direct and
eross-coupled stiffness and damping coefficlents, K, k, C, and c,
respectively.

The Iinput parameters which can be varied in Nelson's analysis

Include:

1y



1) reservoir pressure and temperature,

2) sump pressure,

3) seal geometry (i.e. radius, length, clearances),

4} rotor rotational speed and precession rate,

5Y entrance circumferential velocity of the fluid,

6) rotor and stator surface roughness (Hirs constants),

7) enpirical entrance-loss relationship,

8) fluid viscoslty, gas constant, and ratio of specific heats.

It is apparent that a large amount of theoretical data can be
generated to determine the influence that these various parameters
have on the fluid forces in annular gas seals, However, there is a
lack of experimental data with which to compare the resuits of
Nelson's analysis. Currently, test results of Wachter and Benckert
[13] exist for labyrinth seals, a special class of non-contacting
seals which have stepped surfaces or '"teeth" on the rotor, atator, or
both., Experimental results Tror smecoth and/or surface-roughened gas
seals are limited to data from static tests of honeycomb seals also
published by Wachter and Benckert. Hence, there was a need for a test
apparatus which could be used to study the effects of the same
variables provided for in Nelson's analysis, The experimental data
generated by such an apparatus would be valuable for comparison to
both Nelson's theories and others which may be developed in the

future,
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TEST CONCEPTS

A number of test programs have been implemented to measure the
stabilizing and destabilizing fluid forces which are developed by
turbomachinery elements, Some are concerned mainly with the study of
seal forces, while others examine the forces developed by centrifugal
pump impellers. In each case, reaction force and relative motion
measurements are used for rotordynamic coefficient identification.
Four general approaches have been employed, and will be reviewed hgre.

Wachter and Benckert [13] employ a static displacement method for
determining stiffness coefficlents., In this method, as shown in Fig.
3, the rotor is displaced statically to some measured eccentrie
pos.tion, while an axial pressure differential forces the working
fluid past the seal., By measuring the reaction force components which
are parallel and perpendicular to the static displacement yector, the
direct and cross~coupled stiffnesses can be determined. Referring to
equation (2) for small rotor motion aboit a centered position, a
static rotor displacement in the X-direction yields

h= -Fyre, , k= Fyse, (8)
Since tnis static displacement method has no dynamic motion, no
damping or added-mass terms can be evaluated.

A second approach to rotordynamic coefficient identification is
utilized by Childs [14]. Depicted in Fig. 4, this method uses a
¢ircular orbit of the rotor within the seal. The rotor is mounted
eccentrically on a shaft which rotates, Thus, the rotor precesses in

a circular orbit at the same rate and direction as shaft rotation,

This synchronous precession provides for the determination of the

12



Fig. 3 Static displacement method used for stiffness determination.
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Fig. 4 Synchronous rotation and precession method used for equivalent
coefficient identification.



radial and tangential components of the seal reaction force, The Fp
and F¢ components are obtained through Integra“.on of the measured
preasure distribution along and around the seal periphery. Expressing
measured rotor motion as
X = ey cos(ut)
9)
Y = ey sin(uwt)
for small circular orbit of radius ey and precessicnal frequency w=f,
and substituting into equation (2) yields the radial and tangential
force coefficlent definitions
Fp / eg = Mw? -~ cw ~ K = ~Kgp + Map{w®)
(10}
Ft / eg = k ~ Cuw » -Copluw)
where the oross-coupled mass oqoefficient {8 assumed negligible with
respect to the influence of k and C. Because the cross-coupled
coefficients k and ¢ are linear functions of w, ldentification of the
individual dynamic coefficients {s not possible in this method.
However, equivalent direct stiffness, damping, and added-mass
‘coefficients can be calculated as indicated in equation (10).
Independent rotation and precession contreol, as shown in Fig. 5,
is a third testing method which is currently employed both in ilmpeller
and seal studies [15], (161, [17]. Various means are used to produc:
a circular orbit (precession) of the rotor or impeller at a rate
different from its rotaticnal speed. For a small circular orbit of
radius ey and precessional frequency @, the measured precessional
motion of the rotor is
X = ey cos(nt)
Y = g, sin(at)

The Fy and Fy reaction force components are measured and can be

15



Fig, 5 - Independent rotation and precession method used for coefficient
identification.
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expressed

Fy = Fyg sin(at) + Fyc cos (at)

Fy = Fyg stn(at) + Fyg cos (at). (1)
By substituting these expressions into equation (2) and equating

coefficients of salne and cosine terms, the following equations are

obtalined
- Fyc 7 eg = K + oft - MR? -Fyc 7 eg = =k + CQ + mp? (12)
- Fys 7 eg = k + Cft - mR? - Fys / eg = K + cn + Mp?

Hence, by measuring the reaction force components and rotor motion at
two different precesasion frequencies, eight equations in six unknowns
are obtained, and the rotordynamic coefficients can be calculated.

A fourth testing method has been used by Iino and Kaneko [18] for
determining dynamic coefficients, and this same method i3 employed at
the TAMU gas seal test rfacility., An external hydraulic shaker is used
to impart translatory harmonic motion to the rotating seal, and rotor
motion relative to the stator and the reaction force components acting

on the stator are measured.

Fig. 6 shows the manner in which the rotor could be positioned

and oscillated in order Lo identify the dynamic coefficients of the
seal for small motion about eg. If the added-mass terms are assumed

negligible, equation (1) is rewritten

Fy Kyx (eo) Kyyleg) | Y Cxx(eg) Cxxleo) |
- = + {(13)
Fy v

ny(ao) Kyy(eo) Cyx(eg) ny(so)

Sde

e

Firat, harmonic horizontal motion of the rotor is assumed, where

17
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Fig., &’ External shaker method used for coefficient identification,
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X = g5 + sin(at) + B cos(ft)
X = A cos(nt) - BA sin (At)
Y-Y=0,
This ylields =small motion parallel to the static eccentricity vector,
where @ is the shaking frequency. In a similar fashion, the X and
Y-direction force components can be expressed
Fy = Fyg sin(at) + Fyc cos(at)
Fy = Fyg sin(nt) + Fyc vos(at) . ()
Substituting these expressions into eguation (13) and equating
coefficlents of sine and cosine terms yields the following four
equations
Fys = Kxx A - Cyx B
Fyc = Kxx B + Cxx A
(15)
Fys = Kyx A - Cyx B
Fxc = Kyx B + Cyx A .

Solving this gsystem of four equations in four unknowns defines the

dynamic coefficients as

+

Kyx(eo) = (Fyc B + Fyg A) /7 (A% + B2)

+

Kyx(eg) = (Fyg a
. o

Fyc B) 7 (A% + B?)
. (16)

Fyg B) / Q(A® + B?)

xc A
Cyx(eg) = (Fyo A - Fyg B) /7 a(A? + B2),

Cxx(eo)

Therefore, by measuring the reaction forces due t¢ known rotor
motion, determining the Fourier coefficients (A, B, Fyg, Fyc, Fys,
Fyc), and substituting into the above definitions, the indicated
dfnamic coefficients can be identified., If the rotor 1s shaken about

a centered position, then the process is complete, Since the

19



linearized model has skew-symmetric stiffness and damping matrices,
all of the coefficients are identified., If, however, the rotor is
shaken about an eccentric position, as initially postulated, then it
must be shaken vertically about that same point in order to complete
the identiflcation process.
Assuming harmonic vertical motion of the rotor, as defined by
X = eq, X =0,
Y = A sin{t) + B cos{(qat),
Y =« AR cos(at) - 8n sin(at),
yilelds oscillatory motion that is perpendicular to the assumed static
eccentricity vector. A similar process as before resuilts in the
coefficient definitions
Kyy(eo) = (Fyg a + Fye B) / (a2 + B?)
Kyyleg) = ~(Fyg B + Fyg ) / (A% + B?)
ny(eo) = (Fxg A - Fxs B) /7 p(A? + B?) 4
Cyy(eo) = (Fyg B - Fyp &) /7 a(a? + B2) .,
All eight dynamic coefficients are thus determined by alternately

shaking the rotor at one frequency @ in directions which are parallel

and perpendicular to the static eccentricity vector.

20



TEST APPARATUS QVERVIEW

Detailed design of the TAMU gas seal apparatus was carried out by
J. B. Dressman of the University of Louisville, It is of the external
shaker configuration, and the dynamic coefficient identification
process i{s as described in the latter part of the preceding section.

Conaldering both the coefficient identification process and
Nelson': analysis, some objectives for the design of the test
apparatus are apparent, First, in order to determine the dynamic
coefficients, the apparatus must provide the necessary rotor motiaon
within the seal, and measurement of the reaction-force components due
to this mo..on must be possible. Secondly, it would be advantageous
{for purposes of comparison) if the apparatus could provide the same
variable seal parameters afforded by Nelson's analysis {(i.e.,
pressures, seal geometry, rctor rotational speed, fluid prerotation,
and rotor/stator surface roughness}. With this capablility, the
in:xuen;e of each jindependent parameter could be examined and compared
for correlation between theoretical predictions and experimental
results.

With these design objectives in mind, the discussion of the test
apparatus Is presented in three sections, The first section, Test
Hardware, describes how the various seal parameters are physically
executed and controlled. For example, the manpner in which the
dynamic "shaking" motion of the seal rotor is achieved and controlled
is described in this section. The second section, Instrumentation,
describes how these controlled parameters, such as . .tor motion, are

measured, Finally, the Data Acquisition and Reduction section

2l



explains how

information.

these measurements

are

used to provide the desired

22
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TEST HARDWARE

This section deals only with the mechanical components and
operation of the test apparatus. It provides answers to the following
questions: |

1) How is the static position of the seal rotor controlled?

2) How is the dynamie motion of the rotor executed and

controlled?

3) How is compressed air obtained and supplied to the apparatus,

and how I8 the pressure ratio across the seal coatrolled?

4} How is the incoming air prerotated before it enters the seal?

5) How are the seal rotor and stator mounted and replaced?

6) How is the seal rotor driven (rotated)?

Recalling the rotordynamic coefficient identification process
described earlier, the external shaker method requires that the seal
rotor be set in some static position and then be oscillated about that
point. The test apparatus meets those requirements by providing
independent static and dynamic displacement control, which are
described below.

Static Displacement Control. The test apparatus Is designed to

provide control over the statlic eccentricity pcesition both
horizontally and vertically within the seal. The rotor shaft is
suspended pendulum-fashion from an upper, rigidly mounted pivot shart,
as shown in Figs. 7 and 8. This arrangement allows a side-to-side
(horizontal) motion of the rotor, and a cam within the pivot shaft
allows vertical positioning of the rotor.

The cam which controls the vertical position of the rotor is

&
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Fig. 7 Components used for static and dynamic displacement of seal rotor.
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driven by a remotely-operated DC gearhead motor, allowing accurate
positioning of the rotor during tesating. Horizontal positioning of
the rotor is accomplished by a Zonic hydraulic shaker head and master
lcohtroller. which provide independent static and dynamic displacement
or fqrce control. The shaker head is mounted on an I-beam support
structure, and can supply up to 4450 N (1000 lbf) static and 4450 N
dynamic force. As illustrated in Fig. 7, the shaker head output
shaft acts on the rotor shaft bearing housing, and works against a
return spring mounted on the opposite side of the bearing housing.
The return spring maintains contact between the shaker head shaft and
the bearing housing, thereby preventing hammering of the shaker shaft
and the resulting loss of control over the horizontal motion of the
rotor.

Dynamic Displacement Control. The dynamié motion of the seal rotor

within the stator 1s horizontal. In addition to controlling the
static horizontal position of the rotor, the Zonic shaker head moves
the rotor through horizontal harmonic osclllations as the test is run,
A Wavetek function generator provides the sinusolidal input sfgnal to
the Zonic controller, and both the amplitude and frequency of the
rotaor oscillations are controlled.

Although the test rig design provides for dynamic motion of the
rotor only in the horizontal X-direction, all of the coefficients for
either seal model (equation (3) or (13)) can still be determined. As
Fig. 9 shows, the required rotor motion perpendicular to the static
eccentricity vector can be accomplished in an equivalent manner by
statically displacing it the same amount (ey) in the vertical

direction and continuing to shake horizontally.

20



Fig. 9 Shaking motion used for rotordynamic coefficient identification.
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In addition to providing control over the rotor's static position
and dynamic motion, the teat apparatus allows other seal parameters to
be controlled independently, providing insight into the influence
these parameters have on seal behavior. These parameters coincide
with the varlable 1input parameters for Nelson' analysis, and they
include:

1) pressure ratio across the seal,

2) vprerotation of the incoming fluid,

3) seal conflguration, and

4) rotor rotational speed.

Pressure Ratio. The inlet air pressure and attendant mass flow rate

through the seal are controlled by an electric-over-pneumatically
actuated Masoneilan Camflex II flow control valve located upstream of
the test section, An Ingersoll-Rand SSR-2000 single stage screw
compressor rated at 34 m'/min @& 929 kPa (1200 scfm @ 120 psig)

provides compressed air, which 1is then filtered and dried before
entering a receiver. Losses through the dryers, filters, and piping
result in an actual maximum inlet pressure to the test section of
approximately 825 kPa (105 psig) and a maximum flow rate of 27 m®/min
(950 sefm). A four-inch inlet pipe from the surge tank supplies the
test rig, and after passing through the seal, the air exhausts to
atmosphere through a manifold with muffier,

Inlet Circumferential Velocity Control. In order to determine the

effects of fluld rotation on the rotordynamic coefficients, the test
rig design also allows for prerotation of the incoming air as it
enters the seal. This prerotation introduces a circumferential

component to the air flow direction, and 1s acoomplished by guide
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vanes which direct and accelerate the flow towards the annulus of the
seal. Three sets of guide vanes were used In testing all seals; one
rotates the flow in the direction of rotor rotation, another
introduces no fluid rotation, and the third rotates the flow opposite
the direction of rotor rotation. These vanes were machined from brass
disks. In addition, two sets of aluminum guide vanes were used in
testing the conatant 16 mil clesarance smooth 8eal; one rotates the
flow in the direction of rotor rotation, the other rotates the flow
opposite the direction of rotor rotation, Due to a smaller annular
clearance, the aluminum vanes c¢ause & higher circumferential air
velocity than the brass vanes for a given applied air pressure, Fig.
10 and Table 1 i{llustrate the vane configurations.

Seal Configuration. The design of the test rig permits t.e

installation of various rotor/stator combinations. As shown in Figs.
11-16, the stator 1is supported in the test section housing by three
Kistler quartz load cells in a trihedral configuration, Figs, 11-14
show the smoot h-rotor/smooth-stator seals, while the
smooth-rotor/honeycomb-stator seal s illustrated in Figs. 15 and 36.
The seal rotor is press-fitted and secured axially by a bolt circle to
the rotor shaft. Seals with different geometries (i,e.,, clearances,
tapers, lengths) can be tested, as well as seals with different
surface  roughnesses, The replacement of these rotor/stator
combinations can be accomplished with minimal downtime.

Rotational Speed. A MWestinghouse 50-hp variable-speed electric motor

drives the rotor shaft through a belt-driven jackshaft arrangement.
This shaft 1is supported by two sets of Torrington hollow-roller

bearings [19]). These bearings are extremely precise, radially
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Fig. 10 Inlet guide vane detaill.
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Table 1.

Inlet guide vane dimensions

as 1llustrated in figure 10,

Vane material Brass Aluminum Aluminum
Swirl direction Both With Rotation Against Rotation
Dimens {ons em__ (in) em  (in) em__ (in)
A 0.615 (0.242) 0.216 (0.085) 0.216 (0.085)
B 0.335 (0.132) ‘ 0.358 (0.141) 0.427 (0.168)
c 2,545 (1,00) 2.42 (0.951) 2.42 (0.951)
D 8.89 (3.50) 8.00 (3.149) 8.00 (3.149)
E 6.03 (2.375) 5.87 (2.312) 5.87 (2.312)

*
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preloaded, and have a predictable and repeatable ~adial stiffness.
Axial thrust due to the pressure differential ac nss the seal is
absorbed by a flat, rcller-type caged thrust.bearing at the rear of
the rotor. Both the shaft and thrust bearings are lubricated by a
positive-displacement gear-type oll pump.

Different jackshaft drive-pulleys can be fitted to provide up to
a Y4:1 speed increase from motor to rotor shaft, which would result in
a rotor shaft speed range of 0-21,200 rpm, Current design
limitations, however, prevent the attainment of this upper rotational
apeed. High bearing temperatures, reduction of iﬁterference in the
rotor-shaft fitment due to inertia-induced radial growth of the rotor
inside diameter, and excessive stresses in the drive-pulle&s have
served to limit shaft speed. The highest rotational speed attained at
the time of this writing is 8500 rpm, although design modifications to
allow higher speeds are underway.

To conclude this discussion of the test hardware, two views of

‘the complete test apparatus are included. Fig. 17 shows the assembled

rig, while an exploded view is provided in Fig. 18,
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INSTRUMENTATION

Having discussed what seal parameters can be varied, and how the
variations are Implemented, the measurement of their respective
effeots can now be described, The Gtypes of measurements which are
made can be grouped into three categories:

1} rotor motion,

2) reaction-force measurements, and

3) fluid flow measurements,

These categories are described individually in the sections that
follow.

Rotor Motion Measurements, The position of the seal rotor within the

stator s monitored by two Bentliy-Nevada eddy-current proximity
probes, mounted in the test section housing. These probes are located
90 degrees apart, and correspond to the X- and Y-directions. The
proximity probes are used to determine the static position and dynamic
motion of the rotor, and their resolution is 0.0025 mm (0.1 mil).

Reagtion-Force Measurements, Reaction forces arise due to the static

poaition and dynamic motion of the seal rotor within the stator. The
reaction forces (Fy, Fy) exerted on the stator are measured by the
three Kistler quartz 1o§d cells, which support the stator in the test
section housing. When the rotor is shaken, vibration is transmitted
to the test section housing, both through the thrust bearing and
through the housing mounts. The acceleration of the housing and
stator generates unwanted inertial "ma" forces which are sensed by the
load cells, 1in addition to those pressure forces developed by the

relative motion of the seal rotor and stator. For this reason, PCB
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plezoelectric accelerometers with integral amplifiers are mounted in
the X- and Y-directions on the atator, as shown in Figs. 12-14 and 16.
These accels allow a (stator mass) x (stator acceleratien) subtraction
from the forces (Fy, Fy) indicated by the load cells., With this
correction, which is described more fully in the next section, only
the pbéssure forces due to relative serl motion are measured,

Force measurement resolution is a function of the stator mass and
the resolution of the load cells and accelerometers. Accelerometer
resolution is 0.005 g, which must be multiplied by .bhe stator mass in
order to obtain an equivalent force resclution. The masses of the
stators used in the test program reported here are presented in Table
2 along with the associated accelerometer resolution. Resolution of
the load cells is 0.08%9 N (0.02 1b). A comparison with the entries
in Table 2 roveals that the resolution of the force measurement is
limited by the accelerometers. A stator with less mass, and/or
accelerometers with  greater gengltivity would improve force
‘resolution.

Fluid Flow Measurements. Fluid flow measurements include the leakage

(mass flow rate) of air through the seal, the pressure gradient along
the seal axis, the inlet fluid circumferential velocity, and the
entrance pressure loss,

Leakage through the constant 16 mil clearance smooth seal
reported on here is measured with a Flow Measurement Systems Inc.
turbine flowmeter located in the piping upstream of the test section.
Resolution of the flowmeter 1is 0.0005 aef, and pressures and
temperatures up and downstream ¢f the meter are measured for mass flow

rate determination, For the other seals In this report, the turbine
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Table 2. Force measurement resolution,

Stator Stator Mass Accel. Force Resolution
© Force units N (1b) N (1b)

Smooth #1, no taper 1.4 (25.2) 0.560 (0.126)

Smooth #2, no taper 1.5 (25.3) 0.565 (0.127)

Tapered smooth 11.4 (25.1) 0.560 (0,126)

Honeycomb ‘3.9’4 (8.69) 0.191 (0,043)



flowmeter s replaced with a Fischer & Porter vortex flowmeter.
Resolution of the turbine flowmeter is 0.0014 m® (0,05 acf).

For measurement of the axial pressura gradient, the stator has
pressure taps drilled along the length of the seal in the axial
diréction. These pressures, as well as all others, are measured with a
0-1.034 MPa (0-150 psig) Scanivalve differential-type pressure
transducer through a 48 port, remotely-controlled Scanivalve model J
scanner, f{ransducer resolution is 0,552 kPa (0,08 psi},

In order *9 determine the circumferential velocity of the air as
it entera the seal, the static pressure at the guide-vane exit is
measured. This pressure, in oconjunction with the meaaured flowrate
and inlet air temperature, is used to calculate a gulde vane exit Mach

number. A compressible flow continuity equation
m = Pex Aax Mex COV/RgTy) (1 + (Y=1)Mgy? / 2)] 1/2 (18)

i1s rearranged to provide a quadratic equation for Mgy

Mey? = (=1 + [1+ 20(v=1)/7) (m / Pexhex)? (RgTy)] V/2) /7 (v-1) (19)

where Y s the ratic of specific heats and Rg is the gas constant for
air, pgx 18 the static pressure at the vane exit, and Agy is the total
exit area of the guide vanes, Since all of the variables i{n the
equation are either known or measured, the vane exit Mach number, and
therefore the velocity, can be found,

In order to determine the circumferential component of this inlet
velocity, a flow turning angle correction, in accordance with Cohen
{201, is employed. The correction has been developed from guide-vane

cagcade tests, and accounts for the fact that the fluid generally is
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not turned through the full angle provided by the shape of the
gulde-vanes, With this flow deviation angle calculation, the actual
flow direction of the air leaving the vanes (and entering the seal)
¢an be determined. Hence, the maghitude and diregtion of the inlet
velocity is known, and the appropriate component is the measured inlet
ciroumferential velocity,

The entrance-pressure-loss coefficient, defined in equation (6),
is determined from the measured pressures just upstream of and just
inside the seal. An entrance Mach number is calculated in the same
manner as outlined previously, using the measured pressure immediately
ingide the seal and the annular area between the potor and stator.
This entrance Mach number, and the ratio of the seal entrance/guide
vane exit pressures are substituted into equation (6), and the

entrancée loss coefficient, F. is determined.
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DATA ACQUISITION AND REDUCTION

With the preceding explanations of how the seal parameters are
varied, and hoWw these parameters are measured, the discussion of how
the raw data is processed and implemented can begin. Data acquisition
is directed from a Hewlett-Packard 9816 (16-bit) computer with disk
drive and 9.8 megabyte hard disk. The computer controls an H-P 6940B
multiprogrammer which has 12-bit A/D and D/A converter boards and
transfers control commands to and test data from the instrumentation.

As was previously stated, the major data groups are seal
motion/reaction force data and fluid flow data. The motion/reaction
force data are used for dynamic coefficient identification. The
hardware involved includes the load cells, accelerometers, X-direction
motion probe, a Sensotec analog filter unit, a tunable bandpass
filter, and the A/D converter., The operation of these componentas is
illustrated in Fig. 19, and their outputs are used in a serial
.sampling scheme which provides the computer with the desired data for
reduction, Recalling the discussion of the reaction force
measurements in the preceding section, a (stator mass) x (stator
acceleration) subtraction from the indicated load cell forces is
necessitated due to vibration of the stator and test-section housing.
This subtraction is performed with an analog circuit, and results in
corrected Fy and Fy force components due to relative seal motion.

The forced oécillatory shaking motion of the seal rotor is the
key to the operation of the serial synchronous sampling (SSS) routine
which is employed. The frequency of the rotor oscillation is set by a

function genérator. and rotor motion is sensed by the X-directiun
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motion probe. The motion signal is filtered by the narrow bandpass
filter, and f{s used as a trlgger signal for the 355 routine. Upon the
operator's command, the SS3 routine 1s enabled, and the next
positive~to- negative crossing of the flltered motion signal triggers
| a quartz corystal clock/timer, Ten cycles of the corrected Fy(t)
signél are sampled, at a rate of 100 samples/cycle, The second
positive-to-negative crossing of the filtered motion signal triggers
the timer and initiates the sampling of ten cy.les of the Fy(t)
signal. Finally, the third positive-to-negative cqossing triggeralthe
timer again, and ten cycles of the corrected X(t) signal are sampled.
Thus, at every test condition, 1000 data points are obtained for
Fx(tj),Fy(ty), and X(tj), and the data arrays are stored in computer
memory.

Some important points need to be stressed concerning this
force/motion~data acquisition. First, the bandpass filter is used
only to provide a asteady signal to trigger the timer/clock. Any
modulation of the motion signal due to rotor runocut is eliminated by
this filter, as long as the rotational frequency and shaking frequency
do not coincide, Therefore, the shaking frequencies are selected to
avoid coincidence with running speeds. However, the rotor motion and
corrected force signals which are sampled and captured for coefficient
ideniification are filtered only by a low-pass filter (500 Hz cutoff),
and the effects of runout as well as shaking motion are present in the
recorded data. A second point worth noting is that the sample rate is
directly dependent on the shaking frequency. As the shaking frequency
i1s increased, the sample rate (samples/second} also inoreases. In

order to get the desired 100 samples/cycle, shaking frequencies must
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be chosen to correspond to discrete sample rates which are available,
Henc;, the frequenacy at which the rotor 1s shaken is carefully chosen
to provide the desired sampling rate and a steady trigger signal.

Most of the fluid flow data are used for the input parameters
required by Nelson's analysis. The upstream (reservoir) pressure and
temperature, downstream {sump)} pressure, and the inlet circumferential
velocity (determined as outlined earlier) are provided directly. The
friction-facteor values of the rotor and stator are supplied in the
form of Hirs' coefficients, which are obtained from the pressure
distribution data in the manner described below.

Recalling the discussion of Hirs' turbulent bulk-flow fluid
medel, the model assumes that the wall shear stresses can be written
as in equation (4). For the gas seals discussed nere, an adiabatie,
compressible flow with friction analysis is employed, and the measured
pressure gradient and mass flow rate (leakage) data are used to
calculate a friction factor coefficient, i, for each test condition,
From the A versus Ry und w data, the Hirs coefficients ar, nr of the
friction factor formula

A= onr Ry [ 1+ 1/ yp?](+mr)/2 | p = U/ Ru (20)
are calculated on a least-3square basis, Fa- the
constant clesarance smcoth-rotor/smooth-stator combinutions, the values
are assumed to apply for both the rotor and stator, Hence, for this
case, mr=ms and nr=ns.

For the smooth-rotor/honeycomb-stator combination, a combined )
ls measured, which is related to the rotor A, and (honeycomb) stator
Ag by

Ae= (Ap + 2g) 7 2 (21)
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hence,

Ag = 2hg = Ap . (22)
Therefore, Ag Is determined from measured data for A, and a value for
Ap as determined from equation (20} with experimental values for mr
and nr. Then, as before, the Ag versus Ry and w data are used to
calculate Hirs' coefficients for the honeycomb stator,

For the convergent tapered smooth seal, the pressure drop within
the seal 1s affected by the change in cross-secticnal area of the
seal annulus as well as by friction, The preusure gradient and mass
flow rate data are used to calculate a coefficient, Agrp, which
includea both effects. For a seal of Inlet and outlet radial
clearance C; and Cq,, respectively, Childs {21] has derived an
expression for Agee. In this case, Agpr I8 related to the desired
friction factor, A, by

darr = [ (ZQE/L) + 3]/ (1-g*)% (23)

in which

q=(Cy + Co) / (Cq + Cy)
and

C = (Cy + Cy)r2.

Solving (23) for i,

A= depr (1-q%)% - 2qC/L., (24)
Using this combined %, Hirs' coefficients for the tapered stator are
calculated using equation (22) in the same way as were those for the
honeycomb stator.

As stated previously, Hirs' coeoefficients for the seal rotor and
stator are required input parameters for Welson's analysis, as are the

fluid flow gondit.ions up and downstream of the seal and the rotational
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speed of the rotor. The appropriate input parameters for each specific
test case can be provided for Nelson's analysis from static test
results and measurement, In this manner, a polnt-by-point comparison
of theoretical predictions to experimental results can be made for
leakage through the seal, axial-pressure distribution, entrance-loss

coefficient, and rotordynamic coefficients.
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TEST PROCEDURES

At the start of each day's testing, the force, pressure, and
flowmeter systems are calibrated. The total system, from transducer
to computer, i3 calibrated for each of these variables. The force
system calibration utilizes a system of pulleys and known weights
applied in the X~ and Y-directions. An air-operated dead-weight
pressure tester is used for pressure-system calibration, and flowmeter
system calibration 1s achieved with an internal precision quartz clock
which simulates a known flowrate.

All of the tests performed to date have been made with the rotor
executing small motion about a centered position. A typical test
begins by ecentering the seal rotor in the stator with the Zonle
hydraulic¢ shaker, starting airflow through the seal, setting the
rotational speed of the rotor, and then beginning the shaking motion
of the rotor, Data points are taken at rotational speeds of 200, 500,
and 1000-8000 cpm, in 1000 cpm increments, At each rotational speed,
the inlet pressure is varied and data points are taken at one unchoked
flow and four choked flow conditions. For each test case ({i.e., one
particular running speed,- shaking frequency, 1inlet pressure, and
prerotation condition), the meazured ieakage, rotordynamic
coefficients, axlal pressure distrivution, and entrance Joass
coefficient are determined ancd recorded.

This test sequence is followed f{or each of three different
shaking frequencies, and for three inlet swirl configurations (with
rotor rotation, opposite rotation, and no swirl), Therefore, fifty

data points are taken per test (i1.e. one shaking frequency and inlet

52



([,

o

swirl combination), with a total of nine tests for small motion about
a centered position made per seal., With the constant 16 mil clearance
smooth seal, teata were run at each of two shaking frequencies and
five swirl configurations (two with rotor rotation, two opposite rotor
rotation, and no swirl), for a total of ten tests. Furthermore, the

200 cpm data points were eliminated with this seal,
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RESULTS

The test results reported here were developed as part of an
extended, joint NASA-USAF funded program for annular gas seal studies.
Tests were carried out on two smooth-rotor/smooth-statur
constant-clearance seals, a smooth-rotor/smooth-atator
convergent-tapered seal, and a smooth-rotor/honeycomh-stator seal.
The dimensions and pertinent data for each are included in Table 3, in
which the seals are referred to as C1, C2, T, and H, respectively. The
honeycomb insert, provided by the Rocketdyne division of Rockwell
International, is the turbine interstage seal of the HPOTP
(High-Pressure Oxygen Turbopump) of the SSME (Space Shuttle Main
Engine). Fig. 20 illustrates the honeycomb configuration.

The teat program had the following objectives:

1) Aecquire leakage, friction factor, and entrance-loss data for
smooth and honeycomb seals.

2) Compare predictions from current theory to test results.

3) Compare the stability performances of the seals tested.

§) Compare the effect on leakage and rotordynamic coefficients
of varying the clearance geometry of a smooth-rotor/smooth-stator
seal.

The Hirs coefficients for all seals were determined in the manner
deseribed previously. The values of these coefficients are listed in
Table 4.

The results provided here are grouped in static (entrance
loss coefficlent, leakage, pressure distribution) and dynamic

(rotordynamic coefficient) sections, Experimental results are
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adbr | et BT

Rotors

Seal:

Diameter:

Material:

Surface
roughness:

Stators
Seal:
Diameter:
Material:

Surface
roughness:

Seal:

Diameter:
upstream

" downstream

Material:

Surface
roughness:

Seal
C1
ce

T

Table 3. Test seal specifications,

c1, c2, T
15.136 om (5.959 in)

304 stainless steel

C1
15.283 cm (6.017 in)

304 astainless steel

0.140 ym (5.5 pin)

T

15.364 em (6.049 in)
15.283 cm (6.017 in)

304 stainless steel

H
14,453 em (5.690 in)

304 stainless steel

0.127 ym (5 uin)

c2
15.215 em (5.99 in)

304 stainless steel

0.700 ym (28 uin)

H

14,614 em (5.754 in)

6061-T6 Aluminum

1.575 mm (0.062 in)

0.889 um

Radial

(35 uin)

¢learance

0.7366 mm
0.3937 mm

C{ = 1.1430 am (45.0 mil)
Co = 0.7366 mm (29.0 mil)

q= 0.216

0.8065 mm

(29,0 mil)

(15.5 mil)

(31.8 mil)

Comb

Seal Length
5,080 em (2.00 in)

5.080 cm (2.00 in)

5.080 cm (2.00 in)

2.540 em (1.00 in)
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Table 4, Friction factor data,

C1: constant 29 mil clearance smooth seal,
C2: constant 16 mil clearance smooth seal.
T convergent tapered seal.

H: smooth-rotor/honeycomb-stator seal.

Hirs' coefficients c1 C2 T H
Rotor ns: 0.187 0.0u19 0.187 0.187
Rotor ms: -0.333 -0.170 -0.333 -0.333
Stator ns: 0,187 0.0419 0.349 0.187
Stator ms: -0.333 ~0.170 -0,326 ~-0.0778
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compared to the predictions of Nelson's analysis for each seal,
One~to-one comparisons of the constant 29 mil clearance smooth seal
(C1) to the constant 16 mil clearance (C2) and to the tapered (T) seal
are included. The only significant difference between C1 and C2 is
'tha size of the clearance. Seal T differs from C1 only in its taper
(Table 3). Since the pressure ratios applied during the testing of
two different seals were not exactly the same, seal cosfficient and
leakage values for pressure ratios other than those fer which data is
avallable were interpolated, A one-to-one comparison of the honeycomb
seal (H) and any other seal configuration 1is precluded due to
differences in seal length, nominal clearance, and inlet guide-vane
configuration, as indicated in Figs. 11 and 15.

Some plots of 1leakage and rotordynamic coefficients include both
experimental and theoretical data. In these cases, solid lines
indicate the theoretical data. The location of the symbols for the
experimental data represents the ayerage value (averaged over all
-running speeds) at a particular inlet pressure, and the vertical lines
through the symbols indicate the measured variance over the speed
range. Table 5 provides a definition of the symbols used in the
figures. Tables 6 and 7 provide definitions of symbols used in other
figures.

Static Results. Figs. 21-34 are plots of (k+1) versus axial Reynolds

number for the seals in this study. The curves plotted in each figure
correspond to test running speeds. In Nelson's analysis, the seal
entrance 1oss k in equation (6) is modeled by equation (7), repeated

here:

K+ 1=a+ b(Ra)c (1)
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Table 5. Definition of symbols
figures 35-38, 61-66, 68-77

Nelson's Experimental

Swirl configuration Prediction Results
With rotor rotation

high velocity swirl W A
With rotor rotation

low velocity swirl W A
No prerotation

of inlet air N O
Against rotor rotation

low veloclity swirl ] v
Against rotor rotation

high velocity swirl A v

Table 6. Definition of ay.bols
figures 39-40, 76-85

Seal Seals Ratics
Swirl configuration C1 c2, T cz2/c1, T/C1
-
Low veloclity swirl
with rotor rotation A A A
No prerotation
of inlet air 0 0

Low velocity swirl
against rotor rotation v v v



Table 7. Definition of symbols
figures #2-55, 67

Inlet pressure

Line no. kPa  (psig)
1 186.9 (12.4)
2 308.2  (30)
3 446.1  (50)
4 584.0  (70)
5 721.9  (90)
6 825.3 (105}

Theoretical results :

Experimental data

broken lines

s+ solid lines

00
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where Ry is the axia) Reynolds .umber and a, b, and ¢ are gonstants,
For the data plotted here, good agreement was achieved setting

K+ 1. b(Ra)c
(i.e, setting a = 0) and using a least squares curve fit. The values
of b and ¢ thus determined for each swirl configuration for each seal
are given in Table 8,

Comparisons of the thecoretical and experimental leakage through
the seals for various fluid prerotation conditions appear in Figs.
35-38. The symbols used are defined in Table 5, The figures show the
leakage at various pressure ratios (reservoir pressure / sump
pressure). A comparison shows that for all seals, leakage 1is
underpredicted by less than 9% for all prerotation cases.

A comparison of the measured leakage of the two constant
clearance smooth seals 1is presented in Fig. 39. The symbols are
defined 1in Table 6. The 29 mil clearance seal leukage (C1) shows a
greater dependence on preswirl configuration than does the 16 mil
clearance seal leakage (C2). The ratio of the leakage §r C2 to the
leakage of C1 decreases with increasing pressure ratio. For low-speed
preswirl with rotor rotation, the leakage ratio drops from 0,51 to
0.43 over a pressure ratio range of 2.8 to 5.5. For no swirl, the
leakage ratic drops from 0.43 to 0.37, while for'swirl against rotor
rotation, the leakage ratio drops from 0.47 to 0.43.

Fig. 40 shows a comparison of the measured leakage of the
constant 29 mil clearance seal and the convergent tapered seal (T).
For a pressure ratlio range of 1.7 to 5.5, the leakage of T exceeds
that of Ct by 9% to 12% for all swirl configurations.

The pressure gradient plota are included in Figs. 41-55. Fig. 91
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Table 8. Empirical coefficients of entrance loss.

Seal Swirl a b ¢
C1 W 0 1.46 -0.0350
N 0 1.51 -0.0347
a 0 1.33 -0.00435
ce W 0 1.97 -0,0427
W 0 2.01 ~(.0530
N 0 1.48 -0,0285
a 0 1.79 ~0,0335
A 0 1.50 -0.00803
T W 0 3.15 ~-0,0795
N 0 1.43 -0,00847
o 0 2,00 -0.0163
H W 0 2.1 -0.0431
N 0 1.35 -0.0157
o 0 2,56 -0.0340

high speed swirl in the direction of rotor rotation.

= low speed swirl in the direction of rotor rotation.

= no prerotation of inlet air.

low apeed swirl opposite the direction of rotor rotation.

high speed swirl opposite the direction of rotor rotation.
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{llustrates the negligible effect of running speed on the pressure
distribution in the seal. This figure has ten curves (corresponding
to the ten rotational speed increments) plotted, " This accounts for
the heavy lines which appear in some cases. This particular plot is
of the experimental data for the non-prerotated constant 29 mil
clearance smooth seal case, However, none of the pressure plots show
any appreciable variation due to running speed,

Figs. 42-55 show the theoretical and experimental pressure data
for each of the seals under various prerotation conditions. Due to
the absance‘of running speed dependence, only one speed {s plotted for
each inlet pressure condition. The numbers on the plotted lines refer
to the inlet pressure as defined in Table 7. The lowest preasure for
each seal corresponds to unchoked flow through the seal, while the
others are choked, The shapes of the pressure=-gradient plots siow
fairly good correspondence between theory and experimernt. This is to
be expected, however, since the Hirs' coefficients and entrance loss
relationship used In the anaylsis come directly from the measured
pressures. Generally, the best agreement for each seal occurs for the
non-prerotated flow. For prerotated flow in either direction, the
theoretical gradient is shifted up slightly. This upward shift is
due to a total pressure correction that is made. When the flow is
prerotated by the guide-vanes, it 1is accelerated as well as turned,
and the measured static pressure at the vane exit decreases. This
explains, in part, why the experimental plots show lower seal entrance
pressures for either prerotated case than for the non-prerotated cass.
Nelson's analysis, however, assumes that the supply pressure upstream

of the seal is the total pressure. Hence, the axial component of the
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fluid velocity as it leaves the guide-vanes is used to calculate an
effective total pressure, which is higher than the measured static
pressure, This corrected pressure 1Is then input as the reservoir

pressure to Nelson's analysis. The downward shift in the constant 16

'mil clearance smooth seal experimental pressure gradient plots (Figs.

45-49) at the 3.8 om position is partially explained by recalling Fig.
14, "Detail of smooth atator #2." Seal pressures before the shift are
from pressure taps "A", Seal pressures after the shift are from
pressure taps "B". The shift is greatest in Fig. hﬁ (high speed swirl
with rotation) and diminishes to no shift in Fig. 49 (high cpeed swirl
against rotation).

The inlet tangential velocitiess as a function of pressure ratic
for the seals are given in Figs. 56~59. Curves 1 and Y represent the
tangential velocities attained using the aluminum swirl vanes
described in "Test Hardware." Curves 2 and 3 represent the tangential

velocitjes attained using the brass swirl vanes., The non-prerotated

"case 1s represented by the x-a:is, or zero inlet tangential velocity.

The figures show that the velocity remained fairly constant over the
pressure ratios tested. The negative numbers shown In the figures
mean that the inlet tangential velocity was opposed to the direction
of rotor rotation. The positive numbers mean that the inlet
tangential velocity was in the same direction as rotor rotation.

Dynamic Results. For all seals except the constant 16 mil clearance

smooth seal, dynamic tests were performed at shaking frequencies of
58.8, T4.6, and 124,6 Hz. As was discussed 1in the Data Acquisition
section of this report, these frequencies were c¢hosen to provide the

desired sample rate and a steady trigger signal. The dynamic
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coefficients obtained at the two lower frequencles are essentially the
same, At the 124.6 Hz shaking frequency, however, correspondence of
the data to that obtained at the lower frequencies is unsatisfactory.
In seeking to explain the discrepancy, tests were run to determine the
relative transfer function of the teat apparatus. The plots in Fig.
60 show the results of these tests, and indicate a resonance of the
apparatus occurring at approximately 25 Hz (the drop in phase
difference at approximately 45 Hz corresponds to a resonance of the
shaker support structure), As. the shaking frequency is increased
above this, the input force levels required to achieve a given motion
amplitude increase raplu:y. At the 12#.6 Hz shaking frequency,
attainable motion amplitude is about 50% of that achleved at the 58.8
and 74.6 Hz frequencies, Therefore, one possible explanation for the
poor agreement between the results 1s that as motion amplitude
decreases, so does the force measured by the load cells, and the
measurement. system resolution suffers. For this reason, the 16 mil
clearance seal was not tested at 124.6 Hz.

Relative Uncertainty. Before proceeding with the dynamie results, a

statement must be made concerning the uncertainty present in the

experimental results. Using the method described by Holman [22], the
uncertainty in the dynamic coefficients can be determined using
=quations (17). As mentioned in the Instrumentatiorn section, the
uncertainty in the load c¢ell force measurements was 0.89 N (0.2 1b),
0.13 Hz for the rﬁequency, and 0,0013 mm (0.05 mils) for the motion,
For the 16 mil clearance seal, the resulting maximum uncertainty in
the stiffness coefficients was 15 kN/m (86 1lb/in) and 203 N-sec/m

(1.2 lb-sec/in) for the damping coefficients. Among the other three
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seals, the maximum uncertainty in the stiffness coefficients was 7.7
kKN/m (44 1bs/in) and 103 N-sec/m (0.%9 lb-sec/in) for the damping
coefficlents.

Dynamic Results - Theory / Experiment Comparison. Plots of the seal

rotordynamic coefficients are found in Figs., 61~76, These plots
include both the theoretical and experimental data. The coefflcients
are plotted versus the reservoir / sump-pressure ratio, the solid
lines again correspond to the theoretical data, and the symbols usel
are defined in Table 5. The test results plotted here were obtained
by shaking the rotor with a maximum amplitude of seven mils at 74.6
Hz. In general, the predicted signs of the coefficients are
consistent with test data., In addition, the generally predicted trend
of 1ncreasing coefficlent magnitude with inecreasing pressure ratio
compares favorably with experimental resu;ts. However, the magnitude
of the difference between predicted and averaged experimental results
increases with increasing pressure ratio.

Dynaw.¢ Results - Seal Ci1. For the constant 29 mil eclearance smooth

seal, direct stiffness (Fig., 61) is underpredicted for prerotation in
the direction of rotor rotation and overpredicted for the other two
prerotation conditions. Best agreement 1is seen in the case for no
prerctation, The predictions are generally 60% to 70% low for
prerotation in the direction of rotor rotation, 70% to 80% low for
prerotation opposing rotor rotation, and from 23% low to 30% high four
no prerotation.

In the cross-coupled stiffness comparison for this seal (Fig.
62), theory overpredicts the magnitude for both prerotation

conditions, and underpredicts for the non-prerotated case, The

88



DIRELT STIFFNESS (hN/m)

800
6i0
720
630
540
450
380
270

180

a0

o .6 1.2 1.8 2.4 2 3,6 42 4.8 5S4 6

FRESSURE RATIO (PR/PS)

Fig., 61. Direct stiffness of seal C1 (29 mil clearance):

CROSS-COUPLED STIFFNESS (hN/md

theoretical and experimental.

2000
1600
1600
1400
1200

1000 :
800 pd &
600

400 1
200

w] El [ ﬁ
-200 p B 1.2 = 3m”ma_ﬁa 57 @

-400
~800 A4 L4

-R00
~1000
r1200 },
-1400
-1800
~-1800
~2000

v

PRESSURE RATIO (PR/PS)

Fig. 62. Cross-coupled stiffness of seal C1:
theoretical and experimental,

gy



non-prerotated case shows a divergence both (n magnitude and sign. It
should be noted, however, that the magnitudes for this case are
significantly smaller than for elther of the prerotated cases, The
eross-coupled stiffness magnitude is overpredicted by 27% or less for
prerotation in the direction of rotor rotation and by 32% to 96% for
prerotation opposing rotor rotation.

Agreement between theory and experiment for direct damping (Fig.
63) Is the most favorable of all the dynamic coefflcients., Theory
underpredicts for the case of no prerotation by less than 8% for the
highest three reserveir / sump pressure .atios and up to 33% for the
lower two pressure ratios, For the other prerotation conditions, the
direct damping 1is underpredicted at the lower pressure ratios and
overpredicted at higher pressure ratios. These predictions are within
13% of the average measured direct damping at all pressure ratios,

Cross-coupled damping (Fig. 64) for this smooth aeal generally
shows agreement in the trends for the theoretical and experimental
results. For prerotation 1n and opposing the direction of rotor
rotation, the theory underpredicts c¢ross-coupled damping magnitude by
approximately 60% and 35%, respectively. For the non-prerotated case,
the theory predicts coefficients 8o small as to be consldered
negligihle. This {s not inconsistent with the test results, however,
as the magnitudes for this case are significantly smaller than for
either prerotated case.

Dynamic Results - Seal C2. The dirsct stiffness of the constant 16

mil clearance smooth seal (Fig. 65) was underpredicted for all
prerotation conditions. An increase of direct stiffness with

increasing pressure was again predicted and measured, but the order of
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increasing stiffness with swirl configuration differs for theory and
experiment, The highest direct stiffness was predicted for high speed
prerotation against rotor rotation, followed by high speed prerotation
with rotor rotation and low speed prerotation against rotor rotation,
"followed by low speed prerctatfon with rotor rotation and no
prerotation. The highest measured direct atiffness was for high speed
prerotation with rotor rotation, followed by low speed prepotation
witr, rotor rotatfon, no prerotation, low speed prerotation against
rotor rotation, and high speed prerotation against rotor rotation.
For prerotation in the direction of rotor rotatién. the predictions
are below the average measured stiffnesses by from 81% to 84%. For no
prerotation, the predictions are low by from 71% to 81%. For low
speed prerciation opposing rotor rotation (brass swirl vanes), the
predictions are low by 61% to 63%, while for high speed prerotation
opposing rotor rotation (aluminum swirl vanes), the predictions are
low by 32% to 49%.

Agreement Dbetween theory and experiment for cross-coupled
stiffness (Fig. 66) is the moat favorable of the dynamic coefficients
for this seal, The magnitude of the c¢ross-coupled stiffness is
overpredicted for both high speed swirl configurations {less than 10%
over for swirl opposing rotation, less than 23% over for swirl with
rotation), underpredicted for low speed swirl with rotor rotation (18%
to 39% under) and for no prerotation, and predicted for low speed
swirl against rotor rotation (within 4%). An additional plot of the
experimentally determined cross-coupled stiffness of this seal, Fig.
67, illustrates the dependence of this coefficient on the

circumferential air velocity. Each of the five curves represents the
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variation of the eroca-coupled stiffness at a constant pressure ratio
as the swirl vanes are changed. The curves are labeled 2-6 from the
lowest to the highest reservoir / - sump pressure ratio, The flve
labeled points on each ourve represent the five swirl vane
. gonfigurations used in testing this seal. From left to right thesa
are: aluminum guide~vanes against rotor rotation, brass guide-vanes
against rotor rotation, no prerotation, brass guide-vanes with rotor
rotation, and aluminum guide-vanes with rotor rotation, The figure
shows the inoreasing instabilify (positive cross-coupled stiffness)
with increasing tangential velocity in the direction of rotor rotation
(positive tangential velocity), and the increasing stability (negative
oross—-coupled stiffness) with increasing tangential velocity opposite
the direotion of rotor rotation (negative tangential velocity). The
rigure also illustrates the minor dependence of tangential velocity on
pressure ratio for a given set of swiri vanes. The results plotted
are from tests at 3000 rpm and are typical of tests at other running
. 8speeds.

Direct damping (Fig., ©68) is underpredicted for all prerctation
ccaditions. The underprediction 1is greatest for high spegd
prerotation against rotor rotation and least for low speed prerotation
with rotor rotation. Experimental resulta indicate some dependence of
direct damping on prerotation condition, while theory predicts none,

Cross-coupled damping (Fig. 69) for this seal ia underpredicted
for both prerotaﬁions against rotor rotation (78% to 87% low), for low
speed prerotation with rotor rotation (26% to 67% low), and for no
prerotation, with the magnitude of the underprediction growing with

increasing pressure ratio. Predictions for high speed prerotation
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with nrotor rotation are the moat favorable (within 18% of average
measured cross-coupled damping).

Dynamic Results - Seal T. The direct stiffness of the convergent

tgpered seal (Fig. 70) ia underpredicted for both prerotated cases aﬁd
. overpredicted in the case of no prerotation. Best agreement is ;een
for prerotation opposite rotor rotation {(predictions within 13% of
average measured direct stiffness). For prerotation with rotor
rotation, predictions are from 24% to U3% low. For no prerotation,
predictions are from 7% to 39% high.

The magnitude of the cross-coupled stiffness of the tapered seal
(Fig. 71) is overpredicted for both prerotated cases: from 24% to u3%
high for prerotation in the direction of rotor rotation and from 44%
to 86% high for prerotation opposing rotor rotation, The predictions
are slightly low in the case of no prerotation.

Direct damping (Fig. 72) s underp;edioted for all prerotation
conditions, Both theory and experiment show little dependence of the
. damping magnitude on prerotation condition. All predictions are
within 32% of the average measured oross-coupled stiffnesses.

The magnitude of the cross-coupled damping of the tapered seal
(Fig. 73) 1ia underpredicted for all prerotation cases, The
predictions for the case of prerotation in the direction of rotor
rotation are almoat zero compared to the other prerotated predictions
and to the prerotated measurements.

Dynamic Results - Scal H. The direct stiffness of the honeycomb seal

(Fig. T4) is underpredis:ted by up to 7% for all cases of prerotation.
With both experimental and theoretical ddta, the magnitude of the

direct stiffness is greatest for the prerotated cases, with little
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dependence on prerotation direction.

In the cross-coupled stiffness comparison (Fig. 75), the theory
underpredicts the magnitudes, but correctly predicts the aigns of the
coefficients, For the nor-prercotated case, the predicted stiffnesses
ﬁre essentially zero., The relative magnitudes of the experimental
reaultarror this same case in comparison to either prerotated case are
also quite small, however, For prerotation in the direction of rotor
rotation, theoretical cross-coupled stiffnesses are from 9% to 26%
leas the experimental averages. For counter prerotstion, theory
underpredicts the average experimental magnitudes by from 36% to 51%.

With the exception of the non-prerotated case, agreement between
theory and experiment is good for the direct damping coefficients
(Fig. 176) of the honeycomb seal. In the non-prerotated case, theory
underpredicts the coefficients by approximately 50%. Generally, the
prerotated cases show agreement to within 10%,

Theoretical results for the éross-coupled damping coefficienta
fFig. 77) of the honeycomb seal are small enough to be considered

negligible. In every case, the theory underpredicts the coefficients

by a wide margin. However, the trend of increasing magnitude with

increasing pressure ratio, as well as the signs of the coefficients,
agree.

Dynami¢  Results - Comparison of Seals, Comparisons of the

experimentally obtained rotordynamic coefficients of the two constant
clearance smooth seals tested (C1 and C2 described in Table 3) are
presented in Figs. 78-81. Comparisons of seals C1 and T are presented
in Figs. 82~-85. See Table 6 for definitions of the symbols used in

these figures. The location of each aymboll represents the value of
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the coefficlent averaged over all running speeds at a reservoir / sump
pressure ratio, Coefficient ratios are excluded for the non?prerotated
ocross-coupled terms because all such terms are near zero,

Dynamic Results - C1 _vs, (2. As stated previously, the only

significant difference between Ct and C2 is the clearance - 29 mils
ve. 16 mils, A comparison of the experimental results from testing
the two seals sheda light on the effect of a ohange in clearance on
rotordynamic coeffiolents,

Fig. 78 provides a comparison of the direct stiffness of C1 and
C2. While the direct stiffness for prerotation with rotor rotation is
conaiderably greater than for the other prerotation cases for each
seal, the vratio of the direct stiffness of C2 to C1 {s generally from
1.8 to 2.0 for both prerctated cases for éressure ratios from 2.8 to
5.5. For no prerotation, the stiffness ratio is from 3.3 to 3.6.

Fig. 79 reveals that the cross-coupled stiffness of C2 exceeds
that of C1 for prerotation wlth rotor rotation, with the ratio
decreasing from 1.2 to 1.1 for a pressure ratio from 2.8 to 5.5. For
prerotation counter to rotor rotation, the stiffness ratio increases
from 0.9 to 1.2 as the pressure ratic increases. For no prerotation,
both seals have small positive cross-coupled stiffnesses, with the
stiffness of C2 exceeding that of C1 throughout the pressure range.

. In a comparison of the direct damping of the two seals (Fig. 80),
the ratio of the direct damping of C2 to that of C)1 is a constant 2.3
for prerotation in the direction of rotor rotation. 1In the
non-prerotated case, the ratio ranges from 2.3 to 2.5. For
prerotation opposing rotor rotation, the ratio increases from 2.4 to

2.9.

103



104

2000
1aco
1800
1400
1200
1000
800

600

400

DIRECT SYIFFNESS (hN/m)

—a—ea

0 .8 1.8 2.4 3.2 4 48 58 B4 7.2 8

200

PRESSURE RATID (PR/PS)

> B\B/a—-—-ﬂ

3.2

2.0

DIRECT STIFFNESS RATID (C2/C13
n

0 .6 L2 1.8 2.4 3 3.6 4.2 4.8 S4 6

PRESSURE RATID, PR/PS

Fig. 78. Direct stiffness comparison of seals C1 and C2.
(C1 clearance = 29 mils; C2 clearance 16 mils)



102

ORIGINAL Py

E POOR QuaLiTy

2000
1800
1800
1400
1200
1000
aco
500
400
200

~-200 D :
-400

-800 .
=800
-1000

~1200
=1400
~-1800
~1800
-2000

EROSS~COUPLED STIFFNESS GrN/md

PRESSURE RATID (PR/PS}

CROSS-COUPLED STIFFNESS RATID (CE/i:D

.2

p .6 1,2 1,8 2.4 3 98 42 48 54 6

PRESSURE RAVIL, PR/PS

Filg. 79. Cross-coupled stiffness comparison of seals Ct and C2,



1006

3000
2700
2400
2iio
1600
1500
1200

900

DIRECT DAMPING (N-gec/m)

300 . .

0 .B 1.6 2.4 3.2 4 4.8 5.6 64 7.2 8

PRESSURE RATID (PR/PS}

2.7

2.4

2.1

1.2
8

¢
N

DIRECT DAMPING RATIO (C2/C1)

0 6 1.2 1.8 2.4 3 3,6 4.2 4.8 54 6

PRESSURE RATIO, PR/FS

Fig. 80. Direct damping comparison of seals C1 and C2.



The magnitude of the c¢ross-coupled damping of C1 exceeds that of
C2 for prerotation with rotor rotation (Fig. 81). The ratio in this
case Increases from 0.4 to 0.9 as the pressure ratio incrsases, For
the other prerotation cases, the cross-coupled damping of C2 exceeds
that of C1, In fact, the non-prerotated cross-coupled damping of C2
exceeds the cross-coupled damping of C1 with prerotation counter to
rotor rotation. The ratio of the damping of C2 to that of C1 for
pre-rotation against rotor rotation is from 2.1 to 2.4,

When comparing rotordynamic coefficients of the two constant
clearance seals, one must recall that, although C2 has considerably
greater direct stiffness and damping for a given pressure ratio and
swirl condition, it also has only 55% of the radial clearance in which
to move. Therefore, a statement 1like "stiffer 1is better" would
oversimplify the comparison.

Dynamic Results - C1 v3. T. The exit c¢learances of seals C1 and T are

lthe same - 29 mils. Seal T differs from C1 only in its taper (Table

3). A comparison of the rotordynamic coefficilents of the two seals
reveals the effect of the particular taper {(entrance clearance / exit
clearance = 1.,55) of T. The symbols used in Figs. 82-85 are defined
in Table 6.

In Fig. B2, the ratio of the direct stiffness of T to that of Ci
varies the least for prerotation with rotor rotation: from 1.14 to
1.55 for a reservolr pressure / sump pressure ratio from 1.7 to 5.1,
For no prerotation, the' ratio increases from 1.53 to 2.69., For
prerotation counter to rotor rotation, the ratio 1is between 1.64 and
2.43.

The cross-coupled stiffness of T 1s less than that of C1 for all
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prerotation cases (Fig. 83). At each comparison pressure, the ratio
of the croas-coupled stiffness of T to that of C1 w#ith preroctation in
the direction of rotor rotation 1is only slightly less than for
counter prerotation. The range of stiffness ratios for these two
" ocases is from 0.56 to 0.76 and from 0.69 to 0.86, respectively.

The direct damping of T is slightly less than that of Cj at low
pressure ratios for all prerotation cases (Fig. 84). At the higher
pressure ratios, the damping of T 1is higher than that of C? fur
prerbtation in the direction of rotor rotation, lower for no
prerotation, and about equal for prerotation opposite rotor rotation.
The ratios (T / C1) for these three swirl cases are from 0.7 to 1.2,
from 0.7 to 0,9, and from 0.7 to 1.0, respectively.

Fig. 85 shows the relationship between the cross~coupled dgmping
of seals T and C1, For both cases of prerotation, the cross-coupled
damping of T is less than that of C1 for all pressure ratios. For
prerctation with rotor rotation, the ratib of the cross-goupled
"damping of T to that of C1 is 1.0 for the lowest pressure ratio and
drops to between 0,5 and 0.6 for all other pressure ratios. For
prerotation against rotor rotation, the ratio i{s about 0,35 .or the
two lower pressure ratios plotted, and about 0,6 for the higher
preasure ratios.

The additional direct stiffness and lower cross-coupled stiffness
of the tapered seal compared to the constant 29 mil clearance seal
indicates greater stability of the tapered seal., Leakage of the
tapered seal, however, s about 10% greater than leakage of the
conatant clearance seal (Fig. 40).

Another method of comparing the dynamic coefficients of the seals
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is through their respective non-dimensional whirl frequency ratios.
Whirl frequency ratio is defined
Whirl frequency ratio = k / CQ ,

where  is the shaking frequency. This ratio s a measure of the
destabllizing influence of the cross-coupled stiffness with reapect to
the stabilizing influence of the direct damping. Oenérally. a lower
positive whirl frequency ratio means a more stable seal, A negative
whirl frequency ratio represents a tangential force which opposes
forward whirl. Plots of whirl frequency ratio versus running speed
with no .prerotation are included in Figs, 86-89. The plots for the
two constant clearance smooth seals and the convergent tapered seal
show small positive whirl frequency ratios over most of the running
speed range. Over this speed range, the order of decreasing whirl
frequency ratioc for these three seals is: €2, C1, T. However, the
difference in ratios among the seals I8 small. In contraat, the
honeycomb seal plot shows a negative whirl frequency ratio. The
" negative sign arises due to a negative cross-coupled stiffness. This
negative k exerts a stabilizing influence, resulting in a force which

acts in the same direction as the damping force.
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CONCLUSIONS

A aeal-test facility has been developed for the study of various
types of gaa ceals, A method of determining rotordynamic coeffiofents
has begn eatablished, and consistent, repeatable resulta have been
obtained. After asome initial failures in the test apparatus,
reliability has been satisfactory, and a complete set of experimental
results can be acquired in a matter cf days.

The experimental and theoretical results of the preceding section
support the following conclusions:

| {a) Theoretical results for leakage Aare consistent wi.n test
results. Agreement between theory and experiment is satisfactory,
with predictions being less than experimental results by 9% or less.

(b) Experimental and theoretical results for -the pressure
distributions and entrance-loss coefficients are relatively
insensitive to running speed for the ranges (0—8500 rpm) and seals
teu~ed to date,

. (c) In the teat results for the honeycomb seal, the steep
entrance pressure-loss seems to extend partially inside the seal.
Also, the measured pressure at the exit of the seal generally equals
the back pressure, rather than being greater, as is predicted by
compressible flow theory for choked flow. Visual inspection revealed
that the last preasure quill in the honeycomb ia asctually downatream
of the effective seal due to manufacturing technigues, and therefore
should measure the back pressure. These phenomena do not occur for
the other seals.

(d}) Test results for the direct stiffness of all seals show much
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greater senaitivity to flufd prerolalliv. than predicted by theory.
Prerotation of the fluild (in either direction) results in measured
direct stiffnesses which are aignificantly larger than for no
prerotation, An exceptfon 1s the constant 16 mil clearance smooth
seal, which has significantly larger direct stiffnesses only for
prérotatlon with rotor rotation. Theory predicts the direct stiffness
to be léaa sensitive to {fluid prerotation than it is. Furthermore,
theory incorrectly predicts the relative effect on direct stiffness of
changing the awirl configuration.

(e, Theoretical predictions of the {nfluence of fluid
prerotation un crosa-coupled stiffness and damping are nonsistent with
the test results., In general, theory underpredicts the magnitudes of
these cross—coupled coefficients, while correctly predicting their
trends with respect to prerotation.

(f) Agreement between theory and test' resulta for the direct
damping coefficlents is favorable.

(g) Over the speed range tested, none of the rotordynamic
coéfficiénts show appreciable sensitivity to the rotational apsed of
the rotor. This may be due to the lack of development of significant
shear forces in the geal, It appears that running speeds above those
attained to date may-  be necessary to produce éignificant snear force
effects. ‘

(h) The effect on leakage and dynamic coef’~icients of reducing
the clearance of a constant clearance smooth seal is shown by a
comparison of the test results of the 29 mil clearance and 16 mil
¢learance seals. The leakage is reduced by 55% to 60%, while the

coefficients generally increase. The percentage increase is seen to
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depend on the swirl configuration except in the case of direct damping
where the increasc is about 150%.

(J) The leakage and dynamic coefficients of a constant 29 mil
clearance smooth seal are caompared to those of a convergent tapered
smooth seal with an Inlct to outlet clearance ratio of 1.55 and outlet
radial clearance of 29 mils. The leakage of the tapered seal exceeded
that of the constant clearance seal by about 10%. The direct
stiffness of the tapered seal was higher, the direct damping was
generally slightly lower, and the magnitude of the cross-coupled
coefficients was lower. This Indicates the tapered seal was slightly
more stable with slightly more leakage.

(k) For the non-prerotated case, only the honeycomb seal has a
negative cross-coupled stiffness, while k for all other seals is
positive: The negative cross—coupled stiffness of the hoﬁeycomb seal,
and hence negative whirl frequency ratic, indicates that the stability
performance of the honeycomb seal 1s more favorable than that cof the

other seals.
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