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ABSTRACT

Analytical models have been developed to predict the sound absorption and sound transmission
loss of tuned chamber core panels. The panels are constructed of two facesheets sandwiching a
corrugated core. When ports are introduced through one facesheet, the long chambers within the
core can be used as an array of low-frequency acoustic resonators. To evaluate the accuracy of the
analytical models, absorption and sound transmission loss tests were performed on flat panels.
Measurements show that the acoustic resonators embedded in the panels improve both the
absorption and transmission loss of the sandwich structure at frequencies near the natural
frequency of the resonators. Analytical predictions for absorption closely match measured data.
However, transmission loss predictions miss important features observed in the measurements.
This suggests that higher-fidelity analytical or numerical models will be needed to supplement
transmission loss predictions in the future.

KEY WORDS: Acoustic, resonators, tuned, chamber, core, impedance, absorption, transmission
loss, noise reduction

NOMENCLATURE
Symbols
A = absorption area, m? p = complex pressure amplitude, Pa
a = ratio of inlet areas to panel area Y = angle between x-axis and projection
of incident wave on xy plane, rad
c = ambient speed of sound, m/s R = acoustic resistance, kg/(m?s)
D = bending stiffness, kg m?/s r = radius of the inlet, m
f = frequency, Hz p = ambient fluid density, kg/m?
IL = insertion loss, dB S = surface area, m?
j =+—=1 SPL  =sound pressure level, dB
k = acoustic wavenumber, rad/m o = radiation efficiency
L = effective length, m TL = transmission loss, dB
A = wavelength, m T = transmission coefficient
mg = mass per unit area, kg/m? 0 =angle of incidence from plate
normal, rad
M = acoustic inertance, kg/m* v = transverse velocity of panel, m/s
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N = number of resonators W =sound power, kg m?/s®
NR = noise reduction, dB Z = specific impedance, kg/(m?s)
W = radial frequency, rad/s
Subscripts and Superscripts
b = baseline m = index
c = cavity n = neck
d = diffuse field rad = radiation
ext = exterior r = resonator
f = fluid or finite ri = resonator input
i = inlet or incident t = transmitted
int = interior X = X-direction
p = panel y = Y-direction

INTRODUCTION

NASA’s new Space Launch System (SLS) will generate unprecedented thrust at liftoff. This will
enable the vehicle to lift larger payloads than any other rocket; however, the extra thrust will also
generate high acoustic levels, which have the potential to damage sensitive equipment in the
payload bay. While conventional porous treatment can be used to mitigate high-frequency noise
inside the payload fairing, low-frequency noise is difficult to attenuate without using thick, heavy
treatment. Acoustic resonators can be used as an alternative to porous treatment for low-frequency
sound mitigation, however add-on resonators necessarily take up space and add weight to the
structure. Minimizing these two parameters is very important, particularly in aerospace
applications. Researchers from the Air Force Research Laboratory previously proposed a minimal-
weight noise control solution for launch vehicle applications (Lane et al. 2005, Lane et al. 2007).
They considered a double-wall fairing with long rectangular chambers sandwiched between inner
and outer facesheets. Ports were added to the inner facesheet to couple the chambers, or resonators,
to the interior payload bay. A 1.51 m diameter cylindrical test article was built to evaluate the
concept. The test article contained embedded resonators tuned to frequencies ranging from 60 to
2,000 Hz. They found that the noise reduction, or difference between the average sound pressure
outside and inside the cylinder, increased significantly when the resonators were active. Li and
Vipperman performed a thorough experimental characterization of a similar structure and also
showed promising results in terms of noise reduction (Li and Vipperman, 2006).

Based on the promising results of Lane et al. and Li and Vipperman, a similar concept referred to
as a Tuned Chamber Core (TCC) structure has been studied at NASA (Schiller et al. 2014, Allen
et al. 2014). While earlier concepts contained rectangular chambers within the core, the TCC
structure has two facesheets sandwiching a corrugated core, as shown in Figure 1. When ports are
introduced through one facesheet, the long chambers within the core can be used as an array of
low-frequency acoustic resonators. The embedded resonators have the potential to reduce interior
noise without increasing the weight or size of the structure. It is useful to note that corrugated
sandwich structures are currently used in aerospace, automotive, rail, shipbuilding, and building
construction applications because they can have a very high stiffness-to-weight ratio (Chang et al.
2005). Therefore, it is possible that significant acoustic benefits could be realized in many of these
same applications with relatively minor modifications to the structure.
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Figure 1: Tuned chamber core panel with trapezoidal core, and inlets/ports in the bottom facesheet. The coordinate
system used for the analysis is also shown.

The long term goal of the current study to quantify the benefit of using the TCC concept for new
composite launch vehicle structures, such as a large diameter payload fairing. Since large
structures could contain thousands of resonators, it is not practical to explicitly model each
resonator within a large finite element model. Instead, this work focuses on the development and
evaluation of computationally-efficient analytical models that capture the effect of the embedded
resonators.

This paper begins with a description of the analytical models. The testing performed to assess the
accuracy and usefulness of the models is then described. Specifically, descriptions of the test
articles, facility, and measurement procedure are provided. A comparison of the analytical
predictions and panel-level measurements are then presented and finally, some concluding remarks
are provided.

ANALYTICAL MODELS

The performance of acoustic treatment is often quantified in terms of noise reduction, which is the
difference between the exterior and interior sound pressure levels. Assuming steady-state
conditions, the exterior and interior sound fields are diffuse, and the interior is lightly damped,
then the noise reduction can be approximated as

A

NR = SPLgy — SPLiy: = 101logy, ( S‘”t) +TLy (1)
int
where A;,,, i the absorption area of the interior acoustic space, S;, is the interior surface area, and
TL, is the diffuse field transmission loss. Notice that the noise reduction depends on the interior
absorption of the payload bay as well as the transmission loss through the fairing. So to fully
understand the effect of the embedded resonators, accurate models for both components are
needed.

An impedance representation for the resonators is described first. Representing the embedded
resonators as an equivalent surface impedance enables the development of the computationally-
efficient analytical models. Following the impedance discussion, absorption and transmission loss
models that are based on the impedance representation will be presented.
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Impedance representation for embedded resonators

The resonators embedded within the corrugated-core panel consist of long trapezoidal cavities with
an inlet near one end. The fact that the inlet is in the side of the cavity, and not at the end, makes
little difference at low frequencies (Cummings 1975). Therefore the input impedance of the
resonators can be estimated by combining the impedance of a long cavity with the impedance of
the inlet. Based on a plane-wave analysis, the specific acoustic impedance of a cavity with a rigid
back wall, as seen from the inlet, can be written as (Panton and Miller 1975):

pc
Z. = —is cot(kL.)S; (2)
c

where p is the density of the fluid, c is the speed of sound, S, is the cross-sectional area of the
cavity, k = w/c is the wavenumber, L. is the length of the cavity, and S; is the cross-sectional
area of the inlet. If losses are neglected, the specific acoustic impedance of the inlet can be
represented as (Panton and Miller 1975)

Z; = jwM;S; 3)
where M; = pL,,/S; is the acoustic inertance of the fluid in the neck of the inlet, and L, is the
effective length of the neck. The effective length of the neck equals the thickness of the facesheet
plus an additional 8r/(3m) interior end correction term to account for the internal fluid loading,
where r is the radius of the circular inlet (Kinsler et al. 2000). The combined specific acoustic
input impedance of the resonator can then be expressed as

Zy=Zi+Z, = jkpcL, — jg_c cot(kL.)S; + R (4)
c
where R is a resistance term that accounts for the thermal and viscous losses in the cavity and inlet.
This term affects the quality factor of the resonator.

The input impedance of the resonator is important, however it is also necessary to account for the
radiation impedance of the acoustic wave propagated away from the resonator. Since the inlet is
circular, the radiation impedance for a baffled circular piston can be used to approximate the
radiation impedance. At low frequencies, where kr <« 1, the specific acoustic radiation impedance
can be approximated as (Kinsler et al. 2000)

Zyraq = jpckr 8/(3m) + pc(kr)? /2 (%)
The imaginary part of Egn. (5) essentially represents a mass loading on the resonator, which
decreases the resonance frequency. The real part of Egn. (5) is an additional loss term accounting
for the power radiated into the fluid surrounding the resonator. The total impedance of the
resonator coupled to the surrounding fluid can then be written as

Zy =Zyit Zyrqq (6)

Note that this expression was derived for a single isolated resonator. If an array of resonators is
considered, and the separation distance between the inlets is less than half a wavelength, then the
mutual interaction between neighboring resonators will increase the radiation impedance
(Pritchard 1960). This would reduce the natural frequency of the resonators and add damping to
the system. However, since the interaction between resonators is expected to be a second order
effect, it is not included in the models presented in this paper.

Absorption

Resonators are commonly used to increase the absorption of interior spaces. Performance of the
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resonators is typically quantified in terms of the absorption cross-section, which is also referred to
as the equivalent absorption area. Absorption area is defined as the power absorbed by the
resonator divided by the incident intensity. Near resonance, the absorption area can be much larger
than the actual area of the resonator inlet. At low frequencies, where the inlet is small relative to a
wavelength, the absorption cross section is independent of the angle of incidence (Ingard 2010).
Therefore the effective absorption area for a resonator exposed to a diffuse sound field should
equal the absorption area of the same resonator driven by normally incident sound. That expression
is commonly cited for a single resonator as (Ingard 2010)
Re(Z,;
_RelZn) @
|Zri + Zradl
where A" is the effective absorption area of the mth resonator, S; is the cross-sectional area of the
inlet, and Re(Z,.;) is the real part of the input impedance (i.e. the input resistance of the resonator).

A™ = 4pcS;

To analyze the TCC concept, it is necessary to account for multiple resonators arranged in an array.
For this analysis, the resonator inlets are assumed to be sufficiently far apart to act independently
of each other. Therefore the total diffuse field absorption area of the array can be found by taking
the sum of individual absorption cross sections

A, = ZN:Ar 8

where N is the number of resonators in the array.

The amount of absorption present in an enclosed acoustic space, such as the payload bay, can have
a large impact on the resulting sound pressure level. If assumptions are made similar to the ones
used to derive Eqgn. (1), then an expression for the change in the interior sound pressure level due
to the absorption added by the resonators can be written as
A, + A,
) ©)
where SPLY™ is the spatially averaged sound pressure level in a lightly damped interior with a
baseline absorption area A, and SPL™, is the sound pressure level in the interior with additional
absorption provided by the resonator array. Clearly, the benefit of the resonators depends on both
the baseline absorption area as well as the additional absorption introduced by the resonator array.
If the interior space is lightly damped (i.e. 4, is small), then the addition of a relatively small
amount of additional absorption will significantly reduce the interior sound pressure level.
Conversely, if the space is already heavily damped, then the change in sound pressure level due to
the resonator array will be modest. Since the goal is to validate models that capture the effect of
the resonator array, the metric used to evaluate the accuracy of the absorption model will be ASPL,
as defined in Eqn. (9).

ASPL = SPL{* — SPLIt ~ 101log,, (

Transmission Loss

As Eqn. (1) shows, the noise reduction of an enclosure is dependent on both absorption and
transmission loss. Transmission loss is defined as the ratio of the power incident on the outside of
the structure to the power radiated into the interior. Since both the interior and exterior sound fields
are assumed to be diffuse in this study, the transmission loss defined in Eqgn. (1) is the diffuse field
sound transmission loss. To model the change in transmission loss due to the resonators, it is
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helpful to first consider the oblique incidence sound transmission through a flexible panel with
embedded resonators.

When an acoustic plane wave is incident on the panel, the transverse velocity of the structure can
be written as

___ %
Iyt Z+ 7,
where p, is the complex amplitude of the incident pressure wave, Z, is the specific surface
impedance of the panel, Z; = pc/(cos(6)) is the local specific impedance of the fluid at the
surface of the panel, 8 is the propagation angle of the incident pressure wave as depicted in Figure
1, and Z; is the combined specific acoustic impedance of the fluid and the resonators on the
transmitted side. To calculate Z, the impedances of the fluid and resonators are combined in
parallel while taking into account the surface area of each as

1
Ze=1z @, a (12)
Zr ' Z,
where a = NS;/S,, is the ratio of the total resonator inlet areas divided by the total panel surface
area, N is the number of resonators in the panel, and S,, is the surface area of the radiating side of
the panel. The relationship between the transmitted acoustic wave and the transverse velocity of

the panel can be written as

% (10)

pe =Zwv (12)
where p; is the complex amplitude of the transmitted wave. The plane wave sound-power

transmission coefficient for an infinite panel can then be defined as
2 2

Pt 27,
0 = |— = |- 13
O=G Tlnvz 2 (13)
and therefore the plane wave transmission loss is
Z,+ Z; + Zy)*
TL(6) = 101log,,(1/7(6)) = 10logy, < ”Tft ) (14)
t

Notice that transmission loss is affected by the impedance of the fluid, resonators, and panel. Since
the TCC panels have a corrugated core, the bending stiffness is highly directional. Therefore the
surface impedance of the corrugated sandwich panel was approximated using an expression for a
thin orthotropic plate, which should be valid at low frequencies. For an infinite orthotropic panel,
the specific surface impedance can be written as (Heckl 1960)

2, = jom, <1 Dk 2D kK Dyk;>

15
w?mg w?mg w?mg (15)

where mg is the mass per unit area of the panel, k,, = k sin(8) cos(¥), k), = k sin(8) sin(y)), D,
is the bending stiffness in the compliant cross direction, D,, is the bending stiffness in the stiff axial

direction, and D,,, = ,/D,D,,.

The previous derivation assumes that the panel is infinite. However, that assumption can result in
a significant low frequency error for finite panels (Schiller and Allen 2015). To account for the
finite size of the panel, the angle dependent transmission coefficient, shown in Eqgn. (13), can be
updated to account for the finite panel radiation efficiency as described by (Villot et al. 2001 and
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Vigran 2009). The diffuse field transmission coefficient for the finite size panel can then be
calculated by integrating the updated plane wave transmission coefficient, 7,(6, 1), over all angles
of incidence

_ l f:/z 77(0,¥)sin(0)cos(6)d6 dyp

fozn f:/z sin(8)cos(8)do dy
Finally, the diffuse field transmission loss can be calculated as

TLy = 10log, ,(1/74) (17)
Once again, since the goal is to validate models that capture the effect of the resonators, the metric
for the comparison is insertion loss, which is defined as

IL=TL, —TL, (18)

where TL, is the diffuse field transmission loss of the TCC structure with embedded resonators,
and TL, is the diffuse field transmission loss of the baseline structure without the embedded
resonators (i.e. N = 0).

Ta (16)

TEST SETUP AND MEASUREMENTS

This section describes the TCC test articles as well as the Structural Acoustic Loads and
Transmission (SALT) facility where the tests were performed. The measurement procedures used
for both the absorption and transmission loss tests are also described.

Test articles

Three nominally identical TCC panels were tested. One of the panels is shown in Figure 2. The
panels are 0.81 m long, 1.22 m wide, and 0.051 m thick. The sandwich panels have 1 mm thick
facesheets bonded to a corrugated core, both of which are made of carbon fiber. The core is
separated into 22 chambers that run the length of the panel. Each chamber is sealed using two
closed cell foam plugs that were inserted into the core from the sides of the panel. Holes were
drilled in the top facesheet to serve as the inlets for the acoustic resonators. The inlets to each
chamber are staggered on either side of the panel. Once built, the panels were experimentally
characterized to estimate the effective bending stiffnesses in the X- (width) and Y- (length)
directions, as described in the Appendix. The nominal panel properties are shown in Table 1.

Figure 2: Tuned chamber core panel with inlets facing up. The white foam plugs, used to seal the cavities, can be
seen in every other chamber. Plugs were inserted deeper into neighboring chambers, and are therefore not visible.
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An advantage of using resonators for low-frequency acoustic mitigation is that the performance
can be targeted for a desired frequency range. For this test, all resonators were tuned for either
200 Hz or 315 Hz. While the targeted frequencies would likely be lower for the payload fairing
application, these particular frequencies were selected because they lie within the operating range
of the facility.

To target the desired frequencies, each resonator was tuned by adjusting the position of the foam
plug farthest from the inlet. This modified the length of the interior cavity and therefore changed
the natural frequency of the resonator. The foam used for these tests was a 32 kg/m? density, cross-
linked, polyethylene foam. This type of closed-cell foam recovers quickly after compression and
was found to provide a good acoustic seal. The position of the plugs was determined using the
analytical impedance model previously discussed. If damping is neglected, then resonance
corresponds to frequencies where the reactance (i.e. imaginary part of the total impedance given
in Eqgn. (6)) equals zero

Im(Z,) = kpcL,, — g_c cot(kL.)S; + pckr8/(3m) =0 (19)

c
Therefore the first resonance, or natural frequency, of the resonator was estimated by solving
Eqgn. (19) for L,

_ L (27fuScLly  16f,7S,
Le =g cot ( cS; 3¢S, ) (20)
where £, is the desired natural frequency. The effective cavity lengths for both the 200 Hz and
315 Hz configurations are shown in Table 1. These lengths correspond to the distance from the
edge of the inlet to the far plug.

Table 1 also includes the input resistance of the resonators. This term accounts for loss mechanisms
such as wall dissipation in the cavity and inlet losses associated with boundary layer separation or
vortex formation. However, it does not account for acoustic radiation, which was modeled
separately. The input resistance was empirically determined to be 10 kg/(m?s) using previously
collected data described in (Allen et al. 2014).

Table 1: Nominal resonator and panel properties.

Number of embedded resonators,
N

Inlet cross-section area, S; | 5.1 X 10™* m? Mass per unit area of panel, mg 4.3 kg/m?

Inlet radius, r 0.013 m 22

Cavity cross-sectional 2.6 X 1073 m? | Panel width in the X-direction, L, 1.2m

area, S,
Effective neck length, L, 0.012 m Panel length in the Y-direction, L,, 0.81m
Effective cavity length, L, Bending stiffness in the X-
200 Hz config. 0.32m direction, D 10 Nm
( g x
Effective cavity length, L Bending stiffness in the Y- 5
(315 Hz config.) 0.17'm direction, D,, 10° Nm

Resonator input

2
resistance, R 10 kg/(m’s)
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Facility description

The measurements were collected in NASA Langley’s Structural Acoustic Loads and
Transmission (SALT) facility. The SALT facility consists of a reverberant source room coupled
to an anechoic chamber through a window, as shown in Figure 3. The reverberant source room is
approximately 9.5 m wide, 6.5 m deep, and 4.5 m tall and includes irregularly splayed walls to
disrupt the formation of standing waves at low frequencies. The source room contains 18 high-
frequency wall-mounted compression drivers and 4 mid- and low-frequency floor-mounted
loudspeakers. A previous characterization of the reverberation chamber showed that the sound
field can be treated as approximately diffuse down to 200 Hz (Grosveld 2013). For these tests, a
prototype 3.1 m by 1.8 m rotating diffusor was installed in the reverberation room in an effort to
improve the diffuse field characteristic of the sound field in a time averaged sense.

SIS
:;E Anechoic Receiving %
E Room EZ Reverberant Source
= = Room
= =
j| % Transmission
= Loss
% Window
E Acoustic g[
% Wedges |‘_—12 AgZier
SN ) L j

Door

%

Figure 3: Diagram of the SALT facility.

The anechoic receiving room is approximately 9.63 m wide, 7.65 m deep, and 4.57 m tall and is
located adjacent to the reverberant source room. The floor, ceiling, and walls of the room are
covered with approximately 4,850 open-cell polyurethane wedges that are each 0.914 m tall. The
wedges significantly reduce reflections creating a nearly free-field acoustic environment down to
80 Hz (Grosveld 1999).

The transmission loss window, connecting the source and receiver rooms, can accommodate
structures up to 1.41 m by 1.41 m, however smaller panels can also be accommodated by installing
an adaptor frame that reduces the size of the opening. Additional details regarding the facility,
and its capabilities can be found in (Grosveld 2013) and (Rizzi et al. 2013).

Absorption measurement procedure

The change in absorption due to the resonators was quantified indirectly by measuring the
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difference in the spatially averaged sound pressure level in the reverberant test chamber with and
without the resonators. This method, as opposed to standard reverberation decay rate techniques,
was found to be well suited to resolve the narrowband resonator array characteristics. Since the
test only required the reverberation chamber, a heavy panel was installed in the transmission loss
window to minimize the energy lost to the anechoic room. The three 1.22 m by 0.81 m test articles
were placed adjacent to each other on the floor of the chamber with the inlets facing up. The room
was ensonified using 22 uncorrelated acoustic sources, and the spatially averaged sound pressure
level was estimated with 12 stationary microphones located throughout the room. The resonator
inlets were then sealed using masking tape, and the spatially averaged sound pressure level was
again measured. This procedure was repeated 3 times with the test articles placed at different
locations on the floor of the reverberation chamber. The average mean square pressure was then
calculated for the two separate cases (i.e. inlets open and inlets closed). Finally, the change in
sound pressure level due to the resonator array was calculated as the difference between the sound
pressure levels with the inlets open (i.e. resonators active) and closed. In order to use a change in
sound pressure level to quantify the change in absorption, the power input into the room must be
fixed. In these tests, the drive signal spectra used for both the open and closed inlet tests were
identically shaped. In addition, since the influence of a reverberant field on a source goes to zero
in a time-average sense, the power output from the speakers should have been insensitive to the
small changes in room absorption caused by the array of resonators (Jacobsen and Juhl 2013).

To predict the change in sound pressure level measured during the test, it was necessary to know
the baseline absorption in the test chamber with the resonators inactive. Therefore an additional
test was required to quantify the baseline absorption. This was performed using standard
reverberation decay rate methods for measuring sound absorption (ASTM C423). Specifically,
band-limited excitation signals were generated for each third-octave band. The signals were sent
to the speakers, one at a time, while the room response was measured using the stationary
microphones. Average decay times were estimated, and then the absorption area for the chamber
was calculated using the Sabine formula.

Transmission loss measurement procedure

The transmission loss tests were performed on one of the 1.22 m by 0.81 m test articles. To mount
the panel in the transmission loss window, a wooden adapter frame was built and installed in the
window. The perimeter of the adapter was sealed with dense mastic to eliminate leaks and reduce
flanking transmission. With the test article installed, the source room was ensonified and the room
averaged sound pressure level was determined. The sound power incident on the test article IW;
was then inferred from the average sound pressure level in the source room. The surface averaged,
transmitted sound intensity was measured using a traversing array of five intensity probes on the
receiving room side of the test article. The transmitted sound power W, was then calculated by
multiplying the average transmitted intensity by the measurement surface area. Finally,
transmission loss was found as
TL = 10log, ,(W;/W,) (21)

This procedure for measuring transmission loss follows the discrete point method described in
standard (ASTM E2249).
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The transmission loss performance of the resonator array was quantified in terms of insertion loss
(Egn. (18)) by taking the difference between the measured transmission loss with the resonator
inlets open and closed. Back-to-back transmission loss tests were performed in this way for both
the 200 Hz and 315 Hz panel configurations. Masking tape was again used to cover the inlets for
the closed cases.

RESULTS AND DISCUSSION

The accuracy of the absorption model is assessed by comparing ASPL, as defined in Egn. (9), with
measurements. Figure 4 shows that both measurements and predictions are positive, indicating that
the resonator array reduces the spatially averaged sound pressure level. Around the natural
frequency of the resonators, the reductions are on the order of 2-3 dB and the predictions and
measurements agree very well, aside from a slight shift in the peak. This offset could be attributed
to the mutual interaction between the resonators, which was neglected in the model. The
interaction would result in a higher radiation impedance, which would shift the prediction to the
left.

5 5
41 4+
31 31
m 2t m 2t
=, =,
= =
A A
7] 7]
< 0fF A 0¥
-1 -1
-2 -2
3L - 3L L
100 200 300 400 500 100 200 300 400 500
Frequency [Hz] Frequency [Hz]

Figure 4: Predicted (===) and measured (==) change in sound pressure level in the reverberation chamber due to the
200 Hz (left) and 315 Hz (right) tuned resonator arrays.

Recall from Eqgn. (8) that the absorption area of the array depends on the number of resonators.
This test was performed with 66 resonators (3 panels with 22 resonators each) while a large
payload fairing could contain thousands of resonators embedded in the structure. Therefore, the 2-
3 dB reductions demonstrated in these tests are not necessarily representative of the reductions one
could achieve in a full-scale system.

Figure 5 compares insertion loss measurements and predictions (Eqn. (18)) for both the 200 Hz
and 315 Hz configurations. Recall that insertion loss is defined as the change in transmission loss
due to the resonators. In this case, positive values are indicative of an increase in transmission loss
due to the resonators. Both the measurements and predictions show that the embedded resonators
provide some benefit around resonance. However, the predictions do not capture other
measurement trends. Specifically, the predictions do not capture the region just below resonance
where the insertion loss is negative. Given this discrepancy, it is suggested that higher-fidelity
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numerical models be used in addition to the analytical model when predicting the sound
transmission performance of TCC or similar structures.

Insertion Loss [dB]
Insertion Loss [dB]

100 200 300 400 500 100 200 300 400 500
Frequency [Hz] Frequency [Hz]

Figure 5: Predicted (===) and measured (==) insertion loss due to the 200 Hz (left) and 315 Hz (right) tuned resonator
arrays.

Unlike absorption, the insertion loss is not expected to improve significantly when evaluated using
larger test articles. This is because insertion loss is determined by the number of resonators per
unit area (Schiller et al. 2014), and not the total number of resonators installed in the structure.
Therefore, the majority of the benefit for the payload fairing application would come from the
change in low frequency absorption. Regardless, the fact that the resonators provide some benefit
in terms of low frequency transmission loss is noteworthy.

CONCLUDING REMARKS

Analytical models were developed to predict the effect of acoustic resonators embedded in
chamber core panels. Model accuracy was assessed by comparing predictions with measurements
acquired using flat, tuned chamber core panels. Measurements showed that the acoustic resonators
improved both the absorption and sound transmission loss of the sandwich structure at frequencies
near the natural frequency of the resonators. The absorption predictions closely matched
measurements, indicating that the analytical models are sufficient for future absorption predictions.
In contrast, there were some differences between transmission loss predictions and measurements.
The model over predicted the benefit of the resonator array on transmission loss, and missed
important trends seen in the measurements. Therefore, future transmission loss predictions should
be supplemented with higher-fidelity models. Future work will focus on validating integrated
models of larger, more realistic tuned chamber core systems.
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APPENDIX: EXPERIMENTAL ESTIMATE OF PLATE BENDING STIFFNESSES

Effective plate bending stiffnesses of the TCC test panel were estimated by measuring the apparent
wavelengths in the axial- and cross-corrugation directions. This measurement involved supporting
the panel in an approximately free boundary condition using bungee cords, exciting the panel with
band-limited noise using a shaker, and measuring the normal response with a scanning laser
vibrometer. Scans were performed at a resolution of 19 mm along orthogonal lines spanning
1.120 m and 0.727 m in the cross- and axial-corrugation directions, respectively. The resulting
data set included normal velocity frequency response functions referenced to the pseudo-random
drive signal voltage at each point in the scan lines. Frequencies up to 1 kHz were considered to
envelope the selected resonances of the TCC panel embedded resonators.

Typically, a spatial Fourier transform post processing procedure can be used to estimate the
frequency dependent wavelengths given a measured velocity field. This is an effective method
when multiple wavelengths occur within the range of the field, but fails when only one wavelength
or less is available. Because the TCC test article exhibited wavelengths on the order of the panel
extent or less in the frequency range considered, especially in the stiff axial direction, a nonlinear
regression technique was adopted. The measured data was assumed to fit the sinusoidal model
y = sy sin(syx + s3) + 54 (22)

where s;-s, represent the amplitude, wavenumber, phase, and bias of the underlying waveform y
sampled at locations x. The squared error relative to the measured waveform y,,, was formulated
as

= —¥m)’ (23)
and minimized using the Nelder-Mead Simplex algorithm within Matlab’s fminsearch. This
procedure was performed at the observable panel resonance frequencies below 1 kHz and
obviously poor fits were removed from the results. The resulting wavelength estimates (A=2m/s,)
are shown in Figure 6. Lines representing the free flexural wavelengths of an equivalent plate
given by

1 = 21

~ (w?m/D)V/4
are also shown with first order approximations of the plate bending stiffness D = 10 Nm and
105 Nm for the cross- and axial-corrugation directions, respectively.

(24)
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Figure 6: Apparent wavelengths of the TCC in the cross- and axial-corrugation directions (O, V) estimated from
corresponding normal velocity line measurements. Free flexural wavelengths of an equivalent plate with flexural
stiffness D = 10 Nm and 1E5 Nm (- —, — -) are also shown.
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