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EFFECT OF REYNOLDS NUMBER ON OVERALL PERFORMANCE OF A

6-INCH RADIAL BLADED CENTRIFUGAL COMPRESSOR
by Laurence J. Heidelberg, Calvin L. Ball, and Carl Weigel

Lewis Research Center

SUMMARY

A 6-inch (15.24-cm) radial-bladed centrifugal compressor designed for a 10-kilowatt
Brayton cycle power system was tested in air over a range of compressor inlet pressure
from a nominal 1. 5 to 8. 6 psia (1. 0x10% to 5. 9x10% N/m?). The corresponding Reynolds
number range is from 0, 32><106 to 1, 8><106. The effect of compressor inlet pressure
and thus Reynolds number on compressor efficiency, work factor, pressure ratio, and
flow range is shown, A progressive degradation in efficiency along with a lowering of
the surge and maximum flow points with decreasing Reynolds number was observed,
These changes in performance are explained in terms of changing viscous losses and
changing effective flow areas with Reynolds number, A comparison between the data and
the commonly used 0, 2 power of Reynolds number relation to loss is made,

INTRODUCTION

One of the methods which shows promise for generating electrical power in space
is the closed Brayton cycle system. As space missions vary the required amounts of
electrical power will vary. Because of the time and cost involved in developing the ro-
tating machinery for the Brayton cycle system, it is desirable to take a basic set of
hardware developed for a nominal power level and use it for a range of power outputs,
This can be accomplished by varying the power developed by the turbine by varying the
mass flow rate passing through the turbine and thus that circulating within the system,
One method of adjusting the mass flow rate is to vary the density of the circulating gas
by adjusting the system pressure level, This method has the potential of providing a
wide range of power adjustment, However, it results in a change in Reynolds number
at which the turbomachinery must perform. Changes in compressor efficiency can re-
sult from changes in Reynolds number, Small changes in compressor efficiency have a
pronounced effect on the size and weight of the heat-transfer components,



A limited amount of Reynolds number data exists for small compressors suitable for
Brayton cycle space power systems. To better establish the change in performance with
Reynolds number, an experimental program was initiated using a small radial bladed
centrifugal compressor suitable for space power applications, The compressor was de-
signed for use in argon gas which is one of the working fluids considered for the Brayton
cycle space power system (refs. 1 and 2), The compressor design and fabrication
(ref. 3) was accomplished by contract to AiResearch Manufacturing Company, Division
of the Garrett Corporation, Phoenix, Arizona. The overall performance in argon was
reported in reference 4.

In this investigation the testing was done in air. The Reynolds number was varied
from O, 32><106 to 1., 8><106 by varying the compressor inlet pressure from nominal values
of 1.5 to 8.6 psia (1. 0x10% to 5.9x10% N/m?). All performance data reported herein
were obtained in tests at the Lewis Research Center,

SYMBOLS
cp specific heat at constant pressure, Btu/(Ib)(°R); J/(kg)(K)
D diameter, ft; m
fow compressor work factor, chp(T6 - Tl)/Uf3
£ slip factor, V ;/U;q = gJc pATVd/Ut23
£ windage factor, gJ cpATW/Uf3
g gravitational acceleration, 32, 17 ft/secz; 9.807 m/se02
H ideal head rise, ft; m
J mechanical equivalent of heat, 778, 16 ft-Ib/Btu; 0,999 N-m/J
Ng specific speed, rpm\/Q_/GO(gH)3/4
n exponent for Reynolds number - loss correlation
P total (stagnation) pressure, psia (N/mz)
p static pressure, psia; N/m2
Q volume flow rate, ft3/sec; m3/sec
R gas constant, ft-Ib/(Ib)(°R); (N-m)/(kg)(K)

Re Reynolds number, p,U;3D;a/11¢

rpm  impeller rotational speed, rpm



T total (stagnation) temperature, °R; K

AT 4 gas temperature rise associated with vector diagrams, 0R; K

AT gas temperature rise associated with windage, 0R; K

U impeller wheel speed, ft/sec; m/sec

\'4 absolute gas velocity, ft/sec; m/sec

w weight (mass) flow rate, lb/sec; kg/sec

Y ratio of specific heat at constant pressure to specific heat at constant volume,
cp/cV

) ratio of compressor inlet total pressure to U. S, standard sea level pressure,
P./14.7 psia; (P,/101.35<10° N/m?) oy

n adiabatic temperature rise efficiency, T1 [(PG/PI)(PG/PI) a Y'l]/(’l‘s - Tl)

ratio of compressor inlet total temperature to U, S. standard sea level tempera-

ture, T /518.7° R (T,/288.17 K)

@ inlet flow coefficient, (Vy,/U),

Subscripts:

m meridional component

t tip

u tangential component

1 station in inlet pipe 5 in. (12.7 cm) upstream of compressor inlet flange (fig. 4)

2 station at impeller inlet (fig. 4)

3 station at impeller outlet (fig. 4)

4 station at diffuser blade inlet (fig. 4)

5 station at diffuser blade outlet (fig, 4)

6 station in exit pipe 3 in. (7,62 cm) downstream of compressor scroll exit flange
(fig. 4)

Superscript:

relative to impeller



COMPRESSOR DESIGN

The compressor was designed to fit a specific closed Brayton cycle space power
system with argon as the working fluid. The values of the compressor design para-
meters for argon as the working fluid and the equivalent values for standard inlet condi-
tions are given in table I,

The data presented in this report were obtained with air as the working fluid, The
values of the compressor design parameters with air as the working fluid and the equiva-
lent values for standard inlet conditions are given in table II., The method used to obtain
the design values for air as the working fluid is presented in appendix A, A comparison
between air and argon performance based on this correlation is also presented in appen-

dix A,

TABLE I. - VALUES OF COMPRESSOR DESIGN PARAMETERS

(WORKING FLUID - ARGON)

Compressor design parameters Based on Based on standard
design inlet inlet pressure
pressure and and temperature
temperature
Inlet total pressure, Py, psia (N/mz) 6 (41. 36><103) 14,7 (101, 35><103)
Inlet total temperature, Tl’ °R (K) 536 (297, 78) 518.7 (288.17)
Weight flow rate, W, lb/sec (kg/sec) 0.611 (0. 278) 1. 52 (0. 69)
Compressor total pressure ratio, PG/Pl 2.38 3,38
Compressor total temperature ratio, T6/T1 1.525 81,525
Compressor efficiency, M1 -6 0. 798 29,798
Impeller total pressure ratio, P3/P1 2,62 49,62
Impeller efficiency, n1-3 0.896 49, 896
Rotative speed, rpm 38 500 37 900
Impeller tip speed, Uig, ft/sec (m/sec) 1004 (306) 989 (301. 5)
Impeller slip factor, f 0.830 30,830
Impeller windage factor, £, 0. 039 20,039
Compressor work factor, f 0.869 0. 869
Specific speed, Ng 0. 1057 0. 1057
Reynolds number, Re 1. 36x10° 3. 42x10°

AThese values are approximate and in actuality will differ from design as a
result of the difference in Reynolds number.




TABLE 11,

(WORKING FLUID - AIR)

Compressor design parameters

Inlet total pressure, Pl’ psia (N/mz)

Inlet total temperature, Tl’ °r (X)
Weight flow rate, W, Ib/sec (kg/sec)
Compressor total pressure ratio, PG/PI
Compressor total temperature ratio, T6/T1
Compressor efficiency, M1.g

Impeller total pressure ratio, ~P3/P1
Impeller efficiency, 1.3
Rotative speed, rpm
Impeller tip speed, Ut3’
Impeller slip factor, f_

ft/sec (m/sec)

Impeller windage factor, fw
Compressor work factor, fcw
Specific speed, Ns

Reynolds number, Re

Based on
design inlet
pressure and
temperature

- VALUES OF COMPRESSOR DESIGN PARAMETERS

Based on standard
inlet pressure
and temperature

6.41 (44. 2x10%)
536 (297. 78)
0. 497 (0. 225)
2.09

1.30

0.798

2. 27

0.896

40 300

1051 (320. 3)
0.830

0.039

0.869

0. 1057

1. 36x10°

14.7 (101. 35x10%)
518. 7 (288.17)
1.155 (0, 524)
85,09

21.30

89,798

a9 27

40,896

39 700

1035 (315, 5)
4p, 830
20,039

9. 869

0. 1057

3. 25%10°

AThese values are approximate and in actuality will differ from design as a

result of the difference in Reynolds number,.

{mpelier Design

Fifteen blades were chosen for the impeller., The impeller exit diameter required
to satisfy the compressor design values was calculated to be 5.976 inches (15, 179 cm),
The impeller exit blade height was set at 0,217 inch (0. 551 cm). Impeller inlet dimen-
sions were selected based on the desired inlet flow conditions and their relation to the
exit diameter for good impeller efficiencies. The impeller inlet tip diameter was set
at 3. 528 inches (8. 961 cm) and the hub diameter at 1.858 inches (4. 719 cm). Design
velocity diagrams for the impeller inlet and outlet with air as the working fluid are
shown in figure 1, A more complete description of design considerations and procedures
for this impeller, diffuser, and scroll is given in references 3 and 4.
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(a) Impeller intet (station 2).
61.8°
21 ~ lr

V = 995 (302)
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(b} Impeller exit (station 3).

Figure 1. - Impeller design velocity diagrams. (A1l dimensions in feet per second {m/sec) unless indicated otherwise.)

Diffuser and Scroll Design

A short vaneless diffuser, about 0. 10 inch (0. 254 cm) long in the radial-direction
was used between the impeller exit and diffuser vane inlet. The diffuser vane shapes
were designed to give a gradual deceleration on both suction and pressure surfaces,

The scroll was designed with essentially circular cross sections which were located
to blend with the diffuser flow passage. The circumferential variation in cross sectional
area was selected based on satisfying the condition of constant angular momentum and
continuity of mass flow. The design Mach number at the compressor exit flange was
0. 16, Design velocity diagrams at diffuser vane inlet and exit for air are shown in
figure 2,

Preliminary experimental tests conducted by the contractor using the design com -
pressor configuration resulted in lower than design weight flow. An adjustment to the
diffuser vane angle was made in order to more closely approach the design pressure ratio
at design weight flow, The final compressor configuration used diffuser vanes having
an angle setting 39 less than the design angle as measured from the radial direction.
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V™ 417 (127)

v, = 831(253)

(a) Diffuser inlet diagram {station 4) based on effec-
tive flow area which includes vane leading edge
hlockage.

V= 251 (76.5) {633 V % 560 (170)
V= 500 (153)

{b) Diffuser exit diagram (station 5) based on
core flow conditions.

Figure 2. - Diffuser design velocity diagrams. (Al
dimensions in feet per second (m/sec) unless other-
wise indicated.)

APPARATUS AND PROCEDURE

The test apparatus, test facility instrumentation, and test procedure is basically
the same as that presented in reference 4 with the exception of air being employed as
the working fluid instead of argon. These sections are essentially repeated herein for
quick reference.

Test Apparatus

The compressor package consisted of the aerodynamic hardware, bearing-seal
shaft assembly, and stand., A cutaway view of the compressor package is shown in fig-
ure 3. The locations of instrumentation and calculation stations are shown in the figure.
The compressor impeller was cantilever mounted on a shaft supported by two angular
contact bearings. Carbon face seals outboard of each bearing were used to prevent
bearing oil leakage, The static impeller clearance between the shroud and blade tip at
impeller discharge was set at 0. 010 inch (0. 0254 cm).

The impeller in this investigation was machined from a titanium forging and is shown
in figure 4. This figure also shows the vaned diffuser located downstream of the impeller,
The vaned diffuser has 23 blades which are integral with the vaned diffuser blade ring
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Figure 4. - Impeller and vaned diffuser.

and were machined from 347 stainless-steel material., The diffuser vane tips were con-
toured to fit the machined aluminum casting that comprised the compressor scroll,
impeller shroud, and inlet,

The compressor drive unit consisted of a single-stage axial-flow air turbine, The
turbine was connected to the compressor package by a high-speed coupling. Turbine
speed was controlled by a remotely operated electropneumatic valve,

Test Facility

The test facility used in this investigation is an open-loop system with inlet pressure
control. This facility is shown schematically in figure 5. In this investigation laboratory
dry air was supplied to the compressor. Automatic temperature controls for the 25-
kilowatt electric heater maintained the desired compressor inlet temperature. A re-
motely operated pressure regulator was used to maintain compressor inlet pressure.
Compressor gas flow and exit pressure were regulated by an electrically operated butter -
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fly valve and a remote pneumatic operated globe valve installed in parallel in the exhaust
piping downstream of the research compressor. The globe valve was used as a vernier
flow control valve to enable the facility operator to make small adjustments in compressor
flow rate, The laboratory exhaust system carried the compressor gas flow to the atmos-
phere,

Laboratory dry air supply was also used as air supply source for the drive turbine.
Airflow to the drive turbine was controlled by a modulated pneumatic valve, An auto-
matic overspeed shutdown circuit was installed in the speed indicating system.

Instrumentation

¥Flow through the compressor was determined from a thin-plate orifice installed
according to ASME standards in the compressor gas supply line (fig. 5), Overall com-
pressor performance was computed from total pressures and total temperatures obtained
at the compressor inlet and exit instrumentation stations 1 and 6 (fig. 3).

At station 1 the instrumentation consisted of three wall static-pressure taps equally
spaced around the circumference and three combination total-pressure ~ temperature
rakes. The total-pressure heads on the rakes were located radially at the centers of
three equal annular areas and the spike iron-constantan thermocouples were placed mid-
way between the total-pressure heads.

The compressor exit flow conditions (station 6, fig., 3) were measured with four wall
static-pressure taps equally spaced around the circumference and four combination
total-pressure - temperature rakes. The exit rakes were similar in design to the inlet-
station combination total-pressure - temperature rakes,

The bearing lubricating o0il inlet and outlet temperatures were measured by iron-
constantan thermocouples, These temperatures were used in determining the heat loss
to the lubricating oil.

Compressor static and total pressures were measured on a 100-inch (254-cm)
mercury manometer board, recorded on film, and read to an accuracy of +0, 05 inch
(0. 13 cm) of mercury. All other data were measured by an automatic digital potenti-
ometer and recorded on paper tape. The pressure drops across the thin plate orifice
and orifice inlet pressure were measured with strain-gage transducers. The pressure
ranges of these transducers were selected to maintain a pressure measuring accuracy
within 11, 5 percent, Gas temperatures were measured by spike thermocouples with an
estimated accuracy of +1,5° R (0. 8 K).

Compressor speed was indicated with the use of a magnetic pickup in conjunction
with a gear mounted on the compressor shaft. In order to maintain constant compres-
sor speed during test operations, an electronic control circuit was used with the pneu-
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matic controls for regulating drive turbine airflow, This control circuit was capable of
automatically maintaining compressor speed within +1/2 percent of the speed set by the

test facility operator,

Test Procedure

The compressor was operated over a range of weight flows from maximum flow to
stall conditions at design speed for each of the following nominal inlet air pressures:
1.5, 1,9, 2.4, 3.0, 3.9, 6.0, and 8.6 psia (1.0, 1.3, 1.7, 2,1, 2,7, 4.1, and 5.9
N/mz). Throughout the test series inlet temperature was maintained at nominal design
conditions of 536° R (297. 8 K).

Calculation Procedure

The total-pressure ratio, temperature rise efficiency, and compressor work factor
(overall performance stations 1 to 6, fig. 3) were calculated based on the equations de-
fined in the symbol list. Measured pressures and temperatures were used for these cal-
culations with the following exception:

As indicated in reference 4, in spite of all efforts to prevent heat transfer during
compressor tests, two potential heat leak paths existed (1) heat transfer from the impel-
ler outlet to the impeller inlet via the stationary aluminum shroud, and (2) heat loss to
the compressor bearing oil supply. In this investigation an attempt was made to account
for this heat flow out of the system to the bearing oil flow, No attempt was made to
eliminate the heat flow back into the compressor inlet through the aluminum shroud,

The heat loss from the compressor airflow to the oil flow was estimated based on the
following procedure: First, the temperature rise in the oil due to bearing and seal fric-
tion was determined by evacuating the compressor to eliminate aerodynamic heating and
then measuring the temperature rise of the oil at the speed at which the data were to be
obtained., The temperature rise in the oil flow during actual testing was then measured,
and the temperature rise due to bearing and seal friction subtracted., This difference in
oil temperature rise is attributed to heat flow out of the gas passing through the com-
pressor, The assumption is made that changes in aerodynamic thrust loading of the
bearings has an insignificant effect on bearing friction. Pressure differences do not
appreciably change the loading of the seal; thus, seal friction should be no different
when testing the compressor evacuated or when testing at some inlet pressures., With
the temperature rise in the oil flow being attributed primarily to the heat leak from the
gas flow, a heat balance between the two fluids was made to determine the reduction in

12



compressor discharge gas temperature due to this heat leak, This temperature differ-
ence was added to the measured exit temperature to obtain a corrected exit temperature,
All performance data presented in the main body of this report were based on this cor-
rected exit temperature, The effects of this correction can be seen in appendix B where
the overall performance data at design speed and for the seven inlet pressure levels are
presented. There, the compressor efficiency and work factor are plotted based on both
the measured temperature rise and the corrected temperature rise which accounts for
the heat leak through the oil lubrication system.

The Reynolds number was calculated based on the total density at station 1 (fig. 3),
the impeller tip speed, the impeller tip diameter, and the dynamic viscosity at station 1.

RESULTS AND DISCUSSION

Comparison plots of total-pressure ratio and temperature rise efficiency at design
speed and for seven Reynolds numbers are presented in figures 6 and 7, respectively, as
a function of design equivalent weight flow. The values of inlet pressure corresponding to
each of the Reynolds numbers is presented in table III. All data were taken at a design
speed of 40 300 rpm and at a nominal design inlet temperature of 536° R (297.8 K).

As the Reynolds number was decreased from 1, 8><106 to O, 32><106, both maximum
flow and surge points occur at progressively lower equivalent flow rates (figs, 6 and 7).
The maximum flow point dropped from approximately 115 to 106 percent of design equiva-
lent weight flow while the surge point moved from an estimated 88 (surge was not es-
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- ﬁmﬂt%Q‘é\ b Y§
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) \( }D ~N kil T efficiency line —\ q S
> N §§ = | I [N
2 1.8 \ ‘ = .60 | | K
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a . number, b K 50 number (_}\
L — (=) S kv —
£ M o Lo = A 1gxed /
& O 13 K 0 L3
2 o .83 \?Ef 2 O .83 \%}[5
L v .63 L v .63
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Percent of design equivalent weight flow Percent of design equivalent weight flow
Figure 6. - Comparison of overall pressure ratio and flow Figure 7. - Comparison of overall efficiency and flow range
range at various Reynolds numbers for 6-inch at various Reynolds numbers for 6-inch (15. 24-cm)

(15. 24-cm) centrifugal compressor at design speed. centrifugal compressor at design speed.
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TABLE III. - REYNOLDS
NUMBERS AND COR-
RESPONDING NOMINAL

INLET PRESSURES

Reynolds [ Nominal inlet
number, pressure
Re : 2
psia|kN/m
0.32x10% | 1.5 1.0 ~
.41 1.9 1.3
.51 2.4 1.7
.63 3.0 2.1
.83 3.91 2.7
1.3 6.0 4.1
1.8 8.6 5.9

tablished at the highest Reynolds number) to approximately 73 percent of design equivalent
weight flow as Reynolds number was decreased. Both maximum efficiency and maximum
pressure ratio also occurred at lower equivalent weight flows with decreasing Reynolds
number (figs. 6 and 7)., Maximum efficiency and maximum pressure ratio dropped,
respectively, from 0, 775 to 0,706 and 2. 05 to 1, 97,

These trends can be explained in terms of the boundary-layer thickness increasing
with lower Reynolds number, thereby decreasing the effective flow areas throughout the
compressor, With the reduction in effective flow areas at lower Reynolds numbers, the
compressor through-flow velocities (in the core flow) increase. This increase in through-
flow velocity causes the flow angle at the impeller exit to decrease for a given equivalent
flow. The maximum weight flow, the weight flow at maximum efficiency, and the surge
flow rate are, at least in part, controlled by the flow angle leaving the impeller and those
entering the vaned diffuser. Thus, the equivalent flow at which maximum flow, peak
efficiency, and surge occur can be expected to vary with Reynolds number as is indicated
by the data (figs. 6 and 7).

The compressor work factor fcw is plotted against design equivalent weight flow in
figure 8 for the seven Reynolds numbers at which the data were obtained. Interestingly,
for this compressor, the work factor is a function of the equivalent weight flow only,
rather than Reynolds number, since all the data fall on one line. Not all the data points
are shown in figure 8 since for a given inlet pressure the work factor tends to change

linearly with flow (appendix B),

14
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Figure 8. - Compressor work factor as function of percent of design equivalent weight
flow for various Reynolds numbers.

The compressor work factor is defined as being equal to slip factor plus a windage
factor (ref. 4) and is given by the following equation:

gJﬁcpATvd . chpATW ) chp(ATvq + /_\.TW)

fow = fg+ Iy = . : ‘
U U U
t3 t3 t3
_89ey(Tg - Ty)
2
Uis

The slip factor is based on the gas temperature rise due to the energy addition
associated with the vector diagrams, and the windage factor is based on the gas tempera -
ture rise due to the windage at the back face of the impeller and between the impeller
vanes and stationary shroud, The compressor work factor is based on the measured
temperature rise which includes both the temperature rise due to the vector diagram
energy addition and the temperature rise due to windage.

In discussing the observed trend in compressor work factor with equivalent weight
flow and Reynolds number, the slip factor will be considered as a function of equivalent
flow rate and Reynolds number, If the relative flow angle leaving the impeller is assumed
to be essentially constant (constant deviation), the slip factor will decrease linearly as
through-flow velocity is increased. Thus, as equivalent flow rate is increased, slip
factor should decrease, Since decreasing Reynolds number increases through flow veloc-
ity it should also decrease slip factor,

Windage factor fw will be considered to be a function of weight flow and Reynolds
number, Reference 5 indicates that the temperature rise due to windage ATW, and

15



therefore fW, decreases linearly as flow rate increases. In addition ATW and thus fW

are shown to decrease with increasing Reynolds number proportional to the 0.2 power of
Reynolds number for the flow regime encountered in this compressor.

In summary, both components of fcw’ f S’ and fw should decrease with increasing

equivalent weight flow as shown in figure 8. However, fs should increase with increas-
ing Reynolds number while fW should decrease, Since all the work factor data for
various Reynolds numbers fall on the same straight line (within data scatter), and the two
components fs and fw that make up the work factor should show opposing trends with

Reynolds number, it can be concluded that the Reynolds number effect on fS for this

compressor is approximately equal and opposite to that of fw'
Figure 9 shows the efficiency at design weight flow and maximum efficiency plotted
From 130 to 23 percent of design Reynolds

against percent of design Reynolds number,
The

number the efficiency at design equivalent weight flow dropped more than 15 points,
maximum efficiency also dropped with decreasing Reynolds number but less rapidly than

=]
L8 —
& L L ’
> —
E LS |
g .1 |
e A O Maximum adiabatic efficiency
B [j/ ’ ’ O Design flow adiabatic efficiency
= .60 [ N N e

40 60 80 100 120 140

)
Percent of design Reynolds number

Figure 9. - Variation of maximum efficiency and design flow effi-
ciency with Reynolds number for 6-inch (15. 24-cm) centrifugal
compressor at design speed. Design Reynolds number, 1.36x10°.

the efficiency at design flow. Over the same range of Reynolds numbers, the maximum
efficiency dropped only eight points or about half as much as that at design weight flow,

As stated earlier, when Reynolds number is reduced, the compressor through-flow

velocities (in the core flow) increase, This causes off -design flow angles entering the

vaned diffuser resulting in a rapid deterioration in pressure ratio and efficiency with de-
creasing Reynolds number at design equivalent weight flow. The peak efficiency drops

with decreasing Reynolds number primarily because of viscous losses, whereas, for

design weight flow, the efficiency decay is a result of both changes in viscous losses and

off -design flow angles resulting in higher losses, The peak efficiency curve in figure 9
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shows a more rapid decrease in efficiency at the lower Reynolds numbers, which suggests
an exponential relation between Reynolds number and efficiency.

A relation between compressor efficiency 7, or more specifically loss (1 - ), and
Reynolds number commonly used is

n
1-n _ Re:ref

" Nret

1 Re

where Npef and Reref are known values of efficiency and Reynolds number used as a
reference point to predict 7 at other values of Re. The value of the exponent n gener-
ally used (ref. 6) in the Reynolds number range encountered here is 0,2, Figure 10
shows the loss (1 - nmax) against Reynolds number where the loss corresponds to the
maximum efficiency points. A line for n= 0,2 is drawn through the measured loss at
design Reynolds number for this compressor for comparative purposes. The 0.2 power
relation seems to predict the losses with reasonable accuracy for Reynolds number below
1><1O6 since the slope of the two lines are approximately equal in this range. This indi-
cates that the loss mechanism in this range of Reynolds number is primarily viscous
friction associated with a turbulent boundary layer and an aerodynamically smooth sur-
face, For Reynolds numbers below those encountered here, the losses might increase
more rapidly than predicted by the 0, 2 power due to a growing mismatch of the impeller
and diffuser (i.e., the impeller peak efficiency and diffuser peak efficiency each occur-
ring at different flow rates). Above 1><106 the change in loss with Reynolds number is
much less than that predicted by the 0, 2 power. This flattening of the curve might be
attributed to the flow surfaces of this compressor being aerodynamically rough for Rey -
nolds numbers somewhat above 1><106_ This is analogous to flat plate Reynolds number
data where an aerodynamically rough surface shows little or no change in losses with
Reynolds number. This departure from the 0.2 power relation at Reynolds numbers
above 1><106 has also been observed in the 3, 2-inch (8. 13-cm) centrifugal compressor of

reference 7.

3 i e I
U\O\a:\__ R ~Design point
OQ\O::\"C f/ L
2 3 4 .5 6.7.8.91 2 3x100
Compressor Reynolds numter, Re

Loss, 1 -7 pax
3

Figure 10. - Loss as function of Reynolds number for 6-inch
(15. 24-cm) centrifugal compressor at design speed.
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CONCLUDING REMARKS

The 6-inch (15. 24-cm) centrifugal compressor tested in air shows a progressive
degradation in performance along with a lowering of the surge and maximum flow points
with decreasing Reynolds number. This performance degradation can be explained by the
changes in viscous losses and in effective flow areas due to boundary layer growth, which
in turn causes changes in flow angles. The decrease in peak efficiency as Reynolds num -
ber is lowered is attributed primarily to increasing viscous losses, The more rapid
drop in efficiency at design weight flow is attributed to both increasing viscous losses and
to changing flow angles resulting in off -design operation of the diffuser vanes.

The compressor work factor fcw decreased linearly with increasing equivalent
weight flow, but the effect of Reynolds number was not noticeable.

The exponential (n = 0. 2) relation commonly used between loss (1 - nmax) and Rey-
nolds number seems to predict the losses associated with maximum efficiency with rea-
sonable accuracy for Reynolds numbers below 1><106 on this compressor. For Reynolds
numbers below 0, 32><106 an impeller-diffuser mismatch may occur causing deviation
from the 0. 2 power relation. Above 1><106 a gradual leveling off of loss is attributed to

)
the flow surfaces being aerodynamically rough.

Lewis Research Center,
National Aeronautics and Space Administration,
Cleveland, Ohio, January 23, 1970,
120-27,
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APPENDIX A

METHOD OF CORRELATION AND COMPARISON OF
AIR-ARGON OVERALL PERFORMANCE

The basic principle involved in correlating the performance of a centrifugal compres-
sor from one gas to another is to establish geometric similarity between the vector
diagrams of both gases at two locations., The locations used were the impeller inlet and
the impeller exit. Because of differences in specific heat ratio, only two locations in
the compressor can be matched with exact vector diagram similarity. Since iterations
are involved in this procedure a computer program was written. The following is a
summary of the operation of this program,

The gas in which the performance of the compressor is known will be designated A,
and the gas in which the performance is being predicted will be designated B for the fol-
lowing discussion. The inlet flow coefficient ¢ and static density ratio across the im-
peller are calculated from the input of overall pressure ratio and efficiency, wheel
speed, weight flow rate, and impeller efficiency at a particular operating point in gas A,
Through an interactive process and assuming a constant slip factor, a compressor wheel
speed is found for gas B that will match both inlet flow coefficient and density ratio
across the impeller. Thus, the impeller velocity diagrams are made geometrically sim-
ilar. In predicting the performance of gas B from that of gas A along a constant speed
line, a slight variation in calculated speed for gas B will result over the weight flow
range. In order to put the calculated performance for gas B on a constant speed line, a
small (usually less than 1 percent) speed change is made. This is done by calculating a
new temperature difference across the compressor by assuming that the temperature dif-
ference is proportional to the square of the wheel speed. From this a new total pressure
and weight flow is found assuming the efficiency is constant over this small speed change.
Reynolds number is matched by adjusting inlet pressure. No attempt is made to match
Mach number, However, in the case of the correlation between argon and air almost all
the Mach numbers match within 1 percent.

A comparison of the actual air performance to that predicted from argon data is
shown in figure 11, The efficiency curves match exactly with respect to maximum effi-
ciency and only differ by about 1.5 percent in flow at the maximum flow rate, The total
pressure ratio for the predicted curve is slightly lower than the actual one (about 0.5

19



percent),

Total pressure ratio, Pe/Py

2.2

2.0

1.8

L6

— O Measured air data 90—
O Predicted from
argon data

Adiabatic efficiency, M-p

1.2 | l I | a0 I | | |
120

80 90 100 110 120 80 90 100 110
Percent of design equivalent weight flow
(b) Efficiency as function of percent of design

(a} Pressure ratio as function of percent of
equivalent weight flow.

design equivalent weight flow.
Figure 11. - Comparison of air performance with that predicted from argon data for 6-inch (15. 24-cmi cen-
trifugal compressor at design speed.

These differences are in the order of data accuracy. These two sets of data

were not taken at exactly the same Reynolds number, The air data Reynolds number is
approximately 91 percent of the Reynolds number at which the argon data were obtained.
However, this does not explain the slight differences in the two curves since it is in the

wrong direction,

It is felt that this performance correlation technique is sufficiently accurate to per-

mit testing of this compressor in air (although it was designed for argon as the working

fluid) to determine the Reynolds number effect.
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APPENDIX B

OVERALL PERFORMANCE

The overall pressure ratio, overall efficiency, and compressor work factor in air

for the 6~inch (15.2-cm) radial bladed centrifugal compressor over a range of inlet pres-
sure are presented in figure 12. The compressor was run at design speed (40 300 rpm
for air) and design inlet temperature of 536° R (297.8 K). Both the as-measured and the
corrected-for-heat-leak-to-oil efficiencies and compressor work factors are shown.

This correction is applied to the measured temperature rise across the compressor, in
order to account for the heat loss to the bearing oil supply. This heat loss is determined
by a measured oil temperature rise, oil flow rate, and heat due to bearing and seal fric-

tion,

Adiabatic efficiency, 1y _¢

Compressor work
factor, foy

Total pressure ratio, P6/P1
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O Corrected for heat
leak fo oil

| I | | | | ! |
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Equivalent weight flow, w+B/8, Ibf/sec
| | | | I | ! |
.40 .45 .50 .55 .60 .40 45 .50 .55 .60
Equivalent weight flow, w~8, Ibfisec
(a) Nominal inlet pressure, 1.5 psia (b} Nominal inlet pressure, 1.9 psia 11.3x10%

11. 03x103 N/m? abs). N/in. 2 abs).

Figure 12. - Overall performance at various inlet pressures for a 6-inch (15. 24-cm) centrifugal cormpressor
at design speed.
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