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SUMMARY

Testing of a high-speed gas-bearing-supported rotor assembly has been performed
to obtain an initial assessment of the effects of environmental shock and vi-
bration on the mechanical performance of Brayton Cycle space-power turbomachin-
ery. The rotor-bearing assembly consisted of a 10.5-pound, 39,000-rpm rotor,
supported by two self-acting, pivoted-pad journal bearings and a self-acting,
spiral-grooved thrust bearing. Sinusoidal vibration testing was conducted

over a frequency range of 5 to 2000 Hz. Shock testing was pefformed with 10-
millisecond half-sine pulses of approximately 20-g peak acceleration. The
vibration and shock conditions were applied in three orthogonal directions:
along the rotor axis (axial response), and transverse to the rotor axis in

two directions (transverse response). Testing was conducted with and without
shaft rotation, and with and without the rotor-bearing assembly mounted on
vibration isolators. Dynamic displacements of the assembly were measured

throughout the tests with capacitance probe equipment.

Further objectives of the investigation were as follows: to identify the design
factors which most strongly influence shock and vibration response of gas lub-
ricated space-power turbomachinery, and to validate analytical methods for
predicting dynamic response of such turbomachinery. To this end, an analytical
study of the shock and vibration response of the high-speed rotor-bearing test
assembly was performed*. For axial response calculations, a nonlinear three-
degree-of-freedom analytical model was developed. The equations of motion
were programmed for digital computer solution using a fourth-order Runge-Kutta
numerical integration procedure. Solutions can be obtained for various types
of excitations: sinusoidal vibration, half-sine or haversine shock pulses, or
any arbitrary vibration or shock characteristic expressed in terms of displace-

ment (or acceleration) and time coordinates.

Analysis of transverse response was performed only for the case of sinusoidal

* The analytical study was performed only for the condition of shaft rotation
(i.e., for the condition of hydrodynamic gas-film lubrication).



vibration excitation. A digital computer program was used to calculate steady-
state vibration amplitudes of the rotor-beﬁring.system based on a finite-element
model of both the rotor and the rotor casing. A total of eight, frequency-
dependent, linearized coefficients were used to represent the stiffness and

damping characteristics of each journal bearing.

The significant results of this investigation are summarized below. From a
quantitative standpoint, it must be remembered that the results apply to one
specific rotor-bearing system. From a phenomenological standpoint, however,
the system response characteristics are indicative of those which would be ex-

hibited by similarly configured gas-lubricated rotor-bearing systems.
Shock Tests

1. Gas-lubricated rotor-bearing systems of the type tested can satisfac-
torily survive at least a limited number of externally imposed 10-
millisecond, 20-g shock impulses*, both with and without shaft rota-
tion, and with or without isolation mounts. For the system tested,
momentary contacts between the rotating and stationary bearing sur-
faces were observed under all test conditions. However, there was no
surface damage or degradation of bearing performance as a result of

ke
these contacts .

Sinusoidal Vibration Tests — Shutdown Condition (Nonrotating Shaft)

1. Under shutdown (nonrotating) conditions, gas-bearing-supported rotor
systems of the type tested can satisfactorily survive, at least for
a limited period of time, axial imposition of the specified sinusoidal

vibration conditions, either with or without isolation mounts.

X
" A total of 73 shock pulses were accumulated during the test program. Four of

the axial pulses were inadvertently conducted at 60-g peak acceleration.

Based on previous work, it is known that the ability of gas bearings to suc-
cessfully survive repeated high-speed contacts is strongly dependent upon
the bearing materials used. The experimental results reported herein were
all obtained using bearing parts whose mating surfaces were coated with
plasma-sprayed chrome oxide. Based on considerable testing, chrome oxide is
the optimum gas-bearing surfacing material thus far identified for operation
at temperatures up to 600°F.



3.

For transversely imposed vibration under shutdown (nonrotating) con-
ditions, vibration isolation may be required to survive the specified
sinusoidal excitation conditions. During the nonrotating transverse
vibration tests without isolators, the objective input excitation
levels could not be achieved in the frequency range from 190 to 235
Hz, this being the region of one of the critical speeds (resonant
frequencies) of the nonrotating shaft. The limiting factor in this
frequency range was deflection (overstressing) of the flexures used
to support the individual journal bearing pads. With isolators in-
stalled, excitation of the flexures was greatly reduced and the ob-
jective input vibration levels could be safely imposed in the two

transverse directions.

A total of 27 minutes of vibration testing was accumulated under non-
rotating conditions. No damage to the bearing surfaces nor degradation
of bearing performance was detected as a result of the nonrotating

tests.

Sinusoidal Vibration Tests — Normal Operation (Rotating Shaft)

1.

Under normal rotating conditions, gas-lubricated rotor-bearing systems
of the type tested may have to be vibration isolated to survive the
specified sinusoidal vibration conditions. During the shaft rotation
tests without isolation, rotor-to-bearing contacts became imminent,
over broad regions of the frequency spectrum, at input vibration
levels considerably below the test objectives, However, with isola-
tors installed, the objective vibration input levels were achieved,
without bearing contacts, over most of the frequency range. Only in
the vicinity of the isolator resonant frequency (approximately 12 Hz),
and in the vicinity of the rotor critical speeds (130, 166, and 225
Hz), did bearing contact become imminent at less than the objective

vibration input levels.

Input vibration levels were carefully controlled during the rotating
vibration tests to prevent the occurrence of bearing contacts. Con-

sequently, it is not known whether-bearing performance would have



been degraded under vibration-induced contact conditions.

Calculated Shock and Vibration Response

1. Accurate predictions of the axial shock and vibration response of gas-
bearing machinery can be obtained using a three-degree-of freedom
analytical model of the rotor-bearing system with nonlinear representa-
tion of the load and damping characteristics of the thrust bearing gas
film. An approximate, simplified method of representing the gas-film
nonlinearities can be used which yields both accurate and economic
(in terms of computer cost) solutions. The only drawback of the herein
presented axial response analysis is the modeling of the vibration
isolators in terms of linear stiffness and damping coefficients. Under
shock conditions (i.e., large displacement conditions) the isolators

*
are quite nonlinear and must be so modeled .

2. Accurate predictions of the transverse resonant frequencies of the
rotor-bearing test system were obtained using the finite-element
analysis model of the rotor and rotor casing, together with the linear-
ized journal bearing stiffness and damping coefficients. There was,
however, considerable discrepancy between the calculated and measured
amplitudes of vibration, and of the rotor-to-casing orbit shapes. Cal-
culated amplitudes were considerably higher than the measured ampli-
tudes. The discrepancy in calculated amplitudes may be due to '"large
amplitude'" nonlinear stiffness and damping effects in the journal
bearings which were not represented in the analysis. There was also a
small amount of horizontal vibration (cross talk) in the vibration
table which was neglected in the calculations. Finally, there may have
been significant damping from the thrust bearing and from the shaft
labyrinth seals. These sources of damping were also neglected in the

analysis.

The axial-response computer program has, in fact, been modified during Task
3 of the present contract to permit nonlinear representation of the isolator
deflection and damping characteristics. The results of additional Task 3
calculations with the nonlinear isolator model will be reported in Part II
of this Final Report.




3. The analysis results clearly show the beneficial effects of gas-bearing
squeeze-film damping on minimizing the severity of shock-induced bear-
ing contacts. Gas-bearing systems which must operate under shock
conditions should be optimized to take maximum advantage of this

effect.

The above listed results indicate that 10-millisecond, 20-g shock pulses should
not be a problem for gas-lubricated Brayton Cycle space-power turbomachinery,
Sinusoidal vibration could be a problem, particularly if imposed during shaft
rotation. The use of vibration isolators appears to be a solution to the vibra-
tion problems during shutdown (nonrotating) conditions. During rotation, the
use of isolators greatly reduces, but may not eliminate, the possibility of
vibration-induced bearing contacts. Further testing will be required to
identify if such contacts would cause bearing damage or degradation of bearing

performance.



INTRODUCTION

As America's space capabilities grow, it becomes more and more apparent that a
long-1life, reliable space-power source is required for the 10-15 kilowatt range.
One likely candidate for a space-power system of this range is the Brayton Cycle
System. This consists of an inert gas in a closed loop which, after being heated
in a recuperator and a heat source, drives one or more turbines turning an
alternator and a compressor before being cooled again in the recuperator and
radiator. To avoid the problems associated with an oil-lubricated bearing
system, the rotating equipment can be supported by gas bearings utilizing the
working gas as a lubricant. These bearings have the added advantage of long

life since bearing and shaft are separated during rotation by a film of gas.

Several items of Brayton Cycle rotating equipment have been built during recent
years., This equipment has been tested by the NASA Lewis Research Center and by
the associated contractors under both design and off-design conditions with
excellent results. However, an assessment of the effects of environmental shock
and vibration was not included in these initial tests. Although some low-
frequency vibration and shock testing for Naval applications has been success-
fully conducted on a 62-pound, 8,000-rpm gas-bearing rotor [1], it was not felt
that this experience was applicable to the dynamic environment associated with
space-power applications., In particular, it was not known whether the latter
environment might cause sufficient displacements of the shaft or bearing support
assembly to result in contact between moving parts, fatigue, deformation, or

fracture of parts with resulting failure of the machine.

In order to gain insight into the effects of shock and vibration upon gas-bearing
machinery for space-power applications, the NASA Lewis Research Center contracted
with Mechanical Technology Incorporated to conduct a combined analytical and
experimental investigation using a high-speed, gas-bearing machine representative
of the type under consideration. This was an especially opportune time, since

a turbocompressor gas-bearing simulator of the general size, weight, and speed
required had recently been made available from another NASA contract [2]0 With

minor modifications and some added instrumentation, the machine was well suited
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for the experimental portion of this investigation.

The analytical portion of the investigation was devoted to developing calcula-
tion techniques and computer programs to the point where the effects of shock
and vibration could be analytically predicted for a given rotor-bearing system,
The experimental portion of the investigation consisted of subjecting the
modified gas-bearing simulator to shock and vibration. This was done with the
machine mounted in each of three mutually perpendicular positions, both with and
without the shaft rotating, and with and without the use of isolators. The
analytical results are compared with the measured results in this report, and

the comparisons are used to validate the analytical procedures.



DESCRIPTION OF EQUIPMENT

A schematic of the turbocompressor simulator mounted on the test stand is shown
1n Figure 1. The rotor, shown in cross-hatching, consists of the following com-

ponents:

a) The drive turbine

b) The turbine-end journal

¢) A center section (which would normally hold
a six-stage, axial compressor)

d) The compressor-end journal

e) The thrust ruaner.

Cross-sections AA and BB of Figure 1 show the configuration of the gas-lubrica-

ted, compressor-end and turbine-end journal bearings respectively. Self-

acting, pivoted-pad bearings are used. Each pad is individually supported by
a mechanical flexure to permit the bearings to accommodate radial centrifugal
growth of the journals and differential, radial, thermal expansions between

the various bearing parts. Details of the journal-bearing designs are given

1in Reference 2.

The gas-lubricated thrust-bearing assembly consists of a thrust runner, a
reverse-thrust stator, a forward-thrust plate, and a support flexure and'gup-
port housing for the forward-thrust plate. The forward bearing is the primary
thrust bearing; the reverse bearing is used only during turbocompressor start-
ip. The forward bearing is a self-acting, spiral-groove type. The reverse
bearing is an externally pressurized type. Design details for the complete

thrust-bearing assembly are likewise documented in Reference 2.

Highlv successful operation of the simulator gas bearings, up to 60,000 rpm,
was demonstrated under static environmental conditions on a previous NASA
contract [2]. For the shock-and-vibration testing described herein, the
simularor was operated between 38,000 and 39,000 rpm, this being close to

the design speed of a Brayton-cycle, space-power system currently being



investigated by NASA [3].

Figure 2 is a schematic of the turbocompressor simulator oriented horizontally.
Also shown in Figure 2 is the capacitance probe coding scheme, which applies to

the probes shown in Figure 1 as well.

Figure 3 is a photograph of the simulator and test stand mounted on the vibration
shaker ready for testing. In this photograph, the simulator casing is rigidly
mounted to the test stand. To'perform tests with the casing on isolators, the
two mounting blocks shown in Figure 3 were removed, two additional legs were
added to the test stand, and a shock-and-vibration isolator was installed be-
tween the top of each leg and the simulator casing. The isolator mounting

arrangement was symmetric about the rotor axis.

Figure 4 shows the tripod mounting arrangement used to mount the simulator, in

a horizontal attitude, on the vibration table (shaker). The rigid mounting block
on the right side of the photo has a hidden counterpart away from the viewer.
These mounting blocks were interchangeable with the isolators used when the sim-

ulator was tested in the vertical as well as the horizontal attitude.

Figure 5 is a photograph of the main components of the rotor-bearing assembly.
Here we see the forward-thrust bearing in some detail. The self-lubricating
action of this bearing may be visualized by imagining the face of the thrust
runner being placed upon the thrust plate and rotating clockwise at high speed.
The runner drags or pumps the ambient gas inwardly along the lighter-appearing
spiral grooves causing a high-pressure region at the sealed end of the grooves.
This pressure produces the load-carrying capacity required to support the steady-
state axial loads (aerodynamic thrust and rotor weight, for example) as well as

the dynamic loads resulting from externally-imposed axial shock and vibration.

The simulator was designed to also support thrust loads with the rotor in a non-
rotating condition. This is accomplished by supplying externally-pressurized
gas to orifices in the thrust plate during startup and shutdown (hydrostatic
operation). Figure 6 shows the size and location of these orifices, along with
the spiral grooves which provide the hydrodynamic operation when the rotor

achieves operating speed and the external pressure is withdrawn. A similar



arrangement of hydrostatic orifices was used in the reverse thrust bearing.

Figure 7 shows the arrangement of a typical journal-bearing pad. Four such
pads were situated around each of the two journal bearings. A capacitance-
probe lead is shown along with the pivot assembly. The pivot itself is not
visible in Figure 7, but is located between the convex surface of the pad and
the pivot assembly. The two short beams protruding from the assembly consti-

tute the flexure when the two lugs are bolted to the casing.

Figure 8 shows the shock machine used in the experimental phase of the program.
The simulator is shown mounted vertically on isolators. The operation of the
shock machine is as follows: the table is raised pneumatically and then released
to fall onto the elastomer pad shown resting on the anvil. The resulting im-

pact produces a shock pulse that is roughly half-sine in shape.

Figure 9 shows the vibration shaker with the simulator mounted horizontally on
isolators. In this position it was necessary to add lead weights to the com-
pressor end of the casing in order to properly load the isolators without

nodification of the simulator casing.

Instrumentation

A permanent complement of capacitance probes was used to measure diaplacements
of the rotating journals relative to the simulator casing, as well as film
thickness in the journal and thrust bearings. Additional probes were used to
measure relative displacements between various nonrotating parts of the bear-
ing and casing assemblies. The capacitance probes are schematically indicated
(in solid black) in Figure 1. The ends of the probes, mounted in the forward-
thrust plate and the turbine-end journal-bearing pads, can be seen in Figures

5 and 6 (similar probes were mounted in the compressor-end jounal-bearing pads).
These probes, used to measure instantaneous film thickness, had a linear range
of 5 mils. All of the capacitance-probe instrumentation channels had a flat

frequency response to 8 kHz.

The mcst significant transducer signals obtained in any given test were perma-

nent ly documented on the multichannel tape recorder shown as part of the data
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acquisition equipment in Figure 10. Dynamic responses were recorded on nine
frequency-modulated (FM) channels, while a direct-record channel was used for
voice recording. Most of the recording was done at 7.5 inches-per-second tape
speed. Response of the FM channels' at this speed was flat from DC to 2.5 kHz.
Different combinations of transducer outputs to be recorded could be set up via

the selector-switch panel.

The semi-circular cutouts in two of the turbine-end journal pads, shown in
Figure 5, provide clearance for two capacitance probes used to measure dynamic
motions of the journal in orthogonal directions. (Similar probes were used in
the compressor-end bearing). These probes had a linear range of 10 mils and

were used to display the orbital motions of the journals.

Crystal accelerometers were used at different points on the simulator casing
and the test stand. Figure 3 shows several accelerometers mounted on the cas-
ing. Frequency response of the accelerometers and related signal-conditioning

equipment was flat from 2 Hz to 9 kHz, based on catalog data.

Strain gages were mounted on several of the journal-bearing flexures, and on
the forward-thrust-plate flexure, to measure dynamic strain in the flexures.
Frequency response of the strain-gage system was flat to 3 kHz, based on cata-

log information.

Additional simulator transducers included pressure pickups to record simulator

internal pressures, and a magnetic speed pickup to measure rotor speed.

Figure 10 also shows the simulator control station and the instrumentation dis-
play and recording equipment. At the simulator control station, rotor speed
was indicated by an electronic counter located above the control panel. Speed
was manually regulated by controlling air flow through the simulator drive
turbine via a regulating valve located on the panel. Also located on the panel
are two control valves for independent hydrostatic operation of the forward

and reverse thrust bearings. During simulator startup, both bearings were
operated hydrostatically (i.e., air pressure was supplied to the small orifices
in the bearings). When sufficient speed was attained for hydrodynamic (self-

acting) operation of the forward bearing, the hydrostatic pressure was shut off.
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At this point the esntire rotor became hydrodynamically supported, since the

journal bearings are of the self-acting type.

The test personnel normally monitored the eight dual-beam oscilloscopes shown
in Figure 10 during simulator operation. Four of the scopes displayed the
journal-bearing film clearances between each of the eight pads and the journals,
while two scopes displayed the journal orbits relative to the casing. One scope
monitored the clearance of the thrust runner with respect to both the forward
thrust plate and the reverse-thrust stator. The eighth scope was generally
used to monitor a shock or vibration input accelerometer, and a simulator
response accelerometer. The locations of these accelerometers were arbit-
rary, but they were usually chosen to be representative of the input, located
near the test-sztand base, and the output, located on the simulator itself.
Although the above transducers were routinely monitored, certain circumstances
required other sets of visual information. The selector-switch panel, shown

in the center of the rack below the tape recorder, was used to obtain various
combinations of transducer readout. A bank of charge amplifiers for the

accelerometers was located just above the selector-switch panel.

Test Method

The vibration and shock tests were conducted independently. Each type of test
was performed with and without isolation of the simulator casing, and with and
without rotation of the shaft. Finally, the test combinations were conducted

along each of three orthogonal axes of the simulator.

The vibration testing was entirely sinusoidal in nature. For purposes of this

first exploration with the turbocompressor simulator, the following schedule

was used:
5-33 Hz - 140 mils double amplitude
33-140 Hz - 8 g's peak
140-190 Hz - 8 mils double amplitude
190-2000 Hz - 15 g's peak.

This vibration schedule was not a qualification test specification used to

determine whether the equipment would fail or pass. It was, rather, a set of

12



maximum vibration test objectives serving as a guideline while conducting the
exploratory investigation of the vibration characteristics of the simulator.
The maximum vibration test objectives are outlined in Figures 11 and 12. The
former is an acceleration plot which forms the basis of actual performance
limits discussed in this report. Figure 12 is simply a restatement of the
objectives in terms of displacement, which is a form commonly encountered in
MIL-Specs. The original specification was slightly modified to provide con-

tinuity at the 190-Hz crossover point, which was previously set at 240 Hz.

The shock-test objective calls for a half-sine pulse of 20-g peak acceleration
and 10-milliseconds duration. This idealized shock pulse is shown in Figure 13,
together with the actual pulse obtained from the shock machine, and a haversire
approximation to the actual pulse. It is seen that the haversine is the better
idealized approximation because it represents the case of elastic impact, which
is nearly the situation of the shock table striking the elastomer pad on the

anvil.

The nonrotating vibration tests were conducted by sweeping through the 5- to
2000-Hz range in accordance with the Figure 11 vibration amplitude schedule.
During these tests, the signals from the strain gages mounted on the journal
and thrust bearing flexures were continuously monitored to prevent overstress-
ing of the flexures. For the rotating tests, an additional test criterion was
imposed. The criterion required that the gas bearings always be maintained in
a "contact-free' operating condition such that the three-axis vibration survey
could be completed with a minimum possibility of damaging the bearings. This
criterion was satisfied by limiting the minimum operating film thickness of tte

bearings to 0.1 mil.

To satisfy the above film thickness criterion during the rotating vibration
tests, the vibration table was manually controlled such that the vibraticn
conditions could be investigated slowly and carefully. If, as the 5- to 2000-Hz
total frequency range-was manually traversed, minimum dyramic film thickness in
any one of the bearings approached 0.1 mil, the vibration-table amplitude was
reduced to prevent the minimum film value from dropping below 0.1 mil. 1Ic

this manner, vibration amplitude schedules for 'contact-free'" bearing operarion

were determined as a function of frequency. These "contact-free'" ampl:tude
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schedules did not meet the vibration objectives, as is discussed in a later

section of this report.

Vibration-table amplitudes were also limited during the nonrotating tests to
avoid excessive flexure stress. This problem would have to be corrected by

redesign if the machine were to be flight rated.
The shock testing was performed on the pneumatically raised vertical-shock

machine shown in Figure 8. A typical shock pulse was obtained with a table

drop height of about one inch.
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AXTAL RESPONSE

The shock and vibration tests were conducted along each of three orthogonal axes,
one axial and two transverse. There was very little observed interaction betw=zen
the axial and the transverse vibration modes; therefore, they are considered to be

separate and distinct throughout the remainder of this report.

Analytical Models Used

To be easily usable as a design tool, the analytical model of a physical system
should be kept as simple as possible. At the same time, the model must be capable
of realistically describing, within acceptable limits of engineering accuracy,

the effects that are of interest to the designer. The simplest possible model for
describing axial response of the simulator is the single-degree-of-freedom model
shown in Figure 14. This model is comprised of the rotor mass, m, and the.non-
linear gas force, G(h,ﬁ), while the remainder of the simulator (the ''base') is
considered to be entirely rigid. This one-degree-of-freedom model is adequate to
describe the response of the rigidly-mounted simulator to axial shock, but it is
inadequate (as discussed later) to describe the response to axial vibration for
rigid-mount conditions. Furthéfmore, the model cannot be used to describe eith=r

the axial shock or vibration response when the simulator is mounted on 1solators.

Based on further consideration of the simulator design, as well as examination of
the initial axial vibration test results, two three-degree-of-freedom analytical
models were evolved which could satisfactorily describe the axial responses for

all test conditions. These models are shown in Figures 15 and 16.

Figure 15 shows the three-degree-of-freedom model used to calculate the axial
response of the simulator when mounted on isolators. The base is taken to be a
rigid platform to which the shock or vibration excitation is applied. The shock
and vibration isolators are assumed to have axial symmetry, as is the entire
simulator, including symmetrical application and distribution of all applied
forces. The isolators are also assumed to be representable by a linear spring.
k

and a viscous damper, c connected in parallel as shown. The entire casing

1! 1’
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is considered sufficiently rigid to be represented by the lumped mass, m The

thrust-bearing housing and the thrust-bearing flexure are considered as t;o simple
springs in series having an equivalent spring constant, k2. Since these comporents
are all metallic, they are considered to have negligible damping. The mass of the
thrust plate, together with the effective combined mass of the thrust-plate flexure

and the thrust-plate housing, are lumped into m The mass of the rotor is lumped

o

as m,, Wwhich is connected to m, by the nonlinear gas-film force, G(h,ﬁ). G is a

3 2
function both of the film thickness, h, and its time derivative, h.

In order to use three lumped masses to represent the simulator on rigid mounts, a
slightly different set of assumptions is required. The method of modeling the
simulator on rigid mounts is shown in Figure 16. The base is considered to include
the entire -test fixture and simulator casing. The input shock and vibration is
thus applied directly to the mounting flange of the thrust-plate housing. The
stiffness of the thrust-plate housing is represented by kl (c1 is now considered

to bz negligibly small), and m, is taken as the effective mass of the housing.

1
The stiffness of the thrust-plate flexure is lumped into k2, while the mass of the

thrust plate is combined with one-third of the mass of the flexure to produce m, .
The rest of the model is identical of the previous case; that is, G represents the

nonlinear gas forces while m, represents the mass of the rotor. Again, complete

3
axial symmetry is assumed with regard to properties and forces.

Method of Soiution

A computer program was written to solve the equations of motion which describe the
responses of the systems shown in Figures 14, 15, and 16. The derivation of these
equations is presented in Appendix A. The computer program is described in a
general way by the flow chart of Figure 17, while the details of the program,

inclading program listing and operating instructions,are given in Appendix B.

The first decision indicated on the flow chart of Figure 17 is whether to use the
system representation shown in Figure 16 (rigidly mounted complete model), Figure
15 tmodel on isolators), or Figure 14 (the simple model). The user may ther se-

lect any of the following types of nonlinear functions to represent the load

capacity and the damping coefficient characteristics of the thrust-bearing gas film
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a) An exponential function of the form:

Ae—Bh
where h = mean thickness of thrust bearing gas film
e = base of natural logarithms,

and A and B are constants selected by the user to give the best practi-
cal approximation to the nonlinear characteristics of the gas film as

predetermined by applying rigorous lubrication theory.

b) A power function of the form:
Ch_D

where C and D are the arbitrary constants used to obtain a curve fit.

The program will handle any of the four different types of forcing functions shown
in Figure 17, which may be expressed either as base displacement or base accel~
eration. These forcing functions include sinusoidal vibration and three types

of shock pulses.

The haversine pulse is the best simple idealization of the main shock pulse pro-
duced by the type of shock machine used, which relies on quasi-elastic impact to
generate the required levels of acceleration. The half-sine pulse, as called for
in the specification, is closely approximated by the haversine pulse, since the
latter falls within the half-sine shock pulse tolerance limits given in Figure
516-2 of MIL-STD-810B, dated June 15, 1967. The half-sine pulse is physically
unrealizable because the discontinuous derivatives at the end points imply a
system with zero response time. The arbitrary shock-pulse excitation option adds
considerable flexibility to the program. This option was used to describe the

actual shock-machine pulse since it was necessary to include the acceleration

values during the drop interval of the table.

In order to calculate the response of the simulator using the computer program,
it is necessary to assign values to the parameters appearing in the equations of
motion, as well as to define the nonlinear load capacity and damping character-

istics of the thrust bearing gas film. Figure 18 shows curves of the static
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load carrying capacity of the thrust-bearing as a function of film thickness.

The solid curves were calculated by-gas lubrication theory using Reynolds equa-
tion with appropriate boundary conditions for our particular bearing design
operating under the conditions stated in the figure. The upper curve is based on
calculations assuming flat and parallel surfaces. The effect of crowning (convex
distortion) of the thrust plate results in a loss of load carrying capacity as

is shown by the lower solid curve. Based on experience, it is not unreasonable
to expect the amount of distortion represented by this lower curve, but we note
that the curve still does not intersect a known load capacity point of the thrust
bearing (10.5 pounds at a measured film thickness of 0.9 mils)., Therefore, an
exponential curve was assumed which was parallel to the original curve but dis-
placed by a sufficient amount to agree with experimental evidence. The additional
displacement is justifiable because of thermal effects. This dashed curve is

the one used in the computer program.

Figure 19 shows the coefficient of viscous damping for the thrust bearing as a
function of frequency and film thickness. The solid curves, which are rigorously
correct only for "small" amplitude sinusoidal motions, are also based on gas
lubrication theory under the same conditions as noted on Figure 18. The dashed
curve is the power function approximation to the damping characteristic that was
1sed ia the computer program to calculate shock response, as well as to calculate
vibration response at 200 Hz and below. Both the damping coefficient and the
load capacity approximations begin to diverge from the theoretical curves at
bearing clearances in excess of 2 mils;, a fact which should be realized in inter-

preting some of the shock results presented later in this paper.

The above approach of treating the gas film has been made deliberately empirical.
Alternatively, a more rigorous attack would have been to solve the Reynolds
eqeation of gas dynamics [4]3 which is a nonlinear; partial-differential equation,
to produce the thrust-bearing gas film force on a point-to-point basis. However,
the rigorous solution would have required an increase in computer time by a con-
siderable amount over the method evolved here, The intent here was instead to
develop an economical design tool to determine the axial dynamic response of the

rotor-bearing system.

18



In addition to the thrust bearing load capacity and damping characteristics,
there are several other parameters required for axial response computations,
such as the coefficients for isolator damping and stiffness, and for the housing

stiffness.

The isolator properties were initially determined by taking manufacturer's data
in the vicinity of peak transmissibility and performing a curve fit with the
isolator representation shown in Figure 20. The good correlation obtained with
the simple linear isolator representation is deceptive, however, when applied to
field test conditions, as we shall show later., The principal deficiency in the

simple model lies in its linearity.

Figure 21 presents the measured static-load characteristics of an individual
shock-and-vibration isolator, presumed to be representative of the four that

were used to isolate the simulator in the vertical attitude. It reveals the
inadequacy of the simple linear representation. Although the isolator spring
constant is essentially linear within its design static-load range, it exhibits
strong nonlinearities under the conditions of shock previously stated. The total
static load of the simulator was about 120 pounds, which initially loaded each
isolator to 30 pounds. As the isolators go into tension shortly after shock-

table release, they exhibit a spring-hardening characteristic.

This nonlinear load characteristic is due to two factors — the construction of
the isolators, and the nonlinear modulus of the rubber used. The construction
of an individual isolator is shown in Figure 22, The initial preload is carried
by the concentric springs E and F. This load is applied through the specimen
support mount G. For small deflections there is little compliance of the rubber
spring inherent in the cylindrical section of A, The initial damping is primarily
due to the relative motion between the split ring, C, which is loaded against
the cup, B, via the split spring, D. After springs E and F have compressed,

the rubber column of A provides some compliance and gives rise to a spring
hardening characteristic when the deflection exceeds 0.5 inches. The rubber
also provides the damping mechanism at these large deflections. The snubbers
protruding above the retaining plate A transmit the load directly through the

rubber column at very large deflections.
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The stiffness of the thrust-plate housing is an important parameter required to
calctlate the response of the three-degree-of-freedom representation of the simu-
lator on rigid mounts. This stiffness was initially calculated with the aid of
Reference 5 for the three models shown in Figure 23. The spread of stiffness
values shown was sufficient to require actual measurement to obtain sufficient
accuracy and confidence, The methods of stiffness measurement along with the
results obtained are presented in Figure 24. The method shown in the lower half
of the figure is thought to be more representative of the actual attachment situa-
tion {the housing was bolted to the casing with three No. 10-32 screws) and there-
fore the lower stiffness value of 533,300 1b/in was used in the response calcula-

tions.

initial Results

The static measurements and design values established in the foregoing section
provide sufficient data to utilize the axial response computer program to gener-
ste some initial results.

A typical computer result is shown in Figure 25, which was produced by the com-
puter program on an automatic plotter, The legend and axis scaling are entirely
periormed by the program., This particular response was obtained with a three-
degree-of-freedom representation of the system., The lower right hand corner of
the figure indicates the time of contact, at which point the rotor bottoms
against the thrust plate., WNo subsequent calculations are performed beyond this
point and the computer program automatically terminates because the analysis has

no provision for bearing contact.

Figure 26 is also a typical example of the computer program output. This time,
the excitation is a sinusoidal vibration applied to the single-degree-of-freedom
representation of the system., WNote that the nature of the solution required
calculating the transient response all the way up through the steady-state solu-
tidon., Scrutiay of this steady-state response after 0,04 seconds in Figure 26,
reveals the calculated effect of the nonlinear gas film characteristic which
amounts to an asymmetrical periodic motion about the equilibrium film thickness,

As we shall see later, the measured asymmetry was even more pronounced than the
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calculated value,

Figure 27 shows a typical set of data that were obtained during the vibration
test program. The oscilloscope photos presented were taken at 110 Hz with an
input vibration amplitude of approximately 0.1 g's peak. This frequency,
while slightly below the resonance point, was representative of the resonance
region. The photos show the modal behavior which prevailed up to about 300 Hz,
The upper oscilloscope photo reveals that the gaps on each side of the thrust
runner are moving out of phase and have equal total excursions. The middle
photo shows that the reverse thrust plate has virtually no response relative
to the housing except for a slight, high-frequency ripple corresponding to the

running speed of the rotor.

The bottom photo shows that diametric positions of the thrust-bearing gas film
are responding in phase and are of about equal amplitude., These three photos,
taken collectively, lead to the conclusion that this modal behavior consists
of axial motion of the rotor with no noticeable wobble and no detectable

participation of other components, such as the thrust plate or the housing.

The undamped first natural frequency of the simulator was determined experi-
mentally by observing the Lissajous pattern formed by the signals of a gas-
film-thickness probe and a probe measuring base motion. Figures 28 and 29
indicate the method used. The Lissajous patterns ot Figure 28 were obtained
from the setup of Figure 29, The latter figure shows the capacitance probe
"looking' at the displacement of the casing relative to the rigid piece of
channel iron attached to the stationary portion of the vibration shaker. The
signal obtained was fed into one channel of a dual beam scope while the gas
film thickness was fed into the other channel, The relative amplitudes were
adjusted to produce a circle at the 90-degree phase position to facilitate
identification of this phase condition, which is depicted by the center
Lissajous pattern in Figure 28, All three patterns were obtained with the
same amplitude setting. The departure from ideal ellipses is due to the wave-
form departure from an ideal sinusoid. As noted on Figure 28, the undamped

first natural frequency of the rotor was 120 Hz.
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The computer program was used to predict both undamped and damped first natural
axial frequencies of the rotor on the thrust bearing. An equivalent linear
stiffness of the gas film was determined to be 27,000 1b/in by taking the deriva-
tive of the load curve at the point of static equilibrium corresponding to a
rotor weight of 10.5 pounds. These values of stiffness and weight give a calcu-
lated undamped natural frequency of 158 Hz for a single-degree-of-freedom system,
The discrepancy between this and the measured, undamped natural frequency (120 Hz)
indicates that a single-degree-of-£freedom representation is inadequate. The in-
adequacy cannot be ascribed to the gas-film nonlinearity because the axial re-
sponse computer program yielded an undamped natural frequency of 150 Hz for the

single-degree-of-freedom nonlinear representation.

A three-degree-of-freedom representation of the system was therefore considered.
The equivalent lumped weight of m, was determined from a design drawing to be

1.4 pounds, and the equivalent value of m, was found by weighing the parts to be

0.4 pound. The measured value of k1 was ;3,300 1b/in while the desigr value of
670,000 1b/in was used for k2. These values produced calculated undamped natural
frequencies of 128 Hz, 685 Hz, and 4,654 Hz for a linear three-degree-of-freedom
system, The first of these frequencies shows good agreement with the 120 Hz

measured value.

Beyond the first natural frequency, two other distinct axial vibration modes were
observed during the vibration test program. One of these is shown in Figure 30
which displays data from the same probes described in Figure 27, Figure 30 shows
the modal behavior that occurred in the second distinct resonance region. These
photos were taken at 605 Hz with about 0.5 g's peak input. The three displays
are not simultaneous; therefore, amplitude comparisons cannot be made from photo
to photo because of slight variations in vibration-table amplitude, Again, the
mode is representative of the frequency region, and not necessarily at the
resonance point. The upper photo shows that the probe readings on either side

of the thrust runner are out of phase, and that the forward thrust-bearing gas
film exhibits the greater of the excursions. The middle photo reveals that there
is aow some relative motion between the housing and the thrust plate. It

turther reveals that this relative motion is approximately 180 degrees out of

phese with the thrust-bearing gas film, It is also worth noting that the second,
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undamped, natural frequency for the linearized model was 685 Hz and lies with-
in this second, observed resonance region. Furthermore, the gas film's total
excursion is about equal to the sum of the other two relative motions, which
implies that the thrust-plate housing itself is not participating in this
mode. The lower photo, again, shows no significant wobbling of the thrust
runner. These three photos, taken collectively, imply that the second mode
consists of axial motion of both the rotor and the thrust plate, with the

rotor exhibiting the greater amplitude.

A third mode, shown in Figure 31, was observed in the vicinity of 870 Hz.
Oscilloscope photos obtained were similar to those of the second mode except
that the reverse thrust bearing gap now displays an excursion one-third as
large as the forward-thrust-bearing gas film variation., This implies that
this third mode involved some flexing of the housing, or some relative motions
between the housing, the casing, and the reverse-thrust plate, At any rate

this third mode is not as readily explained as were the first and second modes,

The waveform of the thrust bearing response seen in Figures 27, 30, and 31,
although not a pure sine wave, is reasonably sinusoidal, This condition pre-
vailed throughout the frequency spectrum above 80 Hz. At lower excitation
frequencies, however, the wave form became asymmetrical due to the film non-

linearity. This 1is shown in an idealized way in Figure 26.

Figure 32 shows that the actual asymmetry is considerably more severe, 1In
fact, the waveform is highly irregular indicating the influence of effects not
calculated by the simple theory. This study does not delve into the causes

of the erratic waveform at low frequencies, but merely documents observation

of the effect.

Results of 5- to 2,000-Hz Vibration Tests

Figures 33 and 34 show the input vibration levels which could be sustained,

without and with isolators, while maintaining contact-free operation of the
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thrust bearing. It is seen that considerably higher levels of input vibration
could be sustained when using isolators. However, even with isolators, the desired
levels of input acceleration were not achieved at low vibration frequencies due

to resonance of the isolator-casing system at 12 Hz, and resonance of the thrust
bearing at 13C Hz. Because of our decision to maintain contact-free bearing oper-
atior during the vibration tests with shaft rotation, we know only that bearing
contacts would probably have occurred (with or without isolators) in the frequency
regions where the objective input levels were not achieved. Further testing would
be nzeded to determine whether sustained, vibration-induced, rotor-bearing contacts

would significantly degrade bearing performance.

A series of computer runs was conducted using the nonlinear load and damping char-
acteristics of the gas film to explore the region around the first natural frequency.
The results are presented in Figure 35, which compares the vibration response of

the three-degree-of-freedom system with that of the single-mass system and with
actual measured values. In order to make these comparisons as consistent as pos-
sible, all the measurements were taken with a 0.2 mil peak-to-peak shaker amplitude,
the same value used in the computer runs.* The single-degree-of-freedom resuits
predict a peak at about 160 Hz. Observation of the phase angle between the input
and response indicated a calculated undamped natural frequency of about 150 Hz. This
is consistent with simple linear theory for a single mass system which predicts

that the effect of damping is to shift the peak response of the relative displace-

m-nt above the undamped natural frequency [6].

The: threc-degree-of-freedom model results in considerably better agreement with
measured values than does the single-mass approximation. The three-mass model pro-
duces a pecak response at 130 Hz which is consistent with the previously mentioned,
m-asired, undamped frequency of 120 Hz. The effect of the gas-film non-linearity is
to lower the first natural frequency of the three-mass model by a few percent. The

foregoing is summarized in Table I.

The final scries of axial vibration tests were performed with a nonrotating shaft,
with and without vibration isolators. For either condition of mounting, the spe-

cified vibration excitation could be imposed over the complete 5- to 2,000-Hz range

*A common ipput amplitude was necessary because the ratural frequencies of non-
linear systems are amplitude dependent.
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TABLE I

Comparison of Values for the First
Natural Frequency of the

Simulator Rotor-Bearing System in the
Axial Response Mode (hydrodynamic operation at 38,500 rpm)

Undamped Natural Frequency

Resonant Frequency

(Hz) (Hz)
Analytical Model Calculated Calculated
1 mass linearized 158 -
1 mass nonlinear 150 160
3 mass linearized 128 -
3 mass nonlinear 125 130
Measured Measured
120 Between 120 & 150

*
The undamped natural frequency for the nonlinear system is actually a func-

tion of response amplitude; frequency decreases with increased amplitude.

Values stated are based on 0.2 mils peak-to-peak input.
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without exceeding safe dynamic stress levels in the thrust or journal bearing
flexures. After each nonrotating vibration sweep, the simulator was started up
and operating clearances of all bearings carefully checked. No significant change
in bearing system performance was detected as a result of the nonrotating vibra-

tion tests.

Results of Axial Shock Tests and Calculations

Figure 36 shows a typical set of test data displays for axially imposed shock with
the simulator mounted on isolators and the shaft rotating at 39,000 rpm. The top
traces of photos A and B show the relative motions between the rotor and journal-
bearing pads. Photos C and E are accelerometer traces. Photo D depicts the
casing~to-thrust-plate motion in the top trace, and the relative motion between

the casing and the reverse side of the thrust runner in the bottom trace,

Figure 37 shows a comparison of measured and calculated shock response of the
thrust-bearing film thickness for the rigidly mounted simulator with the shaft
rotating at 38,500 rpm. The calculated results were obtained using the axial
response computer program described earlier. The initial response is a gradual
increase in film thickness occurring as a result of the shock-table drop interval
preceding the impact. As the impact occurs, however, the gas film undergoes a
teversal, followed by a rapid decrease in film thickness. It is of interest to
note that a slight hump appears in the calculated response curve during the final
period of the gas-film collapse just prior to contact. It was initially thought
that this hump was due to an irregularity of the shock pulse, which was modeled
as a straight line during the drop interval. Therefore, the response was recal-

culated using the closed-form expression for a haversine as a pulse approximation.

Figure 38A shows the calculated undamped response of the thrust-bearing gas film
using the haversine shock pulse approximation. Figure 38B is a repeat of the
same calculation, but with the normal nonlinear thrust bearing damping restored.
It is concluded from these two calculations that the inflection in the thrust
bearing film thickness curve in Figure 38B results from the nonlinear property

of the gas film rather than from a quirk of the shock pulse. This characteristic

is of significant importance because,as illustrated by Figure 38B, the film
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damping results in a slower approach velocity of the runner just prior to contact.
This may result in far greater shock resistance for this type of gas bearing than

one might otherwise expect.

Figure 39 furnishes further experimental evidence of the precontact inflection,
together with further comparisons of the calculated shock response during collapse
of the thrust-bearing gas film. Before film collapse, the three~degree-of-freedom
model and the single-mass model yield similar calculated responses. The essential
difference during the collapse interval, shown in Figure 39, is that the three~
mass model predicts a simple inflection rather than the hump exhibited by the
single-mass model., The simple inflection bears a closer resemblance to measured
results and also appears for the three-mass model when a haversine approximation

is used to represent the shock pulse. It is interesting to note that there is
only a spread of about one millisecond in the contact time regardless of the model

used to represent either the simulator or the shock pulse.

Figure 40 gives further explanation of the low velocity thrust bearing contact,
The nonlinear film stiffness and damping functions are such that the damping
ratio of the rotor~gas-film system becomes very large at small values of film

clearances.

Figure 41 shows the measured shock response of the thrust-beatring gas film with
the simulator mounted on shock-and-vibration isolators. For comparison, calcu-
lated results are shown using two different values of isolator stiffness. The
agreement between calculated and measured response is considerably worse than

was indicated for the rigidly mounted case shown in Figures 27 and 39. There

is only a general agreement with respect to the gross behavior when the stiffer
value of k1 (16,000 1b/in) is used. For example, an initial peak occurs, with a
noticeable discrepancy in amplitude, in both measured and calculated responses at
about 70 milliseconds after shock-table release. This comment also applies to the
dips occurring at about 77 milliseconds and the subsequent rise. Beyond 82 milli-
seconds, the calculated and measured responses diverge considerably. At about

87 milliseconds, the experimental data indicates that the thrust runner contacts
the reverse-thrust plate. The computed response, however, does not even approach

a contact amplitude until 110 milliseconds after table release.
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The poor correlation evidenced in Figure 41 stands in sharp contrast to the close
agreement between measured and calculated results shown in Figure 37. The funda-
mental difference in the measured behavior in the two cases is as follows: when
rigid mounts are used (Figure 37), the initial collision occurs between the

thrust runner and forward-thrust plate during the table-impact interval, with
subsequent collisions between the thrust runner and reverse thrust plate; however,
when shock~and-vibration isolators are used (Figure 41), the initial collision
occurs between the thrust runner and reverse~thrust plate before the main pulse

of the table-impact interval.

The computer program was not able to predict this contact with the reverse-thrust
plate even when using a meticulous representation of the shock pulse with measured
values of acceleration obtained every millisecond during the table-drop interval,
The manner in which the isolators produce this sudden rise in film thickness to
cause reverse contact can be qualitatively discussed as follows: initially, the
shock table is released and begins to fall; the inertia of the low-frequency
system {consisting of the simulator on the isolators), along with release of the
preload on the isolators, cause an inherent response delay. Eventually the iso-
lators are fully extended and begin to ''snap back' so as to impart a sudden down-
ward acceleration to the simulator casing. The reverse~thrust plate then collides
with the thrust runner, which has its own inertia by virtue of the 10.5-pound
rotor, as we shall see presently. An accelerometer attached to the casing veri-

fi=d that this was indeed the sequence of events.

The poor quantitative correlation shown in Figure 41 results from the inadequacy
of the simple linear model used to represent the isolators. As Figure 41 indi-

cates, adjustment of the linear spring constant, k., will not, by itself, give

19
good correlation of results.

When table impact occurs at about 107 milliseconds after table release, the bass
acceleration reverses direction and tends to drive the isolators into compression.
The subsequent g-levels on the simulator become large enough to produce.compres-
sive loads in excess of those shown in Figure 21. These loads, which are of the
order of the product of the simulator wzight (120 pounds) and the g-level (17
g'sY, place the operating point above the steep region near the upper right hand

corner of Figure 21, In fact, the effective stiffness is in excess of the value



indicated because, as is shown in Reference 7, the dynamic modulus of rubber, having
the hardness measured for the subject isolator (Durometer hardness = 67), is about

twice the static modulus.

Figure 42 provides verification that the linear isolator modeling is the primary
cause for the discrepancy shown in Figure 41. 1In order to get the results shavn
in Figure 42, the computer program was run using the measured casing accelerometer
as the shock input, thereby effectively bypassing the isolators. By so doing, it
was possible to analytically predict the salient features of the thrust-bearing
gas-film response up to the point where the thrust runner collides against the re-
verse~-thrust plate. Beyond this point the computer results would not be valid be-
cause the program contains no provision for bottoming in the form of bearing sur-

face contact.
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TRANSVERSE RESPONSE

As was previously mentioned, the axial and transverse responses exhibited very
little interaction. Hence, the discussion of transverse response deals primarily
with rotor and bearing motions in the vicinity of the journal bearings, with less

relative significance attached to the thrust-bearing response.

The shock and vibration testing was conducted in two transverse directions, which
are distinguishable by the dead-load position of the rotor with respect to the
journal bearing pads. Each journal bearing consists of four identical pads
supported by individual flexures. Two adjacent pads are supported by substan-
tially stiffer flexures than are the remaining two. The two former pads will be
referred to as "rigid" pads, and the two latter as '"compliant" pads. The pad
arrangement is seen in cross section in Figure 2. The two transverse directions

in which dynamic loading was applied are defined as follows:

1. The "T1" direction, this being transverse rotor excitation in a direc-
tion parallel to the plane containing the rotor centerline and passing
midway between the pivots of the twp 'rigid'" pads;

2. The "T2" direction, this being transverse rotor excitation in a direc-
tionpempendicular to the "T1" direction (i.e., parallel to the plane con-
taining the rotor centerline and passing midway between the pivots of

one ''rigid' pad and one “compliant'' pad).

Analysis of transverse response was performed for the Tl direction only, and the

only forcing function considered was that of steady-state vibration.

Analysis Model For Transverse Vibration Calculations

A distributed-parameter model of the rotor-bearing assembly was used to analyze
system response to transversely applied vibration. This model, implemented in

a MT1 computer program, describes the rotor and casing in much the same way as

one would counsider a beam of varying cross section having continuously distributed

mass and modulus of elasticity. The basic analysis is thoroughly described in
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Reference 8 and will not be discussed in detail here.

The more significant capabilities of the computer program are pointed out in
Figure 43 which specifies the parameters usel to calculate transverse vibration
response. In addition to the large number (theoretically limitless) of degrees
of freedom arising from modeling the casing and rotor as continuous finite ele-
ments, other vibration modes result from the isolators and from the motions of
the journal bearing pads. There are a total of eight pads in the journal bearing
system and each pad has four degrees of freedom as shown in Figure 44, The
translational mode and each of the three rotational modes may be excited, there-
by giving rise to a number of frequencies at which various resonances might
occur. The various frequencies that are associated with the particular bearing

design used in the simulator are presented in tabular form in Table II.

A cross-section view of the rotor-bearing system simulator is shown in Figure 45.
The details concerning each of the significant features shown are presented in
Reference 2 and will not be dealt with here. We will consider primarily the
analytical modeling of the rotor and casing as shown in Figure 46. This latter
representation was obtained from the drawing of Figure 45 by dividing the rotor
and casing into segments of an inch or two in length. At each segment, identi-
fied by a station number, values were assigned to the equivalent physical dimen-
sions of that particular segment. In this way, complex regions could be very
closely approximated by short sections of uniform, cylindrical cross section.
The journal-bearing pad mass and inertia properties were also specified along
with the gas film characteristics., It should be emphasized that the computer
program used to determine transverse response is a sophisticated tool that has
evolved from previously successful programs to calculate unbalance response of

flexible rotors.

The gas film stiffnesses and damping characteristics of each journal bearing pad
may be expressed in terms of eight linear coefficients. Thus, ny refers to the
change in force in the x-direction due to an incremental motion in the y-direc-
tion. Similarly, Byx refers to the change in viscous damping force in the
y-direction due to an incremental velocity in the x-direction. These coefficients

are commonly treated in normalized form as follows:
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where C is the radial (machined) pad clearance, Pa is the ambient pressure, and
L and D are the nominal bearing length and diameter, respectively. These coeffi-
cients are not constants, but vary both with journal eccentricity and with fre-
quency of applied vibration. This frequency is commonly normalized by dividing
it by the rotor speed. The resulting variation of the normalized coefficients

is shown in Figure 47.

Another set of properties required by the analysis consisted of the isolator
stiffness and damping values. An attempt was made to obtain these experiment-
ally by vibrating the simulator transversely, with isolators, in the vicinity

of the natural frequency of the isolator system. Accelerometer readings were
obtained simultaneously to represent the input and output of the isolators. The
former accelerometer was located on a reasonably rigid region of cthe base while

the latter was located on the isolated simulator.

The results of these measurements, along with a series of curve-fit approxima-
tions, are presented in Figure 48. Comparison with Figure 20 reveals that,
again, the measured values are generally below the curves -obtained by a linear
system representation. The effect of increasing the damping coefficient is to
lower the analytical transmissibility values. The damping coefficient was
adopted as C = 33. It was felt that higher values tended to flatten the curve
excessively, thereby diluting the pronounced peak that was actually observed.
As in the vertical case, the nonlinearity of the isolator introduces consider-
able error in attempting to describe the response with a linear model. At any
rate, we have, at this point, determined the basic data that are required as

input to the computer program. They are:
1) Model of rotor and casing

2) Journal bearing properties and gas film characteristics

3) 1Isolator properties.
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Calculated Natural Frequencies of

Table II

Journal Bearing Pads

Pad Frequency*
Bearing Flexure Mode (Hz)
Compressor Compliant Radial 2100
Compressor Compliant Pitch 880
Compressor Compliant Roll 1170
Compressor Compliant Yaw 245
Compressor Rigid Radial 3580
Compressor Rigid Pitch 1300
Compressor Rigid Roll 1720
Compressor Rigid Yaw 370
Turbine Compliant Radial 1460
Turbine Compliant Pitch 625
Turbine Compliant Roll 860
Turbine Compliant Yaw 177
Turbine Rigid Radial 2820
Turbine Rigid Pitch 1000
Turbine Rigid Roll 1400
Turbine Rigid Yaw 290

*Shaft rotating at 39,000 rpm in air at 14.7 psia and 70°F.




Results of the transverse vibration response calculations are discussed start-

ing on page 38.

Transverse Vibration Tests

The simulator transverse vibration tests were conducted in much the same way
as were the axial vibration tests. That is, all bearing clearances were
monitored while conducting a frequency sweep and continuously adjusting the

amplitude to maximum values within the predetermined test envelope.

The most pronounced effect of vibrating the system transversely was to induce
orbital motion of the rotor that was observed at both journal bearings. Two
distinct orbital resonances were observed during the tests. The first of these
occurred at 166 Hz, and the precise nature of the rotor orbits is shown in
Figure 49. Figure 49a shows the relative displacement between the rotor and the
casing at the position of the compressor journal bearing while Figure 49b shows
the simultaneously occurring orbit in the vicinity of the turbine journal

bearing.

The other distinct orbital resonance occurred at 225 Hz; the response is shown
in Figure 50. As before, Figure 50a shows the rotor-to-casing displacement at
‘the compressor journal bearing while Figure 50b shows the corresponding turbine
bearing orbit taken simultaneously. Comparisons and further discussion of these

orbits will be deferred to the next section.

Discussion of Transverse Vibration Tests and Calculations

It has been shown, in Figures 49 and 50, that rotor-bearing system resonances
were excited at 166 and 225 Hz. These were subsequently identified as the

rotor first and second rigid-body critical speeds, respectively.

A previously developed MTI rotor lateral critical speed computer program was
used to calculate the modal shapes corresponding to these two frequencies and
the results are presented in Figure 51 which is based on Figure II-21 of Ref-

erence 2. Examination of Figure 49 indicates that the first rigid-body mode
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has a noticeably greater amplitude at the turbine journal bearing compared with

the compressor bearing. This is predicted qualitatively in Figure 51.

The measured data of Figure 50 shows that, conversely, the second rigid-body mode
produces a greater amplitude at the compressor bearing. This also is exhibited

qualitatively in Figure 51.

It is not surprising that, at each frequency, the ratio of measured maximum or-
bital values is lower than what Figure 51 would indicate. The apparent discrep-
ancy arises from the fact that pure modes are not excited in isolated ways. The
two modal frequencies are quite close together and there is probably a substan-
tial participation of the second mode at the lower forcing frequency and vice

versa.

When the previously described rotor-casing model and bearing properties were used
in the computer program to calculate transverse response, the orbits shown in
Figure 52 resulted. The input steady-state sinusoidal vibration is 12 g's peak
amplitude at 166 Hz, the same condition used to obtain the measured orbits of
Figure 49, These measured orbits are presented in Figure 52 in an idealized form
in order to make a direct comparison between measured and calculated paths. We
observe only qualitative agreement in the sense that the major dimension, or
orientation, lies roughly in the same general direction for the calculated and
measured orbits. It should also be noted that the larger orbit occurs in the
vicinity of the turbine journal bearing for both the calculated and measured

responses.

Figure 53 is similar to Figure 52 except that the applied vibration condition is
now 12 g's peak at 225 Hz, the critical speed of the second rigid body mode.
Again, we get the relatively larger calculated orbit occurring at the compressor
journal bearing as was observed in Figure 50 and predicted in Figure 51. A very
significant discrepancy, however, is noted in Figure 53: the orientations of
the measured orbits are off by about 90 degrees at the compressor journal bear-

ing and by about 45 degrees at the turbine journal bearing.

One would expect that the rotor orbits would generally have their major axes
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aligned with the direction of applied vibration. A slight perpendicular com-
ponent would arise from gyroscopic effects due to a slope along the shaft which
might occur in the vicinity of a heavy disk such as the turbine or thrust bear-
ing. Indeed such forces produce the slight elliptical broadening seen in the
calculated orbits in Figures 52 and 53. Some horizontal vibration component
was probably present, although no measurement of it was attempted. In each
case, however, the measured response component perpendicular to the direction
of motion was observed to be noticeably greater than that calculated. The dis-

crepancy is documented here, but no further attempt is made to explain it.

Although the computer program for transverse response yielded poor amplitude

and orbital orientation data, it did yield remarkably good predictions of the
resonant frequencies. This is evidenced in Figure 54 which shows the calculated
peak amplitude of the relative displacement between the rotor and the housing

as a function of frequency in the vicinity of the first and second rigid body
critical speeds. The measured amplitudes at the observed critical speeds are
spotted in on the graph, to show the poor amplitude agreement and the excellent

frequency correlation.

The first parameter that was examined in an attempt to account for the amplitude
discrepancy was the damping coefficient of the isolator. A decrease in damping
causes a decrease in the transmissibility of the isolator within the frequency
range of interest. The sensitivity of the response to this parameter is shown
in Figure 55. Comparison between Figures 54 and 55 reveals that isolator damp-
ing i3 a relatively sensitive parameter for high damping values but it becomes
less sensitive at the lower values. In fact, Figure 56 shows that regardless of
how small we consider the isolator damping coefficient to be, it is impossible
to explain the amplitude discrepancy at the turbine journal bearing solely in

terms of isolator system damping.

The next parameter to be investigated was the damping value of the journal bear-
ing gas films. Figure 56 shows that film damping is a very sensitive parameter
throughout a wide range of values. The figure shows that it was possible to
account for the discrepancy in amplitude at the compressor bearing by doubling

the damping in this bearing. The turbine journal bearing, on the other hand,
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requires a damping increase by a factor of 4 or 5 to bring the calculated ampli-

tude down to the observed experimental value.

It thus appears that a source of discrepancy in the results is damping in the
turbine region that is not properly accounted for in the computer program. This
overlooked damping may possibly arise from the dissipation of energy in the

turbine labyrinth seals.

Another interesting effect that was encountered as part of the transverse re-
sponse calculations was identification of the first bending mode of the casing,
the resonance of which corresponds to a forcing frequency of about 1440 Hz, The
mode shape of the casing is shown in Figure 57 which presents the rotor-to-
housing relative clearance for a one-mil amplitude sinusoidal input to the simu-

lator on rigid mounts.

The other calculated natural frequencies, which are associated primarily with
transverse response, are the individual journal bearing pad resonances. These
frequencies are tabulated in Table II, and the terminology for the various vibra-
tion modes was previously defined in Figure 44. The majority of the pad reson-
ances were not severely excited during the test. In fact, the only pad resonance
that was clearly identified was the radial mode of one of the compliant pads in
the turbine journal bearing. This resonance was so severe that the flexure
failed during testing at 1365 Hz. It is interesting to note that this frequency
is about 6.5% below the theoretical value as presented in Table II. The de-

tails concerning the failure are discussed in Appendix D.

Figures 58 through 61 summarize the vibration test results for transverse re-
sponse in much the same way as Figures 33 and 34 did for the axial testing.
Figure 58 presents the maximum safe operating levels for the rigidly mounted
simulator with vibration applied in the Tl direction. No attempt was made to
identify the individual component resonances while taking this data, but there
was a general tendency toward severe reaction by the compressor journal bearing
at the lower frequencies while the turbine journal bearing participated in the

higher frequency region (above 800 Hz).

Figure 59 shows the response with vibration again applied in the Tl direction,
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but this time the simulator was mounted on shock and vibration isolators. It is
evident that the isolators performed their function well except for two narrow
regions. The first of these occurred at the natural frequency of the isolators
{(between 6 Hz and 15 Hz). The second critical region occurred between 190 Hz
and 235 Hz. Within this range of frequencies the rotor exhibited the same type

of orbital motion discussed previously,

Figure 60 presents the maximum safe operating levels when vibration was applied
in the T2 direction without isolators. The same general response descriptions
for the Tl direction are also applicable here. 1In fact, the only essential dif-

ference is that there is some loading asymmetry inherent to the T2 direction.

Figure 61 shows that, once again, the isolators performed their intended func-
tion. In fact, even the orbital motions in the region between 190 and 235 Hz
remained small enough to permit testing at the maximum test envelope. This is
probably due to more of the orbital energy going into the perpendicular com-

ponent because of the asymmetrical loading. The only region that could not be

met was a one-Hz band width between 7 and 8 Hz.

We see from Figures 62 and 63 that isolators are also required in the presence
of traunsverse vibration with a nonrotating rotor. With the simulator rigidly
mounted, vibration within the frequency range from 190 to 235 Hz produced large
amplitude levels in the journal bearing flexures, regardless of whether the
vibration was applied in the T2 or the Tl direction. However, when the simu-
lator was mounted on isolators and the rotor was inert, the full test objective

could be safely accommodated in any direction.

Transverse Shock Testing

Shock testing in the transverse direction required that transducers be more
closely monitored than was the case for the axial direction, as may be seen by
comparing Figure 64 with Figure 36. The additional data presented iz Figure 64
results from two facrors: 1) orbital motion between the rotor and casing

i3 eqcited, a3 indicated in oscilloscope photos b, ¢ and d; and 2) the journal
bzariag pad-to-rotor motions are significantly induced by transverse shock, as

15 s3¢en in photos a. e, £, and h,
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The remaining photo, g, presents an accelerometer reading on the input side of
the isolators (lower trace) and one on the output side (upper trace). These
simultaneous traces, taken collectively, indicate that the effect of the isola-
tors was to reduce the amplitude of transversely applied shock by a factor of
two. A secondary effect was to spread the shock pulse over a longer time, which
indicates that much of the shock energy was transferred rather than immediately
dissipated by the isolators. Figure 64 also gives a good indication of the type
of data that was displayed on the screens of the oscilloscopes shown in the
"Data-Displays" section of Figure 10. Although the nature of the responses were
completely different for the axial and transverse excitations, the same displays
were monitored. The only circumstance in which basically different monitoring
was required was when the nonrotating tests were conducted, as these required

paying considerable attention to strain-gage data.
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PHYSICAL EFFECTS ON BEARING SURFACES AND COMPONENTS

At the start of this study, the turbocompressor simulator, which had previously
been used for training purposes, was disassembled and overhauled by replacing
worn or defective components. Then the active bearing surfaces were refurbished
and photographed for later comparisons (''before-and-after'). The condition of
these surfaces, at various intervals in the test program, is fully documented in

Appendix C.

After the machine was reassembled, adjusted, and brought up to operating speed
(39,000 rpm), testing was begun by applying vibration in the axial direction
with the simulator rigidly mounted. Toward the end of these tests, one of the
pad supports in the turbine-end journal bearing failed. The location of this
support, referred to as a pad flexure, is shown schematically in Figure 2
adjacent to probe PF22 in the upper-~right-hand corner of Section BB. The
flexure and its associated pad were in resonance at 1365 Hz, the frequency of

applied vibration, when the failure occurred.

Figure D1 of Appendix D presents two views of the failed turbine-end journal-
bearing flexure. The failure was detected from the instrumentation signals which
describe the position of the journal relative to the casing, as well as from the
signals which describe the film thickness between each pad and the journal.

These signals indicated a sudden displacement of the journal, followed by
repeated contacting between the pads and journal. The simulator was shut down
without difficulty. The broken flexure was located, removed, and replaced with

a spare during a partial disassembly of the simulator. Visual inspection of the
journal at this time did not reveal any . debris nor any damage to the journal or

pad as a result of the failure; the simulator was reassembled and testing was

resumed.

Appendix D contains a complete report on the failed flexure. The report concludes
that the failure resulted from the propagation of a crack which was formed during
the quenching operation of the heat treatment process used when fabricating the

part. Since the failure occurred when a resonance of this particular component

was being explored, it seems reasonable to conclude that the amplitude of the
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dynamic deflection at resonance resulted in a stress level of sufficient magnitude
to permit accelerated crack propagation. It should be noted that materials,
design techniques, and heat treatment techniques exist that permit the avoidance
of this particular type of failure in future flexure designs. The following
paragraphs document the sequence in which the vibration and shock testing was
performed, and the results of the periodic checks and inspections of the bearing

‘parts made during the tests. :

The first series of vibration tests, as identified below, were all conducted with

the simulator running at 39,000 rpm:

1. Axial vibration, rigid mounts
2. Axial vibration, isolation mounts
*
3. Transverse (Tl) vibration, rigid mounts

4, Transverse (T1l) vibration, isolation mounts.

At the conclusion of the above tests, a complete disassembly and inspection of

the bearing parts was performed. The results of this inspection are documented

in Appendix C. The bearing surfaces appeared to have collected some dust and other
fine debris as the result of moisture and incomplete filtering of the air used

to drive the rotor. The surfaces were cleaned with soap and water, then with
alcohol. The simulator was then reassembled and adjusted in preparation for

the nonrotating (rotor inert) tests.

The following series of vibration tests were next conducted with the rotor in a

nonrotating condition:

Transverse (Tl) vibration, isolation mounts
Transverse (Tl) vibration, rigid mounts

Transverse (T2) vibration, isolation mounts

Axial vibration, isolation mounts

1
2
3
4. Transverse (T2) vibration, rigid mounts
5
6

. Axial vibration, rigid mounts.

*Recall that (Tl) refers to the transverse direction with the rotor supported
by the two adjacent 'rigid" pads, while the (T2) direction is also transverse
but with the rotor supported by one '"rigid" and one adjacent '"compliant" pad.
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At the conclusion of the transverse testing indicated above, one journal bearing
pad was removed and inspected because a small, but noticeable, increase in the
housing-to-rotor clearance had occurred. The pad surface was lightly covered
with a small amount of chrome oxide (coating) dust and the pad pivot had slight
wear marks. These indications were not considered significant, so the pad was

replaced, adjusted, and testing continued.

Upon completion of all the above indicated nonrotating tests, a complete strip-
down and inspection of bearing parts was performed, including photographing the
bearing surfaces. This stripdown is also documented in Appendix C. It includes
photos of the pivot surfaces. Parts were thoroughly cleaned, and the machine
was reassembled for resumption of tests. The vibration testing was concluded

by conducting the following test series at a rotor speed of 39,000 rpm:

1. Transverse (T2) vibration, isolation mounts

2. Transverse (T2) vibration, rigid mounts.

At the counclusion of these tests, another disassembly, inspection, and reassembly
(without cleaning) was accomplished before shock testing. All pad pivots were
replaced at this point in order that the shock effects could be assessed
independent of the vibration history of these components. The pads, on the

other hand, were left intact because of the expense involved in their replacement.

As was mentioned earlier, the shock-test objective was to apply a 20-g, 10-milli-
second, half-sine pulse to the simulator in each of three directions, using both
rigid mounts and isolators, and with the rotor rumning and then inert. Early

in the shock-test program, however, an error in the setting of a pressure
regulating valve on the shock-test machine resulted in four axial impacts being
imposed at a 60-g level, instead of the specified 20-g level. The shaft was

rotating during these 60-g impacts and the simulator was mounted on isolators.

No change in bearing performance was noted as a result of this high level of
shock. During an inspection following the last of these high impacts, it was
noted that the dynamic deflection of the simulator on the isolators was
approximately one inch. Also, a fitting was nearly sheared off from the piping
which provided external pressure to the thrust bearing for startup purposes.
Since this fitting was one of two which were connected in parallel, it was

removed, the hole was plugged, and testing was resumed. Clearance checks were



performed and, as has been stated, no damage or deterioration was detected from

the excessively high shock pulses.

A total of 73 impacts were imposed on the simulator before the shock testing was
completed and the machine was stripped down for the final inspection. Results
of the final inspection are shown in Appendix C. Other than a few minor wear
areas and rub spots, the bearing surfaces were unaffected by all of the testing,
even though repeated rotor-bearing ¢ontacts occurred during the shock testing.
Furthermore, there was no apparent degradation in performance as a result of the
engine shock~and-vibration test program. A breakdown of the 73 impacts imposed

on the simulator is as follows:

1. 42 impacts in the axial direction
2., 18 impacts in the Tl transverse direction

3. 13 impacts in the T2 transverse directionm.

With respect to the nonrotating vibration tests (these being the only vibration
tests during which bearing contact occurred), a total of 27 minutes of test time
was accumulated; approximately 17 minutes in the transverse directions and

10 minutes in the axial direction.

Throughout the test program, the journal bearings were operated hydrodynamically
during simulator startup and shutdown. This means that there was dry sliding

of the journal bearing surfaces during the intervals of initial startup and final
shutdown (i.e., during the intervals when shaft speed was not sufficient to
generate a hydrodynamic gas film). In excess of 40 hydrodynamic startups were
accumulated with the simulator horizontal (i.e., with shaft weight supported

by the journal bearings). Many more startup cycles were accumulated with the
simulator vertical. As has been demonstrated in previous material evaluation
studies, the plasma-sprayed chrome oxide coating used on all of the bearing
surfaces survived the start-stop sliding and the vibration- and shock-induced

contacts in excellent condition.
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CONCLUSIONS

The objective of this study was to obtain an initial assessment of the effects
of environmental shock and vibration on the mechanical performance of gas-lub-
ricated Brayton Cycle turbomachinery for space-power applications. A three-

fold approach was used to make this assessment:

1. Experimental observation of the effects of shock and vibration on
the performance of a gas-lubricated rotor-bearing system of known

characteristics;

2. Periodic inspection of the bearing parts and bearing surfaces during
the course of the shock and vibration test program, to determine the

extent of rotor-bearing system damage and/or wear resulting from the

shock - and vibration-induced dynamic stresses and bearing contacts;

3. Development of analytical methods for predicting shock and vibration
response of gas-lubricated rotor-bearing systems, and validation of
the analytical methods via comparison of predicted and measured re-

sponses for the experimental shock and vibration test system.

Observations and conclusions resulting from this threefold assessment are pre-

sented in the following paragraphs.

Experimental Observations

Observations of the rotor-bearing system response during the sinusoidal vibra-
tion tests with shaft rotation and rigid mounts, revealed a strong susceptibil-
ity for bearing contacts over a broad frequency range encompassing the three

rigid-body critical speeds of the rotor. These critical speeds, all occurring

below the 650 Hz rotational speed of the simulator, were as follows:

1. An axial critical speed of the rotor on the thrust bearing at about

130 Hz which produced large dynamic amplitudes in the thrust bearing

film;



2. Transverse critical speeds of the rotor on the journal bearings at 166

and 225 Hz which produced large orbital motions of the rotor.

At excitation frequencies above the rotor speed, there were likewise broad fre-
quency ranges where the susceptibility for bearing contacts was high., These
frequency regions were associated with the individual journal bearing pads, with
the rotor casing, with the simulator test stand, and with the vibration test

machine itself.

The use of vibration isolation mounts greatly reduced the susceptibility for bear-
ing contacts. At excitation frequencies above rotor speed, the vibration test
objectives were fully achieved (for the conditions of shaft rotation and contact-
free operation of the bearings) when isolators were used. However, except for
the T2 transverse direction, the objective input vibration amplitudes still could
not be achieved in narrow frequency bands around the three rigid-body critical
speeds of the rotor. Furthermore, the isolators aggravated the rotor-bearing
system response in the frequency region below 20 Hz because of the low-frequency

casing resonance associated with the isolators.

Application of 20-g, 10-millisecond shock pulses to the running simulator caused
rotor-bearing contacts for all three directions of the applied shock loads. The
useé of isolators did not prevent the contacts, but did change the nature of the
shock response. For example, axially applied shock without the isolators caused
the initial bearing contact to occur between the thrust runner and the forward
thrust plate, whereas the initial contact occurred between the runner and the re-

verse thrust plate when isolators were used.

A subtle, but noticeable and significant, effect was observed during axial shock
testing without isolation mounts. Initially the runner would rapidly approach
the thrust plate as the gas film collapsed. Then, quite suddenly, the velocity
appreciably decreased just before contact. This braking action (which has been
identified by the analysis results to be due to gas-film damping) greatly re-

duces the thrust bearing susceptibility to shock damage.
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Bearing System Damage and Wear

Early in the vibration test program, there was a failure of one of the pad-
support flexures in the turbine-end journal bearing. This failure occurred
while purposely exciting the resonant frequency of the flexure. The cause of
the failure is fully documented in Appendix D. Improved design and manufactur-
ing procedures, as well as improved materials, are available which can eliminate

this type of flexure failure.

Aside from the flexure failure, there was no significant effect of the shock
and vibration testing on the condition of the bearing surfaces and bearing
parts. Excluding a few minor wear areas and polished rub spots, the surfaces
were essentially unaffected by the testing even though several rotor-bearing
contacts occurred during each of the 73 shock tests, and continuous contacting
occurred during the nonrotating vibration tests. In addition, "dry" (hydro-
dynamic) starts and stops of the simulator were performed without difficulty

throughout the shock and vibration test program.

It should be recognized that the ability of gas bearings to uperate reliably
under repeated contact and sliding conditions is strongly influenced by the
surfacing materials used on the bearings. This has been demonstrated by tests
reported in References 1, 2, 9 and 10. The bearing parts used in the simulator
for the shock and vibration tests were all surfaced with plasma-sprayed chrome
oxide. Chrome oxide is the optimum surfacing material thus far identified for

gas bearings for temperatures up to 600°F.

Analvtical Study of Shock and Vibration Response

Separate analyses were performed for the axial and the transverse responses.,
The axial analysis dealt with response of the rotor/thrust-bearing system,
both with and without isolation of the rotor casing. Both axial shock and
axial vibration excitation were considered. The transverse analysis dealt
with response of the rotor/journal-bearing system, both with and without

isolators. Only transverse vibration excitation was treated.

The adequacy of the shock and vibration analyses were assessed by comparing
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measured and calculated responses for the rotor-bearing system simulator. A
single computer program was developed and used to perform all of the axial re-
sponse calculations with the simulator considered either as a three-mass system
or a one-mass system. Using the three-mass model for the rigidly mounted simu-
lator, the first axial critical speed, and the corresponding response amplitudes,
were accurately predicted. Accurate predictions of the axial critical speed

could not be obtained with the single-mass model.

The axial shock response, in terms of amplitude/time history, total time to con-
tact, and the nature of the braking effect which occurs just before rotor bottom-
ing, was accurately calculated using the three-mass model of the simulator on
rigid mounts. Reasonably good agreement with the measured responses could also
be obtained with the single-mass model of the rigidly mounted simulator. How-
ever, for the case of the simulator mounted on isolators (for which the three-
mass model must be used), only qualitiative agreement was obtained between the
calculated and measured axial shock response. The poor quantitative correlation
was found to be due to the fact that the isolators were modeled é; linear ele-
ments. Subsequent measurements showed the isclator load characteristics to be
highly nonlinear. This source of error was verified by bypassing the isoclators
and using the measured casing acceleration as the input shock function for the
computer program. The resulting response calculation was in close agreement with

the measured response.

Simply expressed, the fundamental conclusion relating to the axial response cal-
culations is that the masses, stiffnesses, and nonlinear-gas-film properties

were all adequately modeled; the shock-and-vibration isolators were not.

The most significant aspect of the analytical approach used to predict the axial
responseé is the application of simple, frequency-independent, nonlinear functiops
to approximate the theoretical static load capacity and small-amplitude (sinusoi-
dal) viscous damping characteristics of the thrust-bearing gas f£film. This
simplified approach eliminates having to perform a step-by-step solution of the
Reynolds equation simultaneously with the ordinary differential equations of the
mechanical elements. The simplified approach can be solved much more rapidly

than can the rigorous system equations.
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Calculations of transverse response were made only for the case of steady-state
vibration applied to the simulator through vibration isolators. The signifi-

cant frequencies calculated were:

1. All journal bearing pad resonances
2., First resonant bending frequency of the rotor casing

3. First and second transverse critical speeds of the rotor.

The only pad resonant frequency that was experimentally identified was within
seven percent of the calculated value. The casing resonance was not clearly
identified experimentally, but there were indications that it occurred in the

vicinity of the calculated resonance.

The first and second transverse critical speeds of the rotor-bearing system
were calculated to within one percent of the measured values. However, ampli-
tudes and orientation of the rotor-to-casing displacements were considerably
in error. This could be due to several reasons, listed in the following

order of likelihood:

1. "Large amplitude" nonlinear stiffness and damping effects in the

journal bearings which were not represented in the analysis;

2. The effect of damping from the thrust bearing and from the shaft

labyrinth seals which was also neglected in the calculations;

3. The effect of "cross talk" (a small amount of horizontal vibration)
which was present in the vibration table, but not accounted-for in

the analysis.

Summary of Significant Results

The significant results of this investigation are summarized below. From a
quantitative standpoint, it must be remembered that the results apply to one
specific rotor-bearing system. From a phenomenological standpoint, however,
the system response characteristics are indicative of those which would be

exhibited by similarly configured gas-lubricated rotor-bearing systems.
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Shock Tests

Gas-lubricated rotor-bearing systems of the type tested can satisfac-
torily survive at least a limited number of externally imposed 10-
millisecond, 20-g shock impulses, both with and without shaft rotation,
and with or without isolation mounts. For the system tested, momentary
contacts between the rotating and stationary bearing surfaces were
observed under all test conditions. However, there was no surface dam-

age or degradation of bearing performance as a result of these contacts.

Sinusoidal Vibration Tests — Shutdown Condition (Nonrotating Shaft)

3.

Under shutdown (nonrotating) conditions, gas-bearing-supported rotor
systems of the type tested can satisfactorily survive, at least for
a limited period of time, axial imposition of the specified sinusoidal

vibration conditions, either with or without isolation mounts.

For transversely imposed vibration under shutdown (nonrotating) con-
ditions, vibration isolation may be required to survive the specified
sinusoidal excitation conditions. During the nonrotating transverse
vibration tests without isolators, the objective input excitation levels
could not be achieved in the frequency range from 190 to 235 Hz, this
being the region of one of the critical speeds (resonant frequencies) of
the nonrotating shaft. The limiting factor in this frequency range was
deflection (overstressing) of the flexures used to support the individual
journal bearing pads. With isolators installed, excitation of the flex-
ures was greatly reduced and the objective input vibration levels could

be safely imposed in the two transverse directions.

A total of 27 minutes of vibration testing was accumulated under non-
rotating conditions. No damage to the bearing surfaces nor degradation

of bearing performance was detected as a result of the nonrotating tests.

Sinusoidal Vibration Tests — Normal Operation (Rotating Shaft)

1.

Under normal rotating conditions, gas-lubricated rotor-bearing systems
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of the type tested may have to be vibration isolated to survive the
specified sinusoidal vibration ccnditions. During the shkaft rotation
tests without isolation, rotor-to-bearing contacts became imminent,
over broad regions of the frequency spectrum, at input vibration
levels considerably below the test objectives. However, with isola-
tors installed, the objective vibration input levels were achieved,
without bearing contacts, over most of the frequency range. Only in
the vicinity of the isolator resonant frequency (approximately 12 Hz},
and in tte vicinity of the rotor critical speeds (130, 166, and 225
Hz), did bearing contact beccme imminent at less than the objective

vibration input levels.

Input vibration levels were carefully controlled during the rotating
vibraticon tests to prevent the occurrence of bearing contacts. Con-
sequently, it is not known whether bearing performarce would Lave

been aegraded under vibration-induced contact conditions.

Calculated Shock and Vibration Response
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Accurate predictions of the axial shock and vibration response of gas-
bearing machinery can be obtained using a three-degree-of freedom
analytical model of the rotor-bearing system with nonlinear representa-
tion of the load and damping characteristics of the thrust beariang gas
film. An approximate, simplified method of representing the gas-film
nonlinearities can be used which yields both accurate and economic

{(in terms of computer cost) solutioms. The only drawback of the herein
presented axial response analysis is the modeling of the vibration
isolators in terms of linear stiffness and damping ccefficients. Under
shock conditions (i.e., large displacement conditions?} the isolators

are quite nonlinear and must be so modeled.

Azcurate predictions of the transverse resonant frequiencies of the
rotor-bearing test system were obtained using the finite-element
analysis model of the rotor and rotor casing, together with the linear-

ized journal bearing stiffness and damping coefficients., There was,



however, considerable discrepancy between the calculated and measured
amplitudes of vibration, and of the rotor-to-casing orbit shapes. Cal-
culated amplitudes were considerably higher than the measured ampli-
tudes. The discrepancy in calculated amplitudes may be due to '"large
amplitude'" nonlinear stiffness and damping effects in the journal
bearings which were not represented in the analysis. There was also a
small amount of horizontal vibration (cross talk) in the vibration
table which was neglected in the calculations. Finally, there may have
been significant damping from the thrust bearing and from the shaft
labyrinth seals, These sources of damping were also neglected in the

analysis.

3. The analysis results clearly show the beneficial effects of gas-bearing
squeeze-film damping on minimizing the severity of shocli-induced bear-
ing contacts. Gas-bearing systems which must operate under shock
conditions should be optimized to take maximum advantage of this

effect.

The above listed results indicate that 10-millisecond, 20-g shock pulses should
not be a problem for gas-lubricated Brayton Cycle space-power turbomachinery.
Sinusoidal vibration could be a problem, particularly if imposed during shaft
rotation. The use of vibration isolators appears to be a solution to the vibra-
tion problems during shutdown (nonrotating) conditions. During rotation, the

use of isolators greatly reduces, but may not eliminate, the possibility of vibra-
tion-induced bearing contacts. Further testing will be required tu identify if

such contacts would cause bearing damage or degradation of bearing performance.
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RECOMMENDATIONS

This report describes the results of work performed under Tasks I and II of
NASA Contract NASw-1713. Additional work is currently being performed under
Tasks III and IV of the contract as follows:

Task III - Extension of the axial response computer program to permit
nonlinear modeling of isolation mounts; Development of
an axial response computer program for random vibration

excitation.

Task IV - Experimental test and evaluation of the Brayton Rotating
Unit (BRU) simulator under vibration and shock conditions,

including random vibration.

As a result of the above on-going contract tasks it is somewhat premature to
formulare a list of recommendations until these tasks are completed. There is,
however, one important question identified by the herein reported work which

will have to be investigated at some point.

During all of the vibration tests performed while the simulator shaft was
rotating, the input vibration amplitudes were always controlled to maintain
contact-free operation of the simulator bearings. Because of this intentional
desire to prevent bearing contacts, there were numerous instances when the
cbjective input vibration amplitudes were not attained because of the imminence
of contacts. Figures 33, 58 and 60 show that without isolation, there were broad
frequency ranges over which the objective input amplitudes were not attained.
Figures 34 and 59 show that even with isolators, there were a few narrow

frequency ranges where, again, the objective input levels were not attained.

An important question naturally arises from these results. If the vibration
tests had been conducted at the objective input levels over the total 5- to
2,000-Hz frequency range, there undoubtedly would have been bearing contacts

within certain frequency regions. The question is, would there have been

bearing damage, or degradation of bearing performance, as a results of the




vibration-induced contacts? It appears that the effects of vibration-induced

contacts during shaft rotation must be experimentally assessed in the near future.
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APPENDIX A
EQUATIONS OF MOTION FOR ARTAL RESPONSE

If we represent the displacement of the three masses shown in Figure 15 as X5

3 and represent the displacement of the base as xy in the same inertial

frame, then the three equations of motion may be written directly from Newton's

x2, and x

laws. If we introduce an aerodynamic force, Fa’ acting on My, (the rotor), and

take g to be the local gravitational acceleration, the equations are:

m ¥, = kz(x2 - xl) - kl(xl - xb) - cl(x1 - xb) - mg (A1)
m,X, = -G(h,h) - k2(x2 - xl) - mg (A2)
maX, = Fa + G(h,h) - m,g (A3)

These equations can be expressed in a form more amenable to laboratory measure-

ments by some redefinition. Resolving the generalized gas force G into an elastic

load component and a damping (dissipative) component, we get:
G(h,h) = W(h) - h B(h) (A%)

Note that initial conditions may be obtained by considering the system to be in

static equilibrium for which (Al), (A2), and (A3) become

0 = kz(i2 - %)) - kl('il - %) -mg (A5)
0 =-W(h) - ky(X, - X)) - myg (A6)
0=F_ + w(h) - myg (A7)

where El’ 22, §3, and §b are the values of the coordinates at static equilibrium.
The equations of motion can also be written in terms of coordinates referenced to

the static equilibrium position of the system by means of the transformation:

vy =% T X (a8)
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and similarly. for the coordinates locating m,, Mg, and the base, b. We also

define an initial film clearance,. h, by

h = 23 - 322 (A9)

The actual value of h is determined by the weight of the rotor, the force, Fa’
and the thrust-bearing static-load characteristic to be discussed shortly.
Applying the relationships (A4) through (A9) to Equations (Al), (A2), and (A3)
produces a set of equations of motion whose coordinates are referenced to static

equilibrium:
m¥) = ky(y, - yy) - k(v myp) m ey - Fy) (a10)

m,$, =Wlyy =y, + h] + Wlh] + (¥ - ¥,) Bly; - v, + h] - k,(y, - y;) (all)

m,5 =-W(h] + wa3 -y, t h] - (5 - ¥, B[y3 -y, t h] (A12)

Note!! The expressions in square brackets immediately following W and B are argu-
ments of the nonlinear functions W and B. For example, the value of B, in gen-
eral, depends upon the value of the film thickness, h. The value of B determined
in Equation (Al2) is that which occurs when h = [y3 - Y, + E].

Equations (Al10) through (Al2) were expressed as a set of six, simultaneous, first-
order, nonlinear differential equations. These equations were programmed on a
digital computer using a fourth-order, Runge-Kutta, integration technique supple-

mented by an error control method which continuously adjusted the integration

step size to maintain solution accuracy within prescribed limits.

In certain instances, computer time is saved without significant loss in accuracy
by representing the system with a single-degree-of-freedom model. This is per-
missible when the thrust-~bearing gas film provides substantially all of the com-
pliance in the system. The analysis of such a simplified system results in a
single, second-order, nonlinear, differential equation which describeg the motion
of a single lumped mass, m (the rotor), in terms of a displacement coordinate, x,

in an inertial reference frame:



Y3

¥ = F_ + W(h) - hB(h) - mg (A13)

As before, the motion is better expressed with respect to the position of static

equilibrium., Using the same manipulations previously performed we arrive at:
m§ = Wh) - W(h) - (3 - §,) B(h) (A14)

where y defines the position of the rotor with respect to static equilibrium.
Since the equations of motion are written for all three representations of the
system, (i.e., three-mass rigid mount, three-mass isolation mount, and one-mass
rigid mount) in terms of general base motion, the computer program was written

to handle any of the following four types of forcing functions expressed as either
base acceleration or as base displacement: continuous vibration, half-sine shock,
haversine shock, or arbitrary shock pulse read in as a table of amplitude and

time values.

As shall be shown in Appendix B, the computer program user can either elect to
represent his system by Figure 15 or 16, which results in simultaneous solution
of (A10), (A1l), and (Al2); or he may elect to use the representation of Figure
14 which requires only the solution of (Al4).
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APPENDIX B
AXTAL RESPONSE COMPUTER PROGRAM

This appendix presents a complete listing of the computer program, (written in
the FORTRAN IV language), used to calculate axial response of the system as re-
presented by Figures 14, 15, or 16. It also provides detailed instructions for
preparing the input data cards, along with sample input and sample printed output

Some of the typical graphical output has already been presented in the main text.
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PROGRAM

INPUT

Card 1 Read NCASE, TITLE

F

ORMAT (X5, 75H)

Set NCASE = Any nonzero character to sequentially identify the case being
computed (a blank here will stop the program)
Title = Any message to describe case being computed. If computer

graphs are requested, this message will appear at top of graph.

Card 2 Read MODEL, LOADF, IDAMP, IFOFT, ICC, MOTION

F

These ar

Physical
MODEL
MODEL
MODEL

ORMAT (61I5)

e options as follows:

Model

1. Complete system on isolators

2. Complete system on rigid mounts with flexible lower casing.

3. Simple model, gas film with nonlinear stiffness and damping; rigid

casing and mounts.

Gas film properties

]

LOADF
LOADF
IDAMP
IDAMP

Type of
IFOFT
IFOFT
IFOFT
IFOFT

I

Calcomp
ICC = 12
ICC = 13

Exponential load

4
5 Power function load
6 Exponential damping
7

Power function damping

Excitation Function

8 Continuous sine function
9 Shock function half sine
10 Shock function haversine

11 Shock function (table)

desired?
Yes

No
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Is forcing function described in terms of displacement or acceleration?
MOTION = O 1if forcing function input represents displacement in inches.

MOTION = 1 if forcing function input represents acceleration in g's.

Card 3 - data is dependent upon "MODEL" option as follows:

If MODEL = 3

Read M3

FORMAT (20X, E10.4)

M3 = weight of rotor (1lb)
If MODEL = 2

Read M1, M2, M3, K1, Cl, K2
FORMAT (6E10.4)

Ml = Weight of '"lumped'" mass assigned to lower region of casing (1lb)

M2 = Weight of thrust bearing stator (1lb)

M3 = Weight of rotor (1lb)

Kl = Value of "lumped' stiffness assigned to lower region of casing (1b/in.)
CL = 0.0

K2 = Stiffness of thrust bearing flexure (1b/in)

If MODEL = 1

Read M1, M2, M3, K1, Cl, K2
FORMAT (6E10.4)

Ml = Weight of casing (1b)

M2 = Weight of thrust bearing stator (1b)

M3 = Weight of rotor (1b)

Kl = Total stiffness of isolators (lb/in.)
Cl = Total damping of isolators (lb sec/in:)

K2 = Stiffness of thrust bearing flexure (lb/in.)
Card 4 - data is dependent upon 'LOADF" and "IDAMP' options as follows:
RFAD ALOAD, BLOAD, CLOAD, DLOAD, ADAMP, BDAMP, CDAMP, DDAMP

FORMAT (8E10.4)

If LOADF = 4 the expression used to represent the nonlinear load characteristic

of the gas film is



W(h) = AePP

where:

ALCAD = A
BLOAD = B
CLOAD = O.
DLOAD = 0.

If LOADF = 5 the expression used to represent the nonlinear load characteristic

is
W(h) = ChD
where:
ALOAD = 0.
BLOAD = O.
CLOAD = C
DLOAD = D

If IDAMP = 6 the gas film damping is given by
B(h) = AeBh
where:
ADAMP = A
BDAMP = B
CDAMP = O,
DDAMP = O,

If IDAMP = 7 the gas film damping is given by
B(h) = ch®
where:
ADAMP = O
BDAMP = O
CDAMP = C
DDAMP = D

Card 5 - Read GL, FA, ELIM
FORMAT (3E10.4)

GL = Local gravitation acceleration in 'g's"

(GL = 1.0 on earth's surface.)
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FA = Net aerodynamically induced axial force on rotor (positive, if force is up-
ward)
ELIM = Nonlinear load and damping functions are held constant at film thicknesses

less than "ELIM" inches
Card 6 - Data is dependent upon options chosen for IFOFT and MOTION.
If TFOFT = 8 Read AMPLD, FREQ

FORMAT (2E10.4)

AMPLD = amplitude of sinusoidal forcing function.

If MOTION = 0, AMPLD = displacement in inches

If MOTION = 1, AMPLD = acceleration in g's.

FREQ = frequency of forcing function in Hertz (cps)
If IFOFT = 9 Read PEAKS, PDURS

FORMAT (2E10.4)

PEAKS = peak value of half sine shock pulse

If MOTION 0, PEAKS
If MOTION 1, PEAKS
PDURS = duration of half sine shock pulse (seconds)

]

displacement in inches

acceleration in g's

If IFOFT = 10 Read PEAKH, PDURH

FORMAT (2E10.4)

PEAKH = peak value of haversine (shock machine half sine) pulse
If MOTION
If MOTION
PDURH = duration of haversine shock pulse (seconds)
If IFOFT = 11 Read NINC, TINCP

FORMAT (I5, E10.4)

NINC = number of evenly spaced intervals in pulse

0, PEAKH = displacement in inches

1, PEAKH = acceleration in g's

TINCP = time interval of each of the above increments

This data card must be followed by as many data cards as are necessary to repre-

sent the shock pulse. Call these cards 6A, 6B, etc.

Cards 6A, 6B, etc: Read PUVAL
FORMAT (8E10.4)
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PUVAL = values of the shock pulse at each increment specified above. Values must

be contiguous starting with the first increment.
If MOTION = 0, PUVAL = displacement in inches.
If MOTION = 1, PUVAL = acceleration in g's.

Note, if more than one increment size is desired, a different case may be run for

each step size by using the conditions at the change point as restart values.

Card 7

Read IPSTEP, M, MAXINC, NCYCLS, TPRINT, TMAX, H, E, HM, RERR

FORMAT (415, 6E10.4)

This card controls the precision and duration of the internal computation and

output,
IPSTEP

MAXINC

NCYCLS

TPRINT

=

)

]

ratio of printed to plotted output points. In most cases IPSTEP = 1.

number of integrations performed internally before step size is auto-
matically adjusted. Usuvally M = 2., This will result in the best

trade off between precision and economy.

the maximum number of internal integrations before program shuts it-
self off. This is a safety control to prevent exorbitant computer
charges due to unforeseeable misbehavior of the solution.

Recommended MAXINC = 1000,

the number of cycles for which the solution will be calculated beyond
the first minimum and maximum after the shock pulse ceases to act.

NCYCLS has meaning only for shock pulses. Usually NCYCLS = O.

output control which establishes the step size of printed and plotted
output {(seconds). May be any convenient interval into which we
want to divide the time range of the solution, generally a few hun-
dred points or so. Example: If we expect the range of interest to
be between 0 and 2 seconds and we think 200 solution points are ade-
quate to describe the system behavior in detail, we select
2 seconds
TPRINT = 200 = 0.01
and will get results at 10 milliseconds, 20 milliseconds, etc.
63



o
o

Ax

=

S

HM =

RERR

Card

8

maximum time value (seconds for which solutions will be computed.
This is another safety feature designed to prevent excessive compu-
tational charges resulting from some unforeseeable characteristic
of the solution. Normally this value should be twice as large as w2

expect the solution to run.

time increment (seconds for which to begin internal computations.

Recommended value is 1/4 of TPRINT.

maximum absolute error permitted in internal computation.

Recommended value is .01

minimum step size (seconds) for internal calculation. This paramster
is another safety measure which keeps the step size from approaching
zero in order to strive for greater accuracy. Recommended minimum

value: 1/100 of TPRINT

comparable to E, except that RERR represents relative error whereas,

E represents absolute error. Recommended value 0.01l.

Initial value or RESTART CARDS

Sew znalysis section for definition of these coordinates

READ TINIT, YLIN, Y2IN, Y3IN, V1IN, VZIN, V3IN

FORMAT (7ELQ.43

TINIT
Y 1IN
YZ2IN
Y3IN
VIIN
V2IN

V3IN

Rep-a

Thra will

64
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t

initial or restart

time {seconds)

initial value of Yl (inches)
initial value of Y, (inches)
initial value of Y; (inches)
initial value of Vl (inches/sec)
initial value of v, (inches/sec)
initial value of V3 (inches/sec)

all above cards for

stop the nrogram

each case. Insert a blank card as the last

egracefully.

data c4rd.
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DATA INPUT EXAMPLE

35 F1I6 CALCULATED LOwW-FREQUENCY VIBRATION RESPONSE
3 4 7 8 12 0

10.5
105. -2554 484 0. 0. 0. 0. 3.11123E-4 =1.49842
l. 0. 00005
«015 17.
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PN939, RESPONSE OF VERTICAL THRUST BEARING TO AXIALLY-APPLIED SHOCK OR VIBRATION

€0 B8 SR RP BV AU T HO A2 EL RS GBI AB EA A IR ES RS IS EABA A SA SA SO HV AV RS G4SN SR AP S B RO ER ES AP SO R KR RE AR SR A KB SR KX AR S AR X SE XS R KD SN EB §
46 HAVFRSINE APPRPOXTIMATION TO HARN MOUNT SHOCK PULSE. REF CASE 23

T-21-19%9

PROGR AM OPT TONS
OPTTIONS SELECTED FOR THIS PARTICULAR RUN ARE DESIGNATED BY

0P TION

P RS ES B XD HE SN S HS kD D ST RS XS AN AP H A ED FE ED FS AP SD HD N ET AS CD 2 D A BA RSB IR S KD ED ML EFEP NS B SE NS K RS D S CA I S RPN S SN I PR DTS &

CHOYCE OF VIBRATION MODFL

I = THRFE-DEGREE NF FPEEDOM SYSTEM USING ISOLATORS

2 - THREE-DEGREE OF FPREEDOM SYSTEM USING RIGID MOUNTS

3 = SIMPLE MODELs ENTIRELY RIGID EXCEPT FOR GAS FILM

ST D R OE SPGB SF XD AN R FP IS AL GV SS N S KR S ED D S FF KX ST RV AR SSRGS GO AN AP RS R ST AR FPH SR RN NS AD KS B S kA kR SR B HR S XS LD SF SR SH KB D B

GAS FILM FUNCTIONAL RFPRESENTAT ION

LOAD CHARACTERISTIC

4 - EXPONENTIAL Lt OAD CHARAC TE RISTIC

5 = POYER FUNCTION LOAD CHARACTERISTIC

DAMPING CHARACTERISTIC

b = EXPONENTTAL PAMPING C OF FF IC IENT

7 = POVER FUNCTION DAMPING COEF FTCIENT

FREB OO RR PR ET R ED RSB D S AN XFEP AR AT OEN 6B XD XN P S KX €9 U SS SN U SE G S OB SD OD FH BV FE S R RV S FE CR ES SR GRS SS FS SH ER S G I S S B B &

NESCRTPTION NF GAS FILM

THE EXPONENTIAL LOAD CHARACTERISTIC IS OF THE FORM
LOAD (LB) = AsEXP(Bs H)

W HE RE



H = FILM THTCKNESS ( INCHES)
Az «1050+03 (13)
8 - ~.2555+04 ¢ 17IN)

THE POVER FUNCTTION DAMPING COEFFICIENT IS OF THE FORM

BILBeSEC/IN) = CsHe oD
W HE RE

H = FILM THICKNESSS ( INCHES)
C= » _ -3111-03 LB-SEC/IN

f

D= ~. 149801 (1/IN)

NON-LINEAR LOAD AND DAMPING FUNCTIONS ARE HELD CONSTANT AT FILM THICKNESSES LESS THAN .5000-04 INCHES.

SR EB UG IF EP SR ED P R ER D SP NS T TR P 2 6D FS B0 £ 00 48 00 59 05 85 0L 22 0N %0 €2 D P35 04 S RV KB X UH K S V& S KB KB 2% S5 S0 5 69 2% ¢F 6P Y XD RS KB KF CR §

_ _EQUTLTBRTUM FILM THICKNESS IS  .90126  _ MILS

ASSUMING STE ADY—STATE AERODYNAMIC FORCES ON THE ROTOR _QF 00000 L8

AND A LNOCAL GRAVITATIONAL FIELD OF 1.00000 TIMES STAMDARD

A AAIDGL KB 4G RD ES KL KV UC GH SS SN DN S0 40 ¥8 40 SO KS FE GV O KX B0 ER S RO RE FF FE SI IS K5 G2V HO PL UV RO UH A3 K0 65 IE 4B SE AP S8 S SO KO RS SS NS S AN &

PARAMETERS OF THE SYSTEM ON RIGID MOUNTS ARE AS FOLLOWS

EFFECTIVE MASS EFFECTIVE MASS WASS OF ROTGR STIFFNESS FLEXRE

OF LOWER HOUSING OF STATOR + FLE NURE OF LOWER HOUSING STIFFNESS
(MASS 1) ,(LB) TMASS 2) o (LB ) (MASS3 1y (LB) (LB7IN) (LB/IN)
1.4000 - .4000 o 10.500 -5800+05 o _«6TOO% 06

PO BOEEEE IO B SR T OESS GO ST RN NN AR AN GO NN B NSO CU NS U SE GO A AS SO SRS BE BB B SH S SH SO S SS KN RS 08 5 08 U5 U8 ¢4 4 58 S5 45 45 0 KA KA O 0
TYPE OF EXCITATION FUNCTION

8 O STEADY SINUSOIDAL INPUT

9 = HALF SINE SHOCK

10 = HAVERSINE SHOCK

11 = ARBITRARY SHOCK (TABLE)

L ELEZEIELIALEL RS AN I AL RLEL R LA NI R R AL R I NI Rl RN ELIE IR R I NI NI R LRI Rl R R R IR IRl Rl R I Rl Rl R IR I IR IR N R R IR IR I LR Y Y

. TS CTATTOMP QUTPUT DESIRED-

12 = ¥ES

L9



13 = NO

(o))
o S SR EDEP CH SP ER SN SIS EA MR AR AB FB EF EF S AP SH RR AN A €D F% 63 KD SH SRS S KN A S A EN R SR XD KX FP KPS RB AR AF $D 2% 23 4 45 42 20 SR SR XV SR KB VE SN SR SR &

INPUT MOTTON TS HAVERSINE SHOCK PUL SE

_PULSE DURATION IS <0146 SECONDS

PEAK AMPLITUDE IS 15.7000 G*S ACCELERATION

EF SR EN P AP AN S AN S SN EB GR CH AR AR XD S ER AR S AN SA CF RS SE S BB P AN SR G0 S VA KX SR R S S VX DD B kD KK 4 4D Sk 5% 63 kb 4D A S OP X R SR SR &

PROGRAM CONTROL PARAMETERS

DESTRED TERMINATION

TIME VALUL WILL NOT FXCEED «0300 SECONDS

AS A SAFETY MEASUPE WE wILL NOT PERMIY MORE THAN 8000 STYEPS

CALCULATION ¥WILL CONTINUE I CYCLES AFTER P SE DURATION
STEP STZF

INITIAL STEP SIZF FOR CALCULATION PURPOSES IS .1000-03 SECONDS
VALUES ARE PRINTED .QUY EVERY .S5000-03 SECONDS

E VERY ITH POINT IS PLOTTED TF CALCOMP IS USED
ERROR CRITERION FNR INTEGRATION TECHNIQUE .2000-02

MINIMUM STEP-SIZ2F =, .10000-05 SECONDS
NO. OF INTEGRATINNS BEFORE STEP-SIZE IS DNUBLED: 2

NORMALIZED ERROR LIMIT FNR INTVEGRATTON TECHNIQUE 0100

TNTTIAL OR PESTART CONDITIONS

INITIAL TIME = .0000 SECONDS
DISPLACEMFNT OF MASS 1 - ,0000 TNCHES
VELOCITY OF MASS | T .0000 IN/SEC
DISPLACEMENT CF MASS 2 - ,00CO INCHES
VELQOCTITY OF MASS 2 - <0000 IN/SEC
DISPLACEMENT OF MASS 3 = 0000 INCHES

VELCCITY OF MASS 3 « 00 00 IN/SEC
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000 U U TVITIT PPPP U U TVITT
0o 0 uU © T P P u U T
o o0 U U T PPPP U U T
o o u v T P v U T o :
T 000 uvu T 3 vw T
TIME FILN DISPLACEMENT DTSPLACEMENT DISPLACEMENT VELOCITY vELOCITY VELOCIYY __ RELAYIVE  FORCING
THICKNESS OF MASS 1 OF MASS 2 OF ROTOR OF MASS 1 OF MASS 2 OF ROTOR DISP. BET. FUNCTION
ISEC) (INCHES) (INCHES) ¢ INCHES) (INCHES) {IN/SEC) (IN/JSEC) ~ CIN/SEC) MASS2 #MASS | (INCHES)
. -9012-03 .13%a-06 .94836-07  .3015-08 .1511-02 .1151-02 o4 843-D & -4302-07 - 1459-05
.001¢ .8965-03 -5343-D5 -5139-05 .4007-06 .3123-01) .2783-01 2271202  .B0%2-06 «2324-04n
- 264 8-03 .46 40-04 422 8-04 .5825-05 . 1503-00 - 1395-00 «2500-01 «4126-05 «1163-03
.0020 .TT16-03 -1784-D3 «1657-03 .3606-04 « 40060 D -3156-00 112560 0 «1272-0% +3651-03
- - -03 -%89-03 -8 38 3—03 .1 37-03 . 783300 . 7351-00 -3538—0C - 3062-04 «8790-03
0030 511803 -9898-D3 928 0-03 .4385-03 1342401 -1265+01 -8882-00 »6183-04 «1792-02
T D035 2835-03 -1873-02 .1766-02 . 1108-02 2227001 2168401 «188040 1 «1068—03 «3255-02
.008p .1952-03 -3287-02 .3136-02  .2430-02 3717401 .3511¢01 °389 40 ] «1508-D3 2 5426-02
0085 1 720-03 -5663-02 -5 48 B—112 .4718-D2 . 6069401 «5S806¢01 5740401 «2156-03 -8468-02
0050 .1317-03 «9302-02 <908 3-02 .82M-02 8721401 +8626+01 «85284¢0 1 2258403 21254-01
0055 8279w «1n38-01 -1412-01 .1330-01 1161402 -117002 «115940 2 «2671-03 -1778-01
0060  .3330-Dv -2098-01 «2 07 3-01 .1986-01 _ .1865+02 21477¢02 146830 . -
0065 -.1201-Dx «2902-01 .2 B26- L1 279 -01 1768402 1771402 176240 2 «2363-03 «3226-01

RUN COMPLETE AT THIS POINT. ROTOR HAS BOTTOMED .




OOO0OO0OO000OO00O0O0

MECHANICAL TeCHNOLOGY INCORPORATED
968 ALBANY-SHAKER ROAD
LAThAMe NEW YORK 12110
THIS PROCGRAM CALCULATES THb RESPONSE OF A THRUST BEARING-ROTOR
SYSTEM TO EXTERNALLY APPLIED SHOCK AND VIBRATION.
IT TREATS THE SYSTEmM AS A THREE-DEGREE-QF-FREEDUM VIBRATIUON MODEL.
THIS PROGKAM USES THE FOLLOWING SUBROUTINES -
INPUTs SIMINIe SCLVEs UVDIFEQe TLUs FUNCTIONe FORMTs FILMy CALCOMS
RONKU
PROGKAM FN4ST(INPUT +OUTPUT »TAFES=INPUT s TAPEG6=QUTPUT s TAPLZZ)
COMMON TPRINT«TMAX 9 IPSTEPoNCYCLSIyMOTIONSTITLE(19) s YBASYBINT(200)
COMMON NRroNWeNCASE sMOUEL 9 LOADF o [IDAMpP s IFQF T ICCo
1 MleM2eM3eR]19CleR2eGLeFALALCADIADAMP ¢ BLOADBDAMP,
2CLOAD«COAMP s DLOAD s IDAMP ¢ HINIT o IFM7 s AMPLDsFREQePEAKS s POURS s PEAKH
3PDURHsNINCP s TINCFH«TP(200) s PUVAL (200) s PULDOT(200) o TINIToYLIINsY2INy
GY3INeVIINGV2INSVIINCTIME(6U00) aYLleY2eY3eV]1eV2sV3aNeVEC(6) sDVEC(6)
SMAXINCoHsHMgMyeE ¢ AKOoiNE s T ELIMeINDX Ytse YBDOT o
60MEGAsWHOsWY3Y A AHeBY3YCH
COMMON FILMT (AU00) sYZ2MY1 (600G0) s VAPEAK(6UV00) 9 YBPLUT(6000)
COMMON  1bBUF(1000)
NR=5
Nw=6
IFLAG=1
5 READ(NR91010) NCASE«(TITLE(I)el=1s 8B)
IF(NCASE) 104610
6 IF(IFLAG.EQ.2) CALL PLOT(1Be92Ue9999)
S CALL EXIT
10 WRITE(NwWe1000)
WRITE (NWe1015)
CALL SUATE(DATE)
WRITE(NWe10U05) NCASES(TITLE(L)eI=1s 8)DATE
caLL INPUT
IF{IFLAG.EW.2) GO T 24
20 IF(ICCeEWe13) GO TO ¢>
IFLAG={Z
CALL PLOTS{IBUF «1000e22)
GO TO 25
24 CALL PLOT(1R¢9049-3)
25 CALL SOQLVE
GO TO 5
1000 FORMAT( 7THIPN&4S791UXes 73HRESPONSE OF VERTICAL THRUST BEARING TO AXI

IALLY=APPLIED SHOCK OR VIBKRATIUN/)

1005 FORMAT(ISe7A104AS+2XsA4)

1010 FORMAT(IS5s7A109A5)

1015 FORMAT(// 1Xs119(1lh#))
END

70
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Cut
Cut
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SUBROUTINE INPUT

THIS SUBROUTINE CALLS SUBROUTINE #FILM# WHICH FINDS EQUILIBRIUM
FILM THICKNESS. .

COMMON TPRINTsTMAX s IPSTEPsNCYCLSIMOTIONSTITLE(15)9sYBASYBINT(200)
COMMON NRsNWsNCASE sMONELsLOADF 2 IDAMPsIFOFT9ICCys

1 M1 oMZ2eM3IsK19CloK2eGLIFASALOADIADAMP 9BLOADIBDAMP
2CLOADsCDAMP ¢yDLLOADsDDAMP s HINIT IFM7 s AMPLD s FREGIPEAKS s PDURS s PEAKH »
3PDURHeNINCP+ TINCP«TP (200) o PUVAL (200) sPULDOT(200) s TINITsY1INsY2IN,
4Y3INsVIINesVZ2INIVIINSTIME(6000) oY1loY2eY39V1eV2eVIsNIVEC(6)9sDVEC(6)
SMAXINCeHeHMoMeE s AKOONE Ty ELIMeINDXS YBsYBDOT,
60MEGAsWHO s WY3Y2HeBY3Y2H

COMMON FILMT(6000)+Y2MY1 (6000) s VAPEAK(6000) ¢YBPLOT(6000)

REAL M1eM29sM39CleKleKe

LOGICAL Cl1+02903+04905906907+08909+010

WRITE(NWs1500)

C PRINT A ROW OF ASTERTSKS

c

OO0O0O0n

WRITE(NwWe1030)
WRITE (NWs1020)
WRITE(NWe1031)

CHOOSE OPTIONS

30

SET

READ (NR930) MODELsLOADF 9 IDAMPs IFOFTsICCosMOTION
FORMAT (61I5)

LOGICAL VARIABLES AND TEST FOR CORRECTNESS OF INPUT

O01=MODEL.LT.1
02=MODEL«GT 43
03=LOADF +L T4
04=L0OADF +GT &5
0S=IDAMP.LT.6
06=IDAMP GT .7
07=]IFOFT.LT.8
09=ICC.LTel2
010=ICC.GT.13
IF(01.0R.02)WRITE (NWe40)
IF(03.0R.04)WRITE (NweS0)
IF(05.0R.06)WRITE (NWs60)
IF(C7.0R.OB)WRITE (NWs70)
IF(09.0R.010)WRITE (NWeB0)
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C ERKOR MESSACES

40 FORMAT( 35H0
50 FORMAT{ 3BH0
60 FORMAT ( 35H0
70 FORMAT( 35H0 IMPROPER INPUT CARD 2sCOL20.
80 FORMAT( 35H0 IMPROPEK INPUT CARD 2+C0OLZ25. )

IF (0]l aORe024e0KeU340ReU4G UK e0540Ra06eUR0D7.0Re08,0R09.0Re010)

IcaLt gxIT

IMPROPER
IMPROPER
IMPROPE K

INFUT
INPULT
INPUT

CARD
CAkD
CARD

2+COL 5.
2+COL 10,
2+COL 15,

OO0

IF (MODEL ,Ew, 1)
IF (MODEL+EQW1)
IF(MODEL.EQ.])
IF (MODEL «EGS 1)
IF (MODELEW. 1)
IF(MUODELEWS 1)
IF (MODEL.EQ. 1)
IF (MODEL.EG.2)
IF(MODEL.EQ.2)
IF (MODEL.EQe2)
IF (MODEL.EW.2)
IF (MODELJEQW2)
IF (MODEL.EWS2)
IF (MODELEQe2)
IF (MUDEL.EWL2)
IF (MODELEQ3)
IF(MODEL.EW.3)
IF(MODEL.EQ.3)
IF (MODEL.Ew.3)
IF(MODEL.EG.3)
IF (MODEL.EQ.3)
IF (MODEL .EQ.3)

WRITE(Nwel040)
WHRITE (NWel090)
WHITE(NW91040)
WRITE (Nwela00)
WKITE(Nwel1060)
WHRITE (Nwelsa(0)
WRITE (NNe1070)
WRITE (NWe1050)
WRITE (Nws1a00)
whITE (Nwel040Q)
WRITE (Nwel060)
WRITE (Nws1040)
WRITE (iNwel4a00)
wWwrRITE(Nwel070)
WHRITE (NwelaQ0)
WRITE (Nwel050)
WKITE (Nws1400)
wITE (NwelD6O0)
WRITE (NWe140Q0)
WKITE (Nwel040)
WRITE(NWe1070)
WRITE (Nwe1l040)

C PHYSICAL PARAMETERS I/0
READ(NR«90) Ml eM2eM3eK1leCloK?2

S0

FORMAT (3E10.4)

C CORKECTION TC CHECK FuUR M3=0

c

901
902

72

[F (M3)

M3=(
900 WRITE (NWe9OL)

CALL EXIT
FORMAT (24HU
WRITE(NWse1lD20)
WRITE (NWs1OBU)
IF(LOADF sEQes)
IF(LOADF EQ.a)
IF (LOALF «EQes)
IF (LOADF o£Qa%)
IF(LOADF sEwaa)
IF (LOADF eEtdaa)

G0249U0e90¢
M3

IMPROPER INPUT MJ3

WhITE Gluwe 1 040)
WRITE (Nwel090)
wHITE(Nwel040)
WHRITE (Nwel400)
wrITE (Nwsell00)
wrITE (ivwse 1400)

1£10.4)



O O OO0

IF (LOADF.EQ.5)
IF (LOADF EQ.5)
IF (LOADF JEQ#S)
IF (LOADF +EQe5)
IF (LOADF .EQ.5)
WRITE (Nws1110)
IF (I0AMPEQe6)
IF (IDAMP.EQ+6)
IF (IDAMP .EQ.6)
IF (IDAMP.EQ.6)
IF (IDAMP.EQ+6)
IF (IDAMP.EQ.6)
IF (IDAMP .EQ.7)
IF (10AMP.EQ.7)
IF (I0AMPEQeT7)
IF (IDAMP.EWU.T7)
IF (IDAMP.EQ.7)
WRITE (NWs1531)
WRITE (NWs1020)
WRITE (NWs1400)

WRITE (NWs1090)
WRITE(MNwe1400)
WRITE (Nwel040)
WRITE(NW+1100)
WRITE (NWs1040)

WRITE(NWe1040)
WRITE(NWs1120)
WRITE(NwWe1040)
WRITE(NWe1400)
WRITE(Nwsl1130)
WRITE (NWwel400)
WRITE(Nws1120)
WRITE (Nws1400)
WRITE (NwWwel040)
WRITE (Nwe1130)
WRITE (Nwel040)

READ LOAD AND DAMPING PARAMETERS

READ(NR«S0) ALOAD«BLOADCLOADsDLOADsADAMP+BDAMP ¢ CDAMP s DDAMP
WRITE (NWel230)ALOADBLOAD

IF(LOADF .EQa4)

IF (LOADF sEQeS) WRITE(NWs1235) CLOADsDLOAD
IF (IDAMP.EWe6) WRITE(NWs1245) ADAMP+BDAMP
IF(IDAMP.EQe7) WRITE (NWel240) CDAMPsDDAMP

READ THE LOCAL ORAVITATIONAL ACCELERATION UNITS) AND AERODYNAMIC
FORCES
READ(NR»90) GLFASELILIM
CALCULATE THE EQUILIBRIUM GAS FILM THICKNESS VIA A SUBPROGRAM #FILM#

PRINT FILM THICKNESS AND STEADY STATE ROTOR FORCES

CALL FILM

IF(ELIMGTL0.0) GO TU 110
ELIM=,0002
110 WRITE(NWs1251) ELIM

CONVERT HINIT TO MILS FOR PRINTOUT PURPOSES

RECONVERT TO INCHES FORrR CALCULATION PURPOSES

WRITE(NWe1500)
WRITE(Nw+1020)

HINIT=HINIT*10uQ.
WRITE (Nws1250)HINITeFASGL

HINIT=HINIT/1000.

WRITE (NWs1020)

IF (MODEL «EQe 1) WRITE (NWo 1220)M19M29M39K19CloKi
IF (MODEL +EQe2) WRITE (NW s 1340)MLoM2eM39K19K2
IF (MODELJEQe3) WRITE (NwWs1330)M3

CHANGE UNITS .
M1=M1 /386,069
M2=M2/ 386,069
M3=M3/ 386.06Y
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WRITE (Nws1020)
WRITE (Nwe11l40)
IF(IFOFT.EQ.8)
IF(IFOFT.EQ.8)
IF(IFOFT.EQ.8)
IF(IFOFTLEQ.8)
IF(IFOFT.EQ.8)
IF(IFOFT.EQ.8)
IF(IFOFT.EQ.8)
IF(IFOFT.EQed)
IF(IFOFT.EQ.B)
IF(IFOFT.EQ.9)
IF(IFOFT.EQe9)
IF(IFOFT.EQa)
IF(IFOFT.EQRe9)
IF(IFOFT.EQ.9)
IF(IFOFTeEWe?)
IF(IFOFT.EQ.9)
IF(IFOFT.EQ.9)
IF(IFOFTLEQ.9)
IF(IFOFT.EQ.9)

IF(IFOFTLEQ.10)
IF(IFOFT.EWL10)
IF(IFOFTWEQe10)
IF(IFOFT.EQs10)
IF(IFOFTeEQe10)

IF(IFOFT.EW.10)
IF(IFOFT«EWs10)
IF(IFOFT.EWal0)
IF(IFOFT.EQ.10)
IF(IFOFT.EW,10)
IF(IFOFT.EQe10)
IF(IFOFT.EQell)
IF(IFOFT«EQell)
IF(IFOFT.EQall)
IF(IFOFT.EQa11)
IF(IFOFTLEQa11)
IF(IFOFT.EQel1l)
IF(IFOFT.EQe11)

WRITE(Nws1040)
WRITE(NWs1150)
WRITE(NWe1040)
WRITE(NWe1400)
WKITE (Nwell60)
WRITE (Nwela00)
WHRITE(Nwel170)
WRITE(Nwe1400)
WRITE (Nwel180)
WRITE (NWe1400)
AKITE (Nnwell50)
WRITE (nwela00)
WITE (Nwel040)
WHKITE(NWs1160)
WRITE (NWs1040)
WRITE (Nws la00)
WrRITE(NWs1170)
WHRITE (invwe1400)
WRITE(NWe1180)
WRITE (nWe1400)
WRITE(NWs1150)
WRITE(NWe1400)
wRITE(NWe1160)
WKITE (NWels00)
WKITE(NWel040)
WRITF(Nwell?0)
WRITE (Nwel040)
WRITE (NWs1400)
WRITE (NWellB0)
WRITE (NWe1l4a00)
WRITE(NWe1l400)
WRITE(NWe1150)
WRITE(NWe1400)
WRITE(NWs1160)
WRITE(NWe1400)
WRITE(NWe1170)
WRITE(NWs1400)

IF(IFOF TeEQel11IWRITE (NWs1040)

IF(IFOFT.EQa11)
IF(IFOFT.EQ.11)
WRITE (NWs1531)
WRITE (Nws1020)
WRITE(NWs1190)

WRITE (Nwell80)
WRITE (Nwel040)

IF(ICC.EG.12)
IF(ICC.EQ.12)
IF(ICC.EG.12)
IF(ICC.EG.12)
IF(ICC.EG.12)

WRITE (NWwe1040)
WRITE(NwWel200)
WRITE(NWS1040)
WRITE (NWel400)
WRITE(Nwel210)



IF(ICC.EQel13) WRITE(NW»1200)
IF(ICCEQe13) WRITE(NWs1400)
IF{ICC.EQs13) WRITE(NwWs1040)
IF(ICC.EGQe13) WRITE(NW1210)
IF(ICC.EQe13) WRITE(NW»1040)
WRITE(NW»1400)
WRITE (NW+1020)
C PRINT PARAMETERS ASSOCIATED WITH FOURCING FUNCTION
IFM7T=IFOFT=-7
GO TO (120913091409150)91IFM7
C STEADY STATE SINE FORCE
120 READ (NRs50) AMPLDsFREW
WRITE(NWe1320) FREQ
IF (MOTIONCEQeO) WRITE (NW»1520) AMPLD
IF (MOTIONGEWs1l) WRITE (NWe1530) AMPLD
GO TO 160
130 READ (NReS0) PEAKSsPDUKS
WRITE(NWs1310) PDURS
IF (MOTIONGEW0) WRITE(NWe1520) PEAKS
IF(MOTIONCEQel) WRITE (NW+1530) PEAKS
GO T0 160
140 READ(NR+S0)PEAKHsPDURH
WRITE(NWs1300) PDURH
IF(MOTIONGEQ.O) WRITE(NWs1520) PEAKH
IF(MOTIONCEWs1) WRITE(NWe1530) PEAKH
GO TO 160
150 WRITE(NWs1260)
IF(MOTIONGEW.O0) WRITE(NWel261)
IF(MOTIONGLEQ.1) WRITE (Nws1262)
ABOVE IS HEADING FOR SHOCK PULSE TABLE
NOwW READ THE NUMBFR OF INCREMENTS IN THE PULSE AND THE INCREMENTAL
TIME INTO WHICH PULSE IS DIVIDED
READ(NR+154) NINCP+TINCP
154 FORMAT(I5+F10.4)
C INITIALIZE FIRST Y3 VALUE
INCPO=NINCP+1
READ (NR990) (PUVALI(I)eI=2s INCPO)
151 PUVAL (1) =0.0
TP(1)=0,0
153 DO 159 1=2+INCPN
EYE=I-1
TP(I)Y=EYE#TINCP
IMl=I-1
IP1=I+1
159 IF(eNOTo(I4EQeleOReI+EW.INCPO)) PULDOT(I)=(PUVAL(IP1)~-
IPUVAL (IM1) ) /7 (2.#TTNCP)
DO 158 I=1sINCPO
MAPGE=(1/45)%#45~]
IF(MAPGE.EQ.0) wRITE(NWs1531)
158 WRITE (Nws1265) TP(I).PUVAL(I)

OO0
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WRITE (NWs1500)
ANINCP=NINCP
PDURT=ANINCP#TINCP
WRITE (NW»1510) PDURT
1265 FORMAT(13Xs2F12.7)
PULDOT (1) = (PUVAL (2) =PUVAL (1)) /TINCP
PULDOT (INCPO) = (PUVAL (INCPO) =PUVAL (NINCP) ) /TINCP
C FORM A NEW TABLE FOR THE INTEGRAL OF YB
IF (MOTION.EQ.]1) CALL FORMT
WRITE (Nwslg31)
C READ PROGRAM CONTROL CARDS
160 READ(NRsS1) IPSTEPsMsyMAXINCsNCYCLSs TPRINT s TMAXsH9E s HMsBOGUS
91 FORMAT (415¢6E10.4)
WRITE (Nw»1500)
WRITE (NWs1020)
NCONE=NCYCLS
IF (NCYCLS.EQ.0) NCONE= NCYCLS+1
WRITE (NWs1280) TMAXyMAXINCsNCONE sHs TPRINT 9 IPSTEP 9E 9 HMsM9BOGUS
C READ AND WRITE INITIAL CONDITIONS
READ (NRsSQ) TINIT9 Y1 INsY2INsY3INsVIINsV2INsV3IN
WRITE(NWs1270) TINIToYLINsVIINsY2INsV2INsY3INsV3IIN
1010 FORMAT(IS,75H
1 )
1020 FORMAT(1H s119(1R#))
1030 FORMAT (40X s LI5HPROGKAM OPTIONS/Z0Xs58HOPTIONS SELECTED FOR THIS PAR

1TICULAR RUN ARE DESIGNATED BY/70X¢8H===w==== /7T1X9s6HOPTION/T70X
28H===m )

1031 FORMAT(10Xs25HCHOICE OF VIBRATION MODEL/)

1040 FORMAT (20X s50H=~r~=cocrccrcrmrceccacae=— e B )

THREE-DEGREE OF FREEDOM SYSTEM USING ISOLATORS)

1050 FORMAT (20X+50H1
THREE-DEGREE OF FREEDOM SYSTEM USING RIGID MOUNT

1060 FORMAT (20X+53H2

1S)

1070 FORMAT(20X+52H3 = SIMPLE MODELs ENTIRELY RIGID EXCEPT FOR GAS FILM
1).

1080 FORMAT(/10Xs34HGAS FILM FUNCTIONAL REPRESENTATION/15Xs19HLOAD CHAR
1ACTERISTIC/)

1090 FORMAT (20X 35H4 EXPONENTIAL LOAD CHARACTERISTIC)
1100 FORMAT (20X +38H5 POWER FUNCTION LOAD CHARACTERISTIC)
1110 FORMAT(10X+22HDAMPING CHARACTERISTIC/)

1120 FORMAT(20X,35H6 = EXPONENTIAL DAMPING COEFFICIENT)
1130 FORMAT(20X+38H7 = POWER FUNCTION DAMPING COEFFICIENT)
1140 FORMAT (1H099X927HTYPE OF EXCITATION FUNCTION/)

1150 FORMAT (20X, 27H8 = STEADY SINUSOIDAL INPUT)
1160 FORMAT (20X, 19H9 = HALF SINE SHOCK)
1170 FORMAT (20X, 44H10 = HAVERSINE SHOCK
1180 FORMAT (20X, 44H11 = ARBITRAKY SHQOCK (TABLE)

1190 FORMAT(1H0s 9Xs26HIS CALCOMP QUTPUT DESIRED-)
1200 FORMAT (20Xs B8H12 = YES)

1210 FORMAT(20Xy 7+H13 = NO)
1220 FORMAT(1H0+20X9s53HPARAMETERS OF THE THREE-DEGREE SYSTEM USING ISOL
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1ATORS//12Xs THMASS OF « S5X9 14HEFFECTIVE MASSs 4Xs7HMASS OF s

2 6Xy9HSTIFFNESSs 6X9s 7THDAMPINGs 7Xe 7THFLEXURE/13X96HCASINGsIX

3 y BHOF PLATEs 7X96HROTOR 910X92HOF912X92HOF s 9Xs GHSTIFFNESS/
426X911HAND FLEXUREs18Xs 9HISOLATORSs 5Xs 9HISOLATORS/
514Xs4H(LB) 910X 4H(LB) 910X94H(LB) s 9X9 7H(LB/IN)s S5Xs11H(LB-SEC/IN)
6y 4Xs TH(LB/INY//10Xe5(G1l0.394X)sEL12.4)

1230 FORMAT(1HO0s S9Xe23HDESCRIPTION OF GAS FILM//
120X9s50HTHE EXPONENTIAL LOAD CHARACTERISTIC IS OF THE FORM/
225X+ 22HLOAD (LB) = A#EXP(B%¥H)/20X+SHWHERE/
325X927HH = FILM THICKNESS (INCHES)/25Xs 4HA = 4E12.495H (LB)/
425Xs 4HB = 9E12e49 7H( 1/1IN))

1240 FORMAT(1RH0+9X9S3HTHE POWEKR FUNCTION DAMPING COEFFICIENT IS OF THE
1FORM/20Xs21HB(LB#SEC/IN) = C#H#*#D/10X9sSHWHERE/
220X928HH = FILM THICKNESSS (INCHES)/
320Xy 4HC= $E12.44+10H LBE=-SEC/IN /
420X 4HD= sEl2.49 TH (1/1IN))

1250 FORMAT(10X¢29HEQUILIBRIUM FILM THICKNESS IS+G1l2.5¢ 5H MILS//
115X+56HASSUMING STEADY-STATE AEROUDYNAMIC FORCES ON THE ROTOR OF,
26G12.59 3H LB/ 15X9¢34HAND A LOCAL GRAVITATIONAL FIFELD OF+Gl2e5
315H TIMES STANDARD)

1251 FORMAT(/10Xs85HNON=-LINEAR LOAD AND DAMPING FUNCTIONS ARE HELD CONS
1TANT AT FILM THICKNESSES LESS THANsGl0,3+8H INCHES.)

1260 FORMAT (10Xs62HINPUT MOTION IS A SHOCK PULSE DESCRIBED BY THE FOLLO
1WING TABLE)

1261 FORMAT(/20Xs4HTIME 22X+ 12HDISPLACEMENT/19XsSH(SEC) 94X
1 8H(INCHES))

1262 FORMAT (/20X s4HTIME 92X+ 12HACCELERATION/19X9SH(SEC) +4X95H(G#S))

1270 FORMAT(1HO99Xs29HINITIAL OR RESTART CONDITIONS/
120X 12HINITIAL TIMEs11Xs1H=9Gl0s398H SECONDS/
220X924HDISPLACEMENT OF MASS 1 =+G10e43s 7H INCHES/
320X+ 18HVELOCITY OF MASS 195Xe1H=9G1l043s 7H IN/SEC/
420X 924HDISPLACEMENT OF MASS 2 =9 Gl0.3s 7TH INCHES/
S20X9s18HVELOCITY OF MASS 295Xe1H=9G10.39 7H IN/SEC/
620X 9 24HDISPLACEMENT OF MASS 3 =9610.39 7H INCHES/
720X91BHVELOCITY OF MASS 345X91H=9G10.3s7H IN/SEC/)

1280 FORMAT(/ 10Xs26HPROGRAM CONTROL PARAMETERS//15Xs19HDESIRED TERMINA
1TION/20X926HTIME VALUE WILL NOT EXCEEDsF10.498H SECONDS/20Xs
248HAS A SAFETY MEASURE WE WwILL NOT PERMIT MORE THANsIS,6H STEPS/
320Xs25HCALCULATION WILL CONTINUEsIS592BH CYCLES AFTER PULSE DURATIO
4N/15X9sGHSTEP SIZE/20X+45HINITIAL STEP SIZE FOR CALCULATION PURPOSE
5S IS9sGlU.3+8H SECONDS/20Xs28HVALUES ARE PRINTED OUT EVERY +sGl0.3»
68H SECONDS/20XsSHEVERYsI5s38nTH POINT IS PLOTTED IF CALCOMP IS USE
7D/20Xs41HERROR CRITERION FOR INTEGRATION TECHNIQUEsGl0.3/ 20Xs20HM
BINIMUM STEP~SIZE =9612.5¢8H SECONDS/20X943HNO. OF INTEGRATIONS BEF
S0RE STEP-SIZE IS DOUBLED=,I5/20X948HNORMALIZED ERROR LIMIT FOR INT
1EGRATION TECHNIQUEsF10.4)

1300 FORMAT(10X+s37HINPUT MOTION IS HAVERSINE SHOCK PULSE/
215X+ 17HPULSE DURATION ISsFl0.4s 8H SECONDS/ )

1310 FORMAT(10Xs37HINPUT MUTION IS HALF-=SINE SHOCK PULSE/
215X 17HPULSE DURATION ISsF1l0.498H4 SECONDS/)
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1320 FORMAT (10X sSOHUESCRIPTION OF INPUT MOTION IS STEADY~-STATE SINE EXC
1ITATION/
315X I2HFREQUENCY 154F10e4y 3H HZ/ )

1330 FORMAT(10XsS8HTHRUST HBEARING UN RIGID FLEXURE (SINGLE UEGREE OF FR
1EEDOM) 710X 9 13HMASS OF ROTOR/13Xe4H(LB)/10X5G10437)

1340 FORMAT(10X+554PAKAMETERS OF THE SYSTEM ON RIGID MOUNTS ARE AS FOLL
10WS//713X+sSOHEFFECTIVE MASS EFFECTIVE MASS MASS OF ROTORS,
26X 4 GHSTIFFNESS 99X 9 8HFLEXUKE /12X916HOF LOWER HOUSINGs2Xs19HOF STAT
30R + FLEXUREs]16X916HOF LOWER HUUSING 96X s YHSTIFFNESS/
416X;12H(MA551)9(LB)qu’lEH(MASSZ)9(LB)’7X’12H(MAS$3)9(LB),6X’

5 TH(LB/IN) s11Xs7H(LB/IN) / 16X96104396X9G10e329X9G106392(5X9E1244))

1350 FORMAT(30Xs14HPROGKAM OUTFUT)

1360 FORMAT(14XsaHTIMES 6Xe BMHGAS FiLMs 4Xe BHPEDESTALs 7X92HY1910Xs
IZHYZ,IUX’ZHY3910X92HVJOIOX,EHVEoJOX’BHVJI
224Xy 9HTHICKNESS, 2Xs JUHDEFLECTIVE/25Xy TH(Y3=Y2)s SAs n(ye-yl),s
3 12X« OH(SECONDS) s 4Xy6H(MILS) s EXe6H(MILS)y 6X96H(MILS) e 6X9
4OH(MILS) s OXsOH(MILS) e 4X910R(MILS/SEC) s 2X910H(MILS/SEC)s 2X
SI0H(MILS/SEC))

1370 FORMAT(10X«9(F10e4924))

1380 FORMAT (25X e 5S0HRESTART CONDITIONS (FINAL) AND IDENTIFICA[TION CODE/
114XeaHTIME, IXe2hY1lolOKs2hY2e1UX92HY 39 1UXs2HVI 9 1UX92HV2410X92HV 3
2 6Xs5SHNCASE/ 14Xe5H(SEC) OXs6M(MILS) s 6X9OH(MILS) e 6Xe6H(MILS) »

3 4Xs10H(MILS/SEC) s 2Xos10H(MILS/SEC) e 2Xe1OH(MILS/SEC) /
GlIXa7(Fl0a492X)915)

1235 FORMAT(1H0+9Xs27HCHARACTERISTICS UF GAS FILM//
120X +53HTHE POWER FUNCIION LGAD CHARACTERISTIC IS OF THE FORM//
225X91BHLOAD (L3) = Cunuwp /20K 9 SHWHERE /
325Xe27HH = FILM THICKNESS (INCHES) /25Ky 4HC = 9E12.4s
418H LB=-SEC/IN.##(1+D)/
525Xs 4HD = +E12.4 )

1245 FORMAT(1h0s9Xs33HTHE EXPONENTIAL DAMPING COEFFICIENT IS OF THE FQOR
M /720X 25HB(LBR*SEC/IN) = CHEXP(D#*H) /10X ¢ SHWHERE/

220Xe28HH = FILM THICKNESSS (INCHES)/
320Xs 4HC = sE1244915H LB=SEC/ (IN®#2)/
420Xs 4RD = 9E12.4921H(DIMENSIONLESS UNITS))

1400 FORMAT (/)
1500 FORMAT(//)
1510 FORMAT(// 10X¢16HPULSE DUKATIUN =+ Gl2e¢59¢4H SEC)
1520 FORMAT(15Xe17HPEAK AMPLITUDE ISsFl0e4920H INCHES DISPLACEMENT)
1530 FORMAT(15Xe17HPEAK AMPLITUDE ISeFl0e4917H G#S ACCELERATION)
1531 FORMAT(1Hl)
999 RETUKRN
END
SUBROUTINE SIMINI(SIsFXsAsEsRELIMAXITyFKsMRET)
EXTERNAL FX
LOGICAL KEL
DIMENSION A(2)
AA=A(])
8B=A(2)
H = (BB=AA) / 6.0
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[eXsXeNe Xy

XMID = (AA+BB) # ,S
Q@ = 2. # FX(XMID9sFK)
S1 = FX(AAFK) + Q + FX(BBsFK)
PR = H#(S1+Q) : /
IF(MAXIT.EQ.l) GO TO 150 /
DO 100 IT=2sMAKXIT '
ISTOP = 2##IT - ]
Hz .5%H
S=0.
DO 80 M=1+ISTOPs2
X=AA+3,0%M*H
80 S=S+FX(XsFK)
SI=H#*(4.%S +S1)
DIFF=ABS(SI=PR)
IF(REL) DIFF=DIFF/ABS(SI)
IF(DIFF.LE.E) GO TO 160
PR=S1
S1=51+S+S
100 CONTINUE
RETURN
150 SI=PR
160 MRET=0
RETURN
END

SUBROUTINE SOLVE

REAL M1eM2eM34CleKleK2

COMMON TPRINT ¢ TMAXs IPSTEPINCYCLSoMOTIONSTITLE(15)sYBAsYBINT(200)

COMMON NRoNWeNCASE sMODEL s LOADF s IDAMP s IFOF T ICCo

1 ML oM2eM3eaK19CloK29GLOFASALOADIADAMPBLOADYBDAMP Y
2CLOADsCOAMP «DLOAD SDDAMP g HINIT o IFMT7 s AMPLDsFREQsPEAKS s PDURSsPEAKH
3PDURHININCP +TINCP TP (200) s PUVAL(200) sPULDOT(200) s TINITsYL1IN9sY2INy
4Y3INeVIINsV2INsVIINSTIME (6000) 9Y1lsY29Y3aV1sV2eVIINIVEC(6) sDVEC(6)
SMAXINCoeHeHMoMyE s AKOeNE Ty ELIMsINDXY YBsYBDOT
60MEGAsWHO s WY3Y2HsBY3Y2H

COMMON FILMT(6000)sY2MY1(6000) s VAPEAK(6000) »YBPLOT(6000)

COMMON TZ+ITIMEsYBPREV

THIS SUBROUTINE SOLVES THE EQUATIONS OF MOTIONsWHICH WILL BE DEFINED

IN SUBROUTINE DIFFEQ

INITIALIZE THE VECTORS
INITIALIZE STORAGE FOR MAX AND MIN VALUES
ITIME=1
IVAL=1
IMAXIM=0
IFM7= IFOFT-7
ISTEAD=1
WRITE(NwWsellll)
IF (MODEL+EQe3) GO TO 10
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VRITE (Nwelll2)
N=6
VEC{Li=Vv]IN
VEC(2)=Vv2IN
VEC(3)=v3IN
VEC(a4)=Y1IN
VEC(5)=Y2IN
VEC(6)=Y3IN
GO TO 290
10 WRITE(Nwsll13)
N=2
VEC(1)=Vv3IN
VEC(2)=Y3IN
20 T=TINIT
C SAVE VALUE OF M= NO. OF INTEGRKATIUNS BEFORE STEP SI/E IS DOUBLED
MOLD =M™
C INITIALIZE STORAGE FOR T- PRINT VALUES
TPRVAL=T+TPRIN]
KELP=1
DO 200 KOUNT=]eMAXINC
C SET FLAG OFF FOR PRINT
IPRINT=2
C INITIALIZE M AND NE
M=MOLD
IF (KOUNT.EQs 1) NE=0
IF(KOUNTWNEL1 ) NE=]
TADINC=T+2.%H
IF(TADINC.LTTPRVAL) GO T0 1200
TOINC=T+h
IF(TOINCLT.TPRVAL) GO TO 1190
C T+ 0T WILL EXCEED PKINT VALUE
C SAVE OLD DY VALUEs J.E. SAVE H
HOLD=H
H=TFRVAL -T
C SAVE NEW D1 VALUE
HNEW=H
C TURN PRINT FLAG ON
IPRINT=]
C SET M=104000 v SO THAT DI WILL NOT BE DOUBLED
1190 M=10000
C RONKU INTEGRATION
1200 T7=T
CAiL RONKU(TsVECIDVECehsHMaNsNE 9 M9 E s AKO)
YBPREV=YS
TEST PRINT FLAG ONs 1=0Ns 2=UFF
IFAIPRINT LEQe2) Gu To 1536
OOTEST DT o=nEw OT
TF (Hetbor w) 153641101536
C RESET DT 70O GLD DT
1210 H=HOLD
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C INCREASE FOR NEXT PRINT VALUE
~ TPRVAL=T+TPRINT
C FORM AN INDEX TO TAG NO. OF ITERATIONS
INDX=KELP
IF (MOTION.EQ.0)  YBPLOT(KELP)=YB
IF (MOTIONJEQ.1) YBPLOT(KELP) =YBA
TIME (KELP) =T
MAPGE= (KELP/45) #45-KELP
IF (MAPGE.EQ.0) WRITE(NWs1118)
IF (MODEL.EQ.3) GO TO 1490
Y2MY1 (KELP)=VEC (4) =VEC(5)
FILMT (KELP)=HINIT+VEC(6)-VEC(S)

WRITE (NWs2222) ToFILMT(KELP) s (VEC(IO) sJ0=446)4s (VEC(10)+10=1+3),

1Y2MY1 (KELP) »YB

GO TO 1530
1490 FILMT(KELP)=HINIT+VEC(2)~-YB

WRITE (NWe2222) ToeFILMT(KELP)+VEC(2)sVEC(1)9sYByYBA
1530 IF(FILMT{(KELP).LT«0.,0) 60 TO 1531

GO TO (4004500956000 700) ¢« IFM7
1531 IF(IFOFT.EQe8) GO TO 4040

WRITE(NWs1115)

1115 FORMAT(/5Xs47THRUN COMPLETE AT THIS POINT. ROTOR HAS BOTTOMED.)

GO TO 666
400 IF(KELP.LT.3) GO TO 1535
D1=FILMT(KELP)
D2=FILMT(KELP=1)
D3=FILMT (KELP=2)
IF(D1.LTeD2.ANDD2.6T.D3) GO TO 410
IF(D1.GTeD2+ANDeD2.LToD3) GO TO 420
GO TO 1535
410 IMAXIM =1
GO TO 425
420 IMAXIM=2
425 VAPEAK(IVAL)=D2
IVAL=IVAL+1
C TEST FOR MIN OR MAX
GO TO (15359430)+IMAXIM
C TEST FOR STEADY-STATE
430 IF(ISTEAD.NE.l) GO TO 661
IF(IVAL.LE.S) GO TO 1535
ERRC=(VAPEAK (IVAL=3) ~VAPEAK (IVAL=5))/VAPEAK(IVAL=3)
IF (ABS(ERRC) ¢GTes01) GO TO 1535
ISTEAD= 2
GO TO 1535
C IFOFT = 9
500 IF (T.LT.PDURS) GO TO 1535
510 IF(KELP.LT.3) GO TO 1535
D1=FILMT (KELP)
D2=FILMT (KELP=1)
D3=FILMT(KELP=2)
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IF(D]1elLTeN24ANDD2.GT.D3) GO TO 515
IF(D1eGTeD2eANDJD2.LT.D3) GO T0 515
GO TO 1935
515 IMAXIM=IMAXIM+]
IF(NCYCLS.EQ.0) GO TO 520
IF(IMAXIM.GT e (2#¥NCYCLS)) GO TO 666
GO0 TO 1535
520 IF(IMAXIM.GE.2) GO TO 666
GO 70 1535
C IFOFT = 10
600 IF(TLTPDURH) GO T0 1535
GO TO 510
700 ANINCP=NINCP
IF(TJLTLANINCP#*TINCP) GO TO 1535
GO TO 510
1535 KELP=KELF+1
1536 IF(TGT.TMAX) GO T0 660
200 CONTINUE
WRITE(NWelllg) MAXINC
GO T 666
C MAKE A HEADING AND PRINT RESULTS

1111 FORMAT(1H1+19Xs43H 000 U U TTITT PPPP u u TITTT 7/

1 20Xe 43H O o U u T P P U U T /
2 z0Xs 434 O 0 u U T PPPP U u T /
3 20Xe 434 O 0O u U T P U U T /
4 z0Xe 43H 000 LUU T P vuu T 77/
5)
1112 FORMAT (120R TIME FILM DISPLACEMENT DISPLACEMENT DISPLAC
1EMENT VELOCITY VELOCITY VELOCITY RELATIVE FORCING /
2 120h THICKNESS OF MASS 1 OF MASS 2 OF RO1
30K OF MASS 1 OF MASS 2 OF ROTOR DISP. BET, FUNCTION /
4 1z0H (SEC) (INCHES) (INCHES) (INCHES) (INCHE
58) (IN/SEC) (IN/SEC) (IN/SEC) MASS2 +MASS] (INCHES) )
1113 FORMAT (S5HO TIME FILM DISPLACEMENT VELOCITY FORCING
1 FORCING /
2 75H THICKNESS OF ROTOR OF ROTOR FUNCTION
3 FUNCTION /
4 T5H (SEC) (INCHES) (INCHES) (IN/SEC) (INCHES)
5 (G#£S) /)

1114 FORMAT( /5X+380MAXIMUM NO, OF TIME STEPS HAS EXCEEDEDsIS)
2222 FORMAT(LXeFT7et49ELlle493E13,495E1264)
1116 FORMAT (/5SXe42HSTEADY=-STATE CRITERION HAS BEEN SATISFIED.)
1117 FORMAT(/S5X9s33HSPECIFIED TIME HAS BEEN ATTAINED.)
1118 FORMAT (1H1)
660 WRITE(NWs1117)
GO TO 666
661 WRITE(NWel116)
666 IF(ICC.tEGs12) CALL CALCOM
RETURN
END
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SUBROUTINE DIFEQ(NsTeVECHDVEC)
REAL M1eM2+4M34CleK1leKe
DIMENSION VEC(6)+DVEC(6)
COMMON TPRINTsTMAXsIPSTEPoNCYCLSIMOTIONSTITLE(15) o YBASYBINT(200)
DIMENSION A(2)
COMMON NRsNWsNCASE sMODEL sLOADF s IDAMPs IFOFTsICCo
1 M19M29M39K19CloK2eGLsFA9ALOADIADAMP +BLOADsBDAMP,
2CLOAD+sCDAMP ¢sDLOAD s DDAMP s HINIT 9 1IFM7 e AMPLD o FREQ9PEAKS s PDURS s PEAKH »
3PDURHININCPsTINCP TP (200) s PUVAL (200) s PULDOT(200) o TINITsY1INsY2INs
4Y3INIVIINGV2INGVIINSTIME(6000) sY1loY29Y3sV1sV2eV3s
SNDUMeDDUM(6) sDVUM(6) »
SMAXINCoHeHMeMsE s AKOINE s TTDUM, ELIMs INDXS YBs YBDOT
60MEGA+sWHO sWY3Y2HBY3Y2H
COMMON FILMT(6000)9sY2MY1(6000) s VAPEAK (6000) »YBPLOT (6000)
COMMON TZsITIME »YBPREV
EXTERNAL FX
C THIS SUBROUTINE DEFINEs THE DIFFERENTIAL EQUATIONSg sOLVED BY RONKy
DATA MAXITsERR/1009.01/
WEX (X)=ALOAD®#EXP (BLOAD#X)
WPF (X)=CLOAD®x##DLQOAD
BEX(X)=ADAMP#EXP (BDAMP#X)
BPF (X)=CDAMP#X##DDAMP
PI=3.1415926535%
IFM7=IFOFT-7
IF (MODEL.EQ.3) GO TO 20
DVEC(4)=VvEC (1)
DVEC(5)=VEC (2}
DVEC(6)=VEC(3)
20 GO TO (309609909120) s IFM7
30 OMEGA=2 . #P[#FREQ
YB=AMPLD#SIN(OMEGA®T)
YBDOT=OMEGA#AMPLD#*COS (OMEGA#®*T)
YBAS=YB# (2., #PI#FREQ) *#2/386.,069
IF (MOTIONCEQ.D) GO TO 130
YB==386,069/0MEGA##2#AMP|LD#SIN (OMEGA#*T)
YBDOT==386,069/0MEGA+AMPLD#COS (OMEGA®T)
GO TO 130
60 YB=0.
IF(TeLTPDURS) YB=PEAKS#SIN(PI#T/PDURS)
YBDOT=0.
YBA=YB
IF(MOTIONLEQel) GO TO 65
IF(TeLT«PDURS) YBOOT=PI/PDURSHPEAKS*COS(PI#*#T/PDURS)
GO TO 130
65 IF(TeLTPDURS) YB=386,069%#PEAKS#PDURS/PI*(T=PDURS/PI*
1 SIN(PI#T/PDURS))
IF(TaLT«PDURS) YBUOT=386+069%PEAKS*PDURS/PI*(1.,~COS(PI#*T/PDURS))
IF (eNOTo (ToeLTePDURS)) YBDOT=7724138*PEAKS#PDURS/PI
IF(eNOT o (TolLTePDURS)) YBZ386,069%PEAKS*#PDURSH##2/PI+YBDOT* (T=PPURS)
GO TO 130
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30

95

120

125
1240

1250

1260

1261

1265

C SA

YB=0.

IF(TeLT«PDURH) YB=0.5%PEAKH®* (1 e~COS(2.*¥PI#T/PDURH))
YBDOT=0.

YBA=YB

IF(MOTIONJEQ.1l) GO TO 95

IF(TJLTLPDURH) YBDOT=PI/PDURH#SIN(Z2,#PI#T/PDUKRH) #PEAKH
GO TO 130

IF(TJLT«PDURH) YE=3B86.069/4#PELAKH# (TR#2=-PDURKH##2/ (2., #P1#%#2)*
1 (1e~COS(2.%pI*T/PDURH)))

IF(TLTLPOURH) YBLOT=386.069/4.%#PEAKH# (2.#T=PDURH/PI1#
1 SIN(2.H#PIH*T/PDUKR))

IF(aNOT e (ToeLTPOURH)) YBLDOT=193.035%PEAKH*PDURH
IF(eNOT o (TolLTaPDURH)) YB=336,069/4,.%#PEAKH#PDURH##2+YBDOT# (T=-PDURH)
GO TO 130

ANINCP=NINCP

PDURT=ANINCP*TINCP

IF(T.GT«PDURT) Yy8=0,0

IF(TGT«FPDURT) Y300T=0.0
IF(ToGTaPDURTAND.MOTION.EWQ0O) GO TO 130

IF(TeGT«PDURTAND.MOTIONLEQ.1) GO TO 125
NP1=NINCF+1

CALL TLU(T+sYBeTPsPUVALINP])

IF(MOTIONGEWLI) GU TO 125

CALL TLUA(TYBDUTsTPePULDOTINPL)

GO 79 130

YBA=7B

A(L)=TZ

A(2)=T

I0P=1

IF(T.GT.PDURT) GO TO 1270

IF(ITIME.EQa]) GO TO 12690

MRET=126

CALL SIMINI(YH!FX’A'ERROO?MAKIT’IOQMRET)
IF(MRET.EQ. 126) GU TOU 126

YB=386.069%YH+YBPKEYV

GO TO (127+128041265)10P

ITIME=Z

IGR=1

YBPREV=0.0

IF(TZ) 1261125091261

A(l)=0.0

A(2)=TZ

I0P=3

GO Tu 1250

YBPREV=YHB

GO TO 1240
VE YB VALUE

C T GREATER THAN PDURT

1270
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IF(IGR.EQ.3) GO TO 1275
A(2)=PDUKT



IGR=2
I10P=2
GO TO 1250
1275 YB=YBPDUR
GO TQO 2126
1280 YBPDUR=YB
GO TO 127
126 WRITE(NWs102) MAXITERR
WRITE(NWs103)
127 IF(TLTPDURT(OR«IGRLE 2) G0 T0 2127
2126 YBDOT=DOTDUR
GO TO 2128

2127 CALL TLU(T+YBDOTeTPsYBINTeNPL)
YBNOT=YBDOT#386,069
IF(IGR«NE2) GO TO 130
IGR=3
DOTOUR=YBDOT

2128 YH=YB+YBDOT#(T=PDUKT)

130 IF(MODELNE«3) GO TO 150
ARGU=VEC (2)=YB+HINIT
IF(ARGU.LT..0002) AKGU=ELIM
IF (LOADF EQe4) WY3YZH=WEX (ARGU)
IF (LOADF EQe &) WHU=WEX(HINIT)

IF(LOADF ¢EQe5) wYIYZH=WPF (ARGU)
IF(LOADF cEQS) WHO=WPF (HINIT)
IF(IDAMP,EQ.6) BYJIYZH=BEX (ARGU)
IF(IDAMP.EQ.7) BY3YZH=BPF (ARGU)
GO TO 1990

C SELECT FUNCTIONS

150 ARGU=VEC(6)=VEC(S) +HINIT
IF(ARGU.LT.+0002) ARGU=ELIIM
IF (LOADF .EQe4) WY3Y2H=WEX (ARGU)
IF(LOADF «EQe4) WHO=WEX(RHINIT)
IF(LOADF EQe5) wWYIYZ2H=WPF (ARGU)
IF(LOADF .EQeS) WHO=WPF (HINIT)

IF(IDAMP.EQa.6) BY3IYZ2H=BEX (ARGU)
IF(IDAMP.EQ.7) BY3Y2A=BPF (ARGU)

C NOw DEFINE DIFFERENTIAL EWUATIONS

190 IF(MODEL-2) 20093009400

200 DVEC(1)=(K2/M1)#(VEC(5)=VEC(4))=(K1/M1)#(VEC(4)~YB)=~Cl/MI*(DVEC

1 (4)=YBDOT)

300 DVEC(2)==(1e/M2)#WY3Y2h+ (]1e/M2) #WHO* (1a/M2)#(DVEC(6)=DVEC(5))
1 #BY3YZ2H=-(K2/M2)# (VEC(5)=VEC(4))
DVEC(3)==(1e¢/M3)#WHO+ (14/M3)#WY3Y2H=(1./M3)#(DVEC(6)=DVEC(5))#BYIY
12H
IF (MODEL.EQe2) DVEC(1)=(K2/M1)#(VEC(S)=-VEC(4))~(K1/M]1)#(VEC(4)~-
1 yB)
GO TO 401

400 DVEC(2)=VEC(1)
DVEC(1)==WHO+WY3Y2h=(DVEC(2)~-7YBDOT) #3Y3Y2H
DVEC(1)=DVEC(1)/M3

401 RETUKN
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14
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FORMAT (/ 6(3As3AVEC+13) 95Xa1HT 96 (3XeaHDVECSIS))
FORMAT(1Ax40b7e30F54ent lUo)

FORMAT (1R 29HMAX [MUM NUMEER OF [TERATIONSsI3+25H WAS REACHED BEFO
IRF ErS =aklles)

FURMAT (¥ ¢ 6HFUR Yit)

FORMAT(S5A+49AFO0O~ YBDUT)

END

SURROUTINE TLU(AsHICalIsiN)
LINEAR INTERPOLATION ROUIINE
A= INDERPENDENT vARIABLE
B= ODEPENLENT VARLABLE (ANSWEKR)
C= INDeEPENDENT TABLE
D= DEPENUENT TARLE
= NUMBEK UF POINITIS IM TaELE
INDEPENDENT TAdLE MUST BE SORTEDs EITHER ASCENDING UR DESCENDING
DIMENSION C(1)sD(])
IF(N=-1)14¢243
B=00
GO TO 100
8=D(1)
G0 TO 100

ML=1

MU=N

IF (MU=ML=1) 1541549
M= (MU+ML) /2
IF(C(1)=C{2))11s2910
IF(C(M)=A)13s1291a
IF(A-C(M))1341291la
B=0D (M)

GO TO 100

MU=M

GO TO 8

ML=M

GO TO 8

B=D (ML} + (D (MU} =D (ML) ) * ((A-C (ML)} /Z7(C(MU)Y=-C(ML)))
RETURN

END

FUNCTION FX(XsFK)

COMMON TPRINTsTMAX9sIPSTEPINCYCLSoMOTIONSTITLE(1S) o YBASYBINT(200)
COMMON NReNWeNCASE sMODEL s LOADF 9 IDAMPSs IFQF T ICCo

1 ML oM29M3eK1oCloK29GLsFAWALOADYADAMP +BLOADIBDAMP Y
2CLOADsCDAMP s DLOADsDDAMP s HINIT s IFM7 9 AMPLD s FREQsPEAKS s PDURSsPEAKH Y
3PDURHsNINCPSTINCPsTP(200) sPUVAL (200) s PULDOT(200) o TINITsYLINsY2IN,
GY3INsVIINeV2INGVIINGTIME (6000) sY19Y29Y39V1IeV29V3eNsVEC(6)yDVEC(6) o
SMAXINCeHoHM9yMoeE s AKOsNE 9T ELIMSINDX YHeYBDOT
G60MEGA+sWHO«WY3Y2HeBY3YCH

TLy
TLU
TLU
TLU
TLY
TLU
TLU
TLU
TLL
TLu
TLU
TLU
TLU
TLY

TLUL
TLU
TLuU
TLU
TLU
TLU
TLy
TLU
TLU
TLU
Ly
TLu
TLU
TLU
TLu
TLU

0003
0004
0005
0006
0007
0008
0009
0010
0011
0012
0013
0014

0015
vole
0017
0018
0019
0020
0021
0022
0023
0024
0025
0026
00e7
0028
0029
0030




COMMON FILMT(6000)sY2MYL1(6000) s VAPEAK{(6000) »YBPLOT(6000)
REAL M1eM24M34ClyoK1leK2

K=FK

NP1=NINCP+1

GO TO (1+2) »K

CALL TLU(XeFleTPsYBINT oNP1)

FX=F1

RETURN

CALL TLU(XsF2+TPsPUVALNP1)

Fx=F2

RETURN

END

SUBROUTINE FORMT

DIMENSION A(2)

COMMON TPRINTsTMAX s IPSTEPsNCYCLSsMOTIONsTITLE (15) s YBAs YBINT (200)
COMMON NRoNWsNCASE s MODEL s LOADF s IDAMP s IFOF T+ ICCo

1 M1oM2sM39K19ClaK29GL9FA9ALOAD s ADAMP ¢ BLOAD s BDAMP s

2CLOADsCDAMP yDLOAD s DDAMP g HINIT ¢ IFM7 s AMPLD o FREQs PEAKS 9y PDURS s PEAKH
3PDURHeNINCPsTINCPsTP(200) sPUVAL (200) s PULDOT (200) o TINITsY1INsY2IN,

4Y3INeVIINgV2INSVIINGTIME(6000) 9Y1sY2sY39V1aV2eV3sNsVEC(6)sDVEC(6))

5
10

101
. 10e

SMAXINCoHoHMoMsE 9 AKOgsNES T ELIMyINDXo YBeYBDOT
60MEGA s WHO +WY3Y2HBY3Y2H

COMMGON FILMT(6000) +Y2MY1(6000) s VAPEAK (6000) sYBPLOT(6000)

DATA MAXITeERR/1004,01/

EXTERNAL FXx

REAL M1 oM24M3+CleK1leK2

NP1=NINCP +1

YBINT(1)=0.0

DO 10 I=2+NP1

A(L)=TP(I-1)

A(2)=TP(I)

MRET=5

CALL SIMINI(TEMPsFXeAsERRIOIMAXITe2.9MRET)

IF(MRET.EQ.5) GO TOQO 5

GO 7O 10

WRITE (Nwel02) MAXITHERR

WRITE(NWs101)

YRINT(I)=YBINT(I=-1)+TEMP

RETURN

FORMAT(5X+49HFOR FORMATION OF NEW TABLE FOR THE INTEGRAL OF YB)
FORMAT (1M0y29HMAXIMUM NUMBER OF ITERATIONSs13+25H WAS REACHED BEFO
1RE EPS =sEll.4)

END
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21

30

100

202
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SUBROUTINE FILM

THIS SUBROUTINE CALCULATES THE EQUILIBRIUM GAS FILM THICKNESS.,
COMMON TPRINTsTMAXsIPSTEP «+NCYCLSIMOTIONSTITLE (15) s YBASYBINT(200)
COMMON NKoNWsNCASE +MODEL sLOADF s IDAMPSIFOF TS ICCy

1 Ml1eM2eM39sK1sCloK2sGLsFAsALOADsADAMP 9sBLOADIBDAMP
2CLOADsCDAMP 9 DLOAD s DDAMP o HINIT o IFM7 9 AMPLD 9FREQePEAKSy PDURS sPEAKH
3PDURHeNINCP s TINCPs TP (200) s PUVAL (200) s PULDOT (200) s TINITsY1INeY2INy
4Y3INgVIINgV2INeVIINsTIME(6000) oYLloY2eY39V1eV2eV3eNsVEC(6) sDVEC(6)
SMAXINC gHoHMgMoE g AKOgNE 9 T ELIMyINDX, YBsYBDOT,
60MEGA s WHO s WY3Y2HeBY3Y2H

COMMUON FILMT(6000)9sY2MY1(6000) s VAPEAK(6000) o YBPLOT(6000)

REAL M1eM29M3eCleKloKZ

==FA+MI%GL

IF (LOADF=4)11s11s21

BH=ALOG (w) —-ALOG(ALOAD)

B8=8BLOAD

IF (ABS(BLOAD) eLTee0000]1 e ANDeBLOAD«LT+0,0) B==,00001

IF(ABS(BLOAD) eLTae0000]1 «sAND+BLUADLGT«040) B=.00001

HINIT=BH/B

RETURN

CABIN =w/7CLOAD

D=DLOAD

IF(ABS(DLOAD) «LTee00001 ANDeDLUADGTL0.0) D=.00001

IF(ABS(DLOAD) eL Toe00001 e ANDeDLUADLT+,0.,0) D==,00001
ONENT=ALOG(CABIN) /D

IF (ABS (ONENT) «GTe388.0) GO TO 30

HINIT=EXP (ONENT)

RETURN

WRITE(NWe100) DLOAD

CALL EXIT

FORMAT (25H0DLOAD IS TOO BIG. OLOAD=sE15.5)
END

SUBROUTINE CALCOM

DIMENSION CLX(2G)+CLY(Z20)

COMMON TPRINTsTMAXs IPSTEPsNCYCLSeMOTIONSTITLE(15) ¢ YBASYBINT(200)
COMMON NRsNWoeNCASE ¢+MODEL ¢ LOQADF 9 IDAMP s IFOF T ICCy

1 Ml aeM29M39K19CloK29GLIFAsALOAD+ADAMP ¢BLOAD +BDAMP
2CLOAD«CDAMP yDLOAD sDDAMP o HINIT s IFM7 9 AMPLD o FREQePEAKS s PDURS9sPEAKH
3PDURHsNINCP«TINCPsTP(200) o PUVAL (200) s PULDOT(200) o TINIToY1INsY2IN,
4Y3INeVIINOV2INGVIINGTIME(6000) sY1oY2sY39V1eV2sV3eNeVEC(6) sDVEC(6)
SMAXINCosHoHMeMoE 9 AKUSNE S Ty ELIMs INDX YBsYBDOT
60MEGA ¢ WHO s WY3YZHeBY3YZH

COMMON FILMT(6000) ¢Y2MY1(6000) s VAPEAK(6000)»YBPLOT (6000)

COMMON IBUF (1000)

DATA XORIGeYORIGeAXLENSAYLEN/2e9leB5912e964/

WRITE (Nwe202)

FORMAT (1Rl e30HROAD MAKKERS FOR CALCOMP PLOTS)

NVALS=INDX



NPTS=NVALS/IPSTEP

I=NPTS#IPSTEP+]

J=T+IPSTEP

WRITE(NWs200) NVALSINFPTSsIsJ

CALL FACTOR(.75)
C CHANGES 1IN CALCOM. INSERT AFTER CALL TO PLOTS
C STOMP OUT NEGATIVE FILM THICKNESSES, TAG FIRST VAL FOR ERROR MESSAGE,

ITAG=0

CALL PLOT(XORIGsYORIGs=3)

DO 20 K=1sNPTS

IF(ITAG) 15415416

15 IF(FILMT(K) «LTe 0Os) 1TAG=K
16 IF(FILMT(K) «LTe 0e) FILMT(K)=0o
20 CONTINUE

CALL SCALE(TIMESAXLENSNPTSIPSTEP)
WRITE(NWs201) TIME(I)s»TIME(J)
IF(ITAQG) 229¢22+21
21 XPAGE=TIME(ITAG)/TIME (V)
CALL SYMBOL (XPAGE 069149 7HCONTACT930097)
C SCALE THE AXIS ACCORDING TO THE pATA B8UT FORCE THE MINIMUM FILMT TO 0.
C DEFINE AN ADDITIONAL FILMT TO INSURE AT LEASE ONE ZERO
22 FILMT(I)=0.
C CALL SCALE USING I POINTSe IT wILL STORE 0., AS FILM(J) AND DELTAV IN
C FILMT (J+IPSTEP)
NP1=NPTS+1
CALL SCALE(FILMTSAYLENONPL1-IPSTEP)
II=NP1%IPSTEP+1]
JJ= TII+IPSTEP
WRITE (NWe203) FILMT(II)sFILMT (U
C NOw MOVE FIRSTV ANO DELTAV BACK wWHERE THEY BELONG,
FILMT(I)=FILMT(J)
FILMT(J)=FILMT(JU+IPSTEP)
C SCALE DATA FOR TIME. AND INPUT MOTION
CALL SCALE(TIMESAALENSNPTSeIPSTEP)
CALL SCALE(YBPLOTsAYLENSNPTSyIFSTEPR)
CALL PLOT(=XORIGs=YORIGs~=3)
WRITE (NWwe204) YBPLOT(I)+YBPLOT(J)
C DRAW THE AXIS FOR THE APPROPRIATE INPUT MOTION
0IF (MOTION +EQ. g «ANDe IFOFT oEQe B)CALL AXIS(jes]+5s24HINPUT VIBR
1ATION = INCHES+249AYLENSIGO«sYBPLOT(I) »YBPLOT(J))
OIF (MOTION +E£Qe 1 +AND. IFOFT +EQe 8)CALL AXIS(1le91.5937HINPUT VIBR
1ATION = ACCELERATION IN G#S59379AYLENSG0.sYBPLOT(I) sYBPLOT (J))
OIF (MOTION +EQs 0O «AND. IFOFT .GTe 8)CALL AXIS(le91e5920HINPUT SHOC
1K = INCHES+Z09sAYLEN«90eo YEBPLOT (1) 9 YBPLOT(J))
OIF(MOTION .EQGe 1 oANDe IFOFT oG6GTe BICALL AXIS(1le91,5933HINPUT SHOC
1K = ACCELERATION IN G#S9339sAYLENs90,9YBPLOT(1)YBPLOT(J))
WRITE (NwWs205)
C DRAwW THE AXIS FOR FILM THICKNESS
OCALL AXIS(XORIGesYORIGe3ILHBEARING FILM THICKNESS = INCHES»
131 9AYLENSOGO s FILMT(I) «FILMT (J))
WRITE (NwWs206)
C DRAw TIME AXIS
OCALL AXIS(XORIGsYORIGo 14HTIME = SECONDSs=149AXLENsOes

89



ITIMECI) » TIME (J))
CALL PLUT(XORIG+YURIGs=3)
WHITE (NWe207)

C PLOT THE GRAFHS

IF(NPTSLT.30) NOPON=]

IF(NPTS.GE.30) NOPON=NPTS/30

CALL  LINE(TIME,sYBPLOT, NPTSs IPSTEP ¢ NOPONs 3)
CALL  LINE(TIME o FI1LMT, NPTSs IPSTEPsNOPONy 1)
WRITE (NWe203)

C DRAW A CENTERLINE TO REPRESENT EQUILIBRIUM FILM THICKNESS

9%

C

98 CALL PLUOT (=XORIGy~YOR1Gs=3)
WRITE(NWe209)
DO 99 K=1s13
CLY(R)Y=YORIG+HINIT/FILMT (WD)
CLX(K)=XCRIG+FLOAT(K=~1)/12.%AXLEN
CLX(1l4)=0.0
CLX(1%)=1.0
CLY(1l4) =0¢,
CLy(lsy=1.
CALL CNTRLN(CLXsCLY91301)
WRITE (Nwse210)

C RETURN REFERENCE TO LOWEK LEFT HAND CORNER AND LETTER TITLE

C

100 CALL SYMHUL(d.bO,(J.SOs-149I'I1Lt;0.975)

FNCASE=NCASE

CALL SYMBOL(11¢54¢309¢100911HCASE NOos = s0e911)
CALL NUMBER(999,904309410sFNCASEs0e9~1)

CALL SDATE(DATE)

CALL SYMBOL(114590415¢4109DATE20.48)

C PERFOKM ANNOTATION

OIF (MODEL oEQe 1) CALL SYMBOL (4¢5099.654.14,

L 53nS5IMULATOR VERTICAL ON ISOLATORS 20e953)
OIF (MODEL «EWe 2) CALL SYMBUL (4¢5049.659414
1 S3HSIMULATOR VEKRTICAL ON RIGID MOUNTS 90.953)

OIF (MODEL oEde 3) CALL SYMBOL(%4¢5099.6594140

1 555STMULATOR VERTICAL ON RIGIU MOUNTS, CASINGs AND FLEXUREs0.955)
CALL SYMBOL(4.509942594149 19HINPUT FUNCTION IS  +0.919)

UIF(TFOFT 4EWe 8) CALL SYMBOL(999¢49e259al4s

I 40HSTEADY-STATE VIBRATION 20e6940)
IF(IFOFTetws Y9.ANDMOTIONLEQ.D) CALL SYMBOL (9994394259140
140HRALF SINE DISPLACEMENT SHOCK 90.940)
IF(IFOFTeh)e YoANDCMOTIONL.EQSL) CALL SYMBOL (9994394259149
laGriraLt SIne ACCELERATION SHOCK 206940)
IFCIFOF TebEQa10.ANDAMOTIONLEQ.0U) CALL SYMBOL (9994994259, 14
149HREAVERSINE DISPLACEMENT SHOCK 90e940)
IF(IFUFTeFD 1 0eANDWMUTIONGEQLL) CALL SYMBOL (999, 99e259 4149
laOHPAVERSTING ACCELERATION SHOCK 90e940)

ITFATFOFTaREG 11 e ANJ oMU IONGEQWLO) CALL SYMBOL (99949942590 1%
L4 lHsHOCK DISkLaCE4ENT vALUES READ IN AS DATAs0e941)
IF(IFOFTFUol 1o ANDCMOTIONSJEGL, 1) CALL SYMBOL (9994 99e2594 149
141HSHOCK ACCELERATION VALUES READ IN AS DATA90e941)

GO TO (11Us120+s1309)aU) s IFMT7
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110

111

112

115

116

120

130

140

150

200
201
203
204

CALL SYMBOL(4.5098¢859¢14913HAMPLITUDE IS 90e913)
CALL NUMBER(999,3B4859¢149AMPLDs0495)

IF(MOTIONJEQeO) CALL SYMBOL (9994988590149 7H INCHESs0e97)
IF(MOTIONLEQel) CALL SYMBOL (999988596149 7TH G#S 00es7)
GO TO (1129116+1169140)91FM7

CALL SYMBOL(999.98e850414917H FREQUENCY IS +0.917)
CALL NUMBER(999,.484.859:149FREQ90495)

CALL SYMBOL (999 4e8e8%9a1493H HZs0e93)

GO TO 150

CALL SYMBOL (4450984859149 14HPEAK VALUE IS 90e914)

CALL NUMBER(999498¢859¢143s0PEAK90495)

GO TO0 111

CALL SYMBOL (9994984850014 924H PULSE ODURATION IS 90e924)
CALL NUMBER (999408485990 1490D0R~0695)

CALL SYMBOL (999.+8.85901498H SECONDS90,.98)

GO TO 150

OPEAK=PEAKS

ODOR=PDURS

GO TO 115

OPEAK=PEAKH

ODOR=PDURH

GO TO 115

ODOR=FLOAT (NINCP) #TINCP

CALL SYMBOL(4¢5098.8%9e14925HPEAK VALUE IS SHOWN 90.925)
GO TO 116

CALL SYMBOL(4e95798e329¢149390e9~1)

CALL SYMBOL(5.0098¢259el4917H = INPUT FUNCTIONsOeel7)
CALL SYMBOL(4¢5798¢070el4s130e90-1)

CALL SYMBOL (5.0098.009e14932H = THRUST BEARING FILM THICKNESSs0.9
132)

WRITE(Nws211)

CLX(16)=4.50

CLY(1l6)=7.82

CLX(17)=5.25

CLY(17)=7.82

cLX(18)=0.

cLY(18)=0,

CLXx(l9)=1.

CLY(19)=1l.

CALL CNTRLN(CLX(16)sCLY(16)9291)

CALL SYMBOL(5.4297¢759414926HEQUILIBRIUM FILM THICKNESS9sU,.926)
CALL PLOT(=a490e9~3)

CALL DASHPT(0aeo9lledselll)

CALL DASHPT(l14.791l1le39.147)

CALL DASHPT(144790e9+113)

WRITE(Nwe212) \
FORMAT (/5X e 6HNVALS=9I9e6H NPTS=91593H I=9¢I593H J=eIH)
FORMAT (/SXeBHTIME(I)=9E12.598HTIME(JU)=9sE12.,5)

FORMAT (/5X s LOHF ILMT (1) =9E12.5¢ 10HFILMT(JJ)=9EL12.5)
FORMAT (/5Xs 10HYBPLOT (1) =9E12.,5910HYBPLOT(JU)=9E12.5)
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205 FORMAT (/5X925HDIAG VERT AXIS=1 DRAWN
206 FORMAT (/5Xs25HDIAG VERT AXIS=2 DRAWN
207 FORMAT(/5X425HDIAG HORIZ AXIS DRAWN
208 FORMAT (/5X425HCURVES PLOTTED
209 FORMAT (/5Xs25HORIGIN SHIFTED
210 FORMAT(/5X+2SHCENTERLINE DRAWN
211 FORMAT (/5X,25HANNOTATION ALMOST DONE
212 FORMAT(/5Xs25HANNOTATION DONE

RE TURN

END

SURROQUTINE RONKU (XeYsDYoHoHMoNINE oMoE ¢ AKO)
DIMENSION Y(6) DY (6) YL (6)sYD(6)sYP(645)9QP(695)9A(4) 9B(4)eC(4)
30 IF(NE) lele2
1 A(1)=0.5
A(2)= 2928932
A(3)= 1.7071068
A(4)=140/6.0
B(l)=2
B(2)=1
B(3)=1.0
B(4)=2.0
C(l)=0.5
C(2)=A(2)
C(3)=A(3)
C(4)=0.5
IF (NE) 32slle2
11 Do 3 I=lsN
YP(Isl)=Y(1)
3 QP(1+1)=0.0
32 K1=0
2 Xl=X
HH=M
K=1
12 X50 = X1
DO & J=2+5
DO 17 I=1sN
17 YDU(I)Y=YP(led=1)
CALL DIFEQ(NeXLoYDoDY)
IF (J=3) 151+153915%2
151 X1=X1+0.5%HH
GO To 153
152 X1=X1+0,5%HH
153 CONTINUE
DO 5 I=1sN
TERM=A(U=1)# (DY (L) =B(J=1)%QP(lesJu=1))
YP(IeJd)=YP(IgJ=1)+HH*TERM
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Ui

61

71

13

81

14
15
16
13

10

82

QP (Te ) =GP (1eu-1)+3,U*TERM=C(u=1)*DY (I)

CONT INUE

X1 =X50

IF (K=2) 645748

DO 61 J=1»sN

Y1 (J)=YP(Je3)

YP(Jse 1))=Y (J)

QP (Js1)=0.0

K=K+ {

HH=H/2.V

GO T0 12

K=K+1

X1=X1+HH

Do 71 y=lep

QF (JUe 1) =QP (Je5)
YP(Jel)=YP (Je5)

GO T0O 12

DO 81 uU=leN
TI=SQRT(YL(Y) #22+YP (Jeb) ##2)
IF(TL) 18+81418
TEST=ABS (Y1 (J)=YP(Je5)) /Tl
IF (TEST-E£) 8B1s81leY
CONT INUE

Kl=K1l+1

AKO=TEST

IF (K1-M) 10+13413
K1=0

IF (ABS (H/2.0)~ABs (HM))14s15915

AKO=TEST
GO TO 10
H=H/2.0
DO 16 JU=leN

YP(Jel) =Y (J)
GO T0 2

K1=0

H=H+H

X=X1 +HH

DO &2 J=lsN
QP (Je1)=QP (Je5)

YP(Jel)=YP(JeS) +(YEp(Je5)=Y1(J))/15.0

Y(J)=YP(Jsl)

CALL DIFEQ{NsXsYsLY)
RETURN

END
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APPENDIX C

PHOTOGRAPHS OF BEARING SURFACES AND COMPONENTS

Introduction

This appendix contains a thorough documencation of the condition of the bear-
ings during various inspections defined by the following sequence of test

events:

1. Inspection 1 - Beginning of program before any externally applied shock or

vibration.

2. Tests as follows:

a) axial vibration, rigid mounts, 39,000 rpm
b) axial vibration, isolation mounts, 39,000 rpm
c) transverse (Tl) vibration, rigid mounts, 39,000 rpm

d) transverse (Tl) vibration, isolation mounts, 39,000 rpm
3. Inspection 2

4. Tests as follows:

e) transverse (Tl) vibration, isclation mounts, rotor inert
f) transverse (Tl) vibration, rigid mounts, rotor inert

g) transverse (T2) vibration, isolation mounts, rotor inert
h) transverse (T2) vibration, rigid mounts, rotor inert

i) axial vibration, isolation mounts, rotor inert

j) axial vibration, rigid mounts, rotor inert
5. Inspection 3

6. Tests as follows:

k) transverse (T2) vibration, isolation mounts, 39,000 rpm

1) transverse (T2) vibration, rigid mounts, 39,000 rpm

7. Inspection 4
8. All Shock Testing

9. Inspection 5



At the conclusion of each inspection, except the final one, all bearing surfaces
were cleaned for reasons which will soon become apparent. The photographs pre-
sented in this appendix display each significant bearing surface, in turn, in a
time sequence of events which, more or less, affected the apparent condition of

that surface.

Figures 65 through 69 display the apparent condition of the surfaces of the
thrust plate and runner which form two opposing interfaces with the thrust-

bearing gas film.

Figure 65 shows the surfaces at the beginning of the test program. Note, that
some previous wear is evident around the center of the thrust plate (showrn on
the left). The face of the thrust runner, on the other hand, shows little or

no indication of wear.

Figure 66 shows the condition of the thrust-bearing surfaces during Inspection
2. The radial striations and inner circumferential band shown in part a) on
the thrust runner are primarily the result of fine debris rather than wear.
Verification is presented in part b) which shows the same surfaces after being
cleaned. Figure 67 shows these surfaces at the beginning of Inspection 3.
Again the surfaces are dirty but noticeably less so than they were at the
beginning of Inspection 2. This is because a substantially cleaner air supply
was used to drive the simulator turbine after Inspection 2. Figure 67 shows
that some circumferential scratches now appear on the thrust runner which are
not removable by washing. These were shallow surface markings and did not
affect bearing performance. Figure 68 again shows a small amount of debris
accumulation between Inspectim 3 and Inspection 4. Figure 69 shows these
surfaces at the conclusion of all the shock and vibration testing. The five
spots lying in a circle on the thrust runner resulted from suspending the
runner in a stationary position by feeding pressurized air through the five

small orifices in the thrust plate.

Figure 70 shows the condition of the reverse-thrust bearing and opposing runner
face at the beginning of the program, and Figure 71 presents the same surfaces

at the conclusion of the testing. The outer circumferential scratch was
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present to begin with. The difference in the two Figures is attributable to

debris accumulation between Inspection 4 and Inspection 5.

Figures 72 and 73 form a before-and-after set for the compressor bearing
journal. Except for occasional debris accumulation, there was no noticeable

change in the surface condition throughout the program,

Figure 74 shows the condition of the faces of the compressor journal-bearing
pads at the beginning of the program. The pad numbering wonvention.is. defined

with respect to Figure 2 as follows:

In Section AA (Bearing #1), beginning with the pad containing PF8,
the pad numbers increase in the direction of rotation shown by the

curved arrow;

The pad numbers also increase in this direction in Section BB (Bearing #2)

starting with the pad containing PF22.

Figure 75 shows the same bearing surfaces at the conclusion 'of all the shock~-
and-vibration testing. Again, the only difference is in the small amount of

debris accumulation shown in Figure 75.

Figure 76 shows the outer surfaces nf the compressor journal-bearing pads
along with their corresponding pivots. These photos were taken before
commencement of the testing. Figure 77 shows these same surfaces at the con-
clusion of all vibration testing. The only significant effect that the vibration
testing produced was creation of two elongated wear spots on the surfaces of

the pivot ball and pivot socket. The effect of this wear Wwas a slight, but
noticeable increase in the overall diametral clearance at each journal bearing.
This did not produce any observable degradation in machine performance, however.
Although the wear is detectable in Figure 77, it is shown in better detail in
the magnified views of Figure 78 . At this point, the pivot balls were
replaced with new ones and shock testing was begun. At the end of the tests

the photographs of Figure 79 were taken--showing that the shock testing did

not result in the same amount of wear as did the vibration testing.
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Figures 80 and 81 document the condition of the turbine bearing journal
before and after all the testing. As was the case for the compressor journal,

the turbine journal is virtually unaffected by the testing.

Figures 82 through 86 are the turbine journal-bearing counterparts of

Figures 74 through 79 . The turbine journal-pad faces exhibited no signs of
wear (Figures 82,83 ), while the pivot balls received some wear spots during
the vibration testing (Figures 84 and 85), were subsequently replaced, and were

not damaged nor worn by the shock testing (Figure 86).

In summary, all the primary bearing surfaces showed no deterioration as a re-
sult of the vibration and shock testing. Considerable debris was picked up by
the pad faces and thrust-bearing surfaces in the interval between the first

two inspections. Lesser, but still noticeable debris accumulated between each
successive inspection interval. The pivot-ball surfaces showed soume wear
resulting from the vibration testing, but their replacements were virtually
unaffected by the shock tests. Aside from the flexure which fraccured during

a resonance condition, no damage to the machinery resulted from the test pro-
gram. The simulator was performing just as well at the end of the test program

as it was at the beginning.
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APPENDIX D

METALLURGICAL REPORT ON FLEXURE FAILURE

The rotor-bearing system used in the simulator accurately represented the
turbocompressor rotor-bearing system except for the materials from which
certain of the parts were fabricated. Because of the long delivery time
involved in obtaining the specific alloys selected for the turbocompressor
design, several material substitutions were made for the simulator design.
These substitutions were permissible since the simulator, unlike the turbo-
compressor, would be operated at low temperature conditions. One of the
simulator components fabricated from materials other than the materials
specified for use in the turbocompressor were the flexures used to support
the turbine-end journal bearing. The simulator flexures were fabricated
from AISI 4130 steel instead of Discalloy which was specified for the turbo-

compressor flexures.

During the vibration test with the simulator otfiented vertically and running
at 39,000 rpm, the test instrumentation indicated the presence of a resonance
in one of the turbine-end flexure-supported bearing-pad assemblies. While
investigating the nature of this resonance, which occurred at a shake table
frequency of 1365 Hz and an input acceleration level of 7 g's, the journal

bearing flexure failed.

The failure was detected from the instrumentation signals which describe the
position of the journal relative to the casing, and from the signals which
describe the film thickness between each bearing pad and the journal. At

the instant of the failure, the signals indicated a sudden displacement of
the journal and several brief contacts between the pads and journal. The
simulator was shut down without difficulty. The broken flexure was located
and removed during a partial disassembly of the simulator. Visual inspection

of the journal and bearing pads did not reveal any damage to parts other than
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to the flexure; therefore, the simulator was reassembled with a new flexure
and the test program continued. No further failures of the flexures have been

experienced during vibration testing.

The purpose of this appendix is to present a failure analysis of the AISI 4130

steel flexure.

Discussion

The fractured flexure is shown in Figure 87a (side view) and Figure 87b (top
view). It is readily apparent that the tailure occurred at the radius between
the beam and shoulder sections of the flexure. This particular section of

the component is in effect a notch and, as would be expected, is susceptible
to resultant stress magnification effects. The relevant metallurgical data

is given in Table IIIL.

In Figure 88a, the macro-appearance of the fractured surface is given. There

is a notable absence of fibrosity or shear lip indicating a brittle type of
failure. Figure 88b is a transverse view of the cracked area in the "as polished"
condition at 100-power magnification. It is important to note the rather heavy
oxide layer present in the crack itself. This indicates that considerable

oxidation occurred before the catastrophic failure.

Two different areas of the fractured surface are depicted in the electron
micrographs presented in Figures 89a and 89b, respectively. 1In both figures,
the predominance of flat surfaces can be observed; the absence of clear-cut
dimpling is also apparent. This further substantiates the brittle nature of

the fracture.

The grain size associated with the temperature of the flexure at the time of
quenching (prior austenitic grain size) and the microstructure are shown in
the optical microphotographs of the failed area shown in Figures 90a and 90b.
The grain size shown in Figure 90a is extremely fine and is a reflection of

a low austenitizing temperature. This is a highly desirable grain structure,
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Table III

RELEVANT METALLURGICAL DATA

CHEMISTRY

.32 .55 .29 .86 .19
HARDNESS
Re 29-32

CLEANLINESS

Satisfactory. Primary inclusions are manganese.: sulfides and lesser

amounts of silicates.
GRAIN SIZE
Extremely fine, smaller than ASTM-9

MICROSTRUCTURE

Duplex - Predominately tempered lower bainite and tempered martensite.

FRACTURE APPEARANCE

Brittle
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particularly from toughness considerations. However, the microstructure shown
in Figure 90b is duplex in nature, consisting of a mixture of bainite,
martensite, and carbide. The presence of these microstructural aggregates is
a manifestation of the shallow hardenability characteristics of AISI 4130
steel. Duplex microstructures invariably exhibit lower toughness and greater
notch sensitivity than either lower bainite or tempered.martensite. The
physical properties of toughness and notch ductility at a given strength

level collectively play an important role in determining the fatigue behavior
of a given material. The microstructure which develops the optimum level

of these physical properties must be developed, if possible, during heat

treatment.

Metallurgical Observations

1. The metallurgical cleanliness of the AISI 4130 material is
satisfactory and representative of good melting and deoxidation

practice.

2. The grain size is acceptable.

3. The microstructure is duplex in nature consisting of bainite,
martensite, and carbide. This is a highly undesirable micro-
structure due primarily to its low toughness, its higher transition

temperature, and its notch sensitivity.

4. The failure was brittle in nature with very little evidence

of plastic deformation present.

5. Considerable oxidation occurred in the crack area before failure.

Conclusions

During the quenching of low alloy steels from their austenitizing temperature,

differences in thermal contraction and expansion occur as a result of the aus-

tenite transformation. These conditions result in large macroscopic
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(measureable) stresses which must be relieved by plastic yielding. Upon
occasion, these macroscopic stresses exceed the fracture stress of the material,
particularly when stress raisers are present, such as the fillet radius at the
ends of the beam section of the flexure. Where relatively large transitions in

material volume occur in a given part, the susceptibility to quench cracking

is greatly increased.

The most probable cause of the flexure failure was the propagatdioncof a arack at
the abrupt change in section between the flexure beam section and end shoulder.
Initial formation of the crack is believed to have occurred during fabrication

of the flexure; specifically, during the heat-treat quenching operation.
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MATHEMATICAL SYMBOLS

Arbitrary constant used to obtain curve fit; acceleration amplitude, g’s.
Coefficient of viscous damping of thrust-bearing gas film, a nonlinear
function of arguments indicated in suffixed parentheses, lb-sec/in;
arbitrary constant used to obtain curve fit.

Arbitrary constant used to obtain curve fit; acceleration amplitude, g's.
Coefficient of linear viscous damping, lb-sec/in.

Arbitrary constant used to obtain curve fit; acceleration amplitude, g's.

Base of natural logarithms.

Net aerodynamic force acting on rotor, 1lb.

Net force exerted by thrust-bearing gas film, a nonlinear function of
arguments usually indicated in suffixed parentheses, 1b.

Local gravitational acceleration, in/sec
Thrust-bearing gas-film thickness, in.
Journal-bearing gas-film stiffness, 1b/in.
Linear spring stiffness, 1b/in.

Mass, lbwsecz/in.

Time parameter associated with shock pulse, sec.
Time, sec.

Velocity, in/sec.

Static component of thrust-bearing gas-film force, a nonlinear function
of arguments usually listed in suffixed parentheses, 1lb.

Displacement with respect to inertial reference frame, in.

Displacement relative to position of static equilibrium, in.



Subscripts
1, 2, 3 = first, second, or third mass elements respectively.

b = Base

Superscript Conventions

!
]

Condition at static equilibrium

d
dt

d2

dt2
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Fig. 28 Lissajous Patterns Indicating 90° Phase Shift at 120 Hz
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Fig. 39 Calculated and Measured Shock Response During Collapse of
The Thrust-Bearing Gas Film
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Fig. 41 Calculated and Measured Thrust-Bearing Gas Film Response
To Axial Shock (Simulator Mounted on Isolators,
Shafting Rotating at 39,000 rpm)
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Fig. 43 Parameters of Computer Program Used to Calculate Transverse
Vibration Response
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Comparison Between Measured and Calculated
Orbits at 166 Hz
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Fig. 64 Data Displays of Transverse Shock Responses With Simulator Mounted on Vibration
and Shock Isolators (Shaft Rotating at 39,000 rpm)




Fig. 65 Forward Thrust Plate and Runner, Inspection 1, After Cleaning
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(a) Before Cleaning

(b) After Cleaning

Fig. 66 Forward Thrust Plate and Runner, Inspection 2



(a) Before Cleaning

(b) After Cleaning

Fig. 67 Forward Thrust Plate and Runner, Inspection 3
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Fig.

68 Forward Thrust Plate

and Runner, Inspection 4, Before Cleaning
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Forward Thrust Plate and Runner Inspection 5, Before Cleaning
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Fig. 71 Reverse Thrust Plate and Runner Imspection 5
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Compressor Bearing Journal, Inspection 1
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Fig. 74 Compressor Journal Bearing Pads, Face View, Inspection 1
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BEARING #1 PAD #1 BEARING #( PAD#2
(a)

BEARING #1 PAD#4 BEARING #1 PAD #3
(b)

Fig. 75 Compressor Journal Bearing Pads, Face View, Inspection 5
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Fig. 76 Compressor Journal Bearing Pads, Rear View with Pivots, Inspection 1
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BEARING #1 PAD# 4 BEARING #| PAD #3
(b)

Fig. 77 Compressor Journal Bearing Pads, Rear View with Pivots, Inspection 4



(a) Socket

(b) Ball

Fig. 78 Compressor Journal Bearing Pad Pivot Surfaces, Inspection 4
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Fig, 79 Compressor Journal Bearing p

Rear viey with Pivots, Inspection 5

183






G8T

Fig. 81 Turbine Bearing Journal, Inspection 5



BEARING # 2 PAD #| BEARING #2 PAD #2
(a)

BEARING #2 PAD#4 BEARING #2 PAD #3
(b)

Fig. 82 Turbine Journal Bearing Pads, Face View, Inspection 1
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BEARING #2 PAD# | BEARING #2 PAD #2

BEARING #2 PAD# 4 BEARING #2 PAD# 3
(b)

Fig. 83 Turbine Journal Bearing Pads, Face View, Inspection 2

187



188

Fig., 84

BEARING #2 PAD # |

BEARING #2 PAD# 4 BEARING #2 PAD #3
(b)

Turbine Journal Bearing Pads, Rear View with Pivots, Inspection 1
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(a)

BEARING #2 PAD*# 4 BEARING # 2 PAD #3
(b)

Fig. 85 Turbine Journal Bearing Pads, Rear View with Pivots, Inspection 4
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BEARING # 2 PAD# | BEARING# 2 PAD# 2
(a)

BEARING # 2 PAD#4 BEARING #2 PAD #3
(b)

Fig. 86 Turbine Journal Bearing Pads, Rear View with Pivots, Inspection 5
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SIDE VIEW OF FRACTURED FLEXURE

A

Fig. 87 Views of Fractured, Flexure
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(a) Macro View - 2X

(b) Transverse View - 100X

Fig. 88 Magnified Views of Fractured Flexure Surfaces
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(a) Prior Austenitic Grain Size - Etchant 2% Picral - 1000X

(b) Typical Microstructure - Etchant 2% Nital - 1000X

Fig. 90 Grain Structure Micrographs
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