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Page 2, definition of F should read as follows: 

F Load on element, N 

 

Page 3, definition of R should read as follows: 

R Effective radius of curvature, m 

 

Page 3, definition of delta (δ) should read as follows: 

δ Total race deflection including deformation and clearance takeup, m 

 

Page 44, equation (3.1-18), based on ESDU 78035 (1978, as revised 1995) should read as follows: 

 

  (3.1-18) 

 

Page 64, equation (3.6-34) should read as follows: 

  (3.6-34) 
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Summary 

By the middle of this cmtury two distinct regimes of 
lubrication were generally recognized. The first of these 
was hydrodynamic lubrication. The developmenr of the 
ucderstanding of this lubrication regime began with ..w 
classical experiments of Tower (1883). ir. which the 
existence of a film was detected from measurements of 
presswe within the lubricant. and o t  Peirov (1883). who 
reached the same conclusion from friction measure- 
ments. This work was closely followed by Reynolds' 
(1886) celebrated anal)lical paper in which he used a 
reduced form of the Navia-Srokes equations in associa- 
tion with the continuity equation to generate a second- 
order differential equation for the pressure in the narrow. 
converging gap of  a bear~ng contact. Such a pressure 
rnables ;l load to be transmitted b e t w m  the surfaces 
with very low friction simce the stirfaces are completely 
stparated by a film of fluid. In such a situation it is the 
physical properties of the lubricant. notably the dynamic 
viscosity. that dictate the behavior of the contact. 

The second lubrication regime clearly recognized by 
1950 s-as boundary lubric .:ion. The understanding of 
this lubrication regime is normally attributed to Hardy 
and Doubleday (1922a and 3). *ho f*:und that ver) thin 
films adhering to surfaces were cften sufficient to assist 
relative sliding. They concluded that under such circum- 
stances the chemical composition o; the fluid is 
important. and they introduced the term "boundary 
lubrication." Boundary lubrication is at the opposite end 
of the lubrication spearum from hydrodynamic lubrica- 
tion. In boundary lubrication it is the physical and 
chemical properties of thin films of molecular propor- 
tions and the surfaces to which they are attached that 
determine contact behavior. The lubricant viscosity is not 
an influential parameter. 

in the last 30 years research has been devoted to a 
better understanding and more precise definition of other 
lubrication regimes bet ween these exlremes. One such 
lubrication regime occurs in nonconformal contacts. 

, where the pressures are high and the bearing surfaces 
i deform elastically. In this situation the viscosity of the 

I lubricant may rise considerably, and this funher assists 
the forination of an effective fluid film. A lubricated 
contact in which such effects are to be found is said to be 
owrating eIa~tlohydrodynamicaIIy~ Significant progress d 

has been made in our understanding of the mechanism of 
elastohydrodynamic lubrication. generally viewed as 
reaching rrtaturity. 

This report briefly describes the science of these three 
lubrication regimes (hydrodynamic. elastohydro- 
dynamic. and boundazy) and then demonstrates how this 
science is used in the design of machine elements. 

Symbols 

total projected pad area. mz 
groove width ratio 
bearing pad load coefficient 
total conformity of ball bearing 
semiminor axis of contact, m: width of pad. m 
length ratio. b,ibr 
length of feed groove region. m 
lengt t of ridge region. m 
length of step region, m 
dynamic load capacity, N 
load coefficient. F/pa I  
radial clearance of journal bearing, m 
pivot circle clearance, m 
bearing clearance at pad minimum film thickness 
(fig. 2.1-9). m 

orifice discharge coefficient 
distance between race curvature centers. m 
material factor 
diameter of contact ellipse along x-axis. m 
diameter of contact ellipse along y-axis. m 
diameter of rolling element or diameter of 
journal. m 

overall diameter of ball bearing (fig. 2.6-2). m 
bore diameter of ball bearing, m 
diameter of capillary tube, m 
inner-race diameter of ball bearing. m 
outer-race diameter of ball bearing, m 
diame:er of orifice, m 
modulus of elasticity, N/mz 



I-"? 1-13 
E '  effective elastic modulus. 2 --A + --- 

N/m? 
/La Eb 

E metallurgical processing factor 
& elliptic integral of second kind 

e eccentricity of journal bearing. m 
F applied normal load. N 
F' load per unit length. N/m 

lubrication factor 
3 elliptic integral of first kind 

Fc. pad load component along line of cecters (fig. 
2.4-1). N 

F rolling-element-bearing equivalent load, N 
F applied radial load. N 

F, pad load componeni normal to line of centers (fig. 
2.4-1 ). N 

F, applied thrust load, K 
f race conformity ratio 

. coefficient dependent on materials and rolling- 
element-bearing type (table 3.6-10) 

C dimensionles\ materials parameter 

d rpeed effe~t factor 
C ,  groove factor 

p, dimensionless elasticity parameter. It" 3 L'' 

R~ dimen\ionlerc viscosity parameter, ClJ? L'? 
H dimensionless film thickness. h / R ,  
H misalignment factor 

H, dimensionless film thickne\c ratio. h, /h ,  

Hh pad pumping power. N m, s 

H,. power consumed in friction per pad. \V 

Hr pad pouer coefficient 

H,,, dimensionle\s minimum film thickne\\. Iinli, K ,  
H,,,, dimensionlc\\  minimum film thichnes\,  

H,,, ( U. /L )=  

H,, dimensionle\\ pi\()[ film thickness. h,,/c 

H, dimensionle\s [railing-edge film thicknew, h,/c 
h film thickne\\, ni 

h, inlet film thickncr\. m 
h, film thickncs\ ratio, h,/h,, 
h, leading-edge film thickne\s, m 
h,,, minimum film thickness. m 
h,, ourlet film thickness. m 

h,, film thickncs\ at pivot. m 

h, film thickne\s in ridge region, m 

/ I ,  film thicknc\c in srcp region, m 

h, film thichne\\ at trailing edge, m 

h,, film con\tant. r 

number of stress cycles 
load deflection constant 
dimensionless stiffness coefficient . cEiplp$I 
dimensionless stiffness. - claH.l&) 
film stiffness, N/m 
loaddeflection constant for a roller bearing 
load-deflection constant for a ball bearing 
dimensionless stiffness. cKplp$I 
ellipticit! parameter. D,.lD,, 
capillary tube constant. mz 
orifice constant. mJ1s NI 2 

fatigue life 
adjusted fatigue life 
fatigue life where YO percent of bearing population 
will endure 

fatigue life \\here 50 percent of bearing population 
will endure 

bearing length. m 
length of capillary tube, m 
roller effecthe length, m 
roller length. m 

length dimension in stress \olume. m 
total a\;ial length of groove. m 
probability of failure 
stabilit y paramerer, r ? ~ p , , h ~ Z R ~ I q ~  
number of rou of rolling elements 
mas\ \upported by bearing. S s', m 
preload factor 
rotational rpeed. rps 
Reynolds number 
number of rolling elements or number of pad, or 
groove\ 

dimen\ionlec\ p:e\\ure, p / E '  
diametral clcsrance, m 
frcc endplay, m 
pressurc, N m: 

ambient pressurc. N rn? 
l i f t  pressure, Ni'm' 
maximum preswre. N/mz 

recess pressure. N; rnz 
bearing supply pressurc, Nim: 

volume flow of lubricant. m-l/s 
dimensionless flow. 3qQ/rp& 
volume flow of lubricant in capillary. mVc 
volume flow of lubricant in orifice, m?/s 

volume side flow of lubricant, mb's 
constant, r," - 1 
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Y' 
d 'lk 

F' 

bearing pad flow coefficient 
curvature sum on shaft or bearing radius. m 
groove length fraction. (RI - Rg)/(RI - R2) 
groove radius (fig. 2.4-19). m 
orifice radius, m 
effective radius in xdirection, m 
effective radius in y-direction, m 
outer radius of sector thrust bearing, m 
inner radius of sector thrust bearing, m 
race curvature radius, m 
roller comer radius, m 
probability of survival 
Sommerfeld number for journal bearings, 
qNQ1/4Fc2 

Sommerfeld number for thrust bearings. 
rsrblz/ Fh; 

shoulder height, m 
tangential force. N 
dimensionless torque. 6TJ rpa( ~f + ~ 3 )  h,2, 

critical temperature. "C 

qo viscosity at atmospheric pressure. N s/m2 
8 angle used to define shoulder height, deg 
8 dimensionless step location, 8,/ (8,+80) 

8, angular extent of lubrication feed groove, deg 

8, angular extent of ridge region. deg 

8, angular extent of step region, deg 
,I film parameter (ratio of minimum film thickness 

to composite surface roughness) 
dimensionless bearing number, 

39&f - R$)/P& 
dimensionless bearing number. 6q~R2/p& 
dimensionless bearing number, 6qul/p&~ 
length-to-width ratio 
length ratio. (b,+ bs+ bg) /I 
(1 + 2/3a) - I 
coefficient of friction, T/F  
Poisson's ratio 
pressure-viscosity coefficient of lubricant. m2/N 
angle between line of centers and pad leading 
edge, deg 

torque. N m p lubricant density, N sVm.1 
dimensionless speed parameter. u&E'R, po density at atmospheric pressure. N sVm4 
mean surface velocity in direction of motion. m/s om, maximum Hertzian stress. N/m2 
elementary volume, m3 T shear stress, N/m2 
dimensionless load parameter. FIE' R i  rO maximum shear stress. N/m2 
dimensionless load capacity. F/p,,l( br + bs+ bg) q attitude angle in journal bearings, deg 
dimensionless load, 1 .S G J F / X ~ ~ ( R ~  - R$) qp angle between pad leading edge and pivot. deg 
factors for calculation of equilvalent load \C angular location, deg 
coordinate system 
distance from inlet edge of pad to pivot. m 
radius ratio. Ry/R, 
offset factor 
groove width ratio, bsl (br+ 6,) 
angular extent of pad. deg 
radius ratio. R2/RI 
contact angle, deg 
iterated value of contact angle, deg 
groove angle. deg 
free or initial contact angle, deg 
angle between load direction and pivot, deg 
curvature difference 
groove length ratio, / , / I  
rms surface finish, m 
total elastic deformation, m 
eccentricity ratio, elc 
absolute viscosity of lubricant. N s/m2 
kinematic viscosity, q/p, m2/s 

4, angular limit of tC.. deg 

4 step location parameter, bs/ ( br+ 6, + bg) 
w angular velocity, rad/s 

WB angular velocity of rolling-element race contact. 
rad/s 

wb angular velocity of rolling element about its own 
center, rad/s 

wc angular velocity of rolling element about shaft 
center, rad/s 

wd rotor whirl frequency. rad/s 
- 
ad whirl frequency ratio, ~ d / o ,  

w, journal rotational speed. rad/s 

Subscripts: 

a solid a 
b solid b 
EHL elastohydrodynamic lubrication 
e elastic 
HL hydrodynamic lubrication 
i inner 



iv isoviscous 
o outer 
pv piezoviscous 
r rigid 
x,y,z coordinate system 

1 Lubrication Fundamentals 

A lubricant is any substance that is used to reduce 
friction and wear and to provide smooth running and a 
satisfactory life for machine elements. Most lubricants 
are liquids (like mineral oils, the synthetic esters and 
silicone fluids. and water). but they may be solids (such 
as polytetrafluoroethylene) for use in dry bearings or 
gases (such as air) for use in gas bearings. An understand- 
ing of the physical and chemical interactions between the 
lubricant and the tribological surfaces is necessary if the 
machine elements are to be provided with satisfactory 
life. To help in the understanding of this tribological 
behavior. the first section describes some lubrication 
fundamentals. 

1.1 Conformal and Noaconformal Surfaces 

Hydrodynamic lubrication is generally characterized 
by surfaces that are conformal. That is, the surfaces fit 
snugly into each other with a high degree of geometrical 
conformity, as shown in figure 1.1-1, so that the load is 
carried over a relatively large area. Furthermore. the 
load-carrying surface remains essent~aiig constant while 
the load is increased. Fluid-film journal bearings (fig. 
I .  1- 1) and slider bearings exhibit conformal surfaces. In 
journal bearings the radial clearance between the shaft 
and bearing is typically one-thousandth of the shaft 
diameter; in slider bearings the inclination of the bearing 
surface to the runner is typically one part in a thousand. 
These converging surfaces. coupled with the fact that 
there is relative motion and a viscous fluid separating the 
surfaces, enable a positive pressure to be developed and 
exhibit a capacity to support a normal applied load. The 
magnitude of the pressure developed is nor generally 
large enough to cause significant elastic deformation of 
the surfaces. The minimum film thickness in a hydro- 
dynamically lubricated bearing is a function of applied 

shaft-, 

Figure I .  I- l .-Conformal surfaces. (From Hamrock and Anderson. 
1983.) 

load. speed, lubricant viscosity. and geometry. The 
relationship between the minimum film thickness hmin 
and the speed u and applied normal load F for conformal 
surfaces is given as 

For more coverage of hydrodynamic lubrication see 
Section 2. 

Many machine elements have contacting surfaces that 
do nor conform to each other very well, as shown in 
figure 1.1-2 for a rolling-element bearing. The full 
burden of the load must then be carried by a very small 
contact area. In general, the contact areas between 
nonconformal surfaces enlarge considerably with 
increasing load, but they are still smaller than the contact 
areas between conformal surfaces. Some examples of 
nonconformal surfaces are mating gear teeth. cams and 
followers. and rolling-element bearings (fig. I .  1-2). The 
m9de of lubrication normally found in these 
nonconformal contacts is elastohydrodynamic lubrica- 
tion. The requirements necessary for hydrodynamic 
lubrication (converging surfaces. relative motion, and 
viscous fluid) are also required for elastohydrodynamic 
lubrication. 

The relationship between the minimum film thickness 
and normal applied load and speed for an elastohydro- 
dynamically lubricated contact is 8 

(hmn),,, aF-0.073 - 1  2 

The results of equations (1.1-2) and ( I .  1-3) compare with 
that obtained for hydrodynamic lubrication expressed in 
equation (1.1-1) as follows: 

(1 )  The exponent on the normal applied load is nearly 
seven tlmes larger for hydrodynamic lubrication of 
conformal contacts than for elastohydrodynamic 
lubrication. This implies that in elastohydrodynamic 
lubrication the film thickness is only slightly affected by 
load while in hydrodynamic lubrication it is significantly 
affected by load. 

Rolling 
element 7 

Figule I .  I-2.-b~onconformal surfaces. (From Hamrock and 
Anderson, 1983.) 



(2) The exponent on mean velocity is slightly higher 
for elastohydrodynamic lubrication than for 
hydrodynamic lubrication. 
For more discussion of elastohydrodynamic lubrication 
see Section 3. 

The load per unit area in conformal bearings is rela- 
tively low, typically averaging only I MN/m2 and seldom 
over 7 MN/m? By contrast, the load per unit area in 
nonconformal contacts will generally exceed 700 MN/m2 
even at modest applied loads. These high pressures result 
in elastic deformation of the bearing materials such that 
elliptical contact areas are formed for oil film generation 
and load support. The significance of the high contact 
pressures is that they result in a considerable increase in 
fluid viscosity. Inasmuch as viscosity is a measure of a 
fluid's resistance to flow, this increase greatly enhances 
the lubricant's ability to support load without being 
squeezed out of the contact tone. The high contact pres- 
sures in nonconforming surfaces therefore result in both 
an elastic deformation of the surfaces and large increases 
in the fluid's viscosity. The minimum film thickness is a 
function of the parameters found for hydrodynamic 
lubrication with the addition of an effective modulus-of- 
elasticity parameter for the bearing materials and a 
pressure-viscosity coefficient for the lubricant. 

1.2 Bearing Selection 

Ball bearings are used in many kinds of machines and 
devices with rotatkg parts. The designer is often con- 
fronted with decisions on whether a nonconformal bear- 
ing such as a rolling-element bearing or a conformal 
bearing such as a hydrodynamic bearing should be used 
in a particular application. The following characteristics 
make rolling-element bearings more desirable than 
hydrodynamic bearings in many situations: 

( I )  Low starting and operating friction 
(2) The ability to support combined radial and thrust 

loads 
(3) Less sensitivity to in:erruptions in lubrication 
(4) No self-excited instabilities 
(5) Good low-temperature starting 

Within reasonable limits changes in load, speed, and 
operating temperature have but little effect on the satis- 
factory performance of rolling-element bearings. 

The following characteristics make nonconformal 
bearings such as rolling-element bearings less desirable 
than conformal (hydrodynamic) bearings: 

(1) Finite fatigue life subject to wide fluctuations 
(2) Large space required in the radial direction 
(3) Low damping capacity 
(4) High noise level 
(5) More severe alignment requirements 
(6) Higher cost 

Each type of bearing has its particular strong points. and 
care should be taken in choosing the most appropriate 
type of bearing for a given application. 

The Engineering Sciences Data Unit documents (1965, 
1967) provide an excellent guide to the selection of the 
type of journal or thrust bearing most likely to give the 
required performance when considering the load, speed. 
and geometry of the bearing. The following types of 
bearings were considered: 

(1) Rubbing bearings, where the two bearing surfaces 
rub together (e.g., unlubricated bushings made from 
materials based on nylon, polytetrafluoroethylene. also 
known as PTFE. and carbon). 

(2) Oil-impregnated porous metal bearings, where a 
porous metal bushing is impregnated with lubricant to 
give a self-lubricating effect (as in sintered-iron and 
sintered-bronze bearings). 

(3) Rolling-element bearings, where relative motion is 
facilitated by interposing rolling elements between 
stationary and moving components (as in ball,ioller. and 
needle bearings). 

(4) Hydrodynamic film bearings. where the surfaces in 
relative motion are kept apart by pressures generated 
hydrodynamically in the lubricant film. 

Figure 1.2-1. reproduced from the Engineering 
Sciences Data Unit publication (1965). gives a guide to 
the typical load that can be carried at various speeds, for 
a nominal life of 10 000 hr at room temperature, by 
journal bearings of various types on shafts of the 
diameters quoted. The heavy curves indicate the 
preferrod type of journal bearing for a particular load, 
speed, and diameter and thus divide the graph into 
distinct regions. From figure 1.2-1 it is observed that 
rolling-element bearings are preferred at lower speeds 
and hydrodynamic oil film bearings are preferred at 
higher speeds. Rubbing bearings and oil-impregnated 
porous metal bearings are not preferred for any of the 
speeds, loads, or shaft diameters considered. Also. as the 
shaft diameter is increased. the transitional point at 
which hydrodynamic bearings are preferred over rolling- 
element bearings quite rapidly moves toward lower 
rotational frequency. 

The applied load and speed are usually known, and this 
enables a preliminary assessment to be made of the type 
of journal bearing most likely to be suitable for a 
particular application. In many cases the shaft diameter 
will have been determined by other considerations, and 
figure 1.2-1 can be used to find the type of journal bear- 
ing that will give adequate load capacity at the required 
speed. These curves are based on good engineering prac- 
tice and commercially available parts. Higher loads and 
speeds or smaller shaft diameters are possible with 
exceptionally high engineering standards or specially 
produced materials. Except ior rolling-element bearings 
the curves are drawn for bearings with a width equal to 
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Figure 1.2-1 .-General guide 
A medium-viscosity mineral 

- ---0- Rubbing bearings - -- Oil-imprepnated porous mebl bearings 
Rolling bearings - - -- Mydralynamic oil-film bearings 
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Frequency of rotation. rpm 

to journal bearing type. (Except for roller bearings. curves are drawn for bearings with width q 
oil lubricant is assumed for hydrodynamic bearings.) (From Engineering Sciences Data Unit, 1965. 

11a1 to diameter. 
. )  

the diameter. A medium-viscosity mineral oil lubricant is 
assumed for the hydrodynamic bearings. 

Similarly, figure 1.2-2, reproduced from the 
Engineering Sciences Data Unit publication (1967). gives 
a guide to the typical maximum load that can be carried 
at various speeds for a nominal life of 10 000 hr at room 
temperature by thrust bearings of the various diameters 
quoted. The heavy curves again indicate the preferred 
type of bearing for a particular load, speed, and diameter 
and thus divide the graph into major regions. As with the 
journal bearing results (fig. 1.2-1) the hydrodynamic 
bearing is preferred at higher speeds. A difference 
between figures 1.2- 1 and 1.2-2 is that at very low speeds 
there is a portion of the laiter figure in which the rubbing 
bearing is preferred. As the shaft diameter is increased, 

the transitional point at which hydrodynamic bearings 
are preferred over rolling-element bearings again moves 
to  the left. Oil-impregnated porous metal bearings are 
not preferred for any of the speeds, loads, or shaft 
diameters considered in this figure. 

1.3 Lubricants 

Both oils and greases are extensively used as lubricants 
for all types of machine elements over wide ranges 
of speeds, pressur . and operating temperatures. 
Frequent1 y the choice is determined by considerations 
cther than lubrication requirements. The requirements of 
the lubricant for successful operation of nonconformal 
contacts such as in rolling-element bearings and gears are 
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---------- Rubbing hearings ---- Oil-impregnated porous metal bearings -- Rolling bearings - - - -  Hydrodynamic oil-film bearings 

Frequency of rotation, rpm 

Figure 1.2-2.-General guide to thrust bearing type. (Except for roller bearings, curves are drawn for typical ratios o i  inaide to outside diameter. 
A medium-viscocity mineral oil lubricant is assumed for hydrodynamic bearings.) (Frcm Engineering Sciences Data Unit, 1967.) 

considerably more stringent than those for conformal 
bearings and therefore will be the primary concern in this 
sect ion. 

Because of its fluidity oil has several advantages over 
grease: it can enter the loaded conjunction most readily 
to flush away contaminants, such as water and dirt, and 
particularly to transfer heat from heavily loaded machine 
elements. Grease, however, is extensively used because it 
permits simplified designs of housings and enclosures, 
which require less maintenance, and because i t  i5 more 
effective in sealing against dirt and contaminants. 

1.3.1 Viscosity 

In hydrodynamic and elastohydrodynamic lubrication 
:the most important physical property of a lubricant is its '. viscosity. The viscosity of a fluid may be associated with 

r its resistance to flow, that is, with the resistance arising 
from intermolecular forces and internal friction as the 

molecules move past each other. Thick fluids, like 
molasses, have relatively high viscosity; they do not flow 
easily. Thinner fluids, like water, have lower viscosity; 
they flow very easily. 

The relationship for internal friction in a viscous fluid 
(as proposed by Newton, 16871 can be written as 

where 

T internal shear stress in the fluid in the direction 
of motion 

t coefficient of absolute or dynamic viscosity or 
coefficient of internal friction 

du/dz velocity gradient perpendicular to the direction 
of motion (i.e., shear rate) 



I t  follows from equation (1.3-1) that the snit of dynamic 
viscosity must be the unit of shear stress divided by the 
unit of shear rate. In the newton-meter-second system the 
unit of shear stress is the newton per square meter while 
that of shear rate is the inverse second. Hence the unit of 
dynamic viscosity will be newton per square meter 
multiplied by second, or N s/m2. In the SI system the 
unit of pressure or stress (N/m2) is known as pascal. 
abbreviated Pa, and it is becoming increasingly common 
to refer to the SI unit of viscosity as the pascal-second 
(Pa s). In the cgs system, where the dyne is the unit of 
force, dynamic viscosity is expressed as dyne-second per 
square centimeter. This unit is called the poise, with its 
submultiple the centipoise ( I  cP = 102 P), of a more con- 
venient magnitude for many lubricants. used in practice. 

Conversion of dynamic viscosity from one system to 
another can be facilitated by table 1.3-1. To convert 
from a unit in the column on the left side of the table to a 
unit at the top of the table. multiply by the corresponding 
value given in the table. For example, q=0.04 
N s /m2=0.04x  1 . 4 5 ~  10-4 lbf s / in2=5.8x  10-6 
Ibf s/in2. Three metric and one English system are 
presented-all based on force, length, and time. Metric 
units are the centipoise. the kilogram force-second per 
square meter, and the newton-second per square meter 
(or Pa s). The English unit is pound force-second per 
square inch, or reyn in honor of Osborne Reynolds. 

In many situations it is convenient to use the kinematic 
viscosity rather than the dynamic viscosity. The 
kinematic viscosity qk is equal to the dynamic viscosity q 
divided by the density p of the fluid (qk = q/p). The ratio 
is literally kinematic, all trace of force or mass cancelling 
out. The unit of kinematic viscosity may be written in SI 
units as square meters per second, in English units as 
square inches per second, or in cgs units as square 
centimeters per second. The name stoke, in honor of Sir 
George Gabriel Stokes, was proposed for the cgs unit by 

Indeed, many lubricated machine elements operate over 
ranges of pressure or temperature so extensive that the 
consequent substantial variations in the viscosity of the 
lubricant may dominate the operating characteristics of 
the machine element. Consequently an adequate 
knowledge of the viscosity-pressure and viscosity- 
pressure.-temperature relationships of lubricants is thus 
indispensable. 

1.3.2 Oil lubrication 

Except for a few special requirements, petroleum oils 
satisfy most operating conditions in machine elements. 
High-quality products, free from adulterants that can 
have an abrasive or lapping action, are recommended. 
Animal or vegetable oils and even petroleum oils of poor 
quality tend to oxidize, to develop acids, or to form 
sludge or resinlike deposits on the bearing surfaces. They 
thus penalize bearing performance or endurance. 

A composite of recommended lubricant kinematic 
viscosities at 38" C (100" F) is shown in figure 1.3-1. The 
ordinate of this figure is the speed factor, which is 
bearing bore size measured in millimeters multiplied by 
the speed in revolutions per minute. In many rolling- 
element bearing applications an oil equivalent to an 
SAE-I0 motor oil ( 4x  10-6 rnz/s, or 40 cS, at 38" C 
(100" F)) or a light turbine oil is the most frequent choice. 

For a number of military applications where the 
operational requirements span the temperature range 
- 54" to 204" C ( -65" to 400" F), synthetic oils are used. 
Ester lubricants are most frequently employed in this 
temperature range. In applications where temperatures 
exceed 260" C (500" F), most synthetics will quickly 
break down, and either a solid lubricant (e.g., MoS2) or a 
polyphenyl ether is recommended. For a more detailed 
discussion of synthetic lubricants, see Bisson and 
Anderson (1964). 

Max Sakob in 1928. The centistoke, or  one-hundredth 
GreaFC lubriC(Iti.n part, is an everyday unit of more convenient size, corre- 

sponding to the sentipoise. The simplest method of lubricating a bearing is to 
The viscosity of a glven lubricant varies within a given apply grease because of its relatively nonfluid charac- 

machine element as a result of the nonuniformity of teristics. Danger of leakage is reduced, and the housing 
pressure or temperature prevailing in the lubricant film. and enclosure can be simpler and less costly than those 

TABLE 1.3- 1. - VISCOSITY CONVERSION 

To convert 
from- 

CP 

kgf s,m2 

N slm 
2 

l b f  s / in  

To- 

CP I ~ g f  s/m2 I N s/m2 ) l b f  s / in2  

M u l t i p l y  by- 

1 . 4 5 ~  

1 . 4 2 2 x l o - ~  

1 . 4 5 x l 0 - ~  

1  

lo-3 

9.807 

1  

6 . 9 ~ 1 0  
3  

1  

9 . 8 0 7 ~ 1 0  
3 

lo3  
6.9x106 

1 . 0 2 ~ 1 0 - ~  

1  

1 . 0 2 ~ 1 0 - ~  

7 . 0 3 4 ~ 1 0  
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range of all greases (-73' to 232' C; - 100' to 450" F), 
but have the disadvantage of low load-carrying capacity. 

(5) Fluorosilicone oil greases have all of the desirable 
features of silicone oil greases plus good load capacity 
and resistance to fuels, solvents, and corrosive sub- 
stances. Their very low volatility in vacuum down to 
10-7 torr makes them useful in aerospace applications. 

(6) Perfluorinated oil greases have a high degree of 
chemical inertness and are completely nonflammable. 
They have good loadcarrying capacity and can operate 
at temperatures as high as 280' C (550" F) for long 
periods. This makes them usef~tl in the chemical pro- 
cessing and aerospace industries, where high reliability 
justifies the additional cost. 

Grease consistency is important since grease will slump 
badly and churn excessively when too soft and fail to 
lubricate when too hard. Either condition causes 
improper lubrication, excessive temperature rise, and 
poor performance and can shorten machine element life. 
A valuable guide to the estimation of the useful life of 
grease in rolling-element bearings has been published by 
the Engineering Sciences Data Unit (1978). 

It has been demonstrated recently by Aihara and 
-50 0 50 100 150 200 250 Dowson (1979) and by Wilson (1979) that the film 

Operating temperature. OF thickness in grease-lubricated components can be 
Figure 3.17 - Recommended lubricant viscosities calculated with adequate accuracy by using the viscosity 

for ball bearings. 
Figure 1.3-1.-RecommendedTubricrnt viscosities for ball bearings. of the base oil in the elastohydrodynamic equation (see 

(From Hamrock and Dowson. 1981 .) Section 3). This enables the elastohydrodynamic lubrica- 
tion film thickness formulas to be auulied with confi- - - 
dence to grease-lubricated machine elements. 

used with oil. Grease can be packed into bearings and 
retained with inexpensive enclosures, but packing should 

1.4 Lubrication Regimes 
not be excessive and the manufacturer's recommenda- 
tions should be closely adhered to. 

The major limitation of grease lubrication is that it is 
not particularly useful in high-speed applications. In 
general. it is not employed for speed factors over 
200 000, although selected greases have been used suc- 
cessfully for higher speed factors with special designs. 

Greases vary widely in properties depending on both 
the type and the grade or consistency. For .'-is reason few 
specific recommendations can be made. Greases used for 
most bearing operating conditions consist of petroleum, 
diester, polyester, or silicone oils thickened with sodium 
or lithium soaps or with more recently developed non- 
soap thickeners. General characteristics of greases are as 
follows: 

(1 )  Petroleum oil greases are best for general-purpose 
operation from -34" to 149" C (-30" to 300" F). 

, (2) Diester oil greases are designed for low- 
temperature service down to - 54" C ( - 65" F). 

(3) Ester-based greases are simildr to diester oil greases 
r but have better high-temperature characteristics, cover- 
* ing the range -73" to 177" C ( -  100' to 350" F). 
I 

P (4) Silicone oil greases are used for both high- and low- 
temperature operation, over the widest temperature 

If a machine element is adequately designed and lubri- 
cated, the lubricated surfaces are separated by 3 lubricant 
film. Endurance testing of ball bearings, as reported by 
Tallian et al. (1965) has demonstrated that when the 
lubricant film is thick enough to separate the contacting 
bodies, fatigue life of the bearing is greatly extended. 
Conversely, when the film is not thick enough to provide 
full separation between the asperities in the contact zone, 
the life of the bearing is adversely affected by the hign 
shear resulting from direct metal-to-metal contact. 

To establish the effect of film thickness on the life of 
the machine elen,:.it, we first introduce a relevant param- 
eter A. The relationship between A and the minimum film 
thickness hmin is defined to be 

where 

A, rms surface finish of surface a 
Ab rms surface finish of surface b 



ORIGINAL PAGE R 
OF POOR Q U A L I N  

Hence .\ is just the minimum film thickness in units of the 
composite roughness of the two bearing surfam. 

1.4. I Hjdrodjnamic lubrication regime 

Hydrodynamic lubrication occurs when the iubricant 
film is sufficiently thick to prevent the opposing solids 
from coming into contact. This condition is often 
referred w as the ideal form of lubrication s i n c ~  it 
provides low friction and a high resistance t:, wear. The 
lubrication of the contact is governed by the bulk 
physical properties of the lubricant. notably . !s;;osity. 
ard the frictionai characteristics arise purely from the 
shearing of the viscous lubricant. The pressure dtvcloped 
in the oil film of hydrodynamically lubricated bearings is 
due to ~ H O  fac~ors: 

(1) The geometry of the moving surfaces produces a 
convergent film shape. 

(2) The viscosity of the liquid results in a resistance to 
now. 

The lubricant films are normally many times thicker than 
the surface roughness so that the physical properties of 
the lubricant dictate contact behavior. The film thickness 
normally exceeds 10 - 6  m. For hydrodynamic lubrication 
the film parameter -1, defined in equatirn (1.4-1). is in 
excess of 10 and may even rise to 100. Films of this 
thickness are clearly also insensitive to chemical action in 
surface layers of molecular proportions. 

For normal load support to occur in bearings. positive 
pressure profiles must develop over the length of the 
bearing. Three different forms of hydrodynamic lubrica- 
tion are presented in figure 1.4-1. For a positive load to 
be developed in a slider bearing (fig. 1.4-l(a)) the 
lubricant film thickness must be decreasing in the 
direction of sliding. 

,A. squeeze film bearing (fig. 1.4-l(b)) is another 
mechanisni of load support by hydrodynamic lubrica- 
tion. The rqueeze action is the normal approach of the 
bearing surfaces. The squeeze mechanism of pressure 
generation provides a vaiuable cushionkg effect when 
the bearing 5uifaces tend to be pressed tog::her. Positive 
pressures will be geqerated when the film thickness is 
diminishing. 

An externally pressurized bearing is a mechanism :. 
load support by hydrostatic lubrication. as illustrated in 
figure 1.4-l(c). The pressure drop across the bearing is 
used to support the load. The load capacity is indepen- 
dent of thc rn~tion of the bearing and the viscosity of the 
lubric-nt. There is no problem of ccntaa at starting and 
stopping as with the other hydrodynamically lubricated 
bearings because yessure is applied before starting and 
maintained until after stopping. 

Hydrodynamically arld hydrostatically lubricated bear- 
ings are discussed further in Section 2. 

-- 
la) -u 

(a) Slider bearing. 
(b) Squcczc film bearing. 

(c)  Eaanally pressurized bearing. 

Figure 1.4-1.-Mechanisms of load support for hydrodynamic and 
hydrouaric lubrication. 

1.4.2 Elasroh~drodjnamic lubrication regime 

Elastohydrodynamic lubrication is a form of hydro- 
dynamic lubrication where elastic deformation of the 
bearing surfaces becomes significant. I t  is usually asso- 
ciated with highly strased machine components of low 
conformity. There are two distinct forms of elastohydro- 
dynamic lubrication (EHL). 

Hard EHL 

Hard EHL relates to materials of high elastic modulus, 
such as metals. In this form of lubrication both the eiastic 
deformatior~ and the pressure-viscosity effects are equally 
importsnt. Engineering applications in which elasto- 
hydrodynamic lubrication are important for high-elastic- 
modulus materials include gears Lnd rolling-element 
bearings. 

Soft EHL 

Soft EHL relates to materials of low elastic modulus. , 

such as rubber. For these materials the elastic distortions 
are large, even with light loads. Another feature of the , 

elastohydrodynamics of .cw-elastic-modulus materials is 
the negligible effect of 'he relatively low p~essures on the 
viscosity of the lubricating fluid. Engineering applica- 
tions in which elastohydrodjnamic lubrication are impor- 
tant for low-elastic-modulus materials include seals, 



human joints, tires. and a number of !ubricated machine 1.5 Relevant Equations 
elements of elastomeric material. This section prescnrs the equations frquently used in The common factors in hard and loft EHL are lhat lhe hydrodynamic and elatohydrodynamic lubrication 
local elastic deformation of the solids provides coherent theory. They are not relevant to boundary lubrication 
fluid films and that asperity interaction is brgdy pre- Gnce in this lubrietion rmime effects vented. Elastoh::drodynamic lubrication normally occurs negligible. The differer.:i?l q u a t i ~ n  governing the pres- 
in contacts where the minimum film thickness is in the sure distribution in hydrodynamically and elastohydro- 
range 0. I pm < hmi, I 10 i.'m and the film parameter .I is dynamically lubricated machine elements is known ;as the 
in the range 3 1.1 < 10. Elastohydrodynamic lubrication 
is discussed funher in Section 3. Reynolds equation. For steady-state hydrodynamic 

lubrication the Reynolds equation normally appears as 

I f  in a lubricated contact the oressures become too 
high. the running speeds too low, or the surface rough- 
ness too great. penetration of the lubricant film wili 
occur. Contact will take place between the asperities. The 
friction will rise and approach that encountered in dry 
friction between solids. More importantly, wear will take 
place. Adding a small quantity of certain organic com- 
pounds containing surface-active elements to the 
lubricating oil may, however. extend the life of the 
machine elements. These additives are present in small 
quantities (<  l percent, and function by forming low- 
shear-strength surface films strongly attached to the 
metal surfaces. Alrhough they are sometimes only one or 
two molecules thick. such films are able to prevent metal- 
to-metal contact. 

Some boundary lubricants are longchain molecules 
with an active end group, typically an alcohol. an amine. 
or a fatty acid. When such a material. dissolved in a 
mineral oil, meets a metal or other solid surface, the 
active end group attaches itself to the solid and gradually 
builds up a surface layer. The surface films vary in thick- 
ness from 5 x 10 - 9 to 10 - 8 m depending on molecular 
size. and the film parameter .I is less than unity (.I< I) .  
Boundary lubric .tion is discussed funher in Section 4. 

Figure 1.4-2 illustrates the film co;lditions existing in 
hydrodynamic. elastohydrodynamic. and boundary 
lubrication. The surface slopes in this figure are greatly 
distorted for the purpose of illustration. To scale, real 
surfaces would appcar as gently rolling hills rather than 
sharp peaks. 

I, Boundary film 

0 Bulk lubricant 

&a) Hkdrodynamic and elastohydrodynamic lubrication - surface. 
I separated by bulk lubricant film. 
v Y b )  Boundary lubrication -performance es~cntially dependent or 

ho~ndary film. 
w 

Figure 1.4-2.-Film condition\ of  lubrication regame$. 

where 

h film thickness measured in the xdirection. m 
p pressur~. 1u/m2 

lubricant viscosity. N s;m2 
M mean velocity. (u,+q,);t. m/s 

Solutions of equatiw ( 1  -5-1) are rarely achieved analy- 
ically and approsimate numerical solutions are sought. 

For elastohydrodynamic lubrication the steady-state 
form of the Reynolds equation normally appears as 

where p is lubricant density in N s2:m.r. The essential 
difference between equiltions ( 1  3 - 1  ) and ( I  .5-2) is that 
equation (1.5-2) allows for variatio~ of \-iscosit\. and 
density in the x and y directions. Equations (1.5-1) and 
(1.5-2) allow for the bearing surfaces to be of finite 
length in the pdirection. Side leakage. or flow in the 
ydirection, is absociatcd with the second term in 
equations ( 1.5-1 ) and (1  3-21. The soiution of equation 
(1.5-2) is considerably more d~fficult than that of 
equation ( 1.5-1 ); therefore only numerical solutions are 
available. 

The viscosity of a fluid may be associated with the 
resistance to flow arising from the intermolecular forces 
and interna! friction as the molecules move past each 
other. Because of the much larger pressure variation in 
the lubricant conjunction the viscosity of the lubricant 
for elastohydrodynamic lubrication does not remain 
constant as is approximately true for hydrod?-namic 
lubrication. 

As long ago as 1833. Barus proposed the following 
formula for the isot hermal v~scosit y-pressure dependence 
of liquids: 

where 
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qo viscosity at atmospheric pressure 
pressure-viscosity coefficient of lubricant 

The pressure-viscosity coeff~ient t characterizes the 
liquid considered and depends in mou wses only on where 
temperature. not on pressure. 

Tabk I S !  lists the absolute viscosities of I2 luhri- ho film constant. m 
 ants at atmospheric pressure ad three temperatures as 6(x,y) total elastic defonnafion. m 
obtained from Jones ct al (1975). Tiwe values would 
correspond to  po to be used in equation (1.5-3) for the 
particular fluid and temperature to be used. The same I2 
fluids with manufacturer and manufacturer's designation 
are shown in table 1.5-2. The pressure-viscosity co- 
efficients t. expressed in square meters per newton. for 
these I2 iluids a. three different temperatures are shown 
in table 1.5-3. 

Fnr a camparable change in pressure thc relative 
density change is snraller than the viscosity change. 
Honner . tht very hi& pressures in dastahydrodynamic 
films are such that the liqiid st~ould no longer be 

~nson considered incompressible. From Douson and Higg' 
(1966) the density of typical mineral oils can be written as 

where p is given in gigapascals. This gives a maximum 
density incrzase of a b u t  35 percent. 

The film shape appearing in equation (1.5-2) can be 
written with sufficient accsracy as 

Rx effex~ive radius in x-direction. m 

R, effmive radius in ydirection, m 

The coocdinate origin here lies on the symmetry axis for 
the two bodi (see fig. 3.1-1 ). The elaaic deformation 
can be written. from standard elasticity theory. in the 
form 

2 * -  P(X.Y) dxldyl 
a (~ .y )=  --- 1 , I!? 

(! -5-6)  
-4 [(x-xl~+(v-y,l-J 

w here 

r Pt~isson's ratio 
E modulus of elasticity. N/mz 

TMLE 1.5-1. - ABSOLUTE VISCOSITIES OF TEST FLUIDS 
AT ATW)SPH€RIC PRESUkfE M D  T M E  TEMPERATURES 

[From Jones e t  al. j 1975).] 

Te;t f l u i d  

Advanced ester 

f o r~u la ted  advanced ester 

Polyalkyl aroaatic 

Polyalkyl aromatic + 10 w t  X heavy res in 

Synthetic :araffinic o i l  ( l o t  3) 

Synthetic paraf f in ic  o i l  ( l o t  4) 

Synthetic paraff inic o i l  ( l o t  4) + mt iuear  addit ive 

Svnthetic paraffinic o i l  ( l o t  2) + antiwear addit ive 

C-ether 

Superrefined naphthenic mineral o i  1 

Synthetic 3ydrocarhon ( t ract ion f l u i d )  

Fluorinated polyether 

Terperature. O t  

38 99 149 

Absolute v i xos i t y .  q. cP 

2 -06 

2.15 

1.80 

2.03 

10.9 

10.1 

10.1 

5.93 

2.20 

2.74 

1.52 

6.68 

25.3 

27.6 

25.5 

32.2 

414 

375 

375 

370 

29.5 

68.1 

34.3 

181 

4.75 

4-95  

4.08 

4.97 

34.3 

34.7 

34.7 

32.0 

4.67 

6.86 

3.53 

20.2 
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TMLE 1.5-2. - FLUIDS WlTH W K T U R E R  AIO 
WACTISER'S OESIMTIDlr 

[fra Jonts e t  rl. (19?5).] 

TABLE 1.5-3. - PRESW-VISCOSITY COEFFICIENTS FOR TEST FLUIDS AT THEE TElPPERANRES 

[ F r m  Jones e t  al. (1975).] 

1 
Test f l u i d  

Advanced ester 

F o ~ l a t e d  advanced 
ester 

Polyalkyl  - t ic 

Synthetic para f f i n i c  
o i l  ( l o t  3) 

Synthetic para f f i n i c  
o i l  ( l o t  4) 

Synthetic para f f i n i c  
o i l  + antiwear 
addit ive ( l o t  2) 

Synthetic p a r d f  i n i c  
o i l  + atillear 
addit ive ( l o t  4) 

C - e t h e r  

S~errefined naphthenic 
mineral o i l  

Synthetic hyarocarbon 
( t rac t ion  f h i d )  

Fluorinated polyether 

r 

Test f l u i d  

Advanced ester 

F o m l a t e d  advanced ester 
I 

P?lyalkyl  aromatic 

Polyalkyl  aromatic + 10 ut X heavy res in  

Synthetic paraf f in ic  o i l  ( l o t  3) 

Synthetic paraf f in ic  o i l  ( l o t  4) 

Synthetic para f f i n i c  o i l  ( l o t  4) + antiwear addit ive 

Synthetic paraf f in ic  o i l  ( l o t  2)  + antiwear add i t i re  

C-ether 

Superrefined naphthenic mineral o i l  

Synthetic hydrocarbon ( t rac t ion  f l u i d )  

Fluorinated polyether 

k n u f  a c t u r n  

Shell O i l  co. 

Shell O i l  to. 

Continmtal O i l  to. 

mil O i l  Corp. 

I 

Pesignrt ior 

AeroshellB turbine o i l  
555 (base 011) 

AeroshellE turbine o i l  
55s (U16L-3511) 

9-600 

? A U  10%3 

XR?l 1 W 4  

XftM 1 7 x 2  

XRIl 177F4 

Teqerature. *C 

38 I 99 I 149 

Pressure-viscosity coefficient. I, 2/11 

v 

l b n s a t o  Co. 

H d l e  O i l  and 
Refining to. 

Wasanto Co. 

Wont Co. 

0.851~ 10 -8 

-874 

1.01 

1.06 

1.09 

1.29 

1.25 

1.13 

.795 

1.27 

.939 

3.02 - 

1 .?8x lo-8 
1.37 

1.58 

1.70 

1-77 

1.99 

1.96 

1.81 

1.80 

2.51 

3.12 

4.17 

ntS-418 

FK 2961 

KS-460 

PR 143 AB ( l o t  10) 

0.987~10 

1.00 

1.25 

1.28 

1.51 

1.51 

1.55 

1.37 

.9W) 

1.54 

1.71 

3.24 



Equation ( 1 -5- 1 ) i s  normally involbed in hydrodynamic 
lubrication situations; equations (1.5-2) to (1.5-6) are 
normally in\olved in elastohydrodynamic lubrication 
\it uat ions. 

2 Hydrodynamic and 
Hydrostatic Lubrication 

Surfaces lubricated hydrodynamicxlly are normally 
conformal. as pointed out in Sec'tion I. 1. The conformal 
nature of the surfaces can tahr i t s  form either as a thrust 
bearing or as a journal bearing. both of  which uiil be 
con\idered in this m ion .  Three features mug csist ior 
h!-drodynamic lubrication to occur: 

(1) .A \iscow fluid must separate the lubricated 
\urface. 

(2) Therr. muu be rdati\e motion bctueen the 
\ur faces. 

( 3 )  The gzoman of the film shape must he Izrgcr in 
the inla than at thc u x t k  so that a con\er_er.at \redge of 
Irlhricant i s  formed. 

I f  feat ure (2) i s  absent. lubrication can \ t i l l  be achieved b!- 
cstahli\hinp relati\e maion between the fluid and the 
\urfaccs through external preswrization. This i s  dis- 
i u \ d  further in Section 2.3. 

In hydrodynamic lubrication the entire friction arises 
from the \hearing of the lubricant film w that i t  i s  

determined by thc viscosity of the oil: the thinner (or la.; 
\i\ious) the oil. the lower the frirlion. The great 
ad\ antagn of hydrodynamic lubrication are that the 
fricq ion can be \cry low (p = 0-OUI ) and. in I he ideal caw, 
t here i s  no wear of the mo\ ing part\. The main problem\ 
in h~drodynamic lubrication are as*-iated uith starting 
or \topping sicce the oil film thickness tharetically i s  
rcro uhen the \pexd i s  zero. 

The emphasis in this section i s  on hydrodynamic and 
hydro\tatic lubrication. This section i s  not intended to be 
all inclucive but rather to typify the situations existing in 
hydrodynamic and hydrostatic lubrication. For addi- 
tional information the reader i s  recorncrended to investi- 
_pate Gro\s et al. (1980). Reiger (I%?). Pinkus and 
Sternlicht (1961). and Rippel (1963). 

2.1 1-iquid-Lubricaled Hydrodynamic Journal b r i n g  

Journal bearinss. as shown in figure 2.1 -I. arc used to 
support shafts and to carry radial loads with minimum 
power loss and minimum wear. The bearing can Le rep- 
resented by a plain cylindrical bushing wrapped around 
the shaft. but practical bearings can adopt a variety of 
form\. The lubricant i s  supplied at some convenient point 
throuph a hole or a groove. I f  the bearing extends around 
thc full 360" of the shaft, the bearing is  described as a 
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"full journal bearing.'' I f  t he angle of wrap i s  less I han 
360'. the term "partial journal bearing" i s  tmployd. 

Journal bcarings rely on the motion of the shaft to 
gmerare the load-supporting pressure in the lubricant 
film. The shaft does not normally run conemtric with the 
bearing center. The distance betwtvn the =haft center and 
the bearing cenrcr is  known as the eccmrricity. This 
t ic~nrric position within tht bearing dcarancr is  

influenced by :he load that i t  carries. Thc amount of 
ec.~ntricity adjusts itself ~ n t i l  the load i s  balancxd b?. the 
pressur- generated in the con\-erging ponion of  the ! 

bearins. The pressure generated. and therefore thc load , 
capacitl- of t hc bearing. depends on the shaft eccentricit y 
e. the Irequccrc of rotation .V. and the effmive \-iscosity 

' 

of the lubricant q in the converging film as well as the : 

bearing dimensions I and d and the clearance c. The three 
dimensionless groupings normally used for journal bear- 
ings are 

( 1 ) The eccentricity ratio. r = e/c 
( 2 )  The length-todiameter ratio. A = l /d  
( 3 )  The Somrnafeld number, Sm = ~$Vd31/4Fc?. 

H-hen dei_ening a journal bearing the first requirement 
to be mct is  that i: should operate w-ith an adequate 
minimum film thickness. which i s  directly related to the 
eccentricity = c -4).  Figures 2.1-2.2.1-3. and 2.1-4 
show the eccentricity ratio. the dim:nsionless minimum 
film thickness. and the dimensionless Sommerfeld 
number for. respectively, a fill1 journal bearing and 
partial journal bearings of 180' and 120'. In  these figures 
a recommended operating eccentricity ratio i s  indicated 
as well as a prcferred operational area. The left boundary 
of the shaded zone defines the optimum eccentricity ratio 
for minimum coefficient of friction. and the right bound- 
ary i s  the optimum eccentricity ratio for maximum load. 
In these figures it can be oberved that the shaded arca i s  
significantly reduced for the partial bearings as compared 
with the full journal bearing. These plots were adapted 
from resulrs given in Raimondi and Boyd (1958). 
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Figures 2.1-5. 2.1-6. and 2.1-7 shou a plot of attitude 
gle (F (angle between the direction of the load and a line 
awn r hroilgh the centers of the bearing and t he journal) 
d the bearing characteristic number for various length- 
diameter ratios for. respectively. a full journal bearing 

partial journal bearing\ of I SO' and 120". This angle 
dblishes where the minimum and maximum film thicl- 
N s e s  are located within the bearing. These plots were 

3 adapted from result5 given in Raimondi and Boyd .. ' 
:58). where additional information about the coeffi- 

r i t  of friction, the flow variable. the temperature rice. 
I the maximum film prewurc ratio for a complete 

range of len_pth-to-diameter ratios as well as for full or 
partial journal bearings can be found. 

As applications have demanded higher speeds. 
vibration problems due to critical speeds. unbalance. and 
instability have created a need for journal bearing 
geometries other than plain journal bearings. Thcse 
geometries have various patterns of variable clearance so 
as to create pad film rhicknesses that have more stronsiy 
converging and di\erging regions. Figure 2.1-8 shows 
elliptical. offset half. three-lobe. and four-lobe 



Figure 2.lA.-Dcrign figure shoring eccentricity ratio. dimcnrionksr minimum film thizknc\s. and SommcrfcM number for l a *  panial journal 
bearing. centrally loaded. (Adaped from Raimondc and Eo~d .  1958.) 

Figure 2.1-5 
ly loaded. 

Sanmerfeld number. Sm = rl)(d3~-3%? dimensionl~s 
.-Dccign figure 5horing attitude angle (position of minimum film thickness) and Sommerfeld number for full journal bearings, cenlral. 
(Adapted from Rarmondl and Boyd. 1958.) 
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(a) Elliptical bore bearing (a, = 0.5. m,, = 0.4). 
(b) Offset half bearing (a, = 1.125. m,. = 0.4). 

(c) Three-lobe bearing (a, = 0.5. mr = 0.4). 
(d) Four-lobe bearing (a, = 0.5. m, = 0.4). 

Figure 2.1-8 -Types of fined-incline-pad preloaded journal bearings. 
(From Allaire and Flack. 1980.) 

bearings-bearings different from the plain journal 
bearing. An excellent discussion of the performance of 
these bearings is provided in Allaire and Flack (19801, 
and some of their conclusions are presented here. In 
figure 2.1-8, each pad is moved in toward the center of 
the bearing some fraction of the pad clearance in order to 
make the fluid-film thickness more converging and 
diverging than that which occurs in a plain journal 
bearing. The pad center of curvature is indicated by a 
cross. Generally, these bearings give good suppression of 
instabilities in the system but can be subject to sub- 
synchronous vibration at high speeds. Accurate manufac- 
turing of these bearings is not always easy to obtain. 

A key para Teter used in describing these bezrings is 
the fraction of length in which the film thickness is 
converging to the full pad length, called the offset factor 
and defined as 

Length of pad with converging film thickness 
aa = 

Full pad length 

The elliptica! bearing (fig. 2.1 -8(a)) indicates that the two 
pad centers of curvature are moved along the y-axis. This 
creates a pad with one-half of the film shape converging 
and the other half diverging (if the shaft were centered), 
corresponding to an offset factor of (ra=0.5. The offset 
half bearing (fig. 2.1-8(b)) consists of a two-axial-groove 
bearing that is split by moving the top half horizontally. 
This results in low vertical stiffness. Generally, the 
vibration characteristics of this bearing are such as to 

avoid oil whirl, which can drive a machine unstable. The 
offset half bearing has a purely converging film thickness 
with a converged pad arc length of 160' and the point 
opposite the center of curvature at 180". Both the three- 
lobe and four-lobe bearings (figs. 2.1-8(c) and (d)) have 
an offset factor of a,= 0.5. 

The fractional reduction of the film clearance when the 
pads are brought in is called the preload factor nrp. Let 
the bearing clearance at the pad minimum film thickness 
(with the shaft center) be denoted by q,. Figure 2.1 -9(a) 
shows that the largest shaft that can be placed in the 
bearing has a radius R+ch. thereby establishing the 
definition of cb. The preload factor In,, is given by 

A preload factor of zero corresponds to having all of the 
pad centers of curvature coinciding at the center of the 
bearing; a preload factor of 1.0 corresponds to having all 
of the pads touching the shaft. Figures 2.1-9(b) and (c) 
illustrate these extreme situations. Vdlues of the preload 
factor are indicated in the various types of fixed journal 
bearings shown in figure 2.1-8. 

Figure 2.1- 10 shows the variation of the whirl ratio 
with Sommerfeld number for the four bearing types 
shown in figure 2.1-8 at the threshold of instability. It is 
evident that a definite relationship exists between the 
stability and whirl ratio such that the more stable bearing 
distinctly whirls at a lower speed ratio. With the excep- 

(a) Largest shaft that fits in bearing. 
(h) m =0, largest shaft = R + c ,  bearing clearance ch=c .  
(c) m = 1 .O, largest shaft = R, bearing clearance ch = 0. 

Figure 2.1-9.-Effect of preload on two-lobe bearings. (From Allaire 
and Flack. 1980.) 
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Figure 2.1-10.-Chart for determining whirl frequency ratio. (From 
Allaire and Flack. 1980.) 

tion of the elliptical bearing, all bearings whirl at speeds 
less than 0.48 of the rotor speed. The offset bearing 
attains a maximum whirl ratio of 0.44 at a Sommerfeld 
number of about 0.4 and decreases to a steady value of 
0.35 at higher Sommerfeld numbers. This observation 
corresponds to the superior stability with the offset 
bearing at high speed and light load. 

The whirl ratios with the three-lobe and four-lobe bear- 
ings share similar characteristics. They both rise sharply 
at low Sommerfeld numbers and remain fairly constant 
for most portions of the curves. Asymptotic whirl ratios 
of 0.47 and 0.48, respectively, are reached at high 
Sommerfeld numbers. In comparison with the four-lobe 
bearing, the three-lobe bearing always has the lower whirl , 

ratio. 
The elliptical bearing is the least desirable for large 

Sommerfeld numbers. At Sm > 1.3 the ratio exceeds 0.5. 

2.2 Liquid-Lubricated Hydrodynamic Thrust Bearings 

In a thrust bearing a thrust plate attached to, or 
forming part of. the rotating shaft is separated from the 
sector-shaped bearing pads by a film of lubricant. The 
load capacity of the bearing arises entirely from the 
pressure generated by the motion of the thrust plate over 
the bearing pads. This action is achieved only if the 
clearance space between the stationary and moving 
components is convergent in the direction of motion. The 

- pressure generated in, and therefore the load capacity of, 
the bearing, depends on the velocity of the moving slider 4 u = ( R I  + R2)w/2 = n(RI + R2)N. the effective viscosity, '' the length of the pad I, the width o i  the pad b, the normal 

tapplied + load F, the inlet film thickness hi, and the outlet 
*film thickness h,. For thrust bearings three dimensionless 
:parameters are used 

(1) A=l/b,  pad length-to-width ratio 
(2) ~ m ,  = llublz/Fh$, Sommerfeld number for thrust 

bearings 
(3) hi=hi/ho, film thickness ratio 

It is important to recognize that the total thrust load F is 
equal to nF, where n is the number of pads in a thrust 
bearing. In this section three different thrust bearings will 
be investigated. Two fixed-pad types, a fixed inciine and 
a step sector. and a pivoted-pad type will be discussed. 

2.2.1 Fixed-incline pad 

The simplest form of fixed-pad thrust bearing provides 
only straight-line motion and consists of a flai surface 
sliding over a fixed pad or land having a profile similar to 
that shown in figure 2.2-1. The fixed-pad bearing de- 
pends for its operation on the lubricant being drawn into 
a wedge-shaped space and thus producing pressure that 
counteracts the load and prevents contact between the 
sliding parts. Since the wedge action only takes place 
when the sliding surface moves in the direction in which 
the lubricant film converges, the fixed-incline bearing 
(fig. 2.2-1) can only carry load for this direction of 
operation. If reversibility is desired, a combination of 
two or more pads with their surfaces sloped in opposite 
direction is required. Fixed-incline pads are used in 
multiples as in the thrust bearing shown in figure 2.2-2. 

The following procedure assists in the design of a 
fixed-incline-pad thrust bearing: 

(1) Choose a pad width-to-length ratio. A square pad 
(A  = I) is generally felt to give good performance. From 
figure 2.2-3. if it is known whether maximum load or 
minimum power loss is most important in the particular 

Figure 2.2-I.-Configuration of fixed-incline pad bearing. (From 
Raimondi and Boyd, 1955.) 
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Figure 2.2-2.-Configuration of fixed-~ncline-pad thrust bearing. 
(From RaimonLi and Boyd. 1955.) 

F~gure 2.2-3.-Chart for determining minimum film thickness cor- 

- 10 - 
I 
1 - - h i m u m  normal load 

If - -- Minimum power ansumed 

- 
'i \\ 

\ 
\ 

responding to maximum load or minimum power loss for various pad 

- 
s 

proportions-fixed-incline-pad bearings. (From Raimondi and Boyd. 
1955.) 
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application, a value of the minimum film thickness ratio 
can be determined. 

(2) Within the terms in the Sommerfeld number the 
term least likely to be preassigned is the outlet film 
thickness. Therefore determine h, from figure 2.2-4. 
Since h, is known from figure 2.2-3, h, can be determined 
(h,= h,ho) . 

(3) Check table 2.2-1 to see if minimum (outlet) film 
thickness is sufficient for the preassigned surface finish. 
If not, 

(a) Increase the fluid viscosity or speed of the 
bearing 

(b) Decrease the load or the surface finish 
Upon making this change return to step 1. 

(4) Once an adequate minimum film thickness has 
been determined, use figures 2.2-5 to 2.2-7 to  obtain, 
respectively, the coefficient of friction, the power con- 
sumed, and the flow. 

Length-to- 
width ratio. 

A 
- - (h - - - - - - - 

1  2 4 6 8 1 0  20 4060100 MO 410 loo0 

'. 

Figure 2.2-4.-Chart for determining minimum film thickness for 
fixed-incline-pad I hrusl bearings. (From Raimondi and Boyd. 1955.) 
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Figure 2.2-5.-Chart for determining coefficient of frictios for fixed- 
incline-pad thrust bearings. (From Eaimondi and Boyd. 1955.) 
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2.2.2 Pivoted pad 

The simplest form of pivoted-pad bearing provides 
only for straight-line motion and consists of a flat surface 
sliding over a pivoted pad as shown in figure 2.2-8. If the 
pad is assumed to be in equilibrium under a given set of 
operating conditions, any change in these conditions, 
such as a change in load, speed, or viscosity, will alter the 
pressure distribution and thus momentarily shift the 
center of pressure, creating a moment that causes the pad 
to  change its inclination. In equilibrium, however, it can 
be shown that (for an incompressible lubricant) the ratio 



TABLE 2.2- 

Surface f i n i s h  

Famil iar  S I  uni ts,  
B r i t i s h  pmcCLA 

$::'&Ab 

I. - ALLOWABLE MINIMUM OUTLET FILM THICKNESS 

[From Engineering Sciences Data U n i t  

manufacturing 
methods 

Mi r ror -1  i r e  su r f  ace Grind, lap, and 
without toolmarks. super f in ish  
c lose tolerances -- 
Smooth sur f  ace without Grind and l ap  
scratches, c lose 
tolerances 

Smooth surface, c lose I Grind. f i l e .  
tolerances and lap  

Accurate bear ing sur- Grind. p rec i -  
face without toolmarks s ion  m i l l ,  and 

f i l e  

Smooth surface without Shape, m i l  1, 
object ionable toolmarks, grind, and t u r n  
moderate tolerances 1 

'OR A GIVEN SURFACE FINISH 

Approximate 
r e l a t i v e  
costs 

17-20 

I 

Al lowabie m i n i m y  cjut let  
1 f i l m  thickness , h, 

Fami l ia r  1 S1 u;its. 
B r i t i s h  
units, 

in. 

0.00010 9.0000025 

"he values o f  f i l m  thickness are given on ly  f o r  guidance. They i nd i ca te  the f i l m  thickness requ i red t o  
avoid metal-to-metal contact under clean o i l  cond i t ions  w i t h  no misalignment. I t  may be necessary t o  
take a la rger  f i l m  thickness than tha t  ind ica ted (e.9.. t o  obta in  an acceptable temperature r i se ) .  It 

bhas been assumed tha t  the  average surface f i n i s h  of the  pads i s  t he  same as t h a t  o f  t he  runner. 
CLA = cen te r l i ne  average. 

'prn = micrometer; 40 p in .  (microinch) = 1 Nm. 

Length -to- 
width ratio. 

h 

Length*- 
width ratio. 

0  

0  1 2  4 6 8 1 0  20 4060lW-pO4lO loo0 
Bearing characteristic number. Smtl(hi - 1)' 

@ 

M u r e  2.2-6.-Chart for determining power lo$\ ;or fixed-incline-pad Figure 2.2-7.-Char15 for delermining lubrican~ flow for fixed-incline- 
hrusl bearings. (From Rairnondi and Boyd. 1955.) pad thruct bearings. (From Rairnondi and Boyd, 1955.) 
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Figure 2.2-8.-Configuration o l  pivoted-pad bearings. (From 
Raimondi and Boyd, 1955.) 

of the inlet film thickness to the outlet film thickness 
hilh, is fixed and is independent of load, speed, and 
viscosity by the pivot position x given in the ratio xll. 
Thus the pad will automatically return to its original 
inclination under the new steady operating conditions. 

Pivoted-pads are sometimes used in multiples as 
pivoted-pad thrust bearings, shown in figure 2.2-9. 
Calculations are carried through for a single pad, and the 
properties for the complete bearing are found by com- 
bining these calculations in the proper manner. 

Normally, a pivoted pad will only carry load if the 
pivot is placed somewhere between the center of the pad 
and the oatlet edge (0.5<x/1~1.0).  With the pivot so 
placed, the pad therefore can only carry load for one 
direction of rotation. 

The following procedure helps in the design of pivoted- 
pad thrust bearings: 

(1 )  Having established if minimum power or maxi- 
mum load is more critical in the particular application 

r Sliding surface 
I ! or runner 

and chosen a pad length-to-width ratio, establish the 
pivot position from figure 2.2-10. 

(2) In the Sommerfeld number for thrust bearings the 
unknown parameter is usually the outlet or minimum 
film thickness. Therefore establish the value of h, from 
figure 2.2-1 1. 

(3) Check table 2.2- 1 to see i f  the outlet film thickness 
is sufficient for the preassigned surface finish. I f  suffi- 
cient, go on to step 4. If not, consider 

(a) Increasing the fluid viscosity 
(b) Increasing the speed of the bearing 
(c) Decreasing the load cf the bearing 
(d) Deireasing the iurface finish of the bearing 

lubrication surfaces. Upon making this change return to 
step 1. 

(4) Once an adequate outlet film thickness is estab- 
lished. determine the film thickness ratio, power loss. 
coefficient of friction, and flow from figures 2.2-12 to 
2.2-15. 

- Maximum normal load ---- Minimum paver consumed 

.5 
0 1 2 3 4 

Length-to-width ratio, A 

Figure 2.2-10.-Chart for determining pivot position corresponding to 
maximum load or minimum potter loss for variou, pad 
proportions-pivoted-pad bearings. (From Raimondi and Boyd, 
1955.) 

Figure 2.2-9.-Configuration of pivoted-pad thrust bearing<. (From Figure 2.2-1 1.-Chart for determining outlet film thickness II 
Raimondi and Boyd, 1955.) pivoted-pad thrust bearings. (From Raimondi and Boyd, 1955.) 

C 
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Figure 2.2-12.-Chart for determining film thickness ratio h, tor 
pivoted-pad thrust bearinp*. (From Raimoridi and Royd, 1955.) 

Pivot position fador, i l l  

Figur; 2.2-1 'iar: for determining power loss for pivoted-pad 
I hrust bei 'rom Raimondi and Boyd. 1955.) 
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r 
ure 2.2-14.-Chart for determining coefficient of Iriction for pivo!- 

;,,ad thrust bearings. (From Raimondi and Royd. 1955.) 
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Figure 2.2-15.-Chart for determining lubricant flow for pivot-pad 
thrust bearings. (From Raimondi and Boyd, 1955.) 

2.2.3 Step sector 

The configuration of a step-sector thrust bearing is 
shown in figure 2.2-16. The parameters used to define 
the dimensionless load and stiffness are 

(1) hi= hi/h,, film thickness ratio 
('1 8= Oi/ (Oi+ O,), dimensionless step location 
(3) n, number of sectors 
(4) rr,= R2/R1, radius ratio 
(5) Og, angular extent of lubrication feed groove 

Note that the first four parameters are dimensionless and 
the fifth is dimensional and expressed in radians. 

For maximum load capacity the op!rnum parallel step- 
sector bearing for a given a, and Og is 

- 2a 
OOpt = 0.558, (hi)_  = 1.668, and noc =. 

2.24(1-or) 
OR+ l + a r  

where no*! is rounded off to the nearest integer and its 
minimum value is 3. For muximum stiffness, results are 
identical to the above with the exception that 
(hi)op, = 1.467. These results were obtained from 
Hamrock (1.33). 



(a) Top view. 
(b) %ion through a smor. 

Figure 2.2-16.-Confiuration of uep-sector thnru bearing. (From 
Hamrock. 1983.) 

23 HydmsWc Bearings 

In Sections 2.1 and 2.2 ihe load-supporting fluid 
pressure is generated by relative motion between the 
bear:.lg surfaces. Thus the bearing's load capacity 
depends on the relative speeds of the surfaces. When the 
relative speeds of the bearing are low or the loads are 
high. liquid-lubricated journal and thrust bearings may 
not be adequate. If full-film lubrication with no metal-to- 
metal contact is desired under such conditions, another 
technique, called hydrostatic or externally pressurized 
lubrication, may be used. 

The salient features that distinguish hydrostatic from 
hydrodynamic bearings are that the fluid is pressurized 
externally to the hydrostatic bearing and the pressure 
drop across the bearing is used to suppon the load. The 
load capacity is independent of the motion of bearing 
surfaces or the fluid viscosity. There is no problem of 
contact of the surfaces at starting and stopping as with 
conventional hydrodynamically lubricated bearings 
because pressure is applied before starting and main- 
tained until after stopping. Hydrostatic bearings can be 
very useful under conditions of little or no relative 
motion and under extreme conditions of ternpereture or 
corrosivity, where it may be necessrry to use bearing 
materials with poor boundary lubricating properties. 
Surface contact can be avoided completely, so material 
properties are much less important than in hydrodynamic 

bearings. The load capacity of a hydrostatic bearing is 
proponionai to the available pressure 

Hydrostatic bearings do. however, require an external 
source of pressurization such as a pump. This represents 
an additional system complication and cost. 

The chief advantage of hydrostatic bearings is their 
ability to support extremely heavy loads at slow speeds 
with a minimum of driving force. For this reason they 
have been successfully applied in rolling mills, machine 
tools, radio and optical telescopes, large radar antennas, 
and other heavily loaded, slowly moving equipment. 

The formation of a fluid film in a hydrostatic bearing 
system is shown in figure 2.3-1. A simple bearing system 
with the pressure source at zero pressure is shown in 
figure 2.3-1 (a). The runner under the influence of a load 
F is seated on the bearing pad. As the source pressure 
builds up (fig. 2.3-l(b)) the pressure in the pad recess also 
increases. The pressure in the recess is built up to a point 
(fig. 2.3-l(c)) where the pressure on the runner over an 
area equal to the pad recess area is just sufficient to lift 
the load. This is commonly called the lift preure.  Just 
after the runner separates from the bearing pad (fig. 
2.3-l(d)) the pressure in the recess is less than that 
required to lift the bearing runner @,<pl). After lift, 
flow commences through the system. Therefore a pres- 
sure drop cxists between the pressure source and the bear- 
ing (across the restrictor) and from the recess to the exit 
of the bearing. 

If more had is added to the bearing (fig. 2.3-l(e)), the 
film thickness wil! decrease and the recess pressure will 
rise until pressure within both the bearing clearance and 
the recess is sufficient to carry the increased load. If the 
load is now decreased to less than the original (fig. 
2.3-l(0). the film thickness will increase to some higher 
value and the recess pressure will decrease accordingly. 
The maximum load that can he supported by the pad will 
be reached, theoretically, when the pressure in the recess 
is equal to the pressure a* the source. If a load greater 
than this is applied, the bearing will seat and remain 
seated until the load is reduced and can again be sup- 
ported by the supply pressure. 

2.3.1 Pad coeffiients 

To find the load-carrying capacity and flow require- 
rrents of any given hydrostatic bearing pad, it is neces- 
sary to determine certain pad coefficients. Since the' 
selection of pad and recess gcometries is up to thc. 
designer, the major design problem is the determinatior 
of particular bearing coefficients for particular' 
geometries. 

The load-carrying capacity of a bearing pad, regardles 
of its shape or size can be expressed as 



Load. = F 

y Bearlng runner 

Bearing / 
recess -' 

Manifold 
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(a) Pump off .  (b) Prer>urc b u ~ l d ~ n ~  up. 
(c)  Prcsture x resccc area = F. (d )  Bearme operarlng. 
(e) lncrcated load ( f )  Decreased load. 

Figure 2.3-1.-Formation of f lu~d fllm in hydrosraiic bearms system. (From Rippel. 1M3.1 

where 

a/ bearing pad load coefficient 

Ap total projected pad area, m2 
D ,  recess pressure, N./m2 

The amor at of lubricant flow across a pad and 
hrough the bearing clearance is 

*9-- 
pad flow coefficient 
film thickness, m 
lubricant absolute viscosity, N s/m2 

P 

Y'- 
b 

The pumping power required by the hydrostatic pad 
can be e-~aluated by determining the product of recess 
pressure and flow: 

where Hf=q/laf is the bearing pld power coefficient. 
Therefore in designing hydrostatic bearings the designer 
is primarily concerned with the three bearing coefficients 
(al, q) and HI) expressed in equations (2.3-1) to (2.3-3). 
Values of any two of these coefficients suffice to deter- 
mine the third. 

Bearing coefficients are dimensionless quantities that 
relate performance characteristics of load, flow, and 
power to physical parameters. The bearing coefficients 



tor two types of bearing pad k i l l  be considered, both of 
wh~ch exhibit pure radial flou and are flat, thrust-loaded 
types of bearings. For other :ypes of hydrostatic bearings 
see Rippel (1x3). 

Circular step bearirtg pad 

The bearing coefficients for this type of pad are 
expressed as 

For this type of pad tne total projected bearing pad area 
.4, is equal to xR2. 

Figure 2.3-2 shows the three bearing pad coefficients 
for \arious ratios of recess radius to bearing radius for a 
circular step thrust bearing. The bearing pad load 
coefficient uf varies from zero for extremely small 
recesses to unity for bearings having large recesses with 
respect to pad dimensions. In a Fence. af is a measure of 
how efficiently the bearing use< the recess pressure to 
sapport the applied load. 

I-leure ?.!-?.-('hart for dctcrmining bearing pad coefficicntc for cir- 
cular 51ep thrust bcaring. (From Rippel. 1963.) 

In figure 2.3-2 we see that the pad flou coefficient q, 
varies from unity for pads uith relatively small recesses to 
a value approaching infinity for bearings with extremely 
large recesses. Physically. as the recess becomes larger 
with respect to the bearing. the hydraulic resistann:e io 
fluid flow decreases, and thus flow increase:. 

From figure 2.3-2. the power coeFficient Hi ap- 
proaches infinity for very small recesses, decreases to a 
minimum va!ue as the recess size increases. and ap- 
proaches infinity again for very large recesses. For this 
particular bearing the minimum value of H,-occurs at a 
ratio of rccess radius to bearing radius R, /R of 0.53. For 
all beartng-pad configurations the ratio o i  recess length 
to bearing length at which the minimum value of Hf is 
reached lies between 0.4 and 0.6. 

Annular fhrusr h r ~ n g  

Figure 2.3-3 s h o ~ s  an annular thrust pad bearing. In 
this bearing the 'ubricant flows from the annular recess 
o\er the inner and outer sills. For chis type of bearing the 
pad coefficients are 

For this bearing the total projected bearing pad area is 

Flw I Flw 

Fisurc 2.3-1 . -  c,n:'igurarinn of annular thru\r pad hearing. (I.rorn 1 
Rippcl. 1967.1 



tigure 2.3 4 \ho\r\ r he bearing ~rad load i~ )< t ' t ' i i i r ' ~~~  for 
arl a1111uIar r11ri1-t piid bcarirlg a* \)brained from equation\ 
(2 .? - ' ,  to (2.3-91.  kor r l ~ i \  figure i r  i. a \ \un~ed rhar th: 
annular r t ic \ \  i \  ienrrali\ I t ) ia t~d i s  irhin rhr bearing 
\\idrh; thi. rhercf,)re ~mpl i r \  that HI - H4 - H: - H:. The 
<ur \e  for u. appIir\ for all HI dJ ratio\. 

1-hc h \d ro \~a t i i  bearing, ion\idcrcJ in rill\ .titi011 

ha \c  been 1irnirr.d to tlar rhru\r-loaded bearing\. l)c\ign 
Lnt;>rmarion about othrr pad ~ o n t  igurar ion\ iar, be 
~)btained irom Kippel (1963). 1 hc appr~ ja i !~  u\cd ior i h ~  
\impit. flat. thru\~-loaded pad ionirgura~ion i \  hclpiul in 
ion\iderinp the ~ n o r c  cornple\ _rromerrie. io\crcd b? 
Rippel (1963). 

-.  .. - s.? OR:G[.'\.i, F .-...., 3s 

s3F POOX cr-)At:'i-k' 
o i  iompzn\stit~g e l e ~ ~ ~ c n t  for h\dro>raric brraring, are the 
iapi:lar\ r u k .  rhr \harp-edged orifice. and conmnr-  
tlov -\dl\ c iomprnra~ion.  

Figure 2.3-5 \hu\r\ a capillar!-cornpcnsated hydro- 
\tatii t,raring as obrained from Rippel ( 1963). The \mall 
diametrr o f  the capillar!- r l;be pro\ ids\ rertriction and 
re\ultant prc\\ure drop in the hearing pad. The ~,haracter- 
i\tii ieaturt of capillar! ii>mpzn\a:ion i\ a long tub: o t  
relati\d! \mall Jianlcrer (I,. > 20 d, 1. The laminar flow of 
fluid rhrough \uch a tubc \\hilt. nrplciring entrance and 
e\i! eiiecr. and \i\io\it! ihangrr d s e  to temperature and 
p r t~ ,u rc  i an  bc. e\pre\\ed a \  

A\ iornpared ~ ; t h  common bearms h) dro\tatrc 
h w r ~ n g \  are relat~\el! cornpie\ \\\ICIII\. In add~rlori to u here 

rhr bear~ng pad the \\\ten1 ~niludr. a ptimp and a 
compznsatlng clrmcnt or rebt r~~ror .  Three common t>pr.b A' = 

~ 4 '  
12H I ,  

For a k e n  iapillar? tube. k,. i i  a ionbtanr expressed in 
f -  cubic meters. Thuz from rquation (2.3-11) the flou 

through a rapillar!- rube i \  related linear;! to the pressure 
drop acrois i r .  In a hydrostatic hearing with capillary 

. - 
.L - compensation and a fixed supply pressure. the flou- 

through :the hearing Mill decrease uith increasing load 
\ince the pocket pressure p, is proportional to th: load. 
To \atisfy the assumption of  laminar flow-, kejnolds 
number must be less than 2000  hen expressed as 

7 .  - . _" - \- - 4 P' Q -  <'000 
R -  k d ~  

(2.3-13) 
- - 

where p is the mass density of the llrbricant in N sVrn4. 

i . -- R~inner 

> w - .--_ --. -_- ..- _ ~- .. ! 

r d  i! . 2  . 4  6 . 8  1.0 
&>*. 1 2 ~  - R29'1R4 - R1l from pump 

t:~_~ure 2.3-4.-Chart fo r  de tcrm~nlng bearing pad cm.eff~cienr\ for Figure ; I .?-5.-<'ap1l lar~- i '~~mpn.~ted hydrosrar~c k x r i n g .  (From 
a n n u l ~ r  thru51 pad bearings (From Rtppl .  1N1.1 Rippel. 1963.) 



Hypodermic needle tubing serves quite well as capillary 
tubing for hydrostatic bearings. Very small dian.aer 
tubing is a\ailable. but diameters less than 6 x 10 - -4  m 
bhould not be urrd because of tile tendency to ciog. 

Orifice compen\ation ir illuurated in figure 2.3-6. The 
tlo* of  an incomprersible tluld through a sharp-edged 
orifice can br e\pre\xd as 

where 

and c'd is thc oritice dis~harse coeitjcient. For a giten 
orifice s i x  and i ken  lubricant. k,, is a constant espressed 
in mJ r TI 2 .  Thuh 'rom equation (2.3-14) flow through 
an oriiice is proportional ro the \quare root of the pres- 
surs uifierence a~-rt.),\ thr oriftce 

The discharge ~ortiicirnt cd i h  a I mition of Reynolds 
number. For ar: .ifice the Reynolds number is 

For a Reynolds number greater than approximately 15. 
a-hiih is the ucual case in oritice-compen~ared hydrostatic 
bearing, r.d is about 0.6 f o r  d,,iD<O.l. For a Re~nold5 
rumber le\s than 15 the dirchargr coefficient is 
approximately 

The pipe diameter D at the orifice \hould be at least 10 
times the orifice diameter (I,, .  Sharp-edge orifices, 
depending on thcir diamctcrs. havr a tendency to clog, 

supply manifold -1 w p s  
t From pump 

therefore orifice diameters d,  less than 5 x 10 - 4  m should 
be avoided. 

Cmsranr-flo w-~.alre cornpensarion 

Constant-flow-valw compensation is illustrated in 
figure 2.3-7. This type of restrictor has a constant flow 
regardless of the pressure difference across the valve. 
Hence the flow is independent of recess pressure. 

The relative ranking of the three types of compensaling 
elements with regard to a number o f  considerations is 
given in table 2.3-1. A rating of I in this table indicates 
k t  or most desri;'le. This table should help in deciding 
which type of compen.ation is most desirable in a 
particular application. 

Basically. any type of compensating element can be 
designed into a hydrostatic bearing >ysterr~ i f  load5 on the 
bearing ne\er change. But i f  stiffness, load. or flow 
~aries. the ~hoice of the proper compensating element 
becomes more difficult and the reader is agam referred 10 

Rippel ( 1963). 

2.4 Gas-Lubricated Hydrodynamic Bearings 

.A relatively recent (within the iast 30 years) extension 
of hydrodynamic lubrication that is of growing impor- 
tance is gas lubrication. I t  consists o f  wing air or some 
other gas as a lubricant rather than a mineral oil. The 
vissorit!- of air is 1000 times smaller than that of very thin 
mifieral oils. Consequently, the viscous resistance is ver>- 
much It\\. Hokr-i\-er. the distance of  nearest approach 
(i.e.. [he closest distance berm-een rh: shaft and the 
karinr) i< also correspondingly smal!tr, so that \pecia\ 
precaution. mur: be taken. To obtain full benefits from 
gas lubrication. rhe iollo\r.ing should be observed: 

( 1 J Surfact s must have a very fine finish. 
(2 )  .Alignment must be very good. 
(3 )  Dimension\ and clearances must be verl- accurate. 
(4) Speed5 must be hish. 
(5) Loading must be relatively low. 

,Variable orifice for 
/ controlling f l w  

From ,4ps  
pump- 

f ~ g u r c  2 . 3  - 4 ~ ~ I ~ ~ ~ : I I I I - ~ I I > * - \ J I ~ C  c t>n ipc ; i , a~ i .~~  i ~ > d r o * [ d ~ ~ i  h a i r -  

111s. (1.rori1 R ~ p p c l .  I%; . )  



TABLE 2.3-1. - COWENSATING-ELEffNT CONSIDERATIONS~ 

[From Rippel (1963).] 

%atinq o f  1 i s  best or most ter 

Consideration 

l n i t i a i  cost 

Cost t o  fabricate and ins ta l l  

Another main difference between the behavior of 
sim~lar gas and liquid films besides viscosity is rhe 
comprcssibilit> of the gas. .4t low relative speeds i t  is 
reasonabl* to expect the gas-film density to remain nearly 
constant and the film therefore to behave as if it were 
incompressible. At high speeds. however. the density 
change is likely to become of primary importance so that 
such gas-film properties must differ appreciably from 
those of similar liquid films. 

Gas-lubricated bearings can also operate at very high 
temperatures since the lubricant will not chemically 
degrade. Furthermore, if air is used as the lubricant. it 
costs nothing. Gas bearings are finding increasing usage 
in gascycle machinery where [he cycle gas is used in the 
bearings, thus eliminating the need for a conventional 
lubrication system; in gyros. where precision and 
constancy of torque are critical; and in food and textile 
processing machinery, where cleanliness and absence of 
contaminants are critical; also in the magnetic recording 
tape industry. 

Plain gas-lubricated journal bearings are of little 
interest because of their poor stability characteristics. 
Lightly loaded bearings that operate at low eccentricity 
ratios are subjected to fractional frequency whirl, which 
can result in bearing destruction. Two types of nonplain 
gas-lubricated journal bearings find widespread use. 
namely. the pivoted pad and the herringbone groove. 

Pivoted-pad journal bearings 

Coqensating element 

' Pivoted-pad journal bearings are most frequently used 
z ' a s  shaft supports in gas-bearing machinery because of 

F 

i rable.  

their excellent stability characteristics. An individual 
pivot pad and shaft assembly is shown in 5gure 2.4-1. 
and a :hree-pad pivoted-pad bearing assembly :s shown in 
figure 2.4-2. Cinerally, each pad provides pad rotational 
degrees of freedom about three orthogonal axes (pitch, 
roll. and yaw-). Pivoted-pad beari!~gs are complex because 
of the many geometric variables involved in their design. 
Some of these variables are 

(1) Number of pads 
(2 )  Angular extent of pad. ap 
(3) Aspect ratio of pad, R/I 
(4) Pivot location. %/ap 
(5) Machined-in clearance ratio. c / R  

Constant- 
flow 

valve 1 
3 '  

1 

3 

3 

3 

1 

3 

3 

1 

Capil lary 

2 

2 

Figure 2.4-1.-Gcamccry of individual shoe-shah hearing. (From 
Gunter a al.. 1964.) 

Or i f  ice 

1 

3 

1 

2 

2 

3 

2 

1 

2 

I Space r e ~ u i r e d  1 2  

Rel iab i l i t y  ' I  I 
Useful l i f e  1 

Comercia1 ava i l ab i l i t y  I :  Tendency to clog 

Serviceabi 1 i t y  

Adjustabil i ty 

2 

3 



r Pivd 

'Pivded partial 
journal bearing 

F~purc : . 4 - 2 . - ~ m c i r ~  01 pl\orcd-pad journal hcar~ng ul rh  three 
r h m .  #From Guntcr c; dl . 1964.) 

(6) Pivot circle clearance ratio. c '  R 
(7) Angle between line of centers and pad leading 

edge. ,tp 
.4nalysis is accomplished by first determining the 

characteristics of an individual pad. Both geometric and 
operating parameters influence the design of a pivoted 
pad. The operating parameter of importance i \  the 
dimensionless bearing number -1,. where 

The results of computer solutions obtained from 
Gunter et al. (1%) for the performance of a single pad 
are shown in figures 2.4-3 to 2.4-5. Thew figures illu5- 
trate load coefficient. pivot film thickness. and trailing- 
edge film thickness as functions of pivot location and 
eccentricity ratio. These field maps apply for a pad with a 
radiuc-to-width ratio of 0.606. a circuinferential extent of 
9.45" (an a\pect ratio of I ) .  and .I, = 3.5. For other 
$ec~marir; and .I, \-alues timilar maps must be generatrrd. 
Additional map\ are ziven in Ciunter et al. (1964). 

Figure\ 2.4-6 to 2.4-8 show load coefficient and 
\tiffnec\ coefficient for a range of .I, \slues up to 4. 
These plot\ are for a pivot potition of 2,3. 

When the individual pad characteri5tics are known. the 
characteristics of the mulripad bearing can be determined 
by using a trial-and-error approach. With thc arrange- 
ment chown in figure 2.4-2, the load is directcd hc t~een  
the iwo lower pivots. For this case the load carried by 

each of the lower pads is initially assumed to be F cos $. 
The pivot film thicknesses hp, and hR are then caiculatea. 
The upper-pad pi\ot film thickness hpl. eccentricity ratio 
c. and load coefficient CI1 can be determined. The 
additional load on the shaft due to the reaction of pad J is 
added to the system load. Calculations are repeated until 
the desired acaracy is achieved. 

Pivoted-pad journal bearings are usually assembled 
with a pivot circle clearance c' somewhat less than the 
machined-in clearance c. When c ' .  c< 1. the bearing is 
said to be preloaded. Preload is usually given in terms of 
a preload coefficient, which ic equal to  (c-c') . 'r .  
Preloading is used to increase bearing stiffness and to 
prevent complete unloading of one or more pads. The 
latter condition can lead to pad flutter and possible con- 
tact of the pad leading edge and the shaft. which. in turn, 
can result in bearing failure. 

Herringbone-groove journal bearings 

A fixed-geometry bearing that has demonstrated good 
stability characteristics and thus promise for use in high- 
speed gas bearings .s the herringbone bearing. It consists 
of a circular journal and bearing sleeve with shallow-. 
herringbone-shaped grooves cut into either member. 
Figure 2.4-9 illustrates a partially grooved herringbone 
jour~al  bearing. In this figure the groove and bearing 
parameter:. are also indicated. Figures 2-4-19 10 2-4-14 
were obtained from Hamrock and Fleming (1971) and are 
design charts that present curves for optimizing the 
design parameters for herringbone journal bearings for 
maximum radial load. The (a) portion of these figures is 
for the groo\-ed member rotating and the (b) portion is 
for the smooth member rotating. The cnly groove 
parameter not represented in these figures in the number 
of grooves to be used. From Hamrock and Fleming 
( 197 1)  it was found that the rninirnum number of grooves 
to be placed around the journal can be represented by 
n r .I,. 5 .  

More than any other factors. self-escited whirl in- 
stability and low lozd ca~.iii ty limit the usefulness of gas- 
lubricated journal bearings. The whirl problem is the 
tendency of the journal center to orbit the bearing center 
at an angular speed less than or equal to half that of the 
journal about its own center. In many cases the whirl 
amplitude is largt. enough to cause destructive contact of 
the bearing surfaces. 

Figure 2.4-15, obtained from Fleming and Hamrock 
(1974), shows the stability attained by the optimized 
herringbone bearings. In this figure the stability parame- 
ter .\l is introduced, where 

and nt is the mass supported by the bearing. 
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Flgurc 2 .4- . .  -Char1 f,rr dctcrrnininy load cixiii;~.:nt. t k a r ~ n ~  rad~u*-to-lmgth ratlo, R/1. 0.6061; angular c\tcnr of pad. <a,-, 94.5'; dimen~~onless 
bearing nurnkr. .\ . 3 .5 .  (From i;untcr cr al.. IW.) 

1 1 I - - L A  
.64 .66 66 70 72 .14 .76 .18 

D~rcns~onlers pnot Ixdtlon. ulp ap 

'ipure 2.4-4.-Chart for Jeterrnlnlng pilot fllrn thicknew. Bearing radiur-to-length rallc. N i l .  0.6061; angular extent of pad, a,. 94.5"; dimen- 
rionles\ bearing numher. .I,. 3.5. (From Ciunter a al., 1964.) 



Figurc 2.4-!.-Char[ for dn r rm in in~  l ra~ l~ngtdge t ~ ~ c :  tnlcknea,. Hearing radius-to-length ratio. R/I.  0.6061: angular extent of pad. (I;,, 94.5'. 
d~mmiionlec* hrarlng number. .I,.?.:. (trorn Ciunter cr al.. 1964.) 

. - . . . . 

Pivot film thickness. Hp - hplc 

Dimensionless 
bearing 
number. 

i 

O.2 . 3  . 4  .5  .6 . 7  . 8  . 9  
Trailing-edge film thickness. H~ - htlc 

Figure 2.4-6.-Chart for de~ermlning load coefficient. Angular extent Figure 2.4-7.-Char1 for determining load coefficient. Angular extent 
o f  pad, n,,. 94.5"; ratio of angle herween nad leading edge and pi\or of pad. n,. 94.5'; ratio o f  angle betueen pad loadin8 edge and pivot 
lo  n,. +c,,/n,, 2'3; length-to-uidth ratio, A, 1.0. (From Gunter -1 a!., to n,, +c,,,/a,. 2/3; length-to-width ratio, A, 1.0. (From Gunter et al., 
1964.) 1964.) 



I Dimensionless 
i bearing number. 

Dimensionless pivot film thidcn?ss. Hp = hdc 

Figure 2.4-8.-Chart for determining shoe stiffness coefficient. (From Figure 2.4-9.-Configuration of concentric herringbone-groove jour- 
Gunter et at.. 1964.) nal bearing. Bearing parameters: X = I /ZR; .2, = 6 p ~ ~ / ~ , h ; .  Groove 

parameters: Ha= hs/h; a b  = bs/(br+ 4 ) ;  13,; 7 = I1 / [ ;  n. (From 
Hamrock and Fleming. 1971 .) 



(a)  broo\ed member rorarlrlg. 
(b)  S-:oo~h member rotatlng. 

Figure 2.4-10.-Chart for determining optimal film thicknes\. (From 
Hamroch and Flem~ng, 1971 .) 

ienqtb-to- 
w~dth ratio. 

h --- 1 id - ---- 112 
1 -- 2 

(a) Groo\ed member rotatlng 
(b) Smooth member rotating. 

Figure 2.4-11.-Chart for determining optimal groove width ratio. 
(From Hamrock and Fleming, 1971 .) 



(a)  Groo\ed member rotating 
(b )  Smooth member rotarlng. 

Figure 2.4-12.-Charr for determining optimal groo\e length rat;-. 
(From Hamrock and Fleming. 1971 .) 

(a) Grooved member rotating. 
(b) Smooth member rotating. 

Figure 2.4-13.-Chart for determining optimal groove angle. (From 
Hamrock and Fleming, 1971 .) 



(a) Grooved member rotating 
(b) Smooth member rotating. 

Figure 2.4-14.-Char! for determining maximum radial load capacity. 
(From Hamrock and Fleming, 1971 .) 

In figure 2.4-15 the bearings with the groovod member 
rotating are substantially more stable than those with the 
smooth member rotating, especially at high compressi- 
bility numbers. 

2.4.2 Thrust bearings 

Two types of gas-lubricated thrust bearing have found 
the widest use in practical applications. These are the 
Rayleigh step and thc spiral- or herringbone-groove 
bearings. 

Rayleigh step bearing 

Figure 2.4-16 shows a Rayleigh step thrust bearing. In 
this figure the ridge region is vinere the filrn thickness is h, 
and the step region is where the filrn thickne;~ is h,. The 
feed groove is the deep groove separating the end of the 
ridge region and the beginning of the next step region. 
Although not shown in the figure, the feed groove is 

a~ Grooved 

Unstable - 

C ... Length-to- :..A,. --... 

Dimensionless bearing number. A ,  

Finure 2.4-15.-Chart for determining maximum \[ability o f  
herringbone-groove bearings. (From Fleming and tiamrock, 1974.) 

orders of magnitude deeper than the film thickness h,. A Figure .!.4 -16.-(onfigurarion of :ectanguI.tr step thrust bearing. 
pad is defined as the ,ection that includes ridge, step, and (From Hamrock, 1972.) 
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feed groove regions. Ths length of the feed groove is 
small relative to the length of the pad. Note that each pzd 
acts independently since the pressure profile is broken at 
the lubrication feed groove. 

The load capacity and stiffness of a Rayleigh step 
thrust bearing are functions of the following parameters: 

( I  ) A, = 6 9 u l / p ~ f ,  dimensionless bearing number 
(2) A, = ( h, + b, + b,) /i, length ratio 
(3) H,=h,/h,, film thickness ratio 
(4) 4, = b,/ ( b, + b, + b, ) , step location parameter 

Figure 2.4-17(a) shows the effect of A, on A,, Ha. and 
4, for the maximum-load-capaciry condition. The 
optimal step parameters A,, Ha, and 4, spproach an 
asymptote as the dimensionless bearing number A, 
becomes small. This asymptotic condition correspqnds to 
the incompressible solution or A, = 0.918, $, = 0.555, 

Ha=  1.693. For A,> 1 i t  is obser~led that there is a 
different optimum value of A,, Hu and 4, for each value 
of 'I,. 

Figure 2.4-17(b) shows the effect of A, on A,. H,, and 
$, for the maximum-stifSness condition. As in tigure 
2.4-17(a) the optimal step parameters approach 
asymptotes as the incompressible solution is reached. The 
asymptotes are A,=0.915, $,=0.557, and H, = 1.470. 
Note that there i~ a difference in the asymptote for the 
film thickness ratio but virtually no change in A, and I,!, 

when con~pared with the results obtained for rnaximu.. . 
load-capacity condition. 

Figure 2.4-15 shows the effect of dimensionless 
bearing number A, on dirr :nsionless load capacity and 
stiffness. The difference In these figures is that the 
optimal step parameters are obtained in figure 2.4-18(a) 
for maximum load capacity and in tigure 2.4-18(b) for 
maximum gtiffness. 

Dimensionless bearing number, h t -  6rlt~llpa hf 

(a) !blax~mum d1men51onlec\ load cap;.clt\ 
(h)  Max~mum dlmen51onle\\ \t~flnc\\.  

Figure 2.4-17.-C.harr lor determining optimal step parameter\. (From Hamrock. 1972.) 
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Dinensionlesr bearing number. h t  * 6qul:pa hr 

(a) Maximum dimensionlas load capacity. 
(b) Maximum dimension!ess stiffness. 

Figure 2.4-18.-Chart for determining dimension!-ss load capacity and 
st~ffnas. (From HamrocL., 1972.) 

For optimization of a step-sector thrust bearing, 
parameters for the sector must be found that are analo- 
gous to those for the rectangular step bearing. The 
following substitutions accomplish this transformation: 

By making use of these equations, ths dimensionless 
bearing number can be rewritten as 

The optimal number of pads to be placed in the sector is 
obtained from the following formula: 

where ( ha!opc is obtained from figure 2.4-17(a) or (b) for a 
givcn dimensionless bearing number ,I,. Since n will not 
normally be an integer. rounding it to the nearest integer 
is required. Therefore. through the parameter transfor- 
mation discussed above, the results presented in figures 
2.4-17 and 2.4-18 can be used directly ir. designing 
optimal step-sector gas-lubricated thrust bearings. 

Spiral-groow thrust bearings 

An inward-pumping spiral-groove thrust bearing is 
shown in figure 2.4-19. .4n inward-pumping thrust 
bearing is somewhat more efficient than an outward- 
pumping thrust bearing and therefore is the only type 
considered here. 

The dimensionless parameters normally associated 
with a spiral-groove thrust bearing are 

Pump-in 
design 

where n is the number of pads placed in the step sector. 
Figure 2.4-19.-Configu;ation of spiral-gr0ot.e thrust bearing. (From 

Reiger . 1967.) 



(1) Angle of inclination. 0, 
(2) Width ratio. b = b,/b, 
(3) Film ratio, H,= h,lh, 
(4) Radius ratio, a, = RZ/RI  
( 5 )  Groove length fraction. R = ( R I  - Rg) / ( R I  - R2) 
( 6 )  Number of grooves, n 
(7) Dimensionless bearing number. 

L 1 , = 3 t l w ( ~ f -  ~ $ ) / p , h f  

The first six parameters are geometricd parameters and 
the last psraRiter is a r  operating parameter 

The performance of spiral-groove thrust bearings is 
represented by the following dimensionless parameters: 

( I )  Load 

( 2 )  Stiffness 

( 3 )  Flow 

( 4 )  Torque 

When the geometrical and operating parameters are 
specified, the load. stiffness, flow, and torque can be 
obtained. 

The design charts of Reiger (1967) are reproduced as 
figures 2.4-20 to 2.4-26. Figure 2.4-20 shows the dimen- 
sionless load for various radius ratios as a func~ion of 
dimensionless bearing number .\. This figure can be used 
to calculate the dimensionless load for a finite number of 
grooves; figure 2.4-21 can be used to determine the value 
of ihe groove factor. Figure 2.4-22 shows curves of 
dimensionless stiffness; figure 2.4-23, curves of dimen- 
sionless flow; and figure 2.4-24. curves of dimensionless 
torque. Optimized growc geometry parameters can be 
obtained from figure 2.4-25. Finally figure 2.4-26 is used 
o calculate groove radius H ,  (shown in fig. 2.4-19). 3 igure 2.4-26 shows the required groove length fraction 
P = ( R I  - R,) I ( R I  - R2)  to ensure stability from self- 
:.ucited oscillations. 

* d In a typical design problem the given factors are load, 
r peed, bearing envelope. gas viscosity. ambient pressure, 

~ n d  an allowable radius-tn-clearance ratio. The maxi- 
num value of the radius-toclearance ratio is usually 

Radius 
ratio. 

a r 

Figure 2.4-20.-Chart tor dacrmin~ng load for spiral-groove thrust 
bearings. (From Reigcr. 1967.) 

Radius 
ratio. 

a r 

Number of grooves. l:n 

Figurc 2.4-21 .--Ch~rt for dctermin~ng groo\c factor for -piral-grow. 
thrust bcartngs. (From Rciger. 1967.) 

Radius 
ratio. 

r 

0 10 20 30 4 ? 5 0 2  260 
D~r~ens~onless bearing number. qc = 3rlwlR1 - R21/pa h, 

Figurc 2.4-??.-Chart for determining stiffness for spiral-groo\c thrust 
hearings. (From Rcigcr. 1967.) 
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1 Radius 

D l t I e n ~ i ~ l ~ 5  rlng number. Pz z 
A, * 3q,. \R1 - RZIIpa hr 

Figurc 2.4-23.-Chan for &crmm~ng nos for sptral-grootc rhrus~ 
bearmgs. (From Reigcr. I So7. r 

Figurc 2.4-24.-Charr for dctcrmining torquc for spiral-grookt rhru\r 
bearings. (Curxe is for all radius ratios. From Reigcr. !%?.) 

5 - 
For all a,- 

4 1 

Radius 
ratio. 
a. 

1.8 r 
.- 
C - E 1.7 1 .7  
5 2 .6 
* 1 . 6 k  . 5  5 lo 
2 I I 1 

1 
. 4  

1.5 1 

0 10 2G 30 " 2 %2 z60 
Dimensionless bearing number. Ac = 3qw IR1 - Rjlpa hr 

Radius 

'. . 4  

1 1 I 1 I i 
0 10 U 30 4) 50 

Dimensionless rlnq number. P2 2 
4, = 3qu lR1 - R2h'pa h, 

Figure 2.4-26.-Charr for Ccccrmintng groo\c Icngth fraction for 
bpiral-groo\c rh-u,; kar tnp.  (From Ragcr. I%'.) 

dic-fated 5y the distortion likely to occur to the bearing 
surfaces. Typical values are 5000 to 10 000. The proce- 
durf normally followed in designing a spiral-groove 
thrust bearing while using the design curves given ill 
fisures 2.4-20 to 2.4-26 is as follows: 

( I )  Select the number of grooves n. 
(2) From figure 2.1-21 determine the groove factor Gf 

for given u,= R2iRI and n. 
(3) Calculate H-, = 1.5 G,F/xpa( R i  - R;). 
(4) If W',>0.8, RI must be increased. ~ g u r n  to step 2. 
(5) From figure 2.4-20. given U., and a, establish -1,. 

(6) Calculate 5 = I hr 3qd [ I  - (R~ /R~ ) ' ]  

If Rl I h, > 10 000 (or w hate~er preassigned radius-to- 
clearance ratio). a larger bearing or higher speed is 
required. Return to step 2. If  these changes cannot be 
rrade. an externally pressurized bearing must be used. 

(7)  Having established what a, and .I, should be. 
obtain \slues of K,. Q, and T from figures 2.4-22. 
2.4-23. and 2.4-24. respectively. From equations (2.4-2). 
(2.4-3). and (2.4-4) calculate 4. Q. and T,. 

(8) From figure 2.4-25 obtain groove geometry (b, 
$, and Ha) and from figure 2.4-26 obtain R,. 

3 Elastohydrodynamic Lubrication 
Dowson (1%5) defines elastohydrodynamic lubri- 

carion (EHL) as "the study of situations in which elastic 
deformation of the surrounding solids plays a significant 
role in the hydrodynamic lubrication process." Elasto- 
hydrodynamic lubrication implies complete fluid-film 
lubrication and no asperity interaction of the surfaces. 
There are two distinct forms of elastohydrodynamic 
lubrication: 

Figurr. 2.4-25.--Chart for determining optimal groove geometry for (I)  Hard EM--relating to materials of high elastic 
spiral-groove thrust bearings. (From Reiger. 1967.) modulus, such as metals. In this form of lubrication not 



only are the elastic deformation effects important. but 
the pressure-viscosity effects are equally so. Engineering 
applications in which this form of lubrication is domi- 
nant include gears and rolling-element bearings. 

(2) Sofr EHL-relating to materials of low elastic 
modulus, such as rubber. For these materials the elastic 
distortions are large, even with light loads. Another fea- 
ture is the negligible pressure-viscosity effect on the 
lubricating film. Engineering applications in which soft 
EHL is important include seals. human joints. tires, and 
a number of lubricated elastomeric material machine 
elements. 

The recognition and understanding of elastohydro- 
dynamic lubrication represents one of the major develop- 
ments in the field of tribology in this century. The 
revelation of a previously unsuspected regime of 
lubrication is clearly an event of importance in tribology. 
Elastohydrodynamic lubrication not only explained the 
remarkable physical action responsible for the effective 
lubrication of many machine elements. but it also 
brought order to the underjtanding of the complete spec- 
trum of lubrication regimes. raging from boundary to 
hydrodynamic. 

.4 way of coming to an understanding of elastohydro- 
dynamic lubrication is :o compare it with hydrodynamic 
lubrication. The major developments that have led to our 
present understanding of hydrodynamic lubrication 
(Tower. 1883. and Reynolds. 1886) predate the major 
developments of elastohydrodynamic lubrication 
(Grubin. 1949. and Petrusevich. 1951) by 65 years. Both 
hydrodynamic and elastohydrodynamic lubrication are 
considered as fluid-film lubrication in that the lubricant 
film is sufficiently thick to prevent any significant degree 
of asperity contact between the opposing solids. Fluid- 
film lubrication is often referred to as the ideal form of 
lubrication since it provides low friction and high 
resistance to wear. 

This section highlights some of the important aspects 
of elastohydrodynamic lubrication while illustrating i:s 
use in a number of applications. It  is not intended to be 
exhaustive but rather to point out the significact features 
of this important regime of lubrication. For more details 
the reader is referred to Hamrock and Dmson ('981). 

3.1 Coatact Stresses and Deformations 

As pointed out in S-mion 1.1. elastohydrodynamic 
ubrication is the mode of lubrication normally found in 
lonconformal contacts such as rolling-element bearings. 
\ loaddeflection relationship for nonconformal contacts 

developed in this section. Thc deformation within the 
ntact is calculated from. among other things. the 

$pticity parameter and the elliptic integrals of the first 
nd second kinds. Simplified expressions that allow quick 

" 3lculations of the stresses and deformations to be made 
, isily from a knowledge of the applied load, the material 

properties. and the geometry of the contacting elements 
are presented in this section. 

3.1.1 Elliptical contacts 

The undeformed geonetr) of contacting solids in a 
nonconformal contact can be represented by two 
ellipsoids. The two solids with different radii of curvature 
in a pair of principal planes (A- and y) passing through the 
contact between the solids make contact at a single point 
under the coedition of zero applied load. Such a condi- 
tion is called point contact and is shown in figure 3.1 -1, 
where the radii of curvature are denoted by r's. I t  is 
assumed that convex surfaces (fig. 3.1-1 ) exhibit positive 
curvature and concave surfaces. negative curvature. 
Therefore if the center of curvature lies within the wlids, 
the radius of curvature is positive; if the center of 
curvature lies outside the solids. the radius of curvature is 
negative. It is important to note that if coordinates x and 
y are chosen such that 

1 1 1 1  - + - > - + -  
'ax  rbx ray 'b>- 

coordinate x then derermines the direction of the semi- 
minor axis of the contact area when a load is applied and 
.v, the direction of the semimajor axis. The direction of 
motion is always considered to be alang the x-axis so that 
a and b must actually be ellipsoids of revolution about 
their own y-axis. 

The curvature sum and difference, which are quantities 
of some importance in the analysis of contact stresses and 
deformations. are 

Figure 3.1-1 .--Geometry of contacting elastic solids. (From tlamrock 
and Dowson, lQ8l.) 
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integrals o f  the first and second kinds 3 and t : .  Thi\ 
entails finding a solution to a transcendental equation 
relating k,  :T. and t: to the geometry o f  *he contacting 
solids. Possible appro2,:he include an itemri\e numerical 
procrdure. a\ des~ribcd for esample by Hamrozk and 
Ander5on (1973). or the z\e o f  chart\. a\ \hewn by Jones 
( 1%). Hanirozk and Rre\\c (1983) prokide a \hortcut to 
the classical Hertrian \olurion for the local s,.,,\ and 
deformation o f  t\ro elastic bodieb in contact. The .:hart - 
cut i s  accomplished by u\ing simplified form\ o f  the 
e:lipticity parameter and the complete ellip~tc integral\. 
r.\prc\zing them a\ furlit ions of the geomrtr!. The re\ult. 
o f  Hamrwk and Bre\\e'\ ( 1903) trork are \ummarired 
here. 

.A pu\\er l i t  u\ing lin:ar rqre\\ion by the method o f  
least \quare\ re\ulted in the folloising e\pre\\ion for the 
ellipticity parameter: 

\r here 

Equation.; (3.1-4) and (3.1-5) effecti\ely redefine the 
problem of t\\o ellip\oidal \olids approaching one 
acother in term\ o f  an cqui\alenr ellipsoidal solid of radii 
H, and R ,  approaching a plane. 

The ellipticity paramc~cr k i s  defined a\ theplliprical- 
contact diameter in the I-direction (trans\ydirr.ction) 
dit ided by I he elliptical-contact diameter In the 
.v-dirrxtion (direction o f  motion) or k=D,-ID,. I t  i\ 
determined by the radius ratio ( k  and i s  independent of 
applied load. I f  equation (3.1-1) i\ \?*:cfied and ( t  r I. the 
contact ellipw \\ill be oriented co that i t \  major diametcr 
\\ill be trans\er\e to the direcrion of morkm. and con- 
\cquently k r I. Other\rice, the major diameter uould lie 
along the direction o f  motion with both (1 s 1 and k s I. 
Figure 3.1-2 \how\ the ellipticit?- parameter and the 
elliptic icVegral\ o f  the fir\[ and \e.:ond kind\ for a range 
o f  cur\ature ratioc (tr = R,/R,) u\uall!- encountered in 
concent rated contact s. 

The a\!mptotic beha\ic,r o f  t :  and (0 - 1 implies 
t:-.T-a 2. and t r - s  implies 5 - x  and t:-1) \\a 
ugge\ti\e o f  tile typc 01 funitional dependence that t: 
and .T might t,llo\\. .A\ a rebulr. an in\er\e and loga- 
rithmic fit \\ere tried for t: ~ n d  5 ,  re\pcctiveIy. The 
follo\\ing e\pre\.ion\ pro\ ided e\c.ellenr cur\ e fir: 

where 

The classical Hertzian solution requires the calculation 
of the ellipticity parameter k from the complete elliptic 

\\'hen the ellipticity parameter k (cq. (3.1-7)). the elliptic 
integral., of the first and wcond kinds (eqc. (3.1-8) and 
(2.1-9)). the normal applied load I-; Poijson'\ ratio 1,. 

and the modulus of elasticity E of the contacting solids 
are known. we can w-rite the major and minor ale\ o f  the 
contact ellipse and the maximum deformation at the cen- 
ter o f  :he contact, from the analysis o f  Hertz ( 1881), as 

C . 1 .-. , - , .. & --.--.-A- 0 
0 4 8 24 28 P 36 

Cumture ratlo. YR, 
I lgurc 1.1 -2 -( hart lor Jcterm~n~ng e l l ~ p l ~ s ~ t ?  paramctcr a d  CIII~IIL. 

ln~cgrah of flrrr and wcond hind\ (From Harnrcxh and Brcuc. 
tun1 , 



H here (as in eq. (1.5-7)) 

. 
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TABLE 3.1-1. - SIWLIFIEO EQUATIONS 
OF P O O ~  Q L i k ; l ~  

[Froo H m c k  and Anderson ( 1983).] 

In thele equations D,. and D,, are proportional to Ft 3 
and 6 i\  proportional'to F-2 3. 

The maximum Hertzian stress at the center of the 
contact can also be determined by using equations 
(3.1-1 1 )  and (3.1-12) 

Table 3.1-1 gives the simplified equations for tr  < I as 
\\ell as for tr r I .  Recall that a r l implies k r l and 
equation (3.1-1 ) is satisfied. and tr < I implies k < 1 and 
equation (3.1-1 ) i\  not satisfied. I t  is important to make 
the proper ebaluation of tk since it  has a great cignitlcance 
in thc outcome ot the simplified equation.;. 

Figure 3.1-3 .;ho\r\ these diverse :ituations in nhich the 
\implified equations can be usefully applied. The 

i 

lil 

la )  \\heel on r a ~ l .  
f h )  Ball on  plane. 

(i) Hall t > ~ ~ i s r - r a c c  coniacr 

1.1purc ?.I 3.-Thrcc dcprec\ of conl'c~rmir).. (I.rom Hamrock and 
Urcwc, IYhZ.) 

locomotitc \vhecl on a rail (Cig. 3.1-3(a)) illustrates an 
cuamplc in which the ellipticit! parameter k and the 
r~Cf iu \  ratio rr arc Ie\\ than I .  The ball rolling again\[ a 
flat plate (fig. ?.1-3(h)) provide\ pure circular ccntact 
(i.c., cr = k = 1.0). Figure 3.1 -3(c) sho\i.s how I he contact 
cllip\e i \  formed in  the ball - outer-ring contact of a ball 
bcaring. Here the \cminiajor aui5 i \  nornia! to the 
direction of rolling and consequently cu and k arc greater 
than 1 .  Tahlc 3.1-2 \lio~v\ ho\v the dcgret- of conformit!. 
affects the contact parameters for the various cases 
illu\trated in figure 3. 1-3. 

QT~ Ox - 
? 

a 1 

2/a 
k = a  I 

Y =:+ q l n  a 
2 

m 
where q = - - 1 2 

, = 1 +9 
a 

i =2p91'3 
Y 

where A-I = R-I + R-I 
X Y  

O x = 2  - (":Y3 
1 /3 
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- 

q$y x - 
2 

a <  l 

2 /s K = a  

~ = ' + q  l n a  
2 

where q = I - 1 
2 

8 = l + g a  

0 , = 2  (6kafpy/3 - 

where R-' = R-I + R-I 
x Y 

I, X = 2(yJ'/3 
l k ' k  

1 / 3  

6 = fl [(z) (%)I 



TABLE 3.1-2. - PRACTICAL APPLICATIONS FOR DIFFERING CONFORMITIES 

[From H m c k  and Brewe (1983). E '  = 2.197~10' N/cmZ.] 

For this 4tuation the contact ellip3e d iscuwd in the 
preceding wition is of infinite length in the transverw 
direction (D,.- s). This t ~ p c  of contact is e~emplified by 
a cylinder loaded again\[ a plate. a groove, or another 
parallel cylinder or b? a roller loaded against an inner or 
outer ring. In thc\r. situation\ the contact semi\ridth is 
given by 

where 

Contact 
parameters 

F 

ax 

'bx 

'by 
u 

k 

4 

f 

D~ 

ox 

6 

am, 

and F' is the load per unit length along the contact. 
The maximum deformation given by the approach of 

centers of two qlinders can be written as (ESDU, 1978) 

Ba l l  on plane 

222.41 11 N 

0.6350 cm 

0.6350 cm 

m 

m 

1 .WOO 

1.0000 

1.5708 

1.5708 

0.0426 cm 

0.0426 cm 

7.13xl0-~ cm 

2.34~ 10' ~/cm' 

Wheel on r a i l  

1 .00~10~ N 

50.1900 cm 

ID 

m 

30.0000 om 

0.5977 

0.7206 

1.3412 

1.8645 

1.0807 cm 

1.4997 cm 

0.0108 cm 

1.1784~10~ ~ / c m ~  

The maximum Hertzian stress in a rectangular contact 
can be written as 

Ba l l  - outer-race 
ccntact 

222.411: N 

0.6350 cm 

0.6350 cm 

-3.8900 cm 

-0.6600 cm 

22.0905 

7.1738 

1.0258 

3.3375 

0.1810 cm 

0.0252 cm 

3.57x10-~ cm 

9 .30~10~  N/cm' 

3.2 Dimensionless Grouping 

The \srisble\ appearing in elaktohydrodynamic lubri- 
cation theory are 

effective elastic modulus. N/m: 
normal applied load. N 
film thicknes,. m 
effective radius in s (motion) direction. m 
effective radius in (transverse) direction, m 
mean surface velocity in s-direction. m/s 
preswre-viscosity coefficient of fluid, mVN 
atmospheric viscosity. N sim' 

From these variables the following five dimensionless 
groupings can be established: 

Dimensionless film thickness 

Ellipticity parameter 

D ' R,. 2/'* " 2 = (--) 
4 8 .  

Dimensionless load parameter 



Dimensionless speed parameter lubricants of paraffinic and naphthenic oils were con- 
sidered in the investigation of the role of the dimension- 

C'- qou ( 3 . 2 4 )  less materials parameter G. Thirty-four cases were used 
E'R,  in generating the minimum-film-thickness formula for 

hard EHL given here. 
Dimensionless materials parameter 

- -- - - 

The dimensionless minimum film thickness can now be 
written as a function of the other parameters involved: 

H=/(k.  C', n; G )  

The most important practical aspect of elastohydro- 
dynamic lubrication theory becomes the determination of 
this function/ for the case of the minimum film thickness 
uithin a conjunction. Maintaining a fluid-film thickness 
of adequate magnitude is clearl~ \ital to the efficient 
operation of machine element,. 

3.3 Hard-EH1. Results 

By using the numerical procedures outlined in 
Hamrock and Do\rron (1976). the influence of the ellip- 
ticity parameter and the dimencionless speed. load, and 
materials parameters on minimum film thickness \\as 
investigated by Hamrock and Doa-son (1977). The ellip- 
ticity parameter k \\as varied from 1 (a ball-on-plate 
configuration) to 8 (a configuration approaching a 
rectangular contact ). The dimensionlers speed parameter 
L' %as varied over a range of nearly t\bo order\ of 
magnitude. and the dimensionless load parameter N.over 
a range of one order of magnitude. Situations equivalent 
to using materials of bronze, steel, and silicon nitride and 

In this equation the dominant exponent occurs on the 
speed parameter. while the exponent on the load parame- 
ter ic very small and negative. The materials parameter 
also carries a significant esponent. although the range of 
this variable in engineering situations is limited. 

In addition to the minimum-film-thicknes5 formula. 
contour plots of pressure and film thickness ihroughout 
the entire conjunction can be obtained from the numer- 
ical results. A representative contour plot of dimension- 
less pressure is shosr, in figure 3.3-1 for k =  1.25. 
C'=O.168 x 10- 11. and 5=4522 .  In this figure and in 
figure 3.3-2. the + symbol indicates the center of the 
Hertrian contact rone. The dimensionless representation 
of the A' and 1' coordinates causes the actual Hertzian 
contact ellipse to be a circle regardless of the value of the 
ellipticity parameter. The Hertzian contact circle is 
s h o w  by asterisks. On this figure is a key showing the 
contour labels and each corre\ponding value of dimen- 
sionless pressure. The inlet region is to the left and the 
exit region is to the right. The pressure gradient at the exit 
end of the conjunction i \  much larger than that in the 
inlet region. In figure 3.3-1 a pressure spike is ..isible at 
the n i t  of the contact. 

Contour plots of the film thickness are shown in figure 
3.3-2 for the same case as figure 3.3-1. In this figure two 

Di~ensi3nless 
pressure. 
P ; PIE' 

I -~gurc 3.31.--Con[<rur plot oIdirncn~ionlc~\prc\\urc.. k = 1.25: C 0.l6X r 10": IV=.0.1 I I r 10  *: ( i  4522. (From \ianirc)c.L and I>ou\on, 1977.)  

4 5  

I 
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minimum regions occur in well-defined lobe\ that follou, thc prediction of conjunction bctiavior through the 
and are close ro, the edge of the Hertrian conracr circle. parameter., C' and W.. Apparently the chief effect of 
These result5 contain all of the e\\ential I;.;tturc.\ of avail- elasticity is to allow the Hertzian contact zone to r o w  in 
able experimenral obwr\ation\ based on optical inter- rc3ponse to increases in load. 
ferometry (Cameron and Ciohar. 1966). 

3.5 Film Thickness for Different Regimes of 
3.4 Soft-EHI. Results Fluid-Film Lubrication 

In a similar manner. Hamrock and Dowson (1978) 
investigated the behavior of soft EHL contacts. The ellip- 
ticity parameter Has varied from 1 (a circular configura- 
tion) to I2 (a configuration approaching a rectangular 
contact), while C and U. were varied by one order of 
magnitude and there were two different dimensionless 
materials parameters. Seventeen cases were considered in 
obtaining the dimensionless minimum-film-thickness 
equation for srft EHL 

The powers of U in equations (3.3-1) and (3.4-1) are 
quite similar, but the power of W is much more signifi- 
cant for soft-EHL results. The expression showing the 
effect of the ellipticity parameter is of exponential form 
in both equations, but with quite different constants. 

A major difference between equations (3.3-1 ) and 
(3.4-1) is the absence of the materials parameter in the 
expression for soft EHL. There are two reasons for this: 
the negligible effect of the relatively low pressures on the 
viscosity of the lubricating fluid, and the way in which 
the role of elasticity is automatically incorporated into 

The types of lubrication that exist within non- 
conformal contacts like that shown in figure 3.1-1 are 
influenced by two major physical effects: the elastic de- 
formation of *he solids under an applied load, and the 
increase in fluid viscosity with pressure. Therefore it is 
possible to recognize four regimes of fluid-film lubrica- 
tion. depending on the magnitude of these effects and on 
their relative importance. In this section because of the 
need to represent the four fluid-film lubrication regimes 
graphically, the dimensionless grouping presented in 
Section 3.2 will need to be recast. That is, the set of 
dimensionless parameters given in Section 3.2 1 H. U, U', 
G, and k 1 will be reduced by one parameter without any 
loss of generality. The dimensionless groupings to be 
used here thus are 

Dimensionless film para..leter 

Dimensionless viscosity parameter 



Dimensionless elasticity parameter 

The ellipticity parameter remains as discussed in Section 
3.1, equation (3.1-7). Therefore the reduced dimension - 
less group is ( H, g,., g,, k I. 

3.5.1 Isoi~iscous-rigid regime 

In this regime the magnitude of the elastic deformation 
of the surfaces is such an  insignificant part of the thick- 
ness of the fluid film separating them that it can be neg- 
lected. and the maximum pressure in the contact is too 
low to increase fluid viscosity significantly. This form of 
lubrication is typically encountered in circular-arc thrust 
bearing pads; in industrial processes in which paint, 
emulsion, or protective coatings are applied to sheet or 
film materials passing between rollers; and in very lightly 
loaded rolling bearings. 

The influence of conjunction geometry on the iso- 
thermal hydrodynamic film separating two rigid solids 
was investigated by Brewe et al. (1979). The effect of 
geometry on the film thickness was determined by vary- 
ing the radius ratio R , . / R ,  from 1 (a circular 
configuration) to 36 (a configuration approaching a rec- 
tangu'sr contact). The film thickness was varied over two 
orders o f  magnitude for conditions representative of steel 
solids separated by a ?araffinic mineral oil. It %as found 
that the computed minimiin? tilm thickness had the same 
speed, viscosity, and Icnc! dependence as the classical 
Kapitza (1955) solution so that the new dimensionlc\c 
film thickness H depends only on k .  Howei.er, tvhcn I tic 

Reynolds cavitation condition (dp/dn = 0 and p = 0) \ca\ 
introduced at the cavitation boundary, where n rep- 
resents the coordinate normal to the interface bet\vecn 
the full film and the cavitation region, this geometrical 
dependence could be determined. Thus, according lo 

Brewe et al. (1979). the dimensionless minimum-film- 
thickness parameter for the isoviscous-rigid regime can 
be written as 

( m l n ) ,  = I .  3  tan - 1 ( )  + 6 8  (3.5-1) 

where 

and 

Equation (3.5-4) shows explicitly that the dimensionless 
minimum-film-thickness parameter H is indeed strictly a 
function only of the geometry of the contact described by 
k or  equivalently by the ratio tr = R,./R,y. 

3.5.2 Piezot~iscous-rigid regime 

If the pressure within the contact is sufficiently high to 
increase the fluid viscosity within the conjunction sig- 
nificantly, i t  may be necessary to consider the pressure- 
viscosity characteristics of the lubricant while assuming 
that the solids remain rigid. For the latter part of this 
assumption to be valid, the deformation of the surfaces 
must remain an  insignificant part of the fluid-film 
thickness. This form a f  lubrication may be encountered 
on roller end-guide flanges, in contacts in moderately 
loaded cylindrical tapered rollers, and between some 
piston rings and cylinder liners. 

From Hamrock and Dowson (1981 ) the minimum film 
thickness parameter for the piezoviscous-rigid regime can 
be written as 

Note the absence of the dimensionless elasticity parame- 
ter gr from equation (3.5-7).  

3.5.3 Iso~~iscous-elastic (so* EHL) regime 

In this regime the elastic deformation of the solids is a 
significant part of the thickness of the fluid film sepa- 
rating them, but the pre\\ure within the contact is quite 
low and insufficient to cause any substantial increase in 
viscosity. This situation ari5cs \vith materials of low 
ela\tic modulus (such a \  rubber), and i t  is a form of lubri- 
cation that may be cncountcred in seals, human joints, 
tire\. and clastomeric material machine elements. 

If the film t h i c L n e ~  equation for soft EHL (cq. 
(3.4-1 !\ i \  renritten in term\ of [he reduced dimensionless 
grouping. the rnininiurn-film-thicknecs parameter for the 
i\ovisc'nuk-cla~,tic re_cinic can bc rctvritren approsimately 
:I\ 

Notc the absence of the dimen~ionlcss viscosity parame- 
ter g,, from equation (3 .54) .  

3. S. 4 1'ie:ociscous-elastic (hard EHL) regime 

In fully developed ela\tohydrod.namic lubricatiori the 
elactic del'clrniation of tlic solids is often a significant part 
of I tic I hickncss of the fluid film separating them, and t tic 
prc\\urc \vittiin the conlact is high enough to cause a 
\ipnifica~it iricri.a\e in t tie \ i\cosity of the lubricant. This 
form of lubrication i \  I\-pically encountered in ball and 
roilcr bearings, scars, and cams. 
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Once the film thickness equation (cq. (3.3-1)) has been 
rewritten in term5 of the reduced dinlensionless grouping. 
the minimum film parameter :',)r the piezoviscou~-elabtic 
regime can be written a\ 

An interesting obser~ation to  make in comparing 
equations (3.5-7) to (3.5-9) is that in each case the sum of 
the exponents on g,, and g, is close to the value of 213 
required for complete dimensional representation of 
rlie\e three lubrica~ion regimes: piezoviscous rigid, 
isoviscous elastic. and pieroviscous elastic. 

.f. 5.5 (bnrour plors 

Having eupresked the dimensionless minimum-film- 
thichne\\ paranlerer for the four fluid-film regimes in 
squat ion\ (3.5-4) to (3.5-9). Hamrock and Dowson 
(1979, used these relationships to develop a mdp of the 
lubrication regimes in the form of dimensionless 
minimum-film-thickness parameter contours. Some of 
these maps are shown in figures 3.5-1 to 3.5-3 on a log- 
log grid of the dimensionless viscosity and elasticity 

Dimensionless 
minlmum- 

film-thickness 
parsmeter. 

Hmin 

parameters for ellipticity parameters of 1, 3, and 6, 
respectively. The procedure used to obtain these figures 
can be found in Hamrock and Dob~~on  (1979). The four 
lubrication regimes are clearly shown in figures 3.5-1 to 
3.5-3. By using these figures for given values of the 
parameters k ,  g,., and g,, the fluid-film lubrication regime 
in which any elliptical conjunction is operating can be 
ascertained and the approximate value of timin deter- 
mined. When the lubrication regime is known, a more 
accurate value of tirnin can be obtained by using the 
appropriate dimensionless minimum-film-thickness 
equation. These results are particularly useful in initial 
investigations of many practical lubrication problems 
involving elliptical conjunctions. 

3.6 Rolling-Element Bearings 

Rolling-element bearings are precision, yet simple, 
machine elements of great utility whose mode of 
lubrication is elastohydrodynanlic. This sestion describes 
the types of rclling-element bearings and their geometry, 
kinematics, load distribution, ;nd fatigue life and 
demcnstrates how elastohydrodynamic lubrication the- 
ory can be applied to the operation of roiling-element 

Dimensionless elast~c~ty parameter, qe 
~- 

Figure 3.5-I.-Map o f  lubrication regimes for ellipticity parameter k o f  I. (From Hamrock and Dowson, 1979.) 



Figure 3.5-2.-Xlap o f  lut.ricatlol~ repmes for elliptic~ry paramerer k of  3 .  (Fro12 Hanlroch and Dowson, 1979.) 

Dimensionless elasticity parameter, ge 

Figure 3.5-3.-Map o f  lubr~cation reglmec for ellipriciry parameter k of 6. (From Hamrock and Dowson. 1979.) 
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bearings. This section makes extensive use of Harnrock 
and Dowson (1981) and Harnrock and Anderson (1983). 

3.6.1 Bearing types 

A great variety both of design and size range of ball 
and roller bearings is available to the designer. The intent 
of this section is not to duplicate the complete descrip- 
tions given in manufacturers' catalogs, but rather to 
present a guide to representative bearing types along with 
the approximate range of sizes available. Tables 3.6-7 to 
3.6-9 illustrate some of the more widely used bearing 
types. In addition, there are available numerous types of 
specialty bearings for which space does not permit a 
complete cataloging. Size ranges are given in metric units. 
Traditionally, most rolling-element bearings have been 

manufactured to metric dimensions, predating the efforts 
toward a metric standard. In addition to bearing types 
and approximate size ranges available, tables 3.6-1 to 
3.6-9 also list approximate relative load-carrying 
capabilities, both radial and thrust, and where relevant, 
approximate tolerances to misalignment. 

Rolling bearings are an assembly of several parts-an 
inner race, an outer race, a set of balls or rollers, and a 
cage or separator. The cage or separator maintains even 
spacing of the rolling elements. A cageless bearing, in 
which the annulus is packed with the maximum roiling- 
element complement, is called a fullcomplement bear- 
ing. Full-complement bearings have high load capacity 
but lower speed limits ihan bearings equipped with cages. 
Tapered-roller bearings are an assembly of a cup, a cone, 
a set of tapered rollers, and a cage. 

TABLE 3.6-1. - CHARACTERISTICS OF REPRESENTATIVE RADIAL BALL aEARINGS 

[From Hamrock and Piderson ( 1983).] 

'Two d i rec t ions .  
d i rect ton.  

Type 

Conrad o r  m deep groove 

M a i m  capac- 
i t y  o r  f i l l i n g  
notch 

Magneto o r  a 
counterbored 
cuter  

Airframe o r  
a i r c r a f t  
con t ro l  

Se l f  -al igning, 

Approximate range 
o f  bore 

Mininum 

10 

4.826 

Rela t ive  
' 

Radial  

1 .OO 

1.2-1.4 

0.9-1.3 

~ i g h  s t a t i c  
capac i ty  

0.7 

sizes, rim 

Maxinum 

1060 

130 

200 

31.75 

120 

------ 

110 

110 

i n t e r n a l  

L i m i t i n g  
speed 
f a c t o r  

1 .O 

1.0 

1.0 

0.2 

1.0 

capac i ty  

Thrust 

ao.7 

43.2 

b0.5-0.9 

a~.5  

bo.2 

1 .O 

1.5 

1.5 

Se l f  -a1 igning, EEI externa l  

Double row, l!i@l 
maxinum 

Tolerance 
t o  mis- 

alignment 

M015' 

M03 '  

MO 5' 

O" 

Y030 '  

1 .O 

1.0 

1 .O 

% -7 

do.2 

al .4 

------ High 

M03 '  

0" Double row. 
deep groove 
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Ball bearings 

Ball bearing. are used in greater quantity than any 
other type of rolling bearing. For an application where 
the load is ?rimslily radial with some thrust load present, 
one of the t y p s  in table 3.6-1 can be chosen. A Conrad, 
or deep-groove, bearing has a ball complement limited by 
the number of balls that can be phcked into the annulus 
between the inner and outer races with the inner race 
resting against the inside diameter of the outer race. A 
stamped and riveted two-piece cage, piloted on the ball 
set, or a machined two-piece cage, ball piloted or race 
piloted, is almost always used in a Conrad bearing. The 
only exception is a one-piece cage with open-sided 
pockets that is snapped into place. A filling-notch bear- 
ing has both inner and outer races notched so that a ball 

complement limited only by the annular space between 
the races can be used. It has Ira :hrust capacity because 
of the filling notch. 

The seli-aligning internal bezring shown in table 3.6-1 
has an outer-race ball path ground ir a spherical shape so 
that it can accept high levels of misalignment. The self- 
aligning external bearing has a multipiece outer race with 
a spherical interface. It too can accept high misalignment 
and has higher capacity than the self-aligning internal 
bearing. However, the external self-aligning bearing is 
somewhat less self-aligning than its irrternal counterpart 
because of friction in the multipiece outer race. 

Aepresentative angular-contact ball bearings are illus- 
trated in table 3.6-2. An angular-contact ball bearing has 
a two-shouldered ball groove in one race a:ld a single- 
shouldered ball groove in the other race. Thus it can 

TABLE 3.6-2. - CHARACTERISTICS OF REPRESENTATIVE ANGULAR-CONTACT BALL BEARINGS 

[From Hamrack and Anderson ( 19E3) .] 

a ~ n e  d i rec t ion .  
b~epends on contact angle. 
C ~ w o  d i rec t ions .  

other d i rec t ion .  

L im i t i ng  
speed 
f a c t o r  

b1.1-3.0 

3 .O 

Type 

One-directional 
t h r u s t  

Duplex. ?ark 
t o  back 

Tolerance 
t o  mis- 

alignment 

M 0 2 '  

0° 

I 

Reia t ive  

Radial  

b1 .00-1.15 

1.85 

Duplex, face 
t o  face 

Duplex, tandem 

-. l i r e c t i o n a l  @g 
o r  s p l i t  r i n g  

Double row 

%.5 / 0.1 1 O0 
.5 

capaci ty 

Thrust 

-5-2.3 

C1 .5 

Approximcte range 

Uouble row, 
maximin 

of bore 

Mininum 

10 

10 

3.0 ' 

3 .O 

3.0 

0.8 

sizes, nun 

Maxinum 

320 

320 

O0 

O0 

%I0 2' 

oO 

110 

c1-5 
a2.4 

c1 .5 

Cl .bS 

lo 

10 

I 0  

10 

1.65 

I 

320 

110 

140 

1.85 

1.15 

1.5 



support only a unidirectional thrust load. The cutaway 
shoulder allows assembly of the bearing by snapping over 
the ball set after it is positioned in the cage and outer 
race. This also pennits use of a one-piece, machined, 
race-piloted cage that can be balancxd for high-speed 
operation. Typical contaa angles vary from 15' to 25'. 

Angularcontact ball bearings are used in duplex pairs 
mounted either back to back or face to face as shown in 
table 3.6-2. Duplex bearing pain are manufactured so 
that they "preload" each other when clamped together in 
the housing and on the shaft. The use of preloading pro- 
vides stiffer shaft support and helps prevent bearing 
skidding at light loads. Proper levels of preload can be 
obtained from the manufacturer. A duplex pair can sup- 
port bidirectiond thrust load. The back-to-back arrange- 
ment offers more resistance to moment or overturning 
loads than does the face-to-face arrangement. 

Where thrust loads exceed the capability of a simple 
bearing. two bearings can be used in tandem. with each 
bearing s:~pporting part of the thrust load. R.:.;e or more 
bearings are occasionally used in tandem. but this is 
discouraged because of the difficulty in achieving good 
load sharing. Even slight differences in operating tem- 
perature will cause a maldistribution of load sharing. 

The split-ring bearing shown in table 3.6-2 offen 
several advantages. The split ring (usually the inner) has 
its ball groove ground as a circular arc with a shim 
between the ring halves. The shim is then removed when 
the bearing is assembled so that the split-ring ball groove 
has the shape of a gothic arch. This reduces tlli axial play 
for a given radial play and results in m6.c accurate axial 
positioning of the shaft. The bearing can support bi- 
directional thrust loads but must not be opemted for 

prolonged periods of time at predominantly radial loads. 
This results in three-point ball-race contact and relatively 
high frictional losses. As with the conventional angular- 
contact bearing. a on:-piece precision-machined cage is 
used. 

Thrust ball -gs (90' contact angle), table 3.63.  
are u,,d almost exclusively for machinery with vertically 
oriented shafts. The flat-race bearing allows eccentricity 
of the fixed and rotating members. An additional bearing 
must be used for radial positioning. It has low load 
capacity because of the very small ball-race contacts and 
consequent h i  Henzian stress. Grooved-race brings 
have higher load capacities and are capable of supporting 
low-magnitude radial loads. AU qf the pure thrust ball 
bearings have modest speed capzbility because of the 90' 
contact angle and the consequent high level of ball 
spinning and frictional losses. 

Rdler bearing 

Cylindrical roller bearings, table 3.6-4, provide purely 
radial load support in most applications. An N or U type 
of bearing will allow free axial movement of the shaft 
relative to the housrng to accommodate differences in 
thermal emansion. An F or 3 type of bearing wii support 
a tight thrust load in one direction; and a T type of bear- 
ing. a light bidrreczional thrust load. 

Cylindrial roller bearings hate moderately high radial 
load capacity as well as high speed capability. Their speed 
capability exceeds that of either spherical or tapered- 
roller bearings. A commonly used bearing combination 
for support of a high-speed rotor is an angularantact 
ball bearing or duplex pair and a cylindrical roller 
bearing. 

TABLE 3.6-3. - CHARACTERISTICS OF REPRESENTATIVE TmUST BALL BEARINGS 

[ F r a  Hamrock and Anderson (1983).] 

a ~ n e  direction. 
b ~ c c ;  ; eccentricity. 
c ~ r r  i -ections. 

r - 
Type 

One directional. M f l a t  race 

One directional, M grooved race 

Limiting 
speed 
factor 

0.10 

0.30 

0.30 

Tolerance 
t o  mis- 

alignment 

"0 

0° 

0° 

Approximate range 
of bore sizes, iae 

Relative capacity 

Hinimm 

6.45 

Two directicnal, 
grooved race - 

Radial 

0 

0 

0 

Maximm 

-*9 

1180 

220 

Thrust 

ao.7 

'1 -5 

C1 .5 



TABtE 3.6-4. - CHARACTERISTICS OF REPRESENTATIVE CYLII(ORXW ROLLER L A R I f f i S  

[From Hamock and Anderson ( 1983) .I 

cirect ion. 
airections. 

L imi t ing 
speed 
f x t o r  

1.20 

1.20 

1.15 

1.15 

1-15 

1.15 

0.20 

1.00 

1.00 

Type 

/ Stpara' .e B : i-tte, i ir,g, 
nai.l+xatin; 
(Ah, RlH, 

Ssgarable a i ~ e r  ring. 
nmiocat ing 
' P L ,  RiUj 

Separable 
outer ring. 
aqe-airection 
locat ing 
(HF. RXF) 

Separable 

I33 
inner ring. 
one-direction 
locat ing 
(RJ. RIJ) 

Self -contained, 

a 
Dl two-oirection 

locat ing 

Separab 1 e 
inner ring. 
two-direction 
locat ing 
(RT. RIT) 

honlocating. 

IQI 
@I fa1 I coapleraent 

(RK. RXK) 

Uouble row. 
separ ab 1 e 
outer ring. 
nonlocating 
(RD) 

separable 

Tolerance 
t o  a is -  

a l i g n e n t  

s 0 5 '  

?0°5' 

10°5' 

?D05' 

?D05' 

10" 5' 

Lo05' 

O0 

0° 

Relative 
' 

Radial 

1.55 

1.55 

1.55 

1.55 

1.35 

1.55 

2.10 

1 .85 

1.85 

inner ring, 
nonlocating 

capacity 

Thrust 

0 

0 

G a t i n g  

G a t i n g  

'Locating 

h a t i n g  

0 

0 

0 

Approximate 
of bore 

Min ims 

lo 

12 

40 

12 

l2 

20 

l7 

30 

range 
sizes, a 

Ilaximm 

320 

500 

117.8 

320 

100 

320 

75 

1060 

1060 
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As explained in the following section on bearing geom- 
etry. the rollers in cylindrical roller bearings are seldam 
pure cylinders. They are crowned. or made slightly barrel 
shaped. to relicie stress conmtrat ions of the roller ends 
when any misalignment of the shaft and housing is 
present. 

Cylindrical roller bearings may be equipped with one- 
or two-piece cages. usually racy piloted. For greater load 
capacity. fullamplement bearings can be used. but at a 
significant sacrifice in speed capability. 

Spherical roller bearings. tables 3.65 to 3.6-7. are 
made as either single- or double-row bearings. The more 
popular bearing design uses barrel-shaped rollers. An 
alternative d e s i  employs hourglass-shaped rollers. 
Spherical roller bearings combine vey high radial load 
capacity with modest thrust I d  capacity (with the 
exception of the thrust type) and excellent tolerance to 
misalignmt. They find widespread use in heavyduty 
rolling mill and industrial gear drives. where all of these 
bearing characteristics are requisite. 

Tapered-roller bearings, table 3.6-8. are also made as 
single- or double-row bearings with combinations of one- 
or two-piece cups and cones. A four-row bearing 
assembly with two- or three-piece cups and cones is also 
available. Bearings are made with tither a standard angle 
for applications in which moderate thrust loads are 
present or with a seep angle for high thrust capacity. 

Standard and special cages are available to suit the appli- 
cation requirements. 

Single-row tapered-roller bearings must be used in 
pairs because a radially loaded bearing generates a thrust 
r m b n  that must be taken by a second bearing. 
Tapered-roller bearings are normally set up with spacers 
designed so that they operate with some internal play. 
Manufacturers' engineering manuals should be consulted 
for proper setup procedures. 

Needle roller bearings, table 3.6-9. are characterized 
by compactness in the radial direction and are frequently 
used without an imer race. In the latter case the shaft is 
hardened and ground to serve as the inner race. Drawn 
cups, both open and dosed end. are frequently used for 
grease retention. Drawn cups are thin walled and require 
substantial support from the housing. Heavyduty roller 
bearings have relatively rigid races and are more akin to 
cylindrical roller bearings with large-length-to-dimeter- 
ratio rollers. 

Needle roller bearings are more speed limited than 
cylindrical roller bearings because of roller skewing at 
high speeds. A high percentage of needle roller bearings 
are fullcomplement bearings. Relative to a caged needle 
bearing, these have higher load capacity but lower speed 
capability . 
There are many types of specialty bearings available 

other than those discussed here. Aircraft bearings for 

TABLE 3.6- j. - CS44CTERISTICS OF REPRESENTAT I V E  SPHERICAL RALER tER911GS 

[irm Hamrock and Anderson (13331.1 

a5ymmetric r o l l e r s .  
b~synanetric r o l l e r s .  

l j p e  

5ing:e row. m oarre l  or 
convex 

bauble rw. 
barre l  or 
convex 

Tnru s t rn 
Double row. 
concaw 

Relat ive  capacity &proaimate range 
of bore sizes.  mn 

Limit ing 
speed 

factor  

0.50 I 

I 

' 

Raaial  - 
Kininurn 

'O 

25 

35 

50 

Tolerance 
t o  mis- 

alignment 

2' 

Thrust 
Haximm 

3iu 

1250 

IbU 

130 

2: O30' 

i-'O I O-'O 

I 
2.40 0.70 / 0.50 

60.10 
bd.10 

2.40 

'1.80 
b 2 . 4 ~  

0.70 

o.35-o.501 30 

0.50 f1°30' 
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control systems. thin-section bearings. and fmurcd-ring 
bearings are some of the more widely used bearings 
among the many types manufactured. A complete cover- 
age of all bearing types is beyond the scope of this 
section. 

Angularcontact ball bearings and cylindrical rdkr 
bearings are generally considered to have the highest 
speed capabilities. !3peed limits of roller bearings are 
discussed in conjunction with lubrication methods. The 
lubrication system employed has as great an influence on 
limiting bearing speed as does the bearing desi y. 

The operating characteristics of a rollingclement bear- 
ing depend greatly on the diametral clearance of the 
bearing. This clearance varies for the different types of 
bearings discussed in the preceding section. In t his section 
the principal geometrical relationships governing the 
operation of unloaded rolling-element bearings arc 
developed. This information will be of vital interest when 
such quantities as stress, deflection. load capacity. and 
life are considered in subsequent smions. Although 

TABLE 3.6-6. - CWCTERISTICS OF STANDA?Olii9 0OJB;E-391. SPHERICAL ROLLER SiARIMGS 

[From Harock 3nd hGerson ( 1953) .] 

TABLE 3.6-7. - CMRACTERI STICS OF SPHERICAL ROLLER aEmInts 

[From Harock and Anderson ( 1983) .] 

aLoao capacities are coqara t i ve  within the various series o f  spherical 
r o l l e r  bearings only. For a given envelope size. a spherical r o l l e r  
bearing has a rad ia l  capacity approximately equal t o  tha t  of a cyt in- 
ar ica l r o l  l e r  bearing. 

Rol ler grioance 

ketainer pociets 

Fioat ing w i d e  
r i n g  

Inner-r i ng  
c e n t e r r i b  

Wetamer neslgn 

Ibcnineo. 

r o l l e r  p i  lotea 

st-. 
race p i lo teo  

Xdcnined. 
r a c e p i l o t e a  

Type 

, "" Roller-race 
c m t a c t  

W i f  iea l ine, 

D G t h  races 

W i f i e a  l ine. 

both races 

Line contact. 
c ~ t e r ;  poant 
contact. i n re r  

it01 l e r  oesiyn 

S y m e t r ~ c  

- 
Series 

1 1 sp(tre 

TY pcrs Approxilate range 
of bore sues. m 

, 
- 

K i n i u m  

hsymetr ic  

1 

~ i m i t i n y  

speea 
factor  

I 

tO2 

203 
LO4 
 ill^ 
213 
22. 22K 
CJ, 23K 
30. 30K 
31. 31K 
32. JZK 
39. 49K 
40. 40K 

Maxima 

Approrimate re la-  
t i v e  capacitya 

0.5 
-5 
-4 

.b 

I 
.7 
.6 
.6 
.7 
.7 

Single-row barre l  
Single-row barre l  
Single-row barre l  

SLB 
SLB 

SLB. SC, 50 
SLB, SC, 50 
SLI. SC. SO 
SLB. 51, SO 
SLB. SC, SO 

5b 
59 

20 
20 
25 
35 
30 
30 
40 

120 
110 
1W 
120 
180 

Radial 

- 
Thrust 

0.11 
.18 
. i t2  
-26 
.53 
.46 

1.0 
-29 
-54 
-78 
-18 ---- 

320 
240 
110 
7 5 
70 

320 
280 

1250 
1250 
850 

1 ZH) 
250 

1 .O 
1.7 
2.1 
1 .O 
1.7 
1.7 
2.7 
1.2 
1.7 
2.1 
.I 

1-5 



bearings rarely operate in the unloaded state. an under- 
standing of this section is vital to the appreciation of the 
remaining sections. 

Geometry of ball hmhgs 

PbrJ, tfimuaer and demmce.-The cross section 
through a radial. single-row ball bearing. shown in figure 
3.6-1. depicts the radial clearance and various diameters. 
The pitch diameter d, is the mean of the inner- and outer- 
race contact diameters and is given by 

Also from figure 3.6-1 the diametral clearance denoted 
by Pd can be written as 

Diametral clearance may therefore be thought of as the 
maximum distance that one race can move diametrally 
with respect to the other when no measurable force is 
applied and both races lie in the same plane. Although 
diametral clearance is generally used in connection with 
siqle-row radial bearhgs. equation (3.6-2) is also appli- 
cable to angular-contact bearings. 

TABLE 3.6-8. - CHARACTERISTICS OF REPRESENTATIVE TAPERED ROLLER BEARINGS 

[From IbPrOCk and Anderson (1983).] 

TST - Tapered bore 
TSS - Steep angle 

TSE, iSK - keyway cones 
TSF. TSY - f langed cup 
TSG - steering gear (without cone) 

TDOS - steep angle 

T W  - slotted cones 
TNASWE - extended cone r i b  
TNAWH - slotted cones. sealed 

TW, TQOT - tapered bore 

TVIT - tapered bore 



"d Ruce conformiy.-Race conformity is a measure of 
the geometrical conformity of the race and the ball in a 
plane passing through the bearing axis. which is a !ine 
passing through the center of the bearing perpendicular 
to its plane and transverse to the race. Figure 3.6-2 is a 
cross section of a ball bearing showing race conformity, 
expressed as 

i B For perfect conformity, where the radius of the race is 

i equal to the ball radius./is equal to 112. The closer the 
race conforms to the ball, the greater the frictional heat 
within the contact. On the other hand, open-race curva- 
ture and reduced geometrical conformity. which reduce 

I friction, also increase the maximum contact stresses and 
-.L consequently reduce the bearing fatigue life. For this 

reason, most ball bearings made today haye race con- 
--  

formity ratios in the range 0.51 sf 10.54. with f =0.52 
Fiiure 3.6-l.-Cross m i o n  through W Y .  single-row ball bearing. kng the most common value. ~h~ rae conformity ratio 

(From Hamrock and Dowson. 1981 .) 

TABLE 3.6-9. - CHARACTERlSTICS OF REPRESENTATIVE NEEDLE ROLLER BEARINGS 

Open end Closea end 

Drawn CUP. 
needle. 
grease 
retained 

Drawn cup. 
r o l  l e r  

Open end Closed end 

w ro1 l e r  

Cagw r o l l e r  

Cam follower 

Neeale thrust  

w o c k  and Anderson ( 1983).] 
-- 

Minim. I Haxiurn 1 Dynamic 

6 105 Very high 

Stat ic  factor 
- - - - 

Moderate 0.3 

Moderate 0.3 

Moderate 0.9 

Moderate 1 .O 

1.0 High 

Moderate 0.3-0.9 
t o  high I 

v e r y  high 0.7 , 

Misal ignemt 
tolerance 

Low 

Low 

Moderate 

I 

Moderate 

Moderate 

Low 

Low 
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Fiiw 3.6-2.--Cross section of ball and outer race. showing race con- and 
formity. (From Hamrwk and Dowson. 1981 .) 

d=ro-D+r ,  

For the outer race is usually made slightly smaller than 
that for the inner race to compensate for the larger 
conformity ratio in the plane of the bearing between the 
outer race and ball than between the inner race and ball. 
This tends to equalize the contact stresses at the inner- 
and outer-race contacts. The difference in race conformi- 
ties does not normally exceed 0.02. 

Conta-t mgl0.-Radial bearings have some axial play 
since they are generally designed to have a diametral 
clearance. as shown in figure 3.6-3. This implies a free- 
contact angle different from zero. Angularcontact bear- 
ings are specifically designed to operate under thrust 
loads. The clearance built into the unloaded bearing. 
alo.~g with the race conformity ratio. determines the 
bearing freecontact angle. Figure 3.6-3 shows a radial 
bearing with contact due to the axial shift of the Inner 
and outer rings when no measurable force is applied. 

Before the freecontact angle is discussed, it is impor- 
tant to define t he distance between the c snters of curva- 
ture of the two races in line with the cen. r of the ball in 
figures 3.6-3(a) and (b). This distance-denoted by x in 
figure 3.6-3(a) and by D in figure 3.6-3(b)-depends on 
race radius and ball diameter. Denoting quantities 
referred to the inner and outer races by subscripts i and o. 
respectively. we see from figures 3.6-3(a) and (b) that 

From these equations. we can write 

This distance. shown in figure 3.6-3. will be useful in 
defining the contact angle. 

By using equation (3.6-3). we can write equation 
(3.6-4) a~ 

where 

The quantity B is known as the total conformity ratic and 
is a measure of the combined conformity of both the 
outer and inner races to the ball. Calculations of bearing 
deflection in later sections depend on the quantity B. 

The freecontact angle @(fig. 3.6-3) is defined as the 
angle made by a line through the points of contact of the 
ball and both races with a plane perpendicular to the 
bearing axig of rotation when no measurable force is 
applied. Note that the centers of curvature of both the 
outer and inner races lie on the line defining the free- 
contact angle. From figure 3.6-3 the expression for the 
free-contact angle can be written as 

By using equatio~~s (3.6-2; and (3.6-4). we can write 
Axis of rotation equation (3.6-7) as Axis of ro(at10n (3, _ _ _ - 1st - - 

(a) Initial position. 
(b) Shifted psition. 1 

r,+r,- ( d 0 - 4 j  
Figure 3.6-3.-Cross m i o n  of radial ball bearing. vhoring hall-race 

contaa due to axial shift of inner and outer rings. (From Hamrock @ = C O ~  - 

and Dorson. 1981.) [ , -  ] 
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Equation (3.6-8) shows that if the size of the balls is pd= W- 1(2~)2-  
increased and everything else remains constant, the free- 
contact angle is decreased. Similarly, if the ball size is I/Z 
decreased. the freecontact angle is increased. f,= (~DP~-6) 

From equation (3.6-7) the diametral clearance Pd can 

S~oulder height.-The shoulder height of ball bearings 

(3.6-9) is illustrated in figure 3.6-5. Shoulder height, or race 
depth, is the depth of the race groove measured from the 
shoulder to the bottom of the groove and is denoted by s This is an alternative definition of the diametral clearance 
in figure 3.6-5. From this figure the equation defining the given in equation (3.6-2). 

FjldpIay. -Free endplay P, is the maximum axial 
shoulder height can be written as 

movement of the inner race with respect to the outer 
s=r( l  -cos 8)  shen both races are coaxially centered and no measur- 

able force is applied. Free endplay depends on total cur- 
The maximum possible diametral clearance for complete \ature and contact angle. as shown in figure 3.6-3, and 
retention of the ball-race contact within the race under can be \witten as 
zero thrust load is given by 

P,= W sin Jf (3.6-10) 2Ds 
(pd)-= - 

r The variation of freecontact angle and free endplay with 
the ratio Pd/2d is shown in figure 3.6-4 for four values of 
total conformiry normally found in single-row ball bear- Cumnure sum and difference.-A cross section of a 
ings. Eliminating 1.3, in equations (3.6-9) and (3.6-10) en- ball bearing operating at a contact angle B is shown in 
ables the establishment of the following relationships figure 3.6-6. Equivalent radii of curvature for both 
between free endplay and diametral clearance: inner- and outer-race contacts in, and normal to, the 

direction of rolling can be calculated from this figure. 
The radii of curvature for the ball-inner-race contact are 

D~mens~onless diarnelral clearance. PdlZd 

d,-d cos 0 
rbx' 2 cos B 

The radii of curvature for the ball-outer-race 

(3.6-14) 

contact are 

(3.6- 15) 

F~gure 3.6-4.-Chan for daermining freetontact angle and endplay. Figure 3.6-5.-Shoulder height in ball bearing. (From Hamrock and 
(From Harnrwk and Dowron. 1981 .) Dowson. 1981.) 



Figure 3.6-6.--Cross section of ball bearing. (From Hamrock and 
Donson, 1981.) 

rbn = - de+d cos B 
2 cos B 

In equations (3.6-13) and (3.6-16). 13 is used instead of 
since these equations are also valid when a load is applied 
to the contact. By setting i3=O0 equations (3.6-12) to 
(3.6-17) are equally valid for radial ball bearings. For 
thrust ball bearings. rb, = w and the other radii are 
defined as given in the preceding equations. 

Equations (3.1-4) and (3.1-5) effectively redefine the 
problem of two ellipsoidal solids approaching one 
another in terms of an equivalent ellipsoidal solid of radii 
R, and R,. approaching a plane. From the radius-of- 
curvature expressions the radii R, and R,. for the contact 
example discussed earlier can be written for the 
ball-inner-race contact as 

and for the ball-outer-race contact as 

R,= 
d(de+d cos 8) 

zd, 

Roller bearings 

The equations developed for the pitch diameter d, and 
diametral clearance Pd for ball bearings in equations 
(3.6- 1 ) and (3.6-2), respectively. are directly applicable 
for roller bearings. 

Crownin:.-To prevent high stresses at the edges of 
the rollers in cylindrical roller bearings. the rollers are 
usually crowned as shown in figure 3.6-7. A fully 
crowned roller is shown in figure 3.6-7(a) and a partially 
crowned roller, in figure 3.6-7(b). In this figure the 
crown curvature is greatly exaggerated fo: clarity. The 
crowning of rollers also gives the bearing protection 
against the effects of slight misalignment. For cylindrical 
rollers ra,.ld= 102. In contrast. for spherical rollers in 
spherical roller bearings, as shown in figure 3.6-8, 
ra,./d = 4. In figure 3.6-7 the roller effective length I, is 
the length presumed to be in contact with the races under 
loading. Generally the roller effective length can be 
written as 

(a) Spher~cal roller (fully crowned). 
(b) Cylindrical roller (parrially crowned. 

Figure 3.6-7.-Spherical and ~ylindrical rollers. (From Hamrock and Anderson, 1983.) 



Outer 

Figure 3.6-8.-Spherical roller bearing geometry. (From Hamrock and 
Anderson. 1983.) Axis 9f rotation 

where r, is the roller corner radius or the grinding under- Figure 3.6-9.-Schematic diagram of spherical roller bearing. showing 
cut, whichever is larger. diametral play and endplay. (From Hamrock and Anderson, 1983.) 

Race conformity.-Race conformity applies to roller 
bearings much like it applies to ball bearings. It is a meas- 
ure of the geometrical conformity of the race and the r0 'OS '= (G- 9 )  cOs ' 
roller. Figure 3.6-8 shows a cross section of a spherical 
roller bearing. From this figure the race conformity can or 
be written as 

In this equation if subscripts i or o are added to f and r. 
we obtain the values for the race conformity for the 
inner- and outer-race contacts. 

Free enalay and contact ong1e.-Cylindrical roller 
bearings have a contact angle of zero and can take thrust 
load only by virtue of axial flanges. Tapered-roller bear- 
ings must be subjected to a thrust load or the inner and 
outer rings (the cone and cup) will not remain assembled; 
therefore tapered-roller bearings do not exhibit free dia- 
metral play. Radial spherical roller bearings are, 
however, normally assembled with free diametral play 
and hence exhibit free endplay. The diametral play Pd for 
a spherical roller bearing is the same as that obtained for 
ball bearings as expressed in equation (3.6-2). This 
diametral play as well as endplay is shown in figure 3.6-9 

,3=cos- 1 [(I - 2)cos 
Also from figure 3.6-9 the free endplay can be written as 

P, = 2ro(sin ,3 - sin y) + Pd sin y 

Curvature sum and differmce.-The same procedure 
will be used for defining the curvature sum and difference 
for roller bearings as was used for ball bearings. For 
spherical roller bearings, as shown in figure 3.6-8, the 
radii of curvature for the roller-inner -race contact can be 
written as 

ray =fi (:) 
for a spherical roller bearing. From this figure we can d,-d cos a 
write that rbx ' 2 cos B 
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For the spherical roller bearing shown in figure 3.6-8 the 
radii of curvature for the roller-outer-race contact can he 
written as 

r b X  = - 
de+d  cos S 

2 cos $ 

Knowing the radii of curvature for the respective contact 
condition. we can write the curvature sum and difference 
directly from equations (3.1-2) and (3.1-3). Further- 
more, the radius-of-curvature expressions R, and R,  for 
spherical roller bearings can be written for the 
roller-inner-race contact as 

and for the roller-outer-race contact as 

d(de+d  cos $) R - x- u, 

3.6.3. Kinematics 

The relative motions of the separator, the balls or 
rollers, and the raccs of rolling-element bearings are 
important to understanding their performance. The rela- 
tive velocities in a ball bearing are somewhat more com- 
plex than those in roller bearings, the latter being 
analogous to the specialized case of a zero- or fixed-value 
contact-angle ball bearing. For that reason the ball bear- 
ing is used as an example here to develop approsinlate 
expressions for relative velocities. These ar. useful for 
rapid but reasonably accurate calculation of elastohydro- 
dynamic film thickness. which can be used with surface 
roughnesses to calculate the lubrication life factor. 

When a ball bearing operates at high speeds, the cen- 
trifugal force acting on the ball creates a difference 
between the inner- and outer-race contact angles, as 
s'lown in figure 3.6-10, in order to maintain force 

Figure 3.6-10.-Contac~ angle\ in a ball bearing at appreciable \peed\. 
(From Hamrock and Anderwn. 1983.) 

equilibrium on the ball. For the most general case of 
rolling and spinning at both inner- and outer-race con- 
tacts. the rolling and spinning velocities of the ball are as 
shown in figure 3.6-1 1. 

The equations for ball and separator angular velocity 
for all combinations of inner- and outer-race rotation 
were developed by Jones (1964). \Vithout introducing 
additional relationships to describe the elastohydro- 
dynamic conditions at both ball-race contacts, however, 
the ball-spin-axis orientation angle c cannot be obtained. 
As mentioned, this requires a lengthy numerical solution 
except for the two extreme cases of outer- or inner-race 
control. These are illustra!ed in figure 3.6-12. 

Race control assumes that pure rolling occur5 at the 
controllilig race. with all of the ball spin occurring at the 
other race contact. The orientation of the ball rotational 
asis is tllen easily determinable from bearing geometry. 
Race control probably occurs only in dry bearing, or dry- 

I'lgure 3.6-1' -.\ngular \clocitie\ of a ball. (From Hamrock and 
Anderw ,3 . )  
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(a) Outer-race control. 
(b) Inner-race control. 

FQure 3.6-12.-Ball-spin-axis orientations for outer- and inner-race 
control. (From Hamrock and Anderson, 1983.) 

film-lubricated bearings where Coulomb friction condi- 
tions exist in the ball-race contact ellipses. Pure rolling 
will occur at the race contact with the higher magnitude 
spin-opposing moment. This is usually .he inner race at 
low speeds and the outer race at high speeds. 

In oil-lubricated bearings in which elastohydrodynamic 
films exist in both ball-race contads, rolling with spin 
occurs at both contacts. Therefore precise ball motions 
can only be determined through use of a computer 
analysis. We can approximate the situation with a reason- 
able degree of accuracy, however, by assuming that the 
ball rolling axis is normal to the !ine drawn through the 
centers of the two ball-race contacts. This is shown in 
figure 3.6-6. 

The angular velocity of the separator or ball set w, 
about the shaft axis can be shown to be (Anderson, 1970) 

where v, and v, are the linear velocities of the inner and 
outer contacts. The angular velocity of a ball about its 
own axis wb is 

To calculate the velocities of the ball-race contacts, 
which are required for calculating elastohydrodynamic 
film thicknesses, it is convenient to use a coordinate 
system that rotates at w,. This fixes the ball-race contacts 
relative to the observer. In the rotating coordinate system 
the angular velocities of the inner and outer races become 

wi-w, d cos f l  
wir=wi -wc=(T)  ( I +  T )  

d cos 6 
w o r = w o - w c = ( ~ )  (1- 

The surface velocities entering the ball-inner-race contact 
for pure rolling are 

and those at the ball-outer-race contact are 

For a cylindrical roller bearing 8 =O0 and equations 
(3.6-25), (3.6-27), (3.6-29). and (3.6-30) become, if d is 
roller diameter, 



For a tapered-roller bearing equations directly analo- 
gous to those for a ball bearing can be used if d is the 
average diameter of the tapered roller, de is the diameter 
at which the geometric center of the rollers is located, and 
/3 is the angle, as shown in figure 3.6-13. 

3.6.4 Statfe load distdbudon 

Having defined a simple analytical expression for the 
deformation in terms of load in Section 3.1, it is possible 
to consider how the bearing load is distributed among the 
rolling elements. Most rolling-element bearing applica- 
tions involve steady-state rotation of either the inner or 
outer race or both; however, the speeds of rotation are 
usually not so great as to cause ball or roller centrifugal 
forces or gyroscopic moments of significant magnitudes. 
In analyzing the loading distribution on the rolling ele- 
ments, it is usually satisfactory to ignore these effects in 
most applications. In this section the loaddeflection 
relationships for ball and roller bearings are given, along 
with radial and thrust load distributions of statically 
loaded rolling elements 

Load-dejtc:tion relationships 

For an elliptical contact the loaddeflection relation- 
ship given in equation (3.1-13) can be written as 

Figure 3 6-13.-Simplified geometry for tapered-roller bearing. (From 
Hamrock and Anderson, 1983.) 

where 

Similarly for a rectangular contact, equation (3.1 - 18) 
gives 

where 

In general then, 

in which j=  1.5 for ball bearings and 1.0 for roller bear- 
ings. The total normal approach between two races s-- 
rated by a rolling element is the sum of the deformati -. 
under load between the rolling element and both raLa. 
Therefore 

where 

Substituting equations (3.6-36) to (3.6-38) into equation 
(3.6-35) gives 

Recall that (K,)~ and (K,), are defined by equation , 
(3.6-33) or (3.6-34) for an elliptical or rectangular con- ' 
tact, respectively. From these equations we observe that 
(K,), and (K,), are functions of only the geometry of the ,' 
contact and the material properties. The radial and thrust 
load analyses are presented in the following two sections 
and are directly appliceble for radially loaded ball and 
roller bearings and thrust-loaded ball bearings. 



RadiaIIy loaded ball and roller bearinns compression on the load tine is h,, the corresponding - 
elastic compression of the ball b* a radius at angle $ 

A radially loaded rolling element with radial clearance to the load line be given by 
Pd is shown in fwure 3.6-14. In the concentric position a 
uniform radial clearance between the rolling element and 
the races of Pd/2 is evident. The application of a small 6$ = (bm, cos $ - c )  = 
radial load to the shaft causes the inner ring to move a 
distance Pd/2 before contact is made between a rolling 
element located on the load line and the inner and outer This assumes that the races are rigid. Now, it is clear 
races. At any angle there will still be a radial clearance c from figure 3.6-14 that Am, + Pd/2 represents the total 
that, if Pd is small as compared with the radius of the relative radial displacement of the inner and outer races. 
tracks, can be sxpressed with adequate accuracy by Hence 

On the load line where $ = O  the clearance is zero; but 
when $=9O0 the clearance retains its initial value of The relationship between load and elastic compression 

Pd/2. along the radius at angle J/ to the load vector is given by 

The application of further load will cause elastic eqivition (3.6-35) as 
deformation of the balls and the elimination of clearance 
around an arc 2$c. If the interference or total elastic F$=Kj&i 

(a) Concentric arrangement. 
;b) Initial contact. 
(c) Interfermce. 

Figure 3.6-14.-Radially loaded roUingIemmt bearing. (From Hamrock and Dowson. i981.) 



Substituting equation (3.6-39) into this equation gives 
F-=K,U I - -  ( 2)' (3 .62)  

Dividing the maximum ball load (eq. (3.6-42)) by the 
total radial load for a roller bearing (q. (3.641)) gives 

For static equilibrium the applied I d  must equal the 
sum of the components of the rollingelement loads par- 
allel to the direction of the applied load. 

therefore 
and similarly for a ball bearing 

The angular extent of the bearing arc 2$, in which the 
rolling elements are loaded is obtained by setting the root where 

expression in equation (3.6-40) equal to zero and solving 
for J1. d l  - Pd269" 

Z= (3.6-45) 

2.491 [[I + ( ' - ~ ~ ~ ) ' ] " * - l ]  1.23 

The summation in equation (3.6-40) applies only to the For d l e ~  bPorngs when the diarnetral clearance Pd is angular ment of the loaded rebion- equation can be zno, h= r,2 -,, equation (3.643) 
written for a roller bearing as 

nf- F,= - 
4 

(3 -6-46) 

(3.641) 
For boll bearings when the diamaral clearance Pd is zero. 

and similarly in integral for..i for a MI bearing as the value of Z in equation (3 .64)  becomes 4.37. This is 
the value derived by Stribeck (1901) fot ball bearings of 

n zero diamaral clearance. The approach used by Stribeck 
F,= f - K~.@/'C (cos J - 5 )  26 3'2cos J d$ was to evaluate the finite summation for various numbers 

of balls. He then derived the celebrated Stribeck equation 
The integral in the equation can be to a standard for static load-carrying capacity by writing the more con- 
ellipic integral by the hypergeometric series and the beta servative value of 5 for the theoretical value of 4.37: 
finction. If the integral is numerically evaluated directly, 
the following approximate expression is derived: nFmx Fr= - 

5 
(3.6-47) 

In -asing equation (3.647). it should be remembered that 
Z was considered to be a constant and that the effects of 

2.491 [[I + (P(;>)'] "'-,] clearance and applied load on load distribution were not 
taken into account. However, thae effects were con- 
sidered in obtaining equation (3.6-44). 

This approxir..att expression fits the exact nun-rich Thrust-loaded ball bearings 

solution to within a2 percent for a cosplete range of The static-thrust-load capacity of a ball bearing may be 
Pd/2&. defined as the maximum thrust load that the bearing can 

The load carrie:; by the most heavily loaded ball is endure before the contact ellipse approaches a race 
obtained by substituting $=OD in equation (3.6-'0) &it 4 shoulder. as shown in figure 3.6-15, or the load at which 
dropping the summation sign the allowable mean compressive stress is reached, which- 



I-lgurc i.6-l.'.-C'onra~-1 d l ipu In bearing race. (From Hamrock and 
lh>uwn. 1981.) 

z\er is smaller. Both the limiting shoulder heisht and the 
mean compressi\e stress must be calculated to find the 
\latic-thrust-load capacit>-. 

In the contact eliipse in a bearing race under a load 
(fig. 3-6-15) each ball is subjtx~cd to an identical thrust 
component F,/n. where F, is the total thrust load. The 

initial contact angle before the application of a thrust 
load is denoted by $J. Under load the normal ball thrust 
load Facts at the contaa angle 3 and is written as 

A cross section through an angular-contact bearing under 
a thrust load F, is shown in figure 3.6-16. From this fig- 
ure the cwntact angle after the thrust load has been 
applied can be wrirrm as 

The initial contact angle was given in equation (3.6-7). 
Using that equation and rearranging terms in equation 
(3.6-49) give. solel! from geometry (fig. 3-6-16), 

a=o('E!!t COS 3 - I) 

& =  [F ] '  I It,),, '+ [f ]I  

"v, 

Figure 3.6-16 --Angularcontact ball bearing under lhrusr load. (From Hamrock and Dowson. 1981.) 



where 

and k. &. and 3 are given by equations (3.1-7). (3.1-8). 
and (3.1-9). resptctively . 

From equations (3.638) and (3.6-5 1 ). we can write 

This equation can be solved numerically by the Newton- 
Raphson method. The iterative equation to be satisfied is 

FI -sin J ( -  co* - ) 3(z  
nKl.sD3'2 cos $ 

~ 0 s ~ ~  I ' 2  c o s ~ ( c ~ - ~ ) 3 " + ~ c o s ~ ~ t a n 2 ~ ( c o s a  cos $ ) 

In this equation convergence is satisfied when 13' -0 be- 
comes essentially zero. 

When a thrust load is applied, the shoulder height is 
limi~ed to the distance by which the pressure-contact 
ellipse can approach the shoulaer. As lone as the follow- 
ing inequality is satisfLJ, the pressure-contact ellipse will 
not exceed the shoulder height limit : 

From figure 3.6-5 and equation (3.6-3) the angle used to 
define the shoulder height 8 can be written as 

From figure 3.6-16 the axial deflection 6, corresponding 
to a thrust load can be written as 

6,= (D+6) sin $ - D  sin (3.6-55) 

Substituting equation (3.6-50) into equation (3.6-55) 
gives 

6, = 
D sin (13 - dl) 

COS $ 

Having detcrm~ned 6 from equation (3.6-54) and from 
equation (3.6-8). we can easily evaluate the relationship 
for 6,. 

The use of angularcontact bearings as duplex pairs 
preloaded against each other is discussed in Secrion 3.6.1. 
As shown in table 3.6-2 duplex bearing pairs are used in 
either back-to- back or face-to-face arrangements. Such 
bearings are usually preloaded against each other by pro- 
viding H-hat is called "stickout" in the manufacture of 
the bearing. This is illustrated in figure 3.6-17 for a 
bearing pair u~ed  in a back-to-back arrangement. The 

(a! Separated. 
ib) Mounted and preloaded. 

Figure 3.6- 17. -Angulartontact bearings in back-to-back arrange- 
ment, shoun individually as manufactured and as mounted with 
preload. (From Hamrock and Ande;ron. 1983.) 



magnitude of the stickout and the bearing design deter- 
mine the level of preload on each bearing when the 
bearings are clamped together as in figure 3.6-17. The 
magnitude of preload and the loaddeflection characteris- 
tics for a given bearing pair can be calculated by using 
equations (3.6-7). (3.6-32). (3.6-48). and (3.6-50) to 
(3.6-53). 

The relationship of initial preload. system load. and 
final load for bearings a and b is shown in figure 3.6-18. 
The loaddeflection curve follows the relationship 
6 = KP'? When a system thrust load F, is imposed on the 
bearing pairs, the magnitude of load on bearing b 
increases while that on bearing a decreases until the 
difference equals the system load. The physical situation 
demands that the change in each bearing deflection be the 
same (&=& in fig. 3.6-18). The increments in bearing 
load, however. are not the same. This is important 
because a system thrust load far greater than twice the 
preload is always required before one bearing becomes 
unloaded. Prevention of bearing unloading. which can 
result in skidding and early failure. is an objective of 
preloading . 

3-65 ~ d l i r y  m g  jiiku~ lifp 

Contact fatigue theory 

Rolling fatigue is a material failure caused by the 
application of repeated stresses to a small volume of 
material. A unique failure type. it is essentially a process 
of seeking out the weakest point at which the first failurc 
will occur. A typical spall is shown in figure 3-6-19. We 
can surmise that on a micioscale there will be a wide dis- 
persion in material strength or resistance to fatigue 
because of inhomogeneities in the material. Because bear- 
ing materials are complex alloys, we would not expect 

Figure 3.6-18.-Thru~t load-axial deflection curve for a typical ball 
bearing. (From Hamrock and Anderson. 1983.) 

Figure 3.6- i 9. -Typical fatigue spall. 

them to be homogeneous or equally resistant to failure at 
all points. Therefore the fatigue process can be expec7ed 
to be one in which a group of supposedly identical speci- 
mens exhibit wide \arialions in failure time when stressed 
in the same way. For this reason it is necessary to treat the 
fatigue p r m s  statistically. 

To be able to predia how long a typical bearing will 
run under a specific loa A. we must have t he following two 
essential pieces of information: 

(1) An accurate. quantitative estimate of the life dis- 
persion or scatter 

(2) The life at a given :urvival rate or reliability level. 
This translates into an expression for the "load 
capacity," or the ability of the bearing to endure a given 
load for a stipulated number of stress cycles or revolu- 
tions. If a group of supposedly identical bearings is tested 
at a specific load and speed, there will be a wide scatter in 
bearing lives, as shown in figure 3.6-20. 

The Weibull distribution 

Weibull (1949) p~stulates that the fatigue lives of a 
homogeneous group of rolling-element bearings are dis- 
persed according to the following relation: 

where Sis the probability of survival, L is the fatigue life. 
and el and A are constants. The Weibull distribution 
results from a statistical theory of strength based on 
probability theory. where the dependence of strength on 
volume is explained by the dispersion in material 
strength. This is the "weakest link" theory. 

Consider a volume being stressed that is broken up into 
m similar volumes 



The .Ws represent the probabilitg of failure and the S'c .  
the probability of sur\ival. For the entire volume \ve can 
write 

Let L',-0; then 

Lundberg and Palmgren (1947) assume rhat f (s) could 
be expressed as a power function of shear stress TO. 
number of stress cycles J.  and depth to the maximum 
shear stress 2,). 

They also choose as the \tressed volume 

Then 

Then 

The probability of a crack starting in the i Ih  volumc i\ 

where f (.u) is a function of the stress level. the number of 
stress cycles, and the depth into the material where the 
maximum stress occurs and ci is the elementary volume. 
Therefore 

Now if  f(x)t-,< < I, then 1nI1 - f(x)r.,! = - j - (x)~ ' ,and 

For a specific bearing and load (e.g., stress) 70. D,. I,. 
and Zo are all constant so that 

Designating J as life L in stre5s c?cle\ 

1 
~n ~ n -  s = o ~ n ( f )  

This is the Weibull distribution, which relates probabilitg 
of survival and life. I t  has two principal functions. First. 
bearing fatigue lives plot as a straight linc on M'cibull 
coordinates (log log vs. log). so that the life at any 
reliability level can be determined. Of most intere.1 arc 
the Lto life (S=0.9) and t5e Lso life (S=0.5). Bearing 
load ratings are based on the L l n  l i f ~ .  hecond, equation 
(3.6-57) can be used to de!crmine what the Llo life must 
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be to obtain r required life at any (3) Number of rows of rolling elements 
life is calculatd. from the load on the bearing and the (4) Conformity between rolling elements and races 
bearing dynamic capacity or load rating given in manu- (5) Contact angle under load 
facturers' catalogs and engineering journals. by using the (6) Material properties 
equation (7) Lubricant properties 

(8) Operating temperature 

L=(:)~ (9) Operating speed 
Only factors ( I )  to (5) are incorporated in bearing dy- 
namic capacities developed from the Lundberg-Palmgren 

where theory. The remaining factors must be taken into account 
in the life adjustment factors discussed later. 

C basic dynamic capacity or load rating The formulas for specific dynamic capacity as devel- 
Fc equivalent bearing load oped by Lundberg-Palmgren (1947. 1952) are as follows: 
IN 3 for elliptical contacts and 1013 for rectangular 

contacts 
For radial ball bearings with d 525 mm, 

A typical Weibull pic! is shown in figure 3.6-21. 
C=/,(i cos dP.Tn2.3 

Lundberg-Palmgren rheorv 

The Lundberg-Palmgren theory. on which bearing where 
ratings are based. is expressed by equation (3.6-56). The 
exponents in this equation are determined experimentally d diameter of rolling element, m - 
from the dispersion of bearing lives and the dependence , number of rows of elements 
of life on load. geometry, and bearing size. As a standard n number of rolling elements per row 
of reference. all bearing load ratings are expressed in 
terms of the specific dynamic capacity C, which. by @ angle 
definition. is the load that a bearing can carry for fc coefficient dependent on material and bearing type 
I million inner-race revolutions with a 90 percent chance 
of survival. 

Factors on which specific dynamic capacity and bear- For radial ball bearings with d r 2 5  ~nm. 

ing life depend are 
( I ) Size of rolling element C=fc(icos 43)o.;n2,3 - 
(2) Number of rolling elements per row 

(0.:54) 

For radial roller bearings. 

C =  fc(i cos 13)0-78n3/4 - 
(0.g54) (&) 0.78 

where I, is roller length in meters. 
- - --- 
- _ A For thrust ball bearings w~th (j#90°, 

d 1.8 
C =  f,(i cm 13)0.7(tan @)nzi3 (=) 
For thrust roller bearings with 8#90", 

I 
C=fc(icos /3)0.78(tan P)n3/4 

Its I 
I @ * -- - -- - A - - - -  - For thrust ball bearings with (3 =We. 

1 2 4 6  10 20 dOEO1W laW, 
Spec~men I~fe. m~lllons of stress cycles .. 

Frgurc 3 6-21.-TyplcaI Wabull plot of beannp fat~guc failures. (From C =  fci0.7n2/3 
r Hamrock ana Dowson. 1981.) 



For thrust roller bearings with & = 90'. 

r=,-p.,*l, 4 (b) 1-07 (1, ) O.n 
0.0254 0.0254 

For ordinary bearing steels such as SAE 52100 with 
mineral oil lubrication, f, can be evaluated by using 
tables 3.6-10 and 3.6-1 1. but a more convenient method 
is to use tabulated values from the most recent Antifric- 
tion Bearing Manufacturers Association (AFBMA) docu- 
ments on dynamic load ratings and life (ISO, 1976). The 
value of C is calculated or determined from bearing 
manufacturers' catalogs. The equilvalent load Fe can be 
calculated from the equation 

F, = XF,+ YF, 

Factors X and Y are given in bearing manufacturers' 
catalogs for specific bearings. 

In addition to specific dynamic capacity C, every bear- 
ing has a specific static capacity, usually designated as 
Co. Specific static capacity is defined as the load that. 
under static conditions, will result in a permanent defor- 
mation of 0.0001 times the rollingtlement diameter. For 
some bearings Co is less than C, so it is important to 
avoid exposing a bearing to a static load that exceeds Co. 
Values of Co are also given in bearing manufacturers' 
catalogs. 

The A FBIMA mclhcd 

Shortly after publication of the Lundberg-Palmgren 
theory. the AFBMA began efforts to standardize 
methods for establishing bearing load ratings and making 
life predictions. Standardized methods of establishing 
load ratings for ball bearings (AFBMA, 1960a) and roller 
bearings (AFBXIA. 1960b) were devised, based essen- 
tially on the Lundberg-Palmgren theory. These early 
standards are published in their entirety in Jones (1964). 
In :went years significant advances have been made in 
rolling-element bearing material quality and in our 
understanding of the role of lubrication in bearing life 
through the development of elastohydrodynamic theory. 
Therefore the original AFBMA standards in AFBMA 
(1960a and b) have been updated with life adjustment 
factors. These factors have been incorporated into IS0 
(1976). which is discussed in the following section. 

Lij4 adjuslmenl factors 

A comprehensive study of the factors affecting the 
fatigue life of bearings, which were not taken account 
of in the Lundberg-Palmgren theory, is reported in 
Bamberger et al. (1971). In that reference it was assumed 
that the various environmental or bearing design factors 
are multiplicative in their effect on bearing life. The 
following equation results: 

where 

d matcriais factor 
metallurgical processing factor 

P lubrication factor 
speed effect factor 

H misalignment factor 
Fe bearing equivalent load 
m load-life exponent; either 3 for ball bearings or 1013 

for roller bearings 

Factors a E, and Fare briefly reviewed here. The reader 
is referred to Bamberger et al. (1971 ) for a complete dis- 
cussion of all five life adjustment factors. 

Mater~W fmtors D and I?.- or over a century. AlSl 
52100 steel has been the predominant material for rolling- 
element bearings. In fact. the basic dynamic capacity as 
defined by AFBMA in 1949 is based on an air-melted 
52100 steel. hardened to at least Rockwell C 58. Since 
that time, better control of air-melting processes and the 
introduction of bacuum remelting processes have resulted 
in more homogeneous steels with feber impurities. Such 
steels have extended rolling-element bearing fatigue lives 
to several times the AFBMA or catalog life. Life im- 
provements of 3 to 8 times are not uncommon. Other 
steel compositions, such as AlSl M-1 and AlSI M-50, 
chosen for their higher temperature capabilities and re- 
sistance to corrosion. also have shown greater resistance 
to fatigue pitting when vacuum melting techniques are 
employed. Case-hardened materials. such as AISi 4620, 
AlSl 4118, and AlSl 8620, used primarily for roller 
bearings, have the advantage of a tough, ductile steel core 
with a hard, fatigue-resistant surface. 

The recommended D factors for various alloys 
processed by air melting are shown in table 3.6-12. 
Insufficient definitive life data were found for case- 
hardened materials to recommend 1.icictors for them. It 
is recommended that the n t r  rc;er *o the bearing 
manufacturer for the choice 01 a <pecr!~c case-nardened 
material. 

The metallurgical pr 3c-r31ng var,,\btcs considered in 
the development of the E factol 1.3cll;ded melting practice 
(air and vacuum meltingl a ~ d  metal *orking (thermo- 
mechanical working). rhermo nechanical working of 
M-50 has also been shown to res~tlt in improved life, but 
it is costly and still not fully developed as a processing 
technique. Bamberger et al. (1971) recommend an E 



TABLE 3.6-10. - CAPACITY FOWLAS FOR RECTAN6UM AN0 ELLIPTICAL CONTACTS 

[From Hamrock and Anderson (1983). Units i n  kg and m.] 

Function 

C 

fc 

c 

Ci/Co 

Y 

f a  

fl 

f 2  

f3 

'4 

E l l i p t i c a l  contact o f  b a l l  bearings 

f f i  
O.7&/Jd1 .8 

c a 

Rectan~pllar contact o f  r o l l e r  bearings 

fcfai 7/92/4d29/27r7/9 
t.1 

gcf l f2 

Radial Radial Thrust Thrust 

6 # 90° 6 + 90" 6 u 900 

d - 
de 

1 

d cos 1) 

"e 

6 % 9C' 

d - 
de 

1 0.7 
( r ~ s  B) 

d cos _g 

"e 

(cos g)Ow7 tan g 

3.7-4.1 

(cos g)7/9 

6-10 

(COS 6 l 7 i 9  tan g 

18-25 36-60 

3.3 
Y 

1 

r0*3(1 _ y) 1.39 

(1 + y)'/3 

2/9 
Y 

1 
lW4 

2/9 29/27 

(1 + y)1/3 

f4 1.14 fq f4 
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TABLE 3.6-11. - CAPACITY FORWU\S FOR nIxEo RECTANGCM AND ELLIPTICAL CONTACTS 

[From Hamrock and Anderson (1983). C = Ci[ l  + ( c ~ / c ~ ) ~ ] ~ / ~ ;  un i ts  i n  kg and mn.] 
- - - - - 

Function Thrust bearing 

Y 

Ciop Co 

fa 

1 

2 

c i O r c o  

f a  

1 

f2  

Radial bearing 

8 / 90" 6 = 90" 

Radial bearing Thrust bearing 

Inner race 

B i 90" 

Outer race 

d cos B 
d 
e 

8 90' 

d cos 0 

de 

d - 
d 
e 

d - 
d 

e 

Rectanw la* contact Ci 

f lf2fai 
7/9N3/4D29/27 7/9 

't.i 

E l l i p t i c a l  contact C 
0 

(cos 6 )  
0.7 

3.5-3.9 

1 (cob B) 'I9 (cos 6 l 7 I 9  tan B (cos fi)0.7 tan B 

18-25 

1 

36-60 

0.3 + 1.39 
Y ( Y) 0.3 

1 /3 Y 
(1  - Y) 

Line contact C 
0 

f lf 2f ai 
7/gn3/4,29/2Tk7.9 

t ,o 

6-1 0 

(COS a) 7/9 

15-22 

J2/9(1 , ,) 29/27 

(1 + y)1/3 

319 
Y 

(cor tan a 1 

:I9( 1 + .) 29/27 

1 /3 
(1  - Y) 

Point contact ti 

f f f j 
0. 7n 2/3d 1 -8 

1 2 a  
0 ri 

36-60 

2/9 
Y 

(cos a)0s7 

3.7-4.1 

(cos tan a 1 

0.3 1.39 
y (1 - y )  

(1 + y)1/3 

6-10 

0.3 
Y 
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TABLE 3.6-12. - FVITERIAL FACTOR 
FOR THROUGH-HARDENED 

BEARING WTERIALS 

[From Bamberger e t  al .  
(1971); air-me1 ted 
materials assumed.] 

factor of 3 for consumable-electrode-vacuum-melted 
materials. 

The translatior af these factors into a standard (ISO. 
1976) is discussed later. 

Lubricurion ,Cuerot F.-until ap~roximately 1960 the 
role of the lubricant between s u ~ .  . in rolling contact 
was not fully appreciated. Metal-to-nar.tal contact was 
presumed to occur in all applications with attendant re- 
quired boundary lubrication. The development of elasto- 
hydrodynamic lubrication theory showed that lubricant 
films of thicknesses of the order of microinches and tens 
of microinches occur in rolling contact. Since surface 
finishes are of the same order of magnitude as the 
lubricant film thicknesses, the significance of rolling- 
element bearing surface roughnesses to bearing perfor- 
mance became apparent. Tallian (1967) first reported on 
the importance to bearing life of the ratio of elastohydro- 
dynamic lubrication film thickness to surface roughness. 
Figure 3.6-22 shows life as a percentage of calculated Llo 
life a3 a function of .I. where 

Material 

52 100 
M-1 
N-2 
n-io 
H-50 
1-1 
Halmo 
M-42 
UB 49 
440C 

Figure 3.6-23, from Bamberger et al. (1971) presents a 
curve of the recommended Pfactor as a function of the A 
parameter. A mean of the curves presented in Tallian 
(19671 for ball bearings and in Skurka (1970) for roller 
bearings is recommended for use. A formula for calcu- 
lating the minimum film thickness hmi, in the hard-EHL 
regime is given in equation (3.3-1). 

The results of Barnberger et a!. (1971) have not been .. fu!ly accepted into the current AFBMA standard 
represented by IS0 ( 1  976). The standard presents the 

r following: 

- 
.cI 

D-Factor 

2.0 
.6 
-6 

2.0 
2.0 

-6 
2 .o 

.2 

.6 
0.6-0.8 

250 

i Region at 5 

.6 1 2 4 6 I0 
Ratio of minimum film thickness la composite 

surface roughness. I\ 

Figure 3.6-22.-Char1 for determining group faligue life L,,,. (From 
Tallian. 1967.) 

/rom Skurka ( 1%9 j 

Calculated from AFBMA 

1 1 I I I I I  
4 6 8 1 0  

Ratio of minimum film thickness to composite 
surface roughness, A 

Figure 3.6-23.-Chart for determining lubrication-life correction fac- 
tor. (From Bamberger, et al., 1971.) 
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( I )  Life and dynamic load rating formulas for radial 
and thrust ball bearings and radial and thrust roller 
bearings 

(2) Tables off,. for all cases 
(3) Tables of X and Y factors for calculating 

equivalent loads 
(4) Load rating formulas for multirow bearings 
(5) Life correction factors for high-reliabilit y levels 0 1 ,  

materials a2, and lubrication or operating conditions a3 
Procedures for calculating a2 and a3 are less than 
definitive. reflecting the need for additional research, life 
data. and operating experience. 

3.6.6 Applicutions 

In this section two applications of the film thickness 
equations developed throughout this chapter are pre- 
sented to illustrate how the fluid-film lubrication condi- 
tions in machine elements can he analyzed. Specifically a 
typical roller bearing problem and a typical ball bearing 
problem are considered. 

Cylindrical roller bearing problem 

The equations for elastohydrodynamic film thickness 
that have been developed earlier relate primarily to ellip- 
tical contacts. but they are sufficiently general to ?llow 
them to be used with adequate accuracy in line-contact 
problems. as would be found in a cylindrical roller 
bearing. Therefore the minimum elastohydrodynamic 
film thicknesses on the inner and outer races of a 
cylindrical roller bearing with the following dimensions 
are calculated: 

Inner-race diameter. d,, mm (m) ................... 64 (0.064) 
Outer-race diameter, d,,  mm (m) ................. .96 (0.096) 
Diameter of cylindrical rollers, d, mm (m) ....... 16 (0.016) 
Axial length of cylindrical rollers. I. mm (m) .... 16 (0.016) 
Number of rollers in complete bearing, n ................... .9 

A bearing of this kind might well experience the follow- 
ing operating conditions: 

......................................... Radial load, Fr. N 0 800 
Inner-race angular velocity, w,, rad/s ..................... 524 
Outer-race angular velocity, w,, rad/s ...................... 0 
Lubricant viscosity at atmospheric pressure at operating 
temperature of bearings, v,,, N s/'m2 ..................... 0.01 
Viscosity-pressure coefficient, C, mz/N .......... 2.2 x 10 - 8 

Modulus of elasticity for both rollers and races, 
E, N/ml ........................................ 2.075 x 1011 

Poisson's ratio. it .............................................. .0.3 

Therefore the radial load per unit length on the most 
heavily loaded roller is 

From figure 3.6-24 we can write the radii of curvature 
as 

r, = 0.008 m. ray = 00 

rbx,, = 0.032 m, rb,,,= oo 

rbxVo = 6.948 m. rbs,o = OD 

Then 

giving R , ,  = 0.0064 m; 

giving R,., = 0.0096 m; and 

giving R .,, = R.,,, = 00. 

From the input information the effective modulus of 
elasticity can be written as 

Calculation. -From equation (3.6-46), the most heav- 
ily loaded roller can be expressed as 

raygrby,imrby,o. 

Figure 3.6-24.-Roller bearing example. r,,. = rhl.., = r ~ , , ,  = m. 



For pure rolling the surface velocity u relative to the For a roller bearing, k =  oo and this equation reduces to 
lubricated conjunctions for a cylindrical roller is 

Hmh = 3-63 (JO.68G0.49 W -0.073 

(3.6-30) 
The dimensionless film thickness for the roller-inner-race 
conjunction is 

where d, is the pitch diameter and d is the roller diameter. 

Hence 

(3.6-30) 
and hence 

The dimensionless speed, materials. and load parameters hmin = 0.0064 x 50.5 x 10 - 6 = 0.32 pm 
for the inner- and outer-race conjunctions thus become 

The dimensionless film thickness for the roller-outer-race 
u,= A!L = 0.01 x. 10.061 

~ 6 . 8 9 5 ~  10-11 conjunction is 
E ' R , ;  2.28 x 1011 x 0.0064 

G,= [E' = 5016 (3.2-5) =3.63 x 9 .343~ 10-8 x 65.04 x 1.844 

F - 4800 
=40.7x 10-6 

w, = - =5.140~ 10-4 
E1(RXBi)2 - 2 . 2 8 ~  1011 x (O.0064)2 and hence 

uO=A!!L= O.O1 '0.06' =4597~10-11  It is clear from these calculations that the smaller mini- 
E'Rx.0 2.28 x 1011 x 0.00% mum film thickness in the bearing occurs at the roller- 

inner-race conjunction, where the geometrical 
(3.2-4) conformity is less favorable. It was found that, if the 

ratio of minimum film thickness to composite surface 

(3.2-5) roughness is greater than 3, an adequate elastohydro- 
dynamic film is maintained. This implies that a compos- 
ite surface roughness of c0.1 pm is needed t; assure that 
an elastohydrodynamic film is maintained. 

,- - - 4800 = 2,284 10 - 4 (3.2-3) Radial bull bearing problem 
2.28 x 101 1 x (0.0096)2 

Consider a single-row, radial, deep-groove ball bearing 
with the following dimensions: 

The appropriate elliptical-contact elastohydrodynamic 
1 film thickness equation for a fully flmied conjunCtion is Inner-race diameter, Ji, m ............................ 0.052291 
. developed in Section 3.3 and recorded as equation Outer-racediameter, do, m ........................... 0.077706 
, (3.3-1): Ball diameter, d, m .................................... .0.012700 
1 
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Number of balls in complete bearing, n ...................... 9 The curvature sum 
Inner-groove radius, ri, m ............................ 0.006604 

........................... Outer-groove radius, ro, m 0.006604 1 I 1 - = - + - =201.76 
Contact angle, 8, deg 0 (3.1-4) ............................................ Ri Rx,; Ry,i 

..................... rms surface finish of balls, Ab, pm 0.0625 
rms surface finish of rases, A,, pm ...................... 0.175 gives Riz4.956 x 10-3 m, and the curvature sutr 

A bearing of this kind might well experience the follow- - 1 1  = -- 1 + - = 137.81 ing operating conditions: Ro o Ry.0 

Radial load. Fr, N .......................................... ..8900 gives R, = 7.256 x 10 - 3 m. Also, ai= Ry,i/Rx,i= 32.35 
Inner-race angular velocity, 0,. rad/s ..................... 400 and a,= Ry,,/R,,, = 21.74 
Outer-race angular velocity, Po, rad/s ....................... 0 The natu:e of the Hertzian contact conditions can now 
Lubricant viscosity at atmospheric pressure and effective be assessed. 
operating temperature of bearing, qO. N s/m2 ....... .0.04 

Viscosity -pressure coefficient, 5 ,  rnz/N.. ....... .2.3 x 10 - 8 Ellipticity parameters 
Modulus of elasticity for both balls and races, 
E. N/m2 ................................................... 2 x 1011 k, = a f ' ~  = 9.42 

Poisson's ratio for both balls and races, v ............... .O.3 

The essential features of the geometry of the inner and ko=u:'"=7.(j9 
outer conjunctions (figs. 3.6-1 and 3.6-2) can be as- 
certained as follows: Elliptic integrals 

Pitch diameter (eq. (3.6-1 )) 

de=0.5(do+d:) =0.065 m 

Diarnetral clearance (eq. (3.6-2)) 

Pd=do-dl-2d= 1 . 5 ~  10-5 m 

Race conformity (eq. (3.6-3)) 

T 
Equivalent radius (eq. (3.6-18)) 5,= I +q In a,= 3.3823 

R , , =  d(de-d) --- =0.00511 m The effective elastic modulus E' is given by 
Me 

Equivalent radius (eq. (3.6-20)) 

Equivalent radius (eq. (3.6- 19)) 

fld R , : =  - =0.165 m - 2f,-1 

Equivalent radius (eq. (3.6-21)) 

To determine the load carried by the most heavily 
loaded ball irl the bearing, it is necessary to adopt an 
iterative procedure based on the calculation of local static 
compression and the analysis presented in Section 3.6.4. 
Stribeck (1901) found that the value of Z was about 4.37 
in the expression 
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Z=4.551 where 

Fm, load on most heavily loaded ball 
Fr radial load on bearing 
.-; number of balls 

However, it is customary to adopt a value of Z = 5  in 6, = 2.702 x 10 - 5 m 

simple calculations in order to produce a conservative 
design, and this value will be used to bcgin the iterative 6=5.427 u 10-5m 

procedure. 2 =0.1382 
Stage 1 

Assume Z = 5. Then Thus 

2 = 4.565 
5Fr = = x 8gO=4944N Fma = - 9 9 

(3.6-44) 

Stage 3 

The maximum local elastic compression is Z = 4.565 

1 /3 

6. = f0 [ ( 2&) (a) '1 
=2.877x 10-5 m 

a ~ d  hence 

The sum of the local compressions on the inner and outer 2- 4,564 
races is 

This value is very close to the prt.rous value from stage 2 
6=6i+60=5.779x 10-5 r? of 4.565, and a further iteration confirms its accuracy. 

A better value f ~ r  Z can ncw be obtained from Stage 4 

- 
6i-2.731 x 10-5 m 

since Pd/26= (1.5 x 10-5)/(5.779x 10-5) -0.1298 
bO=2.707x 10-5 m 

Thus 
6 = 5.438 x 10-5 m 

DJ 

Stage 2 s' 



and hence Ball-inner-race conjunction 

The load on the most heavily loaied ball is thus 45 13 N. 
E Q s r o h ~ ~  nr?ininuare f i  IlticRncss.-For 

pure rolling 

The dimensionless speed, materials, and load parameters 
for the inner- and outer-race conjunctions thus become 

Thus 

The lutrication factor A discussed in Section 3.6.5 was 
found to  play a significant role in determining the fatigue 
life of rolling-element bearings. In this case 

- - 0.557 x 10 -6 
= 3.00 (3.6-58) 

[(o. I75)2 + (0.06225)2]"~~ 10 -6 

Ball-outer-race conjunction 

The Gimensio~~less minimum elastoh: drodynamic film 
thickness in a fully flooded elliptical contact is given by 
equation (3.3-1) 

Thus 

In this w e .  the lubricatioo factor A is given by 

Once again. it is evident that the smaller Animurn film 
t h i c k ~ ~ e j  occurs between the mast heavily loaded ball 
and the inner race. However, in this case the minimum 
eiastohydr~.'vrramit film thickness is about three times 
the compoll:~ surface roughness, and the bearing lubrica- 
tion can be deemed to be mtirely satisfactory. 

4 Boutldary Lubrication 
If the pressures in flhid-film-lubricated machine 

elements are too high, the running speeds too low. or the 
surface roughness too great. penetration of the lubv:cant 
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film wil l occur. Contact wi l l  take place between recognizing t h ~  bearing surfaces are often covered by 
asperities. leading to a rise in friction and wear rate. boundary lubricant films such as are ~dealized in figure 
Figure 4.0-1 (obtained from Bowden and Tabor. 1973) 4.0-3. Thew films separate the hearing materials and. bv 
shows the behavior of coefficient of friction in the shearing preferentially. prov~de some control of friction. 
different lubrication regimes. It is to be noted in this wear. and surface damage. 
figure that in boundary lubrication. a l tb~gh  the friction Many mechanisms, such as door hinges, operate totally 
is  much higher than in :he hydrodynam~c regime. it is still under conditions (high load. low speed) of boundary 
much lower than for unlubricated surfaces. As the lubrication. Others are designed to operate under full 
running conditions are made more severe. the amount of hydrodynamic or elastohydrodynamic lubrication. How- 
lubricant breakdown increases until the system scores or ever. as the oil film thickness i s  a function of speed. the 
seizes so badly that the : tachine element can no longer film will be unable to provide complete separation of the 
operate successfully. surfaces during startup and rundown and the condition 

Figure 4.0-2 shows the wear rate in the dcferent of boundary lubrication will exist. The problem from the 
lubrication regimes as determined by the ow  a? ng load. boundary lubrication standpoint is to provide a boundary 
In the hydrodynamic and elastohydrod).mn c lubrica- film with the proper physical characteristics to control 
tion regimes. since there is no asperity contact, there is  friction and wear. The work of Bowden and Tabor 
little or no wear. In the boundary lubrication regime the (1973). Godfre) ( 1968). and Jones (1982) was relied upon 
degree of asperity interaction and wear rate increases as in writing the sections that .allow. 
the load increases. The transition from boundary lubrica- 
tion to an unlubricated condition is marked by a drastic 4.1 Formation of F h  
change in wear rate. Machine elements cannot operate 
s~msful!;' in the unlubricated region. Together figures 
4.0-1 and 4.0-2 show that both friction and wear can be 
greatly decreased by providing a 5oundary lubricant to 
unlubricated surfaces. 

Understanding boundary lubrication depends first on 
recognizing that bearing surfaces have asperities that are 
large compared with molecular dimensions. On the 
smoothest machined surfaces these asperities may be 
25 nm (0.025 pm) high; on rougher surfaces they may be 
ten to several hundred times higher. Figure 4.0-3 illus- 

The most important aspect of boundary lubrication is  
the formation of surface films that will protect the 
contacting surfaces. There are thrx ways of forming a 
boundary lubricant film: physical adsorption. chemimrp- 
tion. and chemical reaction. The surface action that 
determines the behavior of boundary lubricant films i s  
the energy binding the film molecules to the surface. a 
measure of the film strength. The formation of films i s  
piesented in the order of film strength. the weakest being 
presented firs!. 

trates typical surface roughness as a random distribution I- I m,siclll odtO,P,i. 
of hills and valleys with varying heights. spacing. and 
slopes. In the absence of hydrodynamic or elastohydro- Physical adsorption involves intermolecular forces 
dynamic pressures these hills or asperities must support analogous to those involved in condensing vawrs to 
all of the load beween the bearing surfaces. Under- liquids. A layer of lubricant one or more molecules thick 
standing boundary lubrication also depnds on 
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5: Figure 4.0-I.-Schatic drawing showing how type of lubrication 
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Figure 4.0-3.-Lubrica!cd & ~ g  surfaces. (From Fcin and ViUfonh. 
1973.) 

becomes attached to the surfaces of tne solids, and this 
provides a modest protection agaicst wear. Physical 
adsorption is usually rapid. reversible. and nonspecific. 
Energies involved in physical adsorption are in the range 
of heats of condensation. Physical adsorption may be 
monomolecular or multilayer. There is no electron trans- 
fer in this process. An idealized example of physical 
adsorption of hexadecanol on an unreactive metal is 
shown in figure 4.1-1. Because of the weak bonding 
energies involved. physically adsorbed syer3a are usually 
f ix very effective boundary lubricants. 

Chemicdly adsorbed films are generally produced by 
adding animal and vegetable fats and oils to the base oils. 
These additives contain longchain fatty acid molecules. 
which exhibit great affinity for metals at their acri..;~ 
ends. The usual configuration of these polar molecules 
resembles that of a carpetpile with the molecules standing 
perpendicular to the surface. Such fatty acid molecules 
form metal soaps that are low-shear-sr rengt h materials 
with coefficients of friction in the range 0.10 to 0.15. The 
soap film is dense because of the preferred orientation of 
the molecules. For example, on a steel surface stearic acid 
will form a monomolecular layer of iron stearate, a soap 
containing 1014 molecules/cm~ of surface. The effective- 
ness of these layers is limited by the melting point of the 
soap (180' C for iron stearate). It is clearly essential to 
choose an additive that will react with the bearing metas, 
so that less reactive inert metals like gold and platinum 
are not effectively lubricated by fatty acids. 

Examples of fatty acid additives are stearic, oleic. and 
lauric acid. The soap fiims formed by these acids might 
reduce the coefficient of friction to 50 percent of that 
obtained by a straight mineral oil. They provide satis- 
factory boundary lubrication at moderate loads, tem- 
peratures. and speeds and are ofien successful in 
situations showing evidence of mild surface distress. 

Figure 4.1-1 .-Physical Asorpion of hcxadccanol. (From Godfrcy. 
1968. ) 

Chemisorption of a film on a surface is usyolly speci- 
fic, may be rapid or slow. and is not always reversible. 
Energies involved are large enough to imply that a chemi- 
cal bond has formed (i.e.. electron transfer has taken 
place). In contra to physical adsorption chemisorption 
may require an activation eneigy. A film may be physi- 
cally adsorbed at low temperatures and ci~emisorbed at 
higher temperatures. In addition physical adsorption may 
occur on top of a chcmisorbtd film. An example of a film 
of stearic acid chernisorbcd on an iron oxide surface to 
form iron stearate is shown in figure 4.1-2. 

Films formed by chemical reaction are strangest and 
are used in the most severe operating conditions. If the 
load and sliding speeds are hlgh, significant contact 
temperatures will be developed. It has already been noted 
that films f~rmed by physical and chemical adsorption 
cease to be effective above certain transition tempera- 

L.., . . . . '. . . . . . .. .....,. .d 

Figure 4.1-2.-Chcmisorpiion of ucaric acid om iron surface lo form 
iron stearate. (From Godfrey. 1968.) 



tures. but -me additives start to react and form new 
high-melting-point inorganic solids at high temperatures. 
For example. sulfur will start to react at about 100" C to 
form sulfides with melting points of over 1000' C. 
Lubricants containing additives like sulfur. chlorine. 
phosphorous. and zinc are often referred to as extreme- 
pressure (EP) lubricants since they are effective under the 
most arduous conditions. 

The formation of a chemical reaction film is specific. 
may be rapid or slcw (depending on temperature. re- 
activity. and other conditions), and is irretiersible. An 
idealized example of a reacted film of iron sulfide on an 
iron surface is shown in figure 4.1-3. 

4.2 Physical Properties of B o u n m  Films 

The two physical properties of boundary films that are 
most important in determining their effectiveness in pro- 
tecting surfaces arc melting point and shear strength. It is 
assumed that the film thicknesses involved are sufficient 
to allow these properties to be well defined. 

The me!ting p i n t  of a surface film appears to be one 
discriminating physical propen!. governing failure tem- 
perature for a uide ranse of materials including inorganic 
salts. I t  is based on the observation that oni\ a slrrface 
film that is solid can nroperly interfere with potentially 
damaging asperity contact\. 'onversel>-. a liquid film 
allows hish friction and wear. Under practical condi- 
tions. physicall!- adsorbed additives are knoun to be 
effective only at lou temperatures. and ihemisorbed 
additi\es at moderate temperatures. High-melting-pint 
inorganic mr.,erials are used for high-temperature 
lubricants. 

The correlation of melting p in t  uith failure tempera- 
ture has been established for a \arie~y of org~nic film. 
Figure 4.2-1 (obtained from Russell et al.. 1965) shows 
the fr; tion transition for copper lubricated with pure 
hydrocarbon\. Friction dara for tao  hydrocarbons 
(mesit ylene and dorriacontane) are gi\en a5 a fun~tion of 
temperature. In thic figure the boundary film failure 
occurs ac the melrin_e point of each hydrocarbon. 

In contrast. chemisorptior! of fatty acids on react ike 
metals yields failure temperature based on the softening 

X Figurc 4. I-?.-Formartor. 4 ~norganic film by rcacrion c>C wlfur wilh 
d tron to form Iron wlfidc. tl-mm Ciodfrc). 1964.) * 
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point o r  the h a p  rather than the meltiag point of the 
parent fatty acid. 

4.2.2 .Shew strength 

The shear s:rrngth of a houndary lubricating film 
should be directl\- reflected in the friction coefficient. In 
general. this i\ true nith lo\\-shear-strength soaps )ield- 
ing lou friction and high-shear-strength salts yielding 
high friction. Ho~ever .  the important parameter in 
boundary friction is the ratio of shear strength of the film 
to that of the substrate. This relationship is shown in 
figure 4.2-2. where the ratio is plottea on the hwizontzl 
axis with a value of I at the left and zero at the right. 

4alio of spear strength of ftln to shear strenglh d rnebl. S,IS,, 

1.1gurr J 2-Z.-C'harr lor dcrcrrnining fricttnn a\ function of \hrlr 
\rrcn~th rarlc.. lkrom Cidirc?. I%.)  
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higher speeds viscous effects will be present. and in- 
creases in friction are normal'. observtJ. 

Temperature 

It is difficult to make general corn,,.z;;:r on the cffect 
of temperature on boundary friction since so much 
depends on the other conditions and the type of materials 
present. Temperature can cause disruption. desorption. 
or decomposition of boundary films. It can also provide 
activation energy for cht.nisorpticn or chemical 
real-t ions. 

Atmosphere 

The presence of oxygen and water vapor ;ti .he 
atmosphere can greatl:; affect the chemical processes that 
occur in the boundarv laver. These processes can. in turn. 
affect the friction coeill.icnt. 

4.4.2 On wear 

Load 

It is generarly agreed that wear increases with in- 
creasing load, but no simple relationship seems to exist, 
at least before the transition to severe wear occurs. At 
this point a discontinuity of wear versus load is observed 
(fig. 4.0-2). 

,# Speed 

For practical purposes, wear rate in a boundary 
r lubrication regime is essentially independent of speed. 
v* This assumes no S~undary film failure due to contact 
I 

". temperature rise. 

As was the case for friction, there is no way to 
generalize the effect of temperature on weer. The same 
statement that pertains to friction also pertains to wear. 

Oxygen has been shown to be an important ingredient 
in boundary lubrication experiments involving load- 
carrying additives. The presence of oxygen or moisture in 
the atmosphere has a great effect on the wear properties 
of lubricants containing aromatic species. 

4.5 Extreme-Ressure (EP) Lubricants 

The k s t  boundary lubricant films cease to be effective 
above 200' to 250" C. At these high temperatures the 
lubricant film may oxidize. To operate under more severe 
condi!ions. extreme-pressure (EP) 1ub:icants might be 
considered. 
EP lubricants usually consist of a small quantity of an 

EP additive dissolved in a lubricating oil. usuall) referred 
to as the base oil. The most common additives used for 
this purpose contain phosphorus. chlorine, or sulfur. In 
general. these materials function by reacting with the 
surface .3 form a surface film that prevents metal-to- 
metal contz-.. 'F in addition the surface film formed has 
a low shear strength. it will not only protect the surface, 
but will also give a low coefficient of friction. Chloride 
films give a lower coefficient of friction (p=0.2) than 
sulfide films (p  =0.5). Sulfide films. however, are more 
stable. are unaffected by moisture, and retain their lubri- 
cating properties to very high temperatures. 

Although EP additives function by reacting with the 
surface, they must not be too reactive; otherwise 
chemical corrosion may be more troublesome than 
frictional wear. They should only react when there is a 
danger of seizure, usually noticed by a sharp rise in local 
or global kmperature. For this reason it is often an 
advantage to incorporate in a lubricant a small quantity 
of a fatty acid that can provide effective lubrication at 
temperatures below those at which the additive becomes 
reactive. Bowden and Tabor (1973) describe this behavior 
in figure 4.5-1. where the coefficient of friction is plotted 
against temperature. Curve A is for paraffin oil (the base 
oil) and shows that the friction is initially high and 
increases as the temperzure is raised. Cul .c B is for a 
fatty acid dissolved in the base oil: it reacts with the 
surface to form a metallic soap, which provid.~ good 
luhrication lrom room temperature up to the temperature 
at which the soap begins to soften. Curve C is for a 
typical extreme-pressure additive in thc base oil: this 
reacts very slowly below the critical temperature T, so 
that i i  this range the lubricatit~a IS poor. while above T, 
the protectivi film is formed a - ~ d  effective lubrication is 
provided to a very high tp.r.pr;rature. Curve D is the result 
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obtained when the fatty acid is added to the EP solution. 
Good lubrication is provided by the fatty acid below T,; 
above this temperature the greater part of the lubrication 
is due to the additive. At still higher temperatures. a 
deterioration of lubricating properties will also occur tor 
both curves C and D. 
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