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PREFACE

The proceedings of the 19th Aerospace Mechanisms Symposium held at the
NASA Ames Research Center on May 1-3, 1985, are in this NASA Conference
Publication. The symposium was sponsored by the National Aeronautics and
Space Administration, the California Institute of Technology, and lLockheed
Missiles and Space Company, Inc.

The purpose of the symposium was to provide a forum for the interchange of
information among those active in the field of wechanisms technology. To that
end, 25 papers were presented on aeronautics and space flight, with special
emphasis on actuators aerospace mechanism applicatiens for ground support
equipment, lubricants, latches, connectors, and other mecnanisms for large
space structures. The papers were prepared by engineers from a broad
aerospace background, including the U,S. aerospace industry, NASA, and
Europear and Asian par!icipants.

The efforts of the review committee, session chairmen, and speakers con-
tributing to the technical excellence and professional character of the
conference are especially appreciated.

The use of trade names or names of manufacturers in this publication does
not constitute an official endorsement of such pioducts or manufacturers,
either expressed or implied, by the National Aeronautics and Space
Administration.
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THE GALILEO SPACECRAFT
MAGNETOMETER BOOM

Douglas T. Packard and Max D. Benton®

ABSTRACT

The Galileo srucecraft utilizes a deployable lattice btoom to position three
science instruments at remote distances from the spacecraft bcocdy. An improved
structure and mechanitm to precisely control deployment of the boom, and the
unique deployment c. an outer protective cover are described.

INTRODUCT ION

The Galileo spacecraft contains an 8.2-meter deployable magnetometer boom
as shown in Figure 1. The boom consists of two deployatle masts, three instru-
ment mounts, and a launch canister. These mechanisms were developed jointly
by the Jet Propulsion Laboratory, California Institute of Technology, l'asadena,
California and ACE-Able Engineering of Goleta, California.

MAST DESIGN

The masts are coilable, longeron-type, deployable structures. The main

structural elements are three continuous (single-piece) longeroas which are
shear-stiffened when erected. The longerons are elastically deformcd (coiled)
and the battens buckled in order to stow the boom. They ary the shear-
stiffening dlagonals are made of unidirectional, S-glass epo.y materia., and
are therefore highly elastic. In effect, the structure is made up of spring
members which must be forcibly distorted during initial =cowage into the canis-
ter. This distortion stores strain energy, which is released to effect deploy~
ment.. Without some means for controlling the depl uyment, however, substantial,
undes irable accelerations would he imparted to the spacecraft, and the boor
itself cculd be damaged.

The stowed boom is contained in a 0O.6-meter-long canister during Galilec
launch into earth orbitv. The %oom then deployz to its full length.

The collable, longeron-type, derloyable structure has been used on previous
spacecraft applications, including Voyager, Sclar-Max. USAF S-2, 250 UaST-l.
However, thc Galileo applicatimn ‘- unique with regard to five featuces:

%Jet Propulsion Laboratory, California Iractitute of Technology, Paaadina,
California, U.S.A.; ACE-Able Engineering, G.leta, California, U.S.A.

The research described in this paper was carried out by the vet Propulsion
Laboratory, California Institute of Teahnology, under a contract with the
National Aeronautics and Space Administration.
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o The Galileo boom consists of two independent, da2ployable sections, an
inboard mast and an outboard mast, as shown in Figu.e 2.

o As it deploys, the boom is attached to a highly maneuverable, spinning
spacecraft, and thus experiences loading due to vehicle spin dynamics such
as nutation, wobble, and translational accelerations.

o] Achievement of a stable, spinning-spacecraft attitude requires predict-
able boom deployment in order to minimize the amount of undesired accelera-
tion to the spacecraft and boom structure during deployment.

o  The Jovian environment requires that the mast structure and electrical
cables be protected from electrostatic build-up and micrometeoroids. Pro-
tection is provided by the use of a stowable, pop-out cover which totally
encloses each mast and provides "first surface" micrometeoroid protec*ion.

o The protective cover over the masts requires that the launch/stcwage
canister be mounted around the masts after the masts are stowed.

DEPLOYMENT SEQUENCE CCNTROL

The Galileo magnetometer boom contains a deployment-control system which
frovides a precisely controlled deployment rate and sequence without the use
cf active or commandable elemerts. Once re':ased from its canister, the boom
automatically deploys in a controlled manner with the erecting sequence pro-
ceeding as described below.

The deployment rate is controlled by a rotary, viscous damper located at
the base of the inboard mast, as indicated in Figures 2 and 4. A metallic lan-
yard connects the storage reel to the deployable structure. This arrangement
is similar to that of previous applications. However, the method used to
attach the end of the lanyard to the deployable structure is unique. The lan-
yard passes through the center of the mast, {rom the base of the inboard mast
to the outer end of the outboard mast. On previous applications, the lanyard
was attached at the outboard support plate, but in this application the lanyard
is looped over a pulley at the outboard end and routed back upon itself to the
midsection structure, where it is secured. This arrangement prcduces a mechan-
ical advantage between the lanyard forces produced by the inboard mast on the
outboard mast.

As the inboard mast deploys, the elastic energy stored in the erection
springs and the masts produces a force of 89 newtons (20 pounds) on the l.n-
yard. That force is transmitted to the rotary damper (rate limiter) as the
lanyard pays out in a controlled manner. The 89-newton lanyard force acts
arcund the outboard pulley and back to the midsection structure, thereby pro-
ducing a force of 178 newtons (40 pounds) across the coiled outboard mast. The
178-newton load holds the outboard mast closed even though it has an 89-newton
deployment force of its own.



Once deplioyed, the inboard mast can no longer tension the lanyard. At this
time the 89-newton force of the outboard mast and outboard erectior. springs
tensions the lanyard to 44,5 newtons (10 pounds). Now, the outboard mast de-
ploys at a much slower rate than the inboard mast. The rate is slower because
the tension in the lanyard is now only half of what it was during inboard-mast
deployment, and twice as much lanyard must be deployed for each unit length of
mast deployed.

Figure 3 shows that the inboard mast first erects into a rigid structure
at its base, and then continues to deploy outward. This controlled erecting

sequence minimizes the dynamic loading produced by Coriolis and other forces
during deployment.

The inboard end of each mast is caused to erect first by means of a base
erecting spring (see Figure 4) at the inboard end of each of the mast longer-
ons. The springs produce a relatively uniform torque through the first 45° of
longerons rotation and guarantee that the erecting sequence will begin as shown
in Figure 3.

Full deployment of the base of the mast is guaranteed %y using batten mem-
bers with 14% smaller diameters in the first and second batten frames or the
inboard end of each mast. This assures that the base of the mast will lock-~up
into a fully erect structure belore the remaining stowed portions of that mast

begin to deploy.

Completion of the deployment of a coilable, longeron-type mast results in
a large transient load condition resulting from: the final release of stored
energy as the longerons rapidly rotate into their fully deployed state. This
peak load is as much as 20 times greater than the 89-newton deployment force.
It is necessary to provide a method for relieving the peak load in order to
prevent failure of the lanyard.

Figure 5 shows the method employed for this purpose. The body of the rate
limiter is spring-loaded with a negator spring to the base plate of the canis-
ter. When the spring preload is exceeded by the peak deployment force, the
body of the rate limiter rotates, allowing sufficient additional lanyard to pay
out, thereby reducing peak lanyard loads. By using this method, the peak lan-
yard loads arc limited to approximately 200 newtons (45 pounds).

DEPLOYMENT RATE CONTROL

The mechanism to control the magnetometer deployment rate is a "shear-type'"
rotary damper. The damping force is produced by the fluidshearing action

across a gap between the stationary damper housing and the rotor contained
within the housing. Figure 5 shows the construction details of that unit.

A similar damper configuration was previously used for boom deployment con-
trol on the 3-axis-stabilized Voyager spacecraft (Ref. 1). However, the Voy-
ager boom was smaller in cross section, and the required damping was corres-
pondingly less. Also, deployment from a 3-axis-stabilized platform eliminated
much of the need for precise control of the deployment rate.
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Three specific characteristics of the Voyager damper were unacceptable for
the Galileo application:

(o)

newtons (20 pounds) for Galileo.

(o]

(0.25 in/s) at completion of deployment.

The Voyager deployment force was 38 newtons (8.5 pounds) versus 89

Therefore, more damping was required.

The ambient temperature deployment rate for the Voyager boom varied
from 0.26 m/s (10.2 in/s) at the start of deployment to 0.006 wm/s

deployment rate was not acceptable for Galileo applicatior=.

o

This large variation in the

Because of the high tluid-shear rate associated with the 0.26-m/s Voy-
ager deployment, a thixotropic loop (See Figure 6) occasionally formed in
the damping fluid and this occurrence caused less than expected damping.

DAMPER PERFORMANCE

The performance of the shear-type damper is given by the approximate (but
acceptably accurate) equation

()

¢y

Torque

Rotor width

Dynamic viscosity

Rotor speed

Mean diameter of the fluid gap

Fluid gap width

This equation cun be simplified using the fcllowing factors:

h

1.11 om (same as Voyager)

Kinematic viscosity = 32.11
for 500,000 cSt fluid; see Ref. 2)

0.128 mm (same as Voyager)
Velocity acroas the fluid gap

Deployment velooity

(v/¢)9+51p s/t 2

Numerical constant depending on system of units used

(measured

value



R Pulley radius

C2 = Numerical constant depending on system of units used

The damping equation then simplifies to the form:

2 .3
FD R

5

C2D

This equation identifies the sensitivities of the controlling damping paran-
eters, and shows that D and R greatly affect performance.

This analysis also clearlyv indicates that the increased deployment force
associated with the Galileo boom would result in excessively rapid deployment
unless the Voyager damper were redesigned to provide increased damping control.
This was accomplished by increasing the mean rotor diameter (D) from the
3.20-cm diameter for Voyager to 7.62 cm for the Galileo demper. Also, the
Voyager lanyard pulley allowed a pulley-radium decrease, as the ianyard paid
out, from 3.56 cm at deployment initiation to 1.02 ¢m at deployment completion.
This difference of radius (R) allowed the excessive deployment rate variation
as previously discussed. For Galileo, the variation of R is minimized by using
a larger pulley and a thinner, metallic lanyard with R varying from 3.81 cm at
the start of deployment to 3.30 cm at the completion of deployment.

These damper modifications result in the performance indicated in Figures 7
and &, A fluid viscosity of 50,000 cSt was selected for the Galileo damper,
and this resulted in deployment characteristics as shown in Figure 9. The max-
imum fluid-shear rate which occurred .n the Voyager damper was H411/s. But,
for Galileo, this maximum value was reduced to 178/s, and, can be seen from
the slopes of the damping curves in Figures 7 and 8, the possibility of the
formation of a 2ignificant thixotropic loop is eliminated.

PROTECTIVE COVER

The magnetometer boom cover provides: (1) a bla~k, nonspecular surface to
minimize reflections from the spinning boom back to the science instruments
located on the despun section of the spacecraft; (2) a conductive outer surface
to prevent build-up of electrostatic charges; aad (3) a "first surface" against
micrometeoroids in the Jovian environment for protection of the mast structure
and the instrument's electrical cables.

The "pop-out" covers (Figure 10) are fabricated from a graphite-coated,
Kapton thermal-blanket material. Each cover is spaced from the coilable struc-
tures by fiberglass, lenticular-shaped springs (standoffs) (Figure 11) which
are attached to the mast at each batten frame. The cover and lattice masts are
folded together by manually collapsing all standoffs (Figure 12), and then
folding the collapsed cover into the stowed masts (Figure 13).



Figures 3B, 10, and 13 show the cover as being loosely formed and not in
the triangular shape shown in Figure 11. The extra material in the cover is
to allow for differential thermal shrinkage between the boom and cover. It is
desired that the cover be untensioned when cold (approximately -223°C) to pre-
vent it from affecting the mast shape and thus changing the alignment of the
instruments.

LAUNCH CANISTER AND RELEASE MECHANISM

The magnetometer outboard support plate and canister are shown in Figure
14, The canister consists of three curved, honeycomb panels joined at three
longitudinal joints along the panel edges, and attached to the magnetometer
boom base plate by a circumferential bolt pattern on the inboard end of the
canister. This structural arrangement is necessary to allow access to the
sides of the mast while it is being stowed. Access is required to align the
protective cover's "pop-out" brackets and to fold in the deployable protective
cover. Once the masts are fully stowed, the canister segments are assembled
around them and secured to each other and to the base plate.

Spring-loaded latch pins are located at six places on the canister. These
pins engage a set of three slots in the magnetometer boom cuter plate and three
additional slots in the magnetometer boom midsection structure. Three wire-
rope cables (Figure 14) are tensioned to push the spring-loaded pins into the
appropriate slots in the magnetometer boom. A single pyrotechnic pin-puller
mounted to the side of the canister (Figure 1lU4) releases all of the cables and
allows deployment to start.

SUMMARY

The Galileo magnetometer boom development program began in late 1978 and
. < flight boom was delivered to the Galileo spacecraft in May 1984. Magneto-
meter boom formal testing included: sine and random vibration, hot and cold
deployments, magnetic cleanliness checks, and electrical bonding/grounding

checks.

The Galileo magnetcmeter boom design relied heavily upon the experience
gained during the earlier Vovager program. Many potential problems were
avoided and the Galileo development effort was mainly problem-free.

For the Galileo magnetometer boom, the use of a larger, less delicate,
coilable-mast structure than the one used for Voyager grea*ly reduced the hand-
ling damage which was a contiruing problem during the Voyager program. The
only significant, unresolved Galileo magnetometer boom problem relates to the
complexity of the boom-cover design. Each cycle of operation (deployment/
stowage) causes some damage to the cover surface. This damage is repairable
after each deployment; however, the cover is definitely life-limited. A total
of six deployments is considered to be a reasonable life limit. With the
exception of the cover design, and given the same set of design requirements,
no design change would be recommended for similar boom applications.
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HCOP/COLUMN ANTENNA DEPLOYMENT MECHANISM OVERVIEW

B. B. Allen® and D. H. Butler®**

ABSTRACT

The hoop/coiumn antenna prcgram is directed toward the development of a
cost-effective, large-area, self-deploying reflector antenna system.
Large-surface-area antenna systems (50-300 meters in diameter) are required in
future space missions involving improved land communications, Earth resources
observation, and the study of intergalactic energy sources. The hocp/column
antenna is a concept where a large antenna system can be packaged within the
Space Transportation System (Shuttle) payload bay, launched into Earth orbit
where it 1s released either for deployment as an Earth observation or
communications antenna, or boosted into deep space as an intergalactic energy
probe. Currently, self-deployable antenna concepts are competing with
astronaut-erectabie concepts as the most efficient means of deploying
large-surface-area antenna systems in space.

This paper describes various mechanisms and support structures that are
required to deploy the hoop, which is used to support the antenna reflective
surface, and the column that is used to position the antenna feeds and the
reflector. It also describes a proof-of-concept model (15 meters in diameter)
that 1is currently being ground-tested to determine the adequacy of the
deployment mechanisms.

INTRODUCTION

Intergalactic energy probes, land mobile communications, Earth resources
observation--these are mission scenarios projected by NASA and the scientific
community of the year 2000 and beyond. Large-scale, self-deployable space
antennas of diameters ranging from 50 to 300 meters will play an important
role in these missions. large reflectors will one day allow national land
mobile communications with transmitter/receiver power levels comparable to
today's citizens band radios. Large-aperture radiometers can be used for

monitoring global hydrology on a weekly basis to aid agricultural and climate
researchers.

The self-deployable hoop/column antenna concept has been under study for
several years. The study program is at the proof-of-concept stage where
scale-model hardware of the deployment mechanisms and support structure have
been built and tested. This paper describes the deployment mechanisms and
support structure necessary to launch and deploy an entire large-surface-
antenna system with one Shuttle flight. It also describes the scale-model
hardware that is currently being ground-tested to determine the deployment
characteristics of the hoop/column concept.

®Harris Corporation, Melbourne, Florida
#8NASA Langley Research Center, Hampton, Virginia
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HOOP/COLUMN DESIGN FEATURES

The elements of the antenna are labeled in Fig. 1-3. Primary structural
elements of the hoop/column antenna concept are an extendable column, which
deploys from a central hub, and a hoop made of articulating segments that is
used as a frame for attaching the peripnery of the reflector surface. The
column consists of telescoping segments made of a triangular truss network of
structural elements. Hoop position is controlled by a series of cables
emanating from both the lower and upper cclumn extremities and attached to
each hoop joint. These cables serve to support and locate the hoop. The
reflector surface, which is attachzd to both the hoop and lower hub section,
is shaped by a series of catenary cord elements which support and contour the
reflective mesh surface. The cord elements are high stiffness/low coefficient
of thermal expansion quartz and graphite material which provide a very stable
structure to which a gold-plated molybedenum reflective mesh is attached.

The remainder of the paper addresses major features of the 15-meter-
diameter scale model of the hoop/column antenna. These features are the same
as those of a 100-meter-diameter flight mode. The 15-meter-diameter size for
the scale model was chosen so that the model could be tested in existing RF
and thermal-vacuum ground test facilities and to minimize the effects of
scaling on the deployment characteristics of the antenna.

ANTENNA DEPLOYMENT

Prior to deployment, the scale model antenna is stowed in a package 2.7 m
long 2nd 0.9 m in diameter as shown on Fig. 4. Approximately 30 mirutes is
required for deployment, with the time being divided between visual inspection
and nechanism operation. Depioyment 1is accomplished in three basic steps:
column extension, hoop/surface deployment, and system preloading, which shapes
the surface. Deployment begins with column extension (Fig. 5). The
telescoping column is deployed by a cable-driven system that tensionc the
column during the final phase of deployment. This tensioning process is to
allow the column cam lock latches to properly actuate. A feature of the
column is the ability to deploy the telescoping sections sequeatially, with
the sequence being passively controlled by the latches themselves.

The next step is to deploy the hoop and surface (Figs. 6 and 7). The hoop
consista of 24 tubular segments that contain double hinge joints at each end
which permit rotation but do not allow torsional wrap-up. During deployment,
the hoop segments simply rotate from vertical to horizontal orientation about
an axis through the center of each member. Eight electrical motors, located
at eight different hinge joints, drive wor. gears that transmit torque through
four bar mechanisms to passive joints. The surface is deployed with the hoop,
but not shaped. Shaping of the surface is accomplished by the extension of
the lower extremity of the column called the preload segment. Preloading
consists of extending the column an additional 0.4 meter by means of a screw
to properly pretension the structure and the surface (Fig. 8).
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COLUMN DEPLOYMENT

The column 1is a Jequentially deployed, cable-driven, telescoping,
triangular truss unit with diagonals that resist compressive loads. The
column, which is symmetrical about the center hub, extends in both directions
from the hub. Longerons, circumferentials, and diagonals are all tubular
members laminated from graphite epoxy material. A cypical column segment is
showr in Fig. 9. Diagonal direction is reversed from bay to bay to minimize
column "wind-up" or a rctation relative to the hoop.

COLUMN DRIVE SYST™™ (CDS)
The following is a 1list of thz major CDS requirements:

Must be located at t.= stowed column center

Must deploy and stow each column end simultaneously at a uniform rate
Must be remotely controlled

hust place column in tension during final phase of column deployment.

O 00O

The column drive system (Figs. 10-13), iocated at the geometrical center
of the column, is responsible for providing the forces neceszary to deploy and
stow the counterbalanced coiumn system during testing. A tensile load is
applied to the column by the CDS at the final stage of deployment to allow
proper latching of the telescoping column sections. This tension is relieved
upon completion of column deployment The CDS does not pretension the
antenna. The structural design for the CDS consists of two large triangular
plates separated by beam-.olumn spacer brackets located directly in line with
the column longerons.

Depioyment of the column is accomplished by retrieving the deployment
cables onto & drum (Fig. l1). There are six deployment cable which are
threaded through each of the three longercns on each column half. The drum is
threaded to ensure that the cables remain in a selected area. Longeron cables
ase routed from the drum to a single pulley on the spacer brackets which in
turn directs the cable through the longerons. When the cable reaches the top
of the longeron, a pulley in ‘he striker housing turns the cable 180° and it
proceeds (between the longerons) to the bottom of the second longeron. Then
it is intercepted by another puiley located in the latch housing of the
adjacent telescoping section and turns 180° to procced up the inside of this
longeron to the second striker housing. This path is repeated until the cable
has been threaded though all four longerons.

Tne stow cables are attached to the latch actuation arms on the end
telescoping section through a bridle unit. This cable is routed down along
the column centerline and through the drum to a pulley attached to the
opposite triangular plate. This pulley directs the cable to the beam spacer
bracket containing dual pulleys, each turning the cable 90°. This brings the
cables to the threaded drum and cam portion of ths mechanism. Both stow
cables have a small residual ternsile load applied during the deployment and
stow phases. Hi-lift cams (Fig. 12) relieve the residual tension loads in the
stow cables, thereby allowing them to go slack. This feature is necessary for
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proper latching of the end sectiurc Lecause the stow cables are altiached to
the latch pawl (of the cua *tliescrzing sections) and latching can't occur
while the cables are in 'e=siun. The cable drum is suspended between ball
bearings attached to the triangu’lar base plates (Fig. 13). Drum rotation is
accomplished by a 28-VDC gear motor connectec¢ to a pinion and gear system.
Drum back-driving is resisted by the gear mo.or. The motor and pinion
assembly is mounted on the upper triangular plate.

The materials used for construction are primarily 6061-T6 aluminum, with
300 and 400 series stainless steel components and cables.

COLUMN LATCH
Primary latecy requirements are

Latch the column sections intc a rigid, predictable structure
Withstand a preload o: 4000 N

Latch and unlatch the column sections remotely

Fassively provide sequential deployment and stow

Provide adjustment capability.

o0 OO0 0

The latch design provides positive latching, passively actuated sequential
deployment, reasonably direct load path from longeron to longeron, and a high
tolerance for error through adjustment capability. A depiction of the latch
delineating the major components is shown in Fig. 14.

The latch is comprised of two assemblies located on the ends of the column
longerons. The assembly loaded on the top of the longeron of each telescoping
assembly is called the striker housing and contains the nawl striker plate.
Active latching elements are contained in a latch housing located on the
bottom of the telescoping column sections. The latch provides a continuous
load path along the longerons without introducing excessive bending moments
into the 1longerons. Both la‘*ch housings contain rollers that guide the
deploying sections along the longerons of the previously latched telescoping
section. When the columa is in the stowed configuration, the latches are all
positioned as shown in Fig. 15. When deployment is initiated, the motor,
pinion, and gear arrangement rotates the CDS cable drum such that the
deployment cabic threaded through the longerons are collected on the drum.
This in turn translates the inboard column segments upward (Fig. 16), thereby
allowing the .atching actuation gear to come into contact with the deployment
trip roller. All telescoping sections deploy as a unit because the pawl cam
does not allow the stowage rollers to advance. The pawl and lever
arrangements are overcenter devices and are held in place by the spring/
plunger assembly. Deployment continues unchanged until the latch actuation
lever contacts the trip roller attached to the str'ker upward (Fig. 16),
thereby allowing the latching actuation gear to come into contact with the
deployment housing. The lever tip cannot traverse past the rollers, so the
bottom of the pawl begins to move tcward the striker housing. Binding is
prevented because the spring/plunger assembly allows for length adjustments.
Adjacent section release begins when the pawl cam rotates away from the
stowage roller. It can be seen that the pawl has total control over the
deployment sequence and, also, that no additional mechanisms are required to
daintain that control.
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A unique feature of the pawl is the cam profile (Fig. 17a) on the surface
that contacts the striker plate. This feature allows the pawl to seat itself
against the striker plate sc that the normal force vector at the point of
conta:t results in an opening moment, preventing binding. The cam profile
also compensates for possible errors in the striker plate location (Fig.
17b). This design incorporates s»ims under the striker plate so that the
deployed pawl angle can be adjuste. prior to final column assembly. The cam
feature allows the pawl to be prestressed to reduce thc joint nonlinear
moticn. Prestressing is accomplished by applying a large tensile force to the
deployment cables located inside each longeron (Fig. 17¢). The cable tension
3trains the latch housing and the pawl pivot to increase the distance beiween
the latch/striker housing interface and the pawl pivot. Fawl rotation will
continue because the spring/plunger assembly pushes it clockwise. When the
cable tension is relieved, friction prevents pawl release (counterclockwise
rotation).

Latch housings are plaster mcld A355 aluminum castings and the latchirg
componenty are 17-4 PH stainless steel.

The column latch has demonstrated conformance to the requirements through
component and system-level testing.

PRELOAD SEGMENT
Preload segment design requirements are

Extend against a load of 3560 N
Deploy against rigid stops

Be remotely controlled

Have a redur.ant stop mechanism

© o000 O

The preioad segment (Figs. 18 and 19) attaches to the lower end of the
column (Fig. 8). The purpose of the preload segment is to extend the column
to its design lenrth in order to pretersion the hoop and surface ccutrol
cords. The preload segment travels approximately 0.4 m from its stowed to
deployed state.

An axial, motor-driven screw was selected to drive the preload segment
from the stowed to thz deployed position. Screw loads are carried to the
longeron through a triple beam arrangement. The beam brackets are bonded to
the inside of the longerons as snown in Fig. 18. This bracket design is not
the nost desirable, but the outer portions of the longerons were reserved for
rollers and guides located on other deployable sections (Fig. 14). Power to
drive the screw is provided by a 28-VLC gear motor. Motor torque is
transferred to the column nodes through a thin flex plate. The plate 1is
essentjally rigid in torsion, but can allow axial displacement to account for
manufacturing errors. The sirew is 16-mm steel with acme threads. Ball
screws were considered .nd rejected because the coefficient of friction is not
adeguate to prevent back driving under load without a brake. Preloai segment
extension is terminated by limited switches and reduniant current sensors.

The prelcad segment is manufactured from the same structural materials as
the column,
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HOOP DEPLOYMENT

The primary hoop requiraments are to deploy under its own pcwer and
against the following loads:

One-g catenary load of the mesh
A 1500-N compressive load
A 20-N-M deployment moment

Forces developed by the hoop support and surface control cords.
Internal friction

Counterbalance system unbalances

00 0O0O0O0

The noop (Fig. 20), when deployed, forms a rigid ring around the column.
It is precisely located at each of its 24 joints by the I . p support cords
(Fig. 2) and forms a rigid boundary to which the RF reflective surface
attaches.

In order to ensure a smooth and symmetrical deployment, each of t.e 2U
joints is kinematically linked to another (Fig. 21). Synchronization rods
working in concert with the gears at each of the joints provide the hoop with
its kinematic synch. onization. Deployment energy for the hoop is =upplied by
eight 28-VDC gear motors located 45° apart. (A space-deployed antenna would
use four motors at 90°.) The gear motor is directly coupled to a worm which
drives mutually interfaced worm gears (Fig. 22). Thisr configuration provides
a mechanical advantage of 35 to 1. During deployment the synchronization
rods, which are tension members only, maintain the platforms parallel to one
another. Passive gears (Fig. 23) transmit the moment necessary to deploy the
hoop into the passive segments and synchronization rods. The gear motors are
elect. ically connected in parallel to synchronize hoop deployment. Hoop
deployment is terminated by limit switches.

Frimary materials for the hoop are 6061-T6 aluminum alloy, graphite gpoxy,
and U416 stainless steel gears.

GROUND TESTING

Grounu~based testing that simulates the zero-g space environment presents
a great challenge for the l15-meter hoop/columr antenna and, for that matter,
any other large, deployable, structural system. This 1is because large,
deployable structures are usually not self-supporting in the Earth's gravity
field during deployment, Neutralizing the gravity field cannot be
accomplished on all elements, such as the reflzctor surface for example. The
15-meter antenna is self-supporting after deployment, but the structural
deformations associated with the l-g effect require that the surface be
designed to inclide these deformations. This surface would not have the sane
shape in space.

The counterbalance system shown in Fig. 24 wasz used to offset the l-g
effects of the structural elements during deployment. The system consists of
eight towers supporting a 24-segnment, l6-m-diameter ring. Twentv-four radial
cablea attach the ring segment intersections to a central hud. Trolieys
containing s small cable attached to the hoop, and a hoop counterbalance
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weight, traverse the radial cables during deployment. The counterbalance
system central hub is raised or lowered to attempt to cancel the drag induced
by friction in the hoop joint worm gears and counterbalance system cable sag.
The drag increased near full deployment, requiring full capacity off our four
28-VDC electrical motors. Radial cable tracks were used because of
installation/removal requirements for the counterbalance system in various
facilities.

The mechanisms utilizing electric gear motors were controlled by a remote
console during ground testing. The console contained current sensors that
terminated deployment approximately one second after a system current level
exceeded predetermined values. This remote console would be replaced with a
on-board computer system for a flight antenna.

Test observations were conducted during and after deployment. Gear motor
current levels and hocop synchronization sensors were monitored during
deployment. After pretensioning, structural element positions and loads were
measured and correlated with required values. The antenna mechanisms performed
as designed, but the couterbalance system drag on the hoop require’ the
addition of four active joints (for a total of aight) so that hoop deployment
can be implemented when the surface is installed. There was a 3 second delay
between deployment termination of the first hoop active Joint and the final
active joint. This time delay did not appear to affect the hoop geometry.

The geometry of the structural system was within the error budget except
for the hoop radial component. The allowable radial deviationwas 1.27 mm rms
as compared to the neasured value of U4 mm rms. Ad justments will be
implemented to attempt to obtain the error budget when the surface is
installed.

TEST CONCLUSIONS

All mechanisms performed as designed. The hoop drive system needs to be
reevaluated with respect to the friction associated with worm gears in the
hoop Jjoints. Ground-test results indicate structural elements of a 15-meter
hoop/column antenna can be fabricated and adjusted so that when the reflector
is installed a 1.75 mm rms deviation from a true parabola, when referenced to
surface nodes, can be expected. Precision measurements of all structural
components are needed before assembly to assure compliance with error budgets.

The structural deployment program is considered to have been successful.
This leads to the conclusion that 1large, deployable antennas can be
fabricated, ground-tested, and placed in orbit with the expectation of success.

1f future programs require a high-quality zero-gravity simulation, design

and development of such a facility would be comparable to the antenna or
structural system itself.

29



-

»

3-axis positioner

Focal point L TITIIL T
Upper g e t
feed structure | | \ | '
interface 33m § ! 1
| 21 ‘
Antenma-mast _{ _f =

interface

Figure 1. 15-Meter Hoop/Column Artenna

Upper cable stowage
Column fatch

Quartz hoop
support cords

“ /- Restow spool

_— Vertex 7
S ',"'!"'
w y Graphite hoop
Y, support cords
/-\\

Prefoad segment
Figure 2. 15-Meter Antenna Structure

Hoop joint

Graphite surface
shaping cords

/
e

Upper cables
shown only

15- meter
diameter

Figure 3. 15-Meter Antenna — Top View

30



ORIGINAL PAGE IS
OF POOR QUALITY

- _ _Swe view _yooer cable stowage
A-p .y >~ Hoop jomnt
R
i
1 ‘ -- Mast drive syster,
21m | } . 37 Restow cable ]
1105.812 in.) - sto $poo
' 1.84 m ot
Ioaes g
‘ ! -~ Preload segment
! | . -
| i g
| .
i __*__‘ -
ﬁ 1‘: t } -
i -r - T Lower cable stowage
0 2 m_;
Ii36 08 in.i.

Figure 4. 15 - Meter Antenna — Stowed

te/B
TS Bt
TC/B ":'"Ty' 1]“‘
vcip R ‘ fhi

T j s i

WC/B Lyt ‘W‘ ‘W}

| wicrs il i

| c/B M

*Counterbalance |

Figure 5. Column Deployment

T~ 8.5 minutes

Figure 6. Partial Hoop Deployment

3



T L e

Surface
loosely shaped

T = 11 minutes
Figure 7. Hoop and Column Deployed

Side view

gl

C T

T

Surface
pretensioned

~4m

Preload section extended
T = 13,5 minutes

T

Figure 8. Antenna Fully Deployed

Striker assembly

Circumferential

Longeron

Diagonat

Latch assembly

Figure 9, Typical Column Segment

32



ORIGINAL PAGE IS
OF POOR QUALITY

Double
pulley bracket

Column longeron
ng e

Pulley
1 typ.

1 - Longeron cable ' Beam-column
2 - Stow cable spacer

Figure 10. Column Drive System

Fully stowed Mast fully deployed

Pulleys
Cabie drum

Longerons Longerons

Excess cable
when stowed Longeron
cable

Puileys

Longeron
aabie Spacer

Excess cable

Stow cable Stow bridie when deplayed

Stow cable

Stow bridie

Figure 11. Column Drive System Principlie

External spur gear

Hi-lift cam
Cam contour

Pinion gear

Figure 12, CDS Hi-Lift Cam

33



ORIGINAL PAGE IS
OF POOR QUALITY

Triangular plate

Figure 13. CDS Cross Section

5:““‘:" Column circumferential

Section oo Spring/plunger

™ Striker housing

Figure 14. Column Latch Assembly

Longerons
Hub fongeron
striker housing

Stowage roller Pawl am
Circumferential bracket
Pawl

Trip roller " olle

owege rolier
Latching

actuation levers

Hub section longeron
Latch housings have advenced
to hub striker housing

Figure 15. Stowed Column Latches

34

e



ORIGINAL ppgE |
GE IS
OF POOR QuaLiTy

Next longeron o deploy Oeploying longeron

omitted for clarity
Deploying fongeron
S~

Deployed ﬂ' - .'E'
and latched '3 - :

longeron ot
Deployment |

trip roller\ B "A "A"

Partially
fatched

o Unlatched

Stowage roller ("A'") prevents
longeron from deploying
until pawl cam swings free

Figure 16. Column Latch Actuation Sequence

Strain induced
by tensioning column
Moment arm ~7 at final stage P
Pivat point /§~ de of deployment

S

Radius
origination point )

Additional
pawl travel
due to

strain

vector b p

Figure 17. Column Latch Unique Features
Bracket bonded to inside  Final telescoping section

of longeron longeron
Motor mount Triple Pretoad section
standoff ~ \\bsams longeron
¥ P W W 4 /

—

~ C
Motor coupling /Bnrlng\ Acme nut
L' nut and |' washer Bearing retainer /
Lower surface cable subsystem

L

Figure 18. Column Preload Segment

35



Telescoping section longeron

Preload section longeron

Triple beam
acme nut
support structure

Figure 19. Preload Segment — Top View

* —

=19 me]

I 15m
Figure 20. Hoop Depioyment Sequence

Hinge platform
Pivot point

V Graphite strip
™ (typical)
Hoop

(tyicat)

Figure 21. Hoop Synchronization Approach

36



ORIGINAL PAGE iS‘
OF POCR GUALITY

Hinge platform
support cone

- Drive motor

nchro rod
¥ clev?s Cone attachment

Synchro Synchro rod
Synchro

rods

Hinge platform Worm Worm gear and shims
Figure 22, Active Hoop Hinge

Synchro rod clevis—\

Synchro rod > % //
I N

facm N - -—t— A
3 .

Hoop tubek

Hinge platform - Bevel gear and shim
/

Gear adjustment
bracket

Gear adjustment

washer hardware

Figure 23. Passive Hoop Hinge

la————16.1 m diameter ———={ ~ Hoop support ‘rolley
Pulley\ -Hub /- Cable /- Pulley

b Ring> Z Radial
cable
c/B track \
columns (24)
BN | Stowes \\;Ha»
161m T n shape counte;:mghts
. (24)
n;e - \Antenna column
y counterweights
ﬁ N - 2)

Pedestal legs (3)
Figure 24. Antenna Counterbalance System

37



N86-33515

DEVELOPMENT OF AN ENERGY-ABSORBING
PASSENGER SEAT FOR A TRANSPORT AIRCRAFT

Charles P. Eichelberger and Emilio Alfaro-Bou*
Edwin L. Fasanella*®

INTRODUCTION

Commercial air transport passenger safety and survivability, in the event
of an impact-survivable crash, are subjects receiving increased technical
focus/study by the aviation community. One such study was recently initiated
by a joint understanding of the Federal Aviation Administration (FAA) and the
National Aeronautics and Space Administration (NASA). A B~720 aircraft,
highly instrumented, and remotely controlled from the ground by a pilot in a
simulated cockpit, was crashed on a specially prepared gravel-covered impact
site. The aircraft was impacted under controlled conditions in an
air-to-ground gear-up mode, at a nominal speed of 150 knots and U4-1/2° glide
slope. The flight test was performed at the NASA Ames Dryden Flight Research
Facility at Edwards Air Force Base, California.

Data from a number of on-board, crash-worthiness experiments provided
valuable information related to structural loads/failure mocdes, artimisting
kerosene fuel, passenger and attendant restraint systems and energy-absorbing
seats. This paper describes the development of an energy~absorbing (EA) seat
accomplished through innovative modification of a typical modern-standard,
commercial aviation transport, three-passenger seat. Values are given in both
S.I. and U.S. Customary units. The EA seat development effort was carried out
at the NASA Langley Research Center and tested on the B-720 aircraft used for
the FAA/NASA Controlled Impact Demonstration Test.

SEAT SELECTION

The commercial transport passenger seat selected by NASA Langley for
modification to an energy-absorbing collapsible seat was a triple passenger
seat manufactured by the Fairchild Burns Company, Winston Salem, North
Carolina.

The seat (trade name Airest 2000%) was deemed typical of the designs now
employed by commercial airlines on modern air transports. The seat's basic
structure consists of a rectangular shaped frame fashioned from nominal

®NASA Langley Research Center, Hampton, VA
#%Kentron International, Hampton, VA

*Identification of commercial pr.ducts and companies in this paper is used to
describe adequately the EA seat development. The identification of these
commercial products does not constitute endorsement, expressed or implied,
of such products by the National Aeronautics and Space Adminstration or the
publishers of this paper.

39 PRECEDING PAGE BLANK NOT FILMED



[T P

e e e

bo4s5-cn (1 3/4-in.} outside diameter aluminum tubes. Four forged aluminum
legs, bolted to the frame and stabilized by two aluminum diagonal- and

pace-ryi: attsceh penopers, support the seat and its occupants. Plastices plus
lightwe:znt cuZ 1ons and covers complete the outer appearance. Weighing about
25 kg 55 1b,,the seat possesses excellent strength-versus-weight qualities.

Fipure 1 1Xlu~tretes a frontal view of the Airest 2000, while Fig. 2 displays
the structur.. te-tures,

DESIGN GOAL

The design goal in the development of an energy-absorbing passenger seat
for a transport aircraft was to protect the passengers, simulated by three
75-kg (165 1b) anthropomorphic dummies, against both a vertical and
longitudinal velocity change of 6.40 m/sec. (21 ft/sec). Each of the three
dumnmies represents a 50th percentile passenger, defined in reference 1.
Figures 3 and 4 present graphic data pertaining to human tolerance
acceleration limits for vertical and norizontal motion (reference 2).

SEAT MODIFICATION DESIGN

Severzl 1nnovative design changes were featured in converting the standard
triple passenger seat (Fig. 5) to an EA unit. To limit acceleration the seat
was mocitied (Fig. 6) so that it would rotate forward under high load. To
allow seat rotation, split-sleeve-type bearings were affixed to the upper ends
of trhe rear legs and a combination nylon bearing, block-steel yoke unit was
installed on the upper ends of the forward legs. All bearings sufficiently
encircled the seat frame tubes to allow rotation and yet withstand the impact
loads. Conventional aircraft bolts were employed as hingepins to permit pivot
rotation of hoth the forward and rear legs at their 1lower seat rail
attachment. These changes effectively converted the standard seat to a
four-bar linkage system. The original flexible membrane seat pan was replaced
with a 0.07Y-mm (1/32-in.) thick aluminum sheet. Both forward and rear legs
were inclined parallel to each other at an angle approximately 65° with the
hot {zontal. Two graphite-epoxy, energy-absorbing tubes, installed diagonally
between the forward and rear seat legs (Fig. 6), replaced in the original
diagonal members to stabilize the seat under normal flight conditions. The
tubes frogrrosively crush as axial columns during the aircraft impact. Figure
5 displays a graphic cross section of the unaltered standard seat. Figure 6
depicts the sume cross section of the modified seat for comparison. The
energy-absorbing, graphite/cpoxy tubes, associated tube attachment hardware,
and overall seat dimencious are shown. Note that the passenger seat pan
height above the aircraft floor level and bouy posture argle are the same in
both standard and modiftied designs. Figure 7 graphically traces the kinematic
stroke of the seat during the energy-absorbing process. The stroke is limited
by hardware constraints to a maximum distance of about 16.5 cm (6.5 in.).

ENERGY-ABSORBING TUBE DESIGN
Various design characteristics were considered when selecting the

energy-absorber device, The energy absorber should be lightweight, small, and
as simple as possible to ope cost effective. It should possess long-term
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reliability, require minimum maintenance, 2and be corrosive/environmental
resistant, and unafiected by vibration. Most importantly, the device must
decelerate the passengers while not exceeding the 1lcad limits of human
tolerance.

Graphite epoxy crushab’e tubes were chosen to meet the requirements for
the energy-absorbing process. Since the energy absorption is a function of
the materials (fiber and matrix) and ply orientation, the tubes could be
readily tailored to absorb the dummies' kinetic energy. A series of
developmental tests plus the knowledge gaired from a recent study (reference
3) resulted in the selection of 10- and 12-ply graphite-epoxy ‘ubes 21.08 cm
(8.30 in.) in length to balance the uneven seat weight distribution caused by
lack of symmetry between the seat legs and the occupant seating positions.
The tubes were fabricated from the prepreg material of Thornel 300 graphite
fibers and Narmco 5208 matrix composed of an MY720 epoxide base. FEach piy had
a nominal 0.0140-cem (0.0055-in.) thickness and a ply orientation of +60°.
Data from investigations (refernce 3) indicated changes in energy-absorbing
values from 90° to 45° ply orientation; thus, 60° was selected for size and
strength considerations. A taper and circalar notches (Fig. 8) were machined
on one end of the tubes to reduce an initial high load spike without affecting
the sustained crushing load.

During the development phase of the composite tubes, static and dynamic
tests were conducted to determine the crush load-displacement characteristics
and the deceleration-time response of the tube. The static tests were
conducted on a 533%,786-N (120,000-1b) capacit. compression-testing machine.
Luring the static tests, a cap was placed on the tapered end of the tube and a
plug was inserted in the flat end to simulate the effect of the cap and plug
used in th seat mechanism that holds tne tube in place. The crush force-
displacement curve for a 6~ply composite tube is sbhown in Fig. 9. Figures 10
and 11 display the static tests results for the 10~ and 12-ply tubes used in
the seat. Although the proper initial force level was achieved, the 12-ply
tube crushing load was found to increase at a high rate after 4 in. of crush
(Fig. 11) because the crushed material filled the remaining volume of the
tube. A larger-diameter tube with less plies would have been more desirable
but would have required making new end caps.

The dynamic tests on the tube were performed (n a drop-tower impact-test
machine. A weighted head of approximately 77 kg (170 1b), guided by two
rails, was dropped vertically on the tube. Dsceleration of the head was
measured using accelerometers and was recorded on a strip-chart recorder. A
typical deceleration-time curve for a 6-ply~-tube dynamic test is displayed in
Fig. 12. Head-impact velocity was U4.52 m/sec (14.83 ft/sec), resuiting from a
drop height of 1.04 m .3.42 ft). Pulse time was about 70 ms. Deceleration
ranged between 6 and 12 g. Compacted crushed material, filling the remaining
volume of the tube during the tube-crushing energy-absorbing process,
accounted for the deceleration g buildup. About 2l-cm (6.4-in.) length of
tube crushed in absorbing the head's kinetic energy.
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STATIC AND DYNAMIC SEAT TESTS

Static 3eat Test

With the graphite-epoxy tubes in place on the assembled seat, a problem
arose during static 1loading tests conducted to determine maximur stroke
distance. A local bending condition at the ends of the graphite-epox) tubes
prevented uniform axial crushing and resulted in tube failure. The problem
was solved by the installation of an axial aligning pivot cap and plug
attachment at each end of the tube. As the seat stroked downward and forward,
tk- pivot attachment mechanisms caused the tubes to crush uniformly in an
axial compressive mode.

The wutilization of ¢his mechanism has several possibilities. The
energy-absorting device aligns only in one direction, 3ince the seat had a
misalignment problem in only one plane of rotation., A bali joint couid be
used for multidirection misalignment if necessary. It should provide a useful
tool to other designers working with compressively loaded energy absorbers
that require the dual chzeracteristics of movable Jjoints and fixed axial
alignment conditions. This application is ideal for compusite tubes which
¢rush in a brittle mode and are thus difficult to control.

In actual use, the seat 1s unevenly loaded because of lack of symmetry
hetween tr. seat legs 1location and the occupant seating positions. The
cutboard legs sustain twice the laod of the inboard legs because cf the
offset. However, this effect was nullified during static szat test by
locating the hydraulic ram symmetrically between the seat legs. For this
symme:rically loaded seat, both composite tubes were 6 ply. Four static tests
were jerformed to check the operation of the seat mechanism. The applied
vertical load (hydraulic ram), and tbe vertical {Z) and horizontal (X) floor
reaction forces for a typical test are shown in Fig. 13.

Dynamic Seat Tests

fhe assembled seat, with installed 10- and 12-ply EA tubes, was
dynamically tested at the Langley Research Center's UDynamic Impact Test
Facility. A series of dynamic drop tests were conducted to simulate the
vertical and forward expected shock pulse characteristics. The drop tests
were accomplished by mounting the seat at a U45° tilt angle to the horizontal
flat surface of a steel carriage. The carriage structure basicilly consisted
of two horizontally positioned, built-up beam units, connect:d by steel place
members. The carriage, with the U45° tilted seat containing the three
anthropomorphic dummies, was then raised and dropped vertically. Impact pulse
was contro.led by permitting the falling carriage to strike and deform a
series of steel bars at ground level. The dummies were restrained by lap
belts and were positioned leaning forward with their head between their legs
in a <c¢rash preparation body posture. Data acquisition cons.sted of
accelerometers, load cells extensiometers, and :aigh-speed motion picture
cameras. This method of dynamic impact testing was based on knowledge and
techniques established by many previous experiments performed at the Langley
Research Center (see reference U). Figure 14 illustrates an actual strcoked
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seat which resulted from these shock tests. About 12.7 cm (5 in.) of each
composite tube crushed from the 4.27-m (l4-ft) drop height, in absorbing the
dummy passenger kinetic energy. Carriage input pulse plotted with the
resulting pulse on the seat pan is shown in Fig. 15. Acceleration levels
remained within the range of human tolerance levels (see Fig. 1 and 2). Data
analysis of the seat from the Boeing 720 crash had not been completed at the
time this paper was prepared.

CONCLUSIONS

This investigation applies the concept of an energy-absorbing, axial,
tube-crushing unit to commerical aviation passenger transport seats. The
investigative effort was limited by the primary schedule of the Controlled
Impact Demonstration Project which prevented optimizing the energy absorbers.
For optimum seat performance, further development of the energy absorbers is
recommended.

Such parameters as belt restraiunts, varying passenger seat weight loads
and their distribution, seat rebound, and economic aspects must be examined.

Preliminary results from the work conducted so far are encouraging. The
desired objective of demonstrating the concept/feasibility of converting a
standard commercial passenge: seat to a axial, tube-crushing, energy-absorbing
unit as an additional crash safety feature has been attained.
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A MODULAR DOCKING MECHANISM
FOR
IN-ORBIT ASSEMBLY AND SPACECRAFT SERVICING

By: Dipl.-Ing. F. Campe¥,
Dipl.-Ing. K. Priesett*, and Dr. R. H. Bentall*t

INTRODUCT ION

As space operations become accepted as "normal" business enterprises, two
requirements tend to dominate any future technological developments:

0 systems are required to be reliable over a long period of time,
either by their inherent reliability, or by means of scheduled
maintenance.

and

0 future space technology developments need to be cost-effective to

warrant their incorporation.

Rendezvous and Docking (RVD) technology, being a prerequisite for
advanced space operations, is a typical example of this technology
development. Since the RVD process is not only mission criticair but also
contains the risk of damage to the in-situ space investment, its technology
has to be highly reliable. But it must also sat. °v *he other criterion, of
being vrailable at reasonable cost, sc that thet "ts of in-orbit assembly
and sc¢ vicing can be realized.

The above requirements are passed on to the subsystems ccmprising the RVD
system. This paper is about one of tnem, the Docking Mechanism Subsystem
(DMS) devcioped during an ESA sponsored contract.

DOCK.iNG MECHANISM CONCEPTS

The various docking mechanism concepts which have flown (e.g., Gemini,
Apollo, Soyus/Saljut) were of the "impulse", or "impacc®, type where the
kinetic energy of the active chaser spacecraft was used to trigger, or
actuate, the docking mechanism. This was possible because the spacecraft
involved were (more or less) rigid and rugged bodies and because their
centres of gravity were aligned.

* Dornier System, Friedrichshafen, West Germany
+ ESA, ESTEC, Noordwi jk, The Netheriands
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For future space missiuns, however, such as large, flexible, and locally
fragile platforms, it is very desirable to adopt non-impact docking
techniques to avoid the risk of damage, and to make use of self-actuated, and
re-usable, docking mechanisms.

Non-impact docking systems can be sub-divided into two categories where,
following the close rendezvous of the two satellites, they are brought
together into intimate contact either by means of the Docking Mechanism via
an extended probe, or by active control of the AOCS of one of the
spacecraft. This bringing together is known as "Closure®™, and the two means
of achieving it are referred to in the following as "DMS controlled closure"
(DMS-CC) and "AGCS controlled closure"™ (AOCS-CC). These two closure
techniques differ in the rperations which are needed, and in the make-up of
their constituent ccmpononts. Table 1 gives an overview of the operations
associated with each ~ategory. Figure 1 1illustrates the two different
docking mechanisms implied.

It is clear that, in principle, ACCS controlled closure can result in a
simpler mechanism, in that the boom i1s not needed, nor are the necessarily
complex grapple and actuator mechanisms. However, this is at the expense of
a greater demand on the AOCS and the need for short range docking sensors. A
very major advantage accrues, however: that is the possibility of using a
very simple structural docking interface which is compatible with adoption as
a "standard" interface.

REQUIREMENTS

The general requirements for the DMS are based on typical European
scenarios for automated RVD missions, where the spacecraft are unmanned and
3-axis-stabilized. These missions require a high flexibility and modularity
in the DMS concept. Further, to protect the higher investment in orbit it is
desirable to ensure that only passive parts of the DMS are located on the
more "permanent" spacecraft.

Safety requirements become, in fact, design drivers, and Table 2 gives
typical requirements with which the DMS must comply. Latch performance
requirements derived to contuin a number of alternative missions are given in
Table 3, and the range of satellite parameters is given in Table 4. Finally
the DMS is required to support certain operational strategies; these are
shown in Table 5.

Notable among these requirements is the requirement that, regardless of
the failure, it should be possible to separate the two spacecraft in order
not to pre judice a further attempt at RVD. The DMS therefore not only needs
to be reversible, it must have back-up systems which ensure complete release.
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DOCKING MECHANISM DESIGN
THE LATCH

If the technique of AOCS controlled closure is adopted, the mechanical
components needed in the DMS are reduced to latches and connectors and their
(passive) interfaces. The design task, for latching, assumes a close
maneuver of the Chaser Spacecraft up to the target, to within about 60 mm in
the longitudinal axis and about +40 mm in the lateral axis. The role of the
AOCS may thereafter be passive, or it may assist in the docking process.

Although the end result is very simple, considerable thought was given to
different latch interfaces. Various forms of interface can be envisaged,
which lend themselves to passive guidance at the time of final closure.
However, as the geometry of the interface is made more complex, so too are
the artifici=lly induced requirements on the latch itself, and the design
freedom of the latch designer is inhibited.

The latch interface chosen, termed the "cruciform concept", is shown in
Figure 2. The structural interface itself is a round bar, radially stiff,
but with some axial compliance and with rotational freedom.

The latch is required to perform three fundamental functions:

0 Capture and alignment of the Handle

0 Absorption and partial storage of residual (small) kinetic
energy
0 Provision of structural joint (Table 2)

Elements of the chosen latch design are given as an exploded view in
Figure 3, and the method by which it operates is outlined in Figure 4.
Should at any time the latch jam, a pyrotechnic device collapses the linkage,
enabling the clamp to retract under action of a spring. The structural joint
can, however, be maintained by two of the remaining three latches. (The
cruc’ form concept is tolerant to failure of two out of the four latches.)

The selected linkage for the latch is shown in Figure 5. Here points C,
D and G are fixed points. Link No. 1 (D~A) represents the crank ande(; the
input crank angle. Link No. 3 (B-E) represents the pretension spring. Link
No. 5 (F-G) represents the claw, with g .he output claw angle.
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Based on this layout, with the following dimensions, Figures 6 to 8 give
the latch performance parameters, based on the following dimensions:

D-4 = 31.50 mm 1 sTaRT = 130°
A-B = 32.“8 mm 1 END = 76-9°
C-E = 82.10 mm 5 START = 186°
F-G = 30.00 mm 5 END = 60°

LATCH DESIGN TESTING

In order to gain some insight into the 1latch performance, testing has
been performed on a single latch, and Figure 9§ shows the test setup used.
Two massive blocks (160 kg each) onto which the handle and latch assemblies
were mounted, were supported on air bearings and made to approach each other
at varying rates and alignments, simulating a constant AOCS thrust.
Interactive forces were measured using a piezoelectric transducer mounted
between the latch and the base. Figure 10a shows a typical behaviour during
such a test with an initial lateral misalignment of 60 mm. Several bounces
against the reception element are shown prior to claw engagement. Figure 10b
shows a capture with the same approach velocity (15 mm/sec), but with no
misalignment.

The results of the testing confirmed in general the performance of the
latch, and gave valuable guidance to the modelling of the lateh for RVD
simulation purposes. Testing also indicated that some detailed improvements
were necessary in the configuration of the spring energy absorber - for
example, the addition of a damper. This damper could either be a
ccenventional passive damper (velocity proportional), or an active damper

where the interactive forces are measured and the claw is controlled
appropriately.

THE CONNECTOR MECHANISM

It soon became apparent that the requirement for achieving electrical and
fluid connection within the DMS could become a design driver on the latches,
not just with the precision of latching required, but also with the forces
which the latches should withstand. The forces required to mate and de-mate
connectors, particularly for the fluid connectors, were relatively high, and
in order to maintain modularity of design, keeping the latch development
independent of connector development, it was decided to provide a
self-powered, self-reacting mechanism to achieve connection. This mechanism
is still undergoing development, and will not be reported here. However
Table 6 shows typical connector mechanism requirements.
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STANDARD DOCKING INTERFACE

With a growing number of satellites in orbit, and a groving capability of
direct intervention by means of vehicles designed to dock with them, it is

particularly interesting to develop usable and commercially viable standard
docking interfaces.

The latch design described has certainly some attributes to its credit,
but it is not the only latch design that can be found which interfaces with
the simple handle. Indeed this latch has co-existed with a latch of totally
different concept which 1is also being considered as an alternative design.
This possibility arises from the classic simplicity of the handle. The
handle is light (0.4 kg) and the design freedom offered to the latch means
that it is not therefore necessary to purchase the latch always from the same
supplier.

The handle may be in a number of alternative configurations, e.g., 3
instead of 4, and located at different diameters without invalidating the
essential of the standard, or the principles of operation of the DMS. Four
such "handles" were chosen as the interface for the design presented in this
paper, over the more conventional alternative of a 3-handle configuration for
kinematic reasons because of the added security against failure during
latching. In addition, aided by the inherent self-centering capability of
the latch/handle combination, the concept is also suitabl for the so-called
androgenous DMS, where active parts are placed on both sides of the IniLerface
to allow initiation of separation by either satellite. 1In this configuration
the 1location of the latches is alternated between the spacecraft, i.e.,
latches 1 and 3 on spacecraft 1 and latches 2 and 4 on spacecraft 2 (see fig.

11). However in this concept the release security is compromised if the
command link fails.

CONCLUSION

A Docking Mechanism concept has been described which is suitable for use
with autonomous docking systems. The central feature of using simple
cylindrical handles on one side and a type of prism seating on the other is
offered as a practical method of achieving a standardized structural
interface without freezing continued development of the latches, either
technically or commercially.

The main emphasis in future Docking Mechanism concepts will probably be
in two directions:

o The first is towards a very simple Docking Mechanism, involving
mainly the latch mechanism to achieve a structural link

o the second is towards a sophisticated Docking Mechanism, where the
latch mechanism 1is designed for non-rigid spacecraft and the
achievement of very low dynamic interactions between spacecraft
during the docking process.
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_RECEPTION /
ELEMENT,

[N
FIGURE 4a shows the reception positons of latch \
and handle, which do not necessarily involve
immediately a real mechanical contact, but
which give the final initiation command for
the latch actuator.

FIGURE 4b shows the first mechznical contact.
The handle runs against the reception element,
which, fixed to the springs, limits the inter-
active forces by compliance in the ixes.

The claw is rotated by the actuator for engage-
ment with the handle.

FIGURE Uuc shows the handle captured by the claw.
The docking process may now be controlled for the
minimum dynamic interaction between Chaser

and Target. The actuator has to overcome the
reaction forces, the spring force and the emergency
spring force.

FIGURE 4d shows the final latching position when
the handle is forced into the prism seating by the
overcenter linkage and loaded pretensicn spring.

FIGURE 4e shows the emergency undocking
when, after disabling a linkage hinge, the
chaser is undocked by the spring element.

FIGURY 4. OPERATIONAL SEQUENCE OF LATCH FOR DOCKING AND
FMERGEN"Y UNDOCKING

67



et

FIGURE 5:

'2.3,43?
(DEG)

190

160

120

l
\
I
I

FOUR-BAR LINKAGE |

D,

/

/
>

/

C.G

%
/

ABCD
FOUR~BAR LINKAGE II CEFG

. FIXED POIN" S

—

N

N\
\

Y

/
/

4,;3.90“":“,9{

o4

9

LATCH LINKAGE IN 2x4-BAR LINKAGE LAYOUT

—

FIGURE 6: INPUT LINKAGE ANGLE €<;) VERSUS OUTPUT LINKAGE ANGLE P(s)

e~ 4 T
1
0 ~

v

V10

68

Y

120

\
130

1
140

w, |DEG)



ORIG'NAL PAGE 1S
OF POOR QUALITY

15C0 Fg
8 A
[N]
Famax = 1300 N L= 4mm I
Fsnom= 1200 N Fs
Belleviile Spring 16 x 5,2 x 0,7 (mm}

1000 21 1ckages with 4 springs esch

Fs0 = BOON
500
0 T . r
0 0.1 0.2 0.3 d [mmj

FIGURE 7: CHARACTERISTIC OF PRETENSION SPRING PACKAGE

! |
Fs
Ae " N}
[mm] |(mm} Fg
1250 -
0,1 -{82,0 I 1000 -
E‘
5 I 750 -
~ !
_f I
0.05-{82.“ l 500 |-
| 250
[s2.10, 788~
0 L L\ ¥ L LS
s % 95 oy |DEG!
—

.
W RPN 7,1 cup-ogets, on e

FIGURE 8: LENGTH VARIATION OF LINK 3 AND SPAING FORCE VERSUS
CRANK ANGLE

69



P A

—~— 2000 >

0037y

DYNAMO- H
R TEST METER ’
; 810K 7 SOECIMEN ﬁgh
|y BLOCK 1
PULLEY
LINEAR AR
BEARING I TACHO-
GRANITE BASE PLATE JGENERATOR

+X(
——I-‘ +Y.1

PULLEY WITH

TACHOGENERATOR
CORD
ya
| = —
BLO%K 2 1 E‘*'ET BLOCK 1
+2
7 AIR CUSHION
GRANITE BASE PLATE
' ACCEL.
MASS
| SUPPORT FRAME
'T'””’ PITTTT P77 ITT 7 VP77 I 77 777777 PV 7777 777727777

FIGURE 9: AIR BEARING TABLE ' ST SETUP TO TEST DOCKING DYNAMIC

INTERACTTON WITH ONE LATCH ONLY (ALL CIMENSIONS IN mm)

70



hp—— -+

R e+ oty o

~

Voymm/s}

FIGURE 10:

DYNAMIC INTERACTION FOR TWO DOCKING CASES WITH
CONSTANT AOCS FORCE

71

]

13,14
9,8+
6.6+
33 ,M\ o
Qo —r—r—T—7r—r~ YT T T LIRS B B S S S AL AL U | Y
2 30/ **
ACCELERATION HORIZONTAL
PROACH)
PHASE (APPRO MOVEMENT REBOUND & TEST CASE
APPROACH Ax =460 mm
Vo =15 + 2 mm/sec
C=02N/
F,INj .2 N/mm
4
34 THIRD IMPACT
SEC
2 4 FIRST IMPACT OND IMPACT
1-1 f\_—_——/\
Fy IN§
2
. f\ ﬁ N
2 4
(a)
Vylmmis] TEST C —
13,H Ax-({sp m
9.8 V0=1522mm/sec
661 C =02 N/mm
3,3 ﬂ,&'\
Qo / Y atn. _p—
TlTTf[TT'l"' rl]1V'l|vlr|'VTv‘Tv
10 20 3p =
F,IN]
4
3 1
2
Y _/\/\/\,
FxINJ
2
1 -
[’1 AN o e NANO-
NV ~ g o
" (b)



DU

DMS CONCEPTS

——

.

IMPACT DOCKING

M
1

NON IMPACT
DOCKING

’____L____~ —
oMS

AUCS
CONTRQOLLED CONTROLIED
CLOSURE CLOSURE
r— T 1 1 f ; 1
GRAPPLING RECEPTION
DISTANCE CLOSURE LATCHING CONNECTION DISTANCE LATCHING CONNECTION
<=1m <=01m
}— Verify read: |- Reduce Fine electrical -Verify resd:- Fine Electrical
ness for kinetic ahgnment connections ness tor algnment CONNECTIGNS
grappling energy of rela tatching
tive mot on
=~ Move grapple - Align Rsgid mecha - hguid/ LCaptwe Rigid mecha - hgued
mechanism vehicie mical conneciion  Gas nicat connectior G
Nto povition of vehicles connections of vehucles cenneclions
= Ciose grapple L-[me
mechanism vehicles
together

TABLE 1: DOCKING CONCEPTS AND RELATED NOCKING OPERATIONS

Genersl

During Docking 4
+
s .
} .
Vv
0 During Contingency b
f QOperations L

During Emergency
i Operations

The DMS shail not hazard to other equipment or personnel during ground testing.
The DMS shal' have no credible single point failure which resuits m an unsefe condition for either vehicle

The OMS shall make available provisions for dockir.g abortion at ary time a. 1 satellite rlease without
damage to either sateihite.

The DMS shall be protected agasnst falce commands.

The DMS shall be designed to a fail -safe, fail-safe standard

The tirst point of contact shall be grounded.

No damage shall occur to etther satellite during docking, nor shall their ogeratronal performance be
isolated.

It shall be possible to abort docking at any point tn the sequence.

The docking operation shall be man supervised,

It shall be possible, following contingency uperations, t¢ re-dock with the same two spacecratt
The DMS shall provide failsafe means for Contingency operations.

Emergancy Operations shali not impair the docking capability of tiwe Target Satellite.
There 1s no necessity for docking with the same Chaser Satelhte following Emergency C perations

TABLE 2: SAFETY REQUIREMENTS
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INITIAL SEPARATION CONDITIONS

Parameter

displacement (mm)

approach
velocity {(mm/sec)

angular
misalignment (deg)

rotational speed

ANCS Controlled Closure
~55 < d, ¢+ d, < +55
0 < dyg s +30

-20< v < +20

xs' Vys

5<vzs<15

-05< st'mys‘ezs < +05

~0.05 < Wi Wy Hzg < +0.05

LATCHING CHARACTERISTICS

Parameter Final Conditions at End of Latching

displacement (mm)
between both
satellites

~1.0 Qdygdy 0.d,g S +1.0

misalignment
between both
satellites (deg)

—0.2€8,0, ¥,< 0.2

Stiffness
axial, lateral forces
bending, torsional

Ky = Ky = K, 22108 N/m

Cx=C, =C,>12:10° Nm/deg

{deg/secl The DMS shzil maintain these characteristics while transmitting
the following loads across the docking interface:
— axial, lateral forces Fy™ FY =F,<220N
- bending, torsional M, = My =M, <200 Nm
moments
TABLE 3: FUNCTIONAL PERFORMANCE REQUIREMENTS
PARAMETER CHASER TARGET
Mass (kg) 200 < m < 4000 1200 < m, < 15000
Moment of inertia (kg -m?2) 100 < Jya < 11000 5000 < Jx, < 250000
00 < Jyy < 11000 9000 < Jy, < 520000
100 < Jzp < 8000 12000 <€ Jzg < 600000
Centre of gravity (m) 005 < Xega S 025 02 < Xcgp < 100
(refative to DMS) 005 < Ypoga S 025 02 € Yepg < 48
075 < ZCGA < 200 02 < ZCPG < 25
Eigenfrequencies ( Hz) f1 < 10Hz 08 < f7p < 20
2 < 35Hz 1.0 < 'Op < 20
179% § f” < 20
Flexible appendages T8S TrS
and moving parts
TABLE 4: PHYSICAL PROPERTISS OF CHASE AND TARGET
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Operational Principles: man involvement shall be limited to:

Supervision of DMS operation
Interpretation of housekeeping data
Specially assigned stop/go commands

Continoency and Emergency control

Operational Modes:

Nominal

Permanent docking
Episodical docking

Operations Task Structure:

The DMS shall be checked for docking readiness prior to the initiation of docking
Nominal operations shall be based on a predetermined operational sequence

Prior to each sequence and after each sequence go-ahead checks shall
assess the status of the docking process and ths DMS itself

The DMS shall provide automatic correction and switch-over commands and/or
control of those functions from the ground, according to the mission
requirements.

Contingency Operations Task Structure:

Contingency and Emergency operations shall be initiated when any system
of either spacecraft is endangercd and safety is 110 longer guaranteed

Contingency and Emergency operation shall be initiated by the DMS and/or
from the ground, according to the mission requirements

TABLE 5: OPERATIONAL REQUIREMENTS
TRANSFER CAPABILITIES

ELECTRIC LIQUID/GAS
® High Pressure Gas ~ B0 kg total at 100 IM3/H

® 2kWatb0V
® 1KWat28V - 280 bar initial pressure
¢ Low Rate Signal: 100 lines ® Low Pressure Gas: ~ 100 DM? total at 100 Divt3/H
® High Rate Signal: 100 mb/sec 1 ba

- r
® Only Parasitic Loads to DMS latches
¢ Piste Travel € 30 mm ® Liquid Connectors:
& Emargency Separation Capability — 100 kg of trean 21, 45 bar, 350 K
° ! ‘

Separation of Electrical from Liquid/Gas 360 kg/h, 8, = 6 bar

~ 500 kg bipropellant, 20 kg/h
TABLE 6: REQUIREMENTS FOR CONMECTING MECHANISM (TYPICAL)

H



PSRN

N85-33517

DRAG-COMPENSATED, PRECISION-POWERED HINGE SYSTEM
By G. G. Jacquemin®* and S. J. Rusk®*

SUMMARY

The design of a high-precision powered hinge is complicated by the
unavoidable presence of parasitic drag torque resulting mainly from friction
and transfer of power, signals, and fluids across the hinge. Regardless of
the type of drive system selected, it is impossible to completely eliminate
all parasitic drag. However, the mechanism described here comes very close
to providing a drag-free system. All sources of parasitic drag torque are
collected on a shaft which is powered by an electric motor independent of the
main hinge drive. Under control of a sensor, the electric motor applies a
compensating torque equal to that of the parasitic drag torque, allowing the
main hinge drive to operate in a practically drag-free environment with very
high positioning precision.

INTRODUCT ION

In the design of robotic arms, precision pointing systems and other
mechanisms which require very accurate angular positioning, it is necessary
to find methods for minimizing or eliminating the parasitic drag torque. The
presence of parasitic drag torque introduces step functions into the torque-
vs.-displacement curve, the nonlinearity of which is further aggravated by
the effect of static friction. The parasitic drag is difficult to predict.
It is known to vary with angular position, velocity, load, temperature, and
other variables, especially if wire bundles and flex hoses are routed around
the hinge. If the hinge drive mechanism design includes a gearbox gear
backlash iniroduces deadbards in w..ich positioning cannot be controlled.

The powered hinge mechanism presented in this paper eliminates gearing and
its associated problems by using direct-drive motors, and reduces purasitic
drag torque to that of one lightly loaded ball bearing.

POWERED HINGES - GENERALITIES

Powered hinges can be classed into two broad categories:

1. Deployables (nonretractable)
2. Remotely controlled c. - .inuously adjustable

The deployable systems of category 1 are usuallv spring-driven with
deployment rates controlled by adjustable dampers. Precision positioning in
the deployed position is provided by the lockup mechanism. This type of
powered hinge is of no interest in the following discussion.

The remotely controlled systems of category 2 cover an array of devices
adapted to various degrees of positioning precision, ranging from simple
powered door actuators to robotic arm hinges and high-precision pointing
systems. If high-precision pointing is not a requiremert, relatively simple

%*Lockheed “Yissiles & Space Company, Sunnyvale, California
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devices can be designed using gear-train reduction drives. Such mechanisms
can sometimes be tolerant of significant parasitic drag torque so that
transfer of power and electric signals can be performed externally by means
of wire bundles or slip rings and fluids via flexhoses. However, the design
of a hinge system with the high pointing precision of a fraction of an arc
sec. presents difficult problems which cannot be resolved by simple
conventional mechanisms. To meet such requirements, it is necessary to use
more complex electromechanisms.

GENERAL REQUIREMENTS

The high-precision powered hinge system discussed in this paper was designed
to meet the following specifications:

1. Maneuver an 8000-1b payload at the end of a 75~in. arm in a vacuum/
zero-g environment.

2. Achieve fine pointing with a 0.50 arc sec. resolution and within
+2 arc sec. of the specified value.

3. Ensure that the jitter does not exceed:

Freq., Hz. Max. jitter, arc sec.
0to5s 0.60
5 to 20 0.50

20 0.20

4, Provide fcr electrical power transfer across the hinge

(two lines).
5. Provide for signal transfer across the hinge (40 channels).
6. Provide for fluid line transfer across the hinge (four lines)

or into the hinge systems, if cooling is required.

The pointing precision requirements are not too meaningful when expressed in
terms of arc sec. In order to give a better appreciation of their severity,
they are expressed below in inches at 1 mile from the hinge point.

pointing: +2 arc sec. = + 0,62 in. at 1 mile
resolution: 0.50 arc sec. = 0.16 in. at 1 mile
Jitter: 0.60 arc sec, = 0.19 in. at 1 mile
0.50 arc sec. = 0.16 in. at 1 mile
0.20 arc sec., = 0.06 in. at 1 mile

BASIC CONCEPT

To provide a mechanism which will perform with the high precision corisisternt
with the above specifications, it is necessary to neutralize the parasitic
d. ag torque such that the drive motor effectively operates a drag-free
system. It is also necessary to use DC torque motors in direct drive to
eliminate difficulties inherent with reduction drives and/or stepper motors.

The neutralization of the parasitic torque drag is provided by mears of a
drag torque eliminator system (DTES). The DTES senses the presence of drag
torque and applies additional power independently from the main drive motor
in such a manner that the drag torque is balanced out without disturbing the
main drive.
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The main drive is provided by a DC torque motor controlled by an electronic
feedback control system which ensures the appropriate pointing precision.

Tne transfer of electric power is performed by means of rotary transforme
nsing AC current. Similaprly, the transfer of all electrical sigrals is
provided via rotary capacitive couplers. Advantage is therefore taken ot the
property of both rotary trans{crmers and capacitive couplers which perform
their functions through air (or vacuum) gaps without physical contact, i.e.,
without parasitic drag torque.

BASIC HINGE MECHANISM

Figure 1 shows the hinge mechanism's major components as designed for a
development prototype. To clarify the basic components of the system, Fig. 2
presents a schematic of the mechanism. It ¢ 3juld be noted that since this
device was primarily intended for space use, all electric motors are provided
with identical backups for use in case of primary motor failure.

The system is supported by two large self-aligning spherical roller bearings
inserted 1n two pillow blocks. These roller bearings are mounted on stub
shafts over conic sleeves which are forced under the inner races. This
exrands the inner races radially to eliminate all internal clearance and
apply controlled radial preloads needed to meet launch requirements. A4s a
result of the preloads, these bearings exhibit a significant drag torque
which, together with the fluid coupler O-ring friction, prcvide the major
contributions to the system parasitic drag torque. The twc stub shafts are
connccted through a large cy.indrical shell as shown in Fig. 1. Supported by
flexure bearings, the stub shaft assembly can rotate through small angles
with respect to the main hinge shaft. These flexures allow a total
differential displacement of cnly +2° with a stiffness of 100-400 in-lb/rad
depending or thz thickness of the flexure blades.

The differential angular displacement between the stub shaft assembly and the
hinge shaft is detected and measured by a sensor as shown in Fig. 2. This
sensor controls the operation of a twist motor which adds sufficient torque
to the stub shaft assembly to counteract all parasitic torque drag collected
by the stub shafts. Thus, the primary hinge drive motor operates in a
torque-free environment, thereby ensuring the desired hinge positioning
accuracy.

The misalignment coupling in Fig. 2 is intended to provide enough compliance
to accommodate manufacturing tolerances in shaft alignment at that point.
This coupling allows for bending and for axial and lateral mismatching.
However, its torsional compliance is not significant.

PARTIAL ANALYTICAL MODEL

In order to more clearly describe the operation of the powered hinge, it was
found convenient to develop a simplified analytical model in which the
masses, inertias, and details of the electronic loops were left out. This
model is shown in Fig. 3.

It is shown in this system that a displacement provided by the drive motor
acts directly upon the output branch and indirectly upon a parallel branch

17



which, by means of a detector and a feedback control system, provides power
to cancel out all rparasitic drag torque.

Ar, examination of the mechanism in Fig. 1 shows that some parasitic torque
drag must necessarily exist in both branches of the system. However, by
careful design, only one small ball bearing is left in the output branch to
ensure proper alignment of the encoder wheel. 1In zero gravity, the torque
drag of this bearing is expected to be at or near the noise level of the
branch. All cther sources of parasitic drag torque are collected on the
other branch to be sensed by the drag torque eliminator system. These
sources of parasitic torque include that of the main roller bearings, the
smaller ball bearings, and any external torque drag (such as that of the
rotating fluid couplings).

In operation, the position sensor detects an angular displacemenc A@ and
sends a signal to the twist motor. This signal closes tne loop mechanically

by rotating the stub shafts to cancel the displacement, thereby eliminating
the drag torque.

The response characteristics of this ccentrol system are not addressed in this
paper; however, the system is designed to function much faster than the
primary drive system to ensure a very small lag angle A6 and the intended
drag-free operation of the powered hinge.

ACTIVE FLEXURE

The operation of the flexure is shown in Fig. 4, which illustrates one cycle
of motion. The flexure consists of two concentric hollow shafts held
together by thin flexible blades mounted as shown in ¥ig. 4-1, The twd
shafts have a small radial clearance such that large lift-off and landing
radial and axial loads transmitted from the inner main shaft to the outer
stub shaft can be taken by direct contact of the two shafts. The radial
clearance between the two shafts is small enough that the flexure blades are
not unduly stressed during static load. This clearance is also selected to
ensure that no contact is made between shafts in the normal zero-g operation.

As can be seen in Fig. U4-1, the main shaft (output) is inside the stub shaft
(drag eliminator system). Tne main shaft is connecters to the main motor; the
stub shaft is connected to the twist motor and runs with the drag-producing
roller bearing.

When the main motor is activated, the main shaft rotates. Fig. 4-2 shows the
small rotation @ , which brings the flexures almost in contact with the edges
of the main shaft windows. The sensor, upon detecting *his misalignment,
energizes the twist motor, which rotates the stub shaft and restores a rull
position at the displacement angle @ , thereby driving the roller tearing and
any other drag-producing components which may be connected to the stub shaft,

In a practical application, the angle ® is made as small as possible; in

this instance, 1 arc sec The lag of the stub shaft over the main shaft is
not perceptible.
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EFFECT OF PARASITIC DRAG TORQUE ON SYSTEM RESPONSE

In order for this system to perform with the expected efficiency, the torque
required to deflect the {lexures : .st be as low as possible. This

requirement implies a combination of low spring rate and small angular
displacement. Bottcoming out of the flexure is highly undesirable. Figure 5
shows a representation of a typical torque-vs.-displacement curve for a
flexure where the bottoming angle is +2°. 1In a weli-designed system, the
sensor must be capable of detecting a displacement of 1 arc sec. so that the
flexures remain virtually undeflected with no parasitic torque being produced.

The residual torque along the output branch (see Fig. 3) must be very small,
since it will not be eliminated.

All other sources of internal and external drag torque are applied to the
"Eliminating" branch (Fig. 3) to avoid disturbing the output branch. The
disturbance introduced by parasitic drag torque is shown in Fig. 6, which
compares the displacement under the same torque of a one-degree-of=-freedom
system with and without friction drag. This plot shows how troublesome t-e
effect of static friction is. In order to obtain a displacement, it is
necessary to apply a torque at least equal to that produced by the static
friction. However, as soon as the torque corresponding to the static
friction is reached, the motion starts and the friction coefficient drops to
the lower value corresponding to the dynamic condition. The system then
jumps to a position of equilibrium, such as 01. By comparison, a
friction-free linear system with the same stiffness and under the same torque
would reach its equilibrium position at 02, going in a controlled manner
through all intermediate angles as shown by the straight line passing through
the origin.

Since friction is the major contributor to the parasitic torque drag, it 1is
clear that a high-precision hinge cannot be designed unless it can be
oparated in a friction-free manner.

SOURCES OF PARASITIC DRAG TORQUE

In the general hinge system, sources of parasitic drag torque are to be found
in the following components:

Main tearings (rollers or ball bearings)
Auxiliary motors bearings (ball bearings)
Encoder bearing (ball bearing)

Power line transfer system

Signals transfer system

Fluid lines transfer system

AU W -
.

In the powered hinge discussed here, only Item 3, the encoder bearing,
remains effective as a minor source of parasitic drag torque. Items 4 and 5
are transmittad by induction and capacitive coupling through r gaps (or
vacuum gaps) while the remaining three, Items 1, Z, and 6, eliminatea by
the twist motor feedback loop.
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CONCLUDING RFNARKS

A full-=,ze model of this powered hinge has been designed and built for test
purposes. This model (Fig. 7) meets the requirements specified in this
paper. It has been successfully subjected to qualitative running tests of
tie main drive motors without any drag relief.

Precision pointing tests have not been carried out at this stage because of
delays in the design of the electronic feedback systems. However, analytical
simulation techniques have shown that excellent controlled performance could
be achieved at any selected angle. It should be noted that the hinge
rotat‘on angle is not limited, it can be a fraction or any number of
revolutions.

In its present configuration, this precision powered hinge is a large device
adapted to perform the functions represented by its specifications. Its
large size was convenient for prototype fabrication, development, and
testing. Application to smaller devices will requiras changes in its
configuration to accommodate more severe space restrictions.

In addition to obvious a<rospace applications, the principles of this

mechanism should be adaptable in miniaturized form to robotics systems and
other devices.
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DESIGN AND DEVELOPMENT OF A
LINEAR THERMAL ACTUATOR

Gerry Bush and Don Osborne*

ABSTRACT

The design and development of a Linear Thermal Actuator (LTA) for space
applications is described. The actuator 1is driven by thermal energy ana
utilizes the property of thermal expansion to do work. Equations to predict
performance are developed and used to optimize the design of the Development
Model LTA. Design details and test results are presented and discussed.

INTRODUCT ION
Concept

An LTA is a device which, when subjected to a change in temperature by the
addition or extraction of thermal energy, causes work to be done by the
movement of an actuator rod against some externzl resisting force (Figure 1).
The principle of operation through which the actuation is achieved is based on
the expansion or contraction of a large number of plates, packaged in such a
manner that variations in lengths 1e tc temperature changes are combined.

Agglications

The LTA is inherently a high force/low displacement type mechanism,
although larger displacements can be obtained by using the LTA with the
appropriate linkages. Applications under consideration are:

1. Antenna Pointing Mechanism

A number of spacecraft require active antenna positioning. Depending
on required response time and positioning accuracy the LTA is a
viable candidate.

2. Deployment Mechanism

As a high force mechanism the LTA is well suited for use in deploying
structures. It also has a retraction capability which is attractive
in light of recent Space Shuttle missions which have demonstrated the

capability to retrieve satellites.

3. Thermal Control System
The LTA can generate sufficient force to make conductive couplings to
radiator panels. As spacecraft temperature increases, the LTA
actuator moves making conductive couplings to a radiator plate. The
result is a simple thermal control system.

* Spar Aerospace Limited, Ste. Anne de Bellevue, Quebec, Canada
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Objectives

The project goal was to design, manufacture and test a product for space
applications based on the above concept. It was to be compact, highly
reliable and have desirable performance characteristiecs. Performance
objectives and test results for the Development Model LTA are given in
Table 1. Where test results are not yet available, calculated values are
presented.

TABLE 1: LTA PERFORMANCE SPECIFICATIONS

: CHARACTERISTIC : OBJECTIVE { TEST RESIILTS :
| | T |
| Displacement Range | 8.5 mm | 12.0 mm |
| | i i
| Maximum Applied Load | + 50N | + 100N |
| | | i
| Repeatability I+ 2.5 | +1.0 I
| (% of peak to peak displ.) | | |
| | | |
|  Non Linearity | Minimize ! |
| (% of peak to peak displ.) | ! !
| | | |
{ Due to Friction | I+ 2.5 !
|  Due to Backlash | b+ 9.0 I
| | | |
| Response Time | | I
| (End to End) | | [
| | | |
| Heating | 5 min I 10 min%# |
|  Cooling | 5 min | 180 min** |
| | | I
| Power Consumption I | |
| | | |
|  Heating | - | 150 W max l
| Cooling | - | OW |
l Position Maintenance I 10 W max | 10 W max*# |

##Calculated values - test results not yet available.
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Configurations

Three configurations were proposed at the start of the project. 'Iwo of
the arrangements were based on planar components. In the symmetrically loaded
planar arrangement, the actuator rod was located in the center of the plate
assembly. In the unsymmetrically loaded planar arrangement, the actuator rod
was located on one end of the plate assembly as shown in Figure 1. The third
arrangement was based on cylindrical elements which assemble one inside the
other.

A trade-off analysis was performed to determine which configuration was
best. The trade-off study gave high weighting to reliability, a large
displacement range against design external loads, repeatable
temperature/position actuation with minimum nonlinearity, quick response,
compactness, 1low weight, and minimal power consumption during rposition
maintenance.

The unsymmetrically loaded planar arrangement was choser because of its
ability to be manufactured to analytic predictions for a weight optimal design
with no significan' penalty to other criteria.

Plate Joining Techniques

A major task in the development of the LTA was to determine a suitable
method of joining the ends c¢f the high and low expansion materials. A
mechanical joint was selected to avoid high temperature fatigue and cstrength
problems associated with adhesives and solders. Interlocking tabs were
developed which are capable of two way operation. do not degrade at elevated
temperatures, and can be manufactured to strict tolerances.

Plate Materials

Ideally, a plate material has a high modulus of elasticity, low density,
very high or very low coefficient of thermal expansion and a high strength. A
high thermal conductivity and low thermal capacitance is desirable for the
high expansion plate.

Invar and Graphite Fiber Epoxy Composite (GFEC) were found to be most
suitable for use as low expa~sion materials. Aluminum and Magnesium were
found to be best for use as high expansion materials. Invar was selected over
GFEC for the low expansion material as it has a much higher shear strength
which is required by the interlocking tab joining technique. Aluminum was
chosen over magnesium because it behaves more predictably and has a higher
yield strength.
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DESIGN AND PERFORMANCE EQUATIONS

Displacement

Actuator position was found to be dependent on the following four items,
the first being the Jesired effect.

1. Change in plate length due to thermal expansion when subjected to a
change in plate temperature.

2. Change in plate length due to plate clasticity when subjected to a
load.

3. Opposition to changes in plate length as a result of the static
coefficient of friction and normal forces.

Y, Backlash because of clearance at the interlocking tabs and/or
clearance between the plate assembly and the casing wall whenever the
load is reversed.

The effect of the first two items above can be best illustrated by
considering a single plate as shown in Figure 2. It bhas length 1, cross
sectional area A, applied load P, and is subject to a temperature change T.
The total deflection is equal to:

6, = (aT -P)

P
AE (1)

E
o

modulus of elasticity
coefficient of thermal expansion

Extending this analysis, an equation can be developet to handle the more
general case of an LTA with two materials and multiple plate pairs. It is
assumed that the cross sectional areas of all plates of the same material are
constant and that the tolal plate length of each material is equal to L.
Properties of the high expansion material are designated with the subseript 1,
those of the low expansion material with the subscript 2.

- - - P(
6= L(T(ay-ap) =Pl v 1)) (2)
171 272
An equation was also developed to predict the effect of static friction on
plate actuation which is a function of the static coefficient of friction,
assembly preload due to plate warpage, and applied load. For the load range

under consideration, its effect on displacement is less than +2.5%.
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Weight and Volume Minimization

An analysis was performed to determine the values of the design parameters
which minimized weight and volume for a given load and displacement. This
was accomplished by specifying the weight of the LTA plate assembly as
follows; where p represents the material density:

We = Ajlep o+ AjLp (3)

Equation (2) can be rearranged to solve for L and substituted into
Equation (3). The resulting equation has only two variables Aj and A»s.
Taking derivatives and setting them equal to zero yields equations for the
cross sectional areas which minimize weight.

Calculations were also performed to find the plate width and number of
plates which minimize LTA volume. The smallest volume occurs when the plate
assembly, including space for actuation, takes the shape of a cube. While
this shape is not normally ideal, it does provide a useful baseline to which
more desireable shapes can be compared.

Response Time

Cue of the design objectives for the Development Model LTA was to limit
power consumptions during position maintenance to a maximum of 10W. To
ccecomplish this it was necessary to isolate the LTA from the environment using
mulitilayer thermal blankets and nonconductive mounting shims. Because the
lossc. are so limited, the LTA can be treated as an isothermal block for the
purposes of analysis.

Luring heating the response time is limited by available spacecraft power
or heater capacity and the unit thermal capacitance. During cocling the
response time is limited by the ability of the radiator plate to dump power to
space and the unit thermal capacitance. The thermal capacitance of the
Development Model LTA is calculated to be 491 J/°C.

DESIGN AND MANUFACTURING

The Development Model LTA consists of a number of components and
assemblies. A sample of each of the components is shown in Figure 3.

Casing

The casing, shown in Figure 3 and Figure 4, is used to hold the plates in
position and constrain the motion of the actuator rod. The interior of the
casing is coated with dry film lubricant to reduce friction and wear between
the plates and the casing. One side of the casing is coated with white paint
to act as a radiator plate and dissipate heat to space. Thermistors are
mounted on the ends of the casing to monitor temperature. The casing is shown
resting on thermal shims which are made of polyimide.

9N
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The LTA was covered by the multilayer thermal blanket shown in Figure 3.
The large rectangular cutout allows the white painted radiator surface to view
space.

Plate Assembly

The plate agssembly is made up of 33 aluminum plates and 32 Invar plates.
A set of aluminum plates consist of 1 actuator end plate, 10 heater plate
assemblies, 18 high expansion plates, 3 thermistor plates and a fixed end
plate assembly. One of each of these is shown in Figure 3. The plate in the
foreground is a thermistor plate. Tihe remaining aluminum plates are shown in
the order mentioned, separated by Invar plates, from left to right. All
plates are coated with dry film lubricant.

Details of a high exparsion plate and a low expansion plate are shown in
Figure 5. The Invar plate has a thickness ot .64 mm. The aluminum plate is
.94 mm thick and has a pocket .47 mm deep. Both plates have weight optimal
cross sectional areas. The slot and the hole in the aluminum plate are used
to pass wires for heaters and thermistors through the plate assembly. The
tabs on the aluminum plates are 12.5 mm long as compated to 2.5 mm long for
the Invar plates. The tabs were lengthened to reduce berding stresses and
plate assembly elasticity as a result of any clearance between tabs. It is
plarned to increase the length of the tabs on the Invar plates for all future
LTAs.

Figure 6 shows details of the fixed end plate. The right end of the plate
has a single tab on the back which fits into a slot in the casing. A
thermistor is mounted in the pocket to monitor plate temperature. The tabs at
the left end are similar for all aluminum plates. Figure 7 shows details of
the heater plate assembly. It has tabs on both ends and a Kapton film heater
bonded into the pocket.

TEST RESULTS

7igures 8 through 15 show test results for the Development Model LTA. The
first six curves show actuator displacement as a function of temperature under
different loading conditions. The remaining curves give the transient heating
and cooling response for two different power inputs. In general, results
matech theoretical predictions well. Variations occur as a result of backlash
and increased elasticity of the plate assembly. Theoretical curves neglect
the effect of backlash and friction.

The backlash is apparent only under no load conditions and is of the order
of 2.1 mm. It car be viewed in Figure 8. Friction effects can be considered
negligible since the normal force is small under these conditions.

t.gure 8 also demonstrates the high repeatability of the LTA by actuating

throu.h two complete cycles. For both the heating and cooling curve, the
actuz*-.on follows the same path within +1%.
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Figures 9 through 12 demonstrate performance under both compressive and
tensile loading. In all cases the effect of p.aite elasticity is larger than
that predicted by theory. This is apparent by the offset between theoreticai
and experimental results. The nonlinear effect of friction forces is also
visible and can be seen to increase with increasing load as expected.

The heating portion of each of the displacement versus temperature curves
is shown on one graph in Figure 13. The slope is the same for all curves.

The effect of plate elasticity can also be seen by the separation between
curves.

Figures 14 and 15 are heating and cooling curves for the Development Model
LTA at room temperature and pressure. Under thermal vacuum conditionec the
heating portion of the curve will be sharper, as losses are limited to a
maximum of 10 W. A longer cooling response time is also anticipated.

DEVELOPMENT PROBLEMS AND SOLUTIONS

A number of problems became apparent during testing at different stages.
The most obvious are the nonlinearities as a result of backlash and friction.

Backlash was caused primarily by clearance at the tab joints and is seen
as a manufacturing probiem. It was first noted during breadboard testing
where more than .0l mm clearance par joint was evident. With 65 joints in the
Development Model LTA #~ven a small clearance is excessive. The proposed
solution was to dimension the plates to cbtain a light interference fit. This
fit was clearly not achieved during manufacturing with the techniques used,
however, the solution is still seen as viable.

The static coefficient of friction between the plates coated with dry film
lubricant was found to be in the crder of 0.35. When first assembled this
high coefficient of friction, when combined with preload caused by plate
warpage, causes significant binding of the actuator. The problem was reduced
by increasing the clearance between the casing and the plate assembly
reduce preload. Decreasing preload by this method resulted in increased
backlash and increased plate assembly elasticity.

As noted above, there was more plate elasticity than that predicted by
theory. Clearance between the plat- assembly and the casing wall allowed the
tabs to rotate which induced the plates to assume buckling shapes in the space
available. These actions led to increased elasticity. The tabs on the
aluminum plates were therefore increased in length to reduce the amourt of
rotation possible I+r a given clearance. the ideal solution to this problem
is to reduce the stz“ic coefficient of friction, wiich would allow tighter
packaging of the plate:.
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CONCLUSIONS

The Development Model LTA has demonstrated the performance characteristics
required for the target applications. It has responded in a predictable,
repeatable fashion which has bteen successfully characterized. Both load and
displacement obtained by the Development Model LTA have exceeded initial goals.

Future work will be directed towards developing a deployment/retraction
mechanism for a flight project.
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THE DESIGN AND DEVELOPMENT OF A CONSTANT-SPEED SOLAR ARRAY DRIVE

Howard M. Jones and Neil Roger*

ABSTRACT

This paper describes the design and development of a constant-speed solar

array drive system for use in high-power communications satellites. The
relationship between continuity of motion in the solar array drive and

spacecraft attitude disturbance is investigated. The selection of the system
design based on the design requirements including spacecraft disturbance is
discussed. The system comprises two main parts: the drive mechanism
including small-angle stepper motor and reduction gearing and the control
electronics including ministepping drive circuits, such that a very small
output step size 1is achieved. Factors contributing to discontinuities in
motion are identified and discussed. Test methods for measurenxent of very
small amplitudes of discontinuity at low rotational rates are described to
assist in the testing of similar mechanisms.

INTRODUCTION

The use of sun-pointing deployable solar arrays of increasing power levels
on spacecraft for various applications has placed increased emphasis on the
design and operational strategies of the solar array drives which maintain the
sun-pointing attitude of the solar array while the spacecraft typically
remains earth-pointing. As a result of increased solar array size and
flexibility the potential to disturb spacecraft has increased dramatically.
The use of a constant-speed drive as opposed to the more traditional
intermittent or pulsed drive can improve this situation in two ways:

(a) The elimination of discontinuities in angular momentum between the solar
array and the spacecraft results in reduced disturbance levels. Thia
permits the use of smaller size or 1lower power consumption in the
reaction or momentum wheels of the spacecraft pitch axis control loop,
and/or less frequent momentum-dumping operations of the thrusters.

(b) The reduced erizrgy levels in the dynamic coupling between the solar array
and drive system leads to improved operating torque margins and
eliminates potential problems of stalling and backdriving due to resonant
array dynamics. This phenomenon occurred on-orbit in a large
communications satellite recently, resulting in forcible back-stepping of
the system while a step forward had been commanded.

However, because the required rate of rotation is very low (i.e., 1
revolution per day for geosynchronous spacecraft), the maintenance of
constant. speed within limits, expressed as a proportion of the nominal
speed, is a difficult proposition. 7The fundamer*al problem is therefore
one of achieving the necessary continuity of motion in the solar array
drive system without leading to excessive mechanical and electrical
complexity with the resulting penalties in reliability, cost and mass.

#Spar Aerospace Limited, Toronto, Canada
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REQUIREMENTS

The continuity of motion requirements for the solar array drive system are
derived from analysis of the relationship between speed variations in the
drive system and spacecraft disturbance using computer simulaticns of the
drive system, solar array, spacecraft tody with flexible appendages and the
spacecraft pitch axis control loop.

A typlcal spacecraft configuration is shown in Figure 1 corresponding to a
high-power geosynchronous communications application. Data for  the

spacecraft, its' flexible appendages and attitude control system parameters
are summarized in Table I.

From the computer aimulations it was determined that both the amplitude
and frequency of speed variations in the solar array drive were important.
Ths approaches used and the continuity of motion achieved are discussed in the
Design and Analy3is section below.

The spacecraft disturbance and other relevant drive system requirements
are presented in Table II.

DESIGN AND ANALYSIS
The design and analysis proceeded in three stages:

(a) Analysis of the relationship between continuity of motion in the solar
array drive and spacecraft disturbance using computer simulations of the
drive systom, solar array, spacecraft body with flexible appendages and
the pitch-axis control loop.

(b) Evaluation and trade-off of various drive system concepts to determine
which would best achieve the required continuity of motion requirements
in terms of reliability, cost and mass.

(¢) Further design and analysis of the selected concept.

Drive System Concepts and Trade-off

The concepts considered fell into one of the two main categories:
« Open-loop stepper and synchronous systems.

= Closed-loop brushless DC systems uaing rate or position sensor feedback
(in addition to commutation feedback).

A variety of gear ratios was also considered for each category.
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It was found that because the nominal rotation rate is very low (1
revolution per day) the fluctuations in rate, expressed as a proportic nf the
nomiral, are very small and hence difficult to detect and to control for the
closed-loop systems. Therefore the open-loop stepper or synchronous approach
was selected due to its simplicity. The system block diagram for the
open-loop geared stepper concept is illustrated in Figure 2.

The other major trade-off area involved selection of the optimum

combination of techniques for reducing output step size for the stepper or
synchronous concepts. The following methods are available:

(a) Motor with small prime step angle.
(b) Electronic step division (mini-stepping).
(¢) Reduction gearing.

Gear reductions are selected for other reasons 1including motor torque
amplification (reduces system size and weight) and backdrive characteristics
(~.g., low backdrive efficiency reduces susceptibility to solar array dynamic
torques). The selected concept uses a conventional 1.8° stepper motor with
64-level mini-stepping and 288:1 reduction gearing to achieve a theoretical
output step size of 0.0001°. This step size is so low and the associated
stepping frequency of 42 Hz so high, that significant interaction with the
solar array and the -cpacecraft pitch axis control loop are avoided. The
lamination shapes for a hybrid stepper motor with 1.3° prime step engle are
illustrated in Figure 3, with the associated electrical schematic and
sinusoidal ministep drive sequence. The schematic of the ministep electronics
is shown in Figure 4. A cutaway illustration of the 288:1 reduction gearing
is presented in Figure 5. The second 3tage of the reduction gearing is a
regenerative planetary set which 1is non-backdriveable. This set functions in
a simiiar fashion to the harmonic drive except that the nutating flexible
spline of the later has been replaced by the more robust planet gears, which
can withstand much higher backdrive loads. More detailed information on the
gears is presented in Table 1II,

Factors Affecting Continuity of Motica

As described above the selected drive system provides a theoretical output
step size of 0.0001° and a stepping frequency of 42 Hz. In practice the drive
mechanism will be part of a solar array drive assembly which includes bearings
and slip rings mounted on the main shaft. It has been predicted that tche
achievable continuity of motion at the output is limited by stick-slip effects
in the system.

Due to the compliance of the drive train and the slow, synchroncus speed
of the motor there is a finite rate of drive torque build-up in the main
shaft. Therefore when the system is started from zero rate it takes a finite
time for the drive torque in the shaft to exceed the static friction due to
the slip rings and bearings. Let this time be called T). When the breakout
torque is exceeded the shaft accelerates to a speed higher than the nominal

rate under the action of the "wind-up" torque in the drive train. As the
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"wind-up" torque falls below the friction t*torque the shaft speed decreases
until it is caught by static friction. Let this time interval (of relative
moticn at the slip rings) be called Tp. The process is then repeated and is
illustrated in Figure 6A.

The phenomenon could only be compietely eliminated by the total
elimination of friction or by the addition of viscous or damping friction into
the system. However, the problems associated with the stick slip effects can
be alleviatsd by controlling the times T; and T, and hence the amplitudes
of discontiiuities in the main shaft rotation. The following parameters were
found to arf:ct Ty and Tp:

(a) Drive system stiffness.

(b) Absolute levels of static and dynamic friction.
(c) Relative levels of static and dynamic friction.
(d) Level of viscous friction in the system.

(e) Solar array dynamics.

The ratio of static to dynamic friction in tne slip rings is determined by
the properties of the materials used and is not amenable to manipulation. The
solar array dynamics are not generally subject to alteration for this purpose
while the addition of sufficient viscous friction into the system at these low
rates would not be practical. This generally leaves the drive system
stiffness and the absolute friction levels under the coatrol of the solar
array drive designsr. Increasing the drive system stiffness and reducing the
slip ring friction levels will decrease the period (T} + Tp) and hence the
amplitude of the rate discontinuities. A parametric analysis using the
computer simulations mentioned earlier was conducted to determine acceptable
combinations of stiffness and friction. The predicted effects of various
combinations of slip ring friction and drive system stiffness on continuity of
motion are illustrated in Figure 6B. This indicates that to maintain an
output ste) size in the same range as the theoretical value, say 0.0003°
waximum, the slip ring dynamic friction should be limited to 1.3 Nm and the
drive system stiffness at the main shaft should be above 150,000 Nm/radian.
While this stiffness is not generally difficult to achieve in a solar array
drive mechaninm, the limit of 1.3 Nm sliding friction presents a challenge for
the larger slip ring assemblies, particularly those of the disc configuration
due to the larger diameter of the rings.

TESTING

An  engineering model drive system has been built including the
ministepping electronics. The test program in progress includes:

(a) Ambient performance tests (torque-speed, etc.).

(b) Environmental testing (vibration and thermal vacuum).
(c) Continuity of motion (aystema dynamics).
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The ambient performance and environmental testing involve conventional
procedures and techniques and need not be discussed further. However, the

gystem dynamics test includes a novel approach for measuring continuity of
motion at the output under various operating conditions and is descr .oed below.

The purpose of the System Dynamics test is to determine the dynamic
characteristics of the Solar Array Drive assembly (SADA) under various
operational conditions. The operational conditions to be represenied {or
accounted for) are:

(2) Solar array dynamics.
(b) Slip ring friction.
(c) Rotational rates {for sun acqu.aition and sun-tracking modes).

The system dynamics test rig illustrated in Figure 7 was designed and
fabricated to represent the appropriate solar array torsional modes and the
slip ring friction. The ir~rtia and stiffness of the simulated solar array
and the friction of the simulated slip ring can be adjusted to represent
varicus operational conditions of interest. The drive system can be commanded
to run at a variety of rotational rates including those correspnndirg to
typical sun-acquisition and sun-tracking modes for geosynchronocus and
low-earth orbits.

The main indicator of system performance is the continuity of wmotion
achieved at the SADA output. This parameter readily indicates any problems in
the system such as temporary stalling, excessive stick-slip effects or solar
array excitation. The relationship between continuity of motion and levels of
spacecraft disturbance and solar array excitation was discussed above., Since
the predicted discontinuities in the SADA output motion are low, the queation
of measurement techniques is important.

Dynamics analyses discussed above indicated that the exjected
discontinuities in rotational rate have amplitudes of 00,0001 to 0.0097 degree
and periods of 23 to 170 milliseconds (frequencies of 4-60 Hz approximately).

Two alternatives were considared for determining these discontinuities:

(a) Positior or rate sensing.
{(b) Accalaration sensing.

Position or Rate Sensing

The predicted amplitudes of the discontinuities are so low that extremely
high resolution position sensing is required to messure them to, say, 0.00005
degree. The only feasible techniques identified were either an inductosyn
resolver or an optical encoder-resolver, both with digitai interpolation

electronics. The required resolution is equivalent to a 23-bit encodsr. The
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sensor generates position versus time data from which the velocity profile of
the drive output can be derived.

Several drawuacks were identified with this approach:

o The sensor is a special, long-lead and expensive device.

¢ The sensor would have to be mounted extremely accurately to the SADA/array
interface or would require its own precision bearing system with flexible

coupling to the SADA shaft.

0 The significant rigid inertia of the sensor rotor would affect the
dynamics.

Acceleration Sensing

To overcome the disadvantages associated with the wuse of the
high-resolution position sensor, an alternative approach involving an
accelerometer to sense the discontinuities was developed. 1In this case a
high-resolution linear accelercmeter i3 mounted on a stiff, light moment arm
attachod to the output shaft. The accelerations due o the discontinuities in
motion can then be detected and integrated to obtain the velocity profile as
shown in Figure. 8.

The limited bandwidth of the accelerumeter is predicted to result in some
truncation of the acceleration spikes at initiation and termination of each
discontinuity when these occur at the higher end of the frequency range
identified above, i.e., 20-60 Hz. This, in turn, will result in errors in the
veloecity profiles derived by integration of the accelercmeter output and is
illustrated in Figure 8. However, this is not considered serious vecause:

{(a) The errors only become significant at frequencies corresponding to
performance considerably better than the continuity of motion
requirements derived above,

(b) The velccities can be corrected to some extent by reference to the
average orbital rate.

CONCLUSIONS

A constant-speed solar array drive has been developed which offers

significant imp:rovements in the levels of spacecraft disturbance and solar
array excitation compared with more traditional intermittent and stepper

drives. The required continuity of motion has been achieved with an open-loop
system using an optimum combination of small prime step angle in the motor,
electronic step division, and reduction gearing. This largely preserves the
simplicity associated with o©pen-loop stepper drives, The two-stage
regenerative planetary gearset is an interesting variation on the harmonic
drive conc pt.
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An engineering model drive system includiag the ministepping electronics

has been fabricated and 1s currently undergoing a series of tests. of
particular interest is the method of measuring the achieved continuily of
motion at the output under various operating conditions. A novel approach was
adopted involving a sensitive linear accelerometer mounted on a stiff, light
moment arm attached to the output shaft of the drive system. The
accelerometer signal can be processed in a variety of ways to derive the
angula.® velocity pro‘ile, frequency spcotrum, etc.

The design and test techniques described in this paper are applicable to
oiner low-speed mechanisms such as robot arm joints and pointing drives for
Large antennae.
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TABLE | SPACECRAFT DATA

A. MASS PROPERTIES

NATURAL PERIODS

MASS 6,750 kg
Mol - ROLL £2,000 kgm2
- PITCH 32,000 kgm?2
- YAW 46,000 kgm2
FREE-FREE MODES OF SPACECRAFT AND ANTENNA
MODE NO. AXIS FREQUENCY
7 ROLL-YAW 0.167 Hz
8 PiTCH 0.176 Hz
9 ROLL-YAW 0.243 Hz
SOLAR ARRAY FIXED-BASE TORSIONAL -
{PITCH-AXIS) MODES
MODE NO. FREQUENCY MODAL INERTIA
1 0.0984 Hz 113 Kgm?2
3 0.1487 Hz 80 Kgm2
. ACS PITCH AXIS
POINTING REQUIREMENTS + 0.03°
MOMENTUM CAPACITY £ 10 Nms
SATURATION TORQUE 0.1 Nm

135 AND 125s
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TABLE |l DRIVE SYSTEM DESIGN REQUIREMENTS

DRIVE TORQUE
- (3 cx WORST-CASE RESISTING TORQUES)

16 Nm, MINIMUM

SOLAR ARRAY ORIENTATION

- POINTING ACCURACY

- DEVIATION BETWEEN NAND S WINGS
- SUN-TRACKING RATE

- SUN-ACQUISITION RATE

+ 2.0°

0.2°
1 REVOLUTION PER DAY
0.27° PER SECOND

INDUCED SPACECRAFT DISTURBANCE {PITCH-AXIS)
- POINTING ERROR

- REACTION WHEEL TORQUE

- REACTION WHEEL MOMENTUM CHANGE

0.03°, MAXIMUM
0.1 Nm, MAXIVM UM
1.0 Nms, M/ XIMUM®

* 10% OF TOTAL REACTION WHEEL CAPACITY FROM TABLE 1

TABLE 1l GEAR DATA

A. FIRST STAGE : EXTERNAL SPUR SET

NUMBER OF TEETH ON PINION : 34
NUMBER OF TEETH ON GEAR : 200

RATIO =200 / 34 =5.88
MODULE (DIAMET! AL PITCH) : 1.06 mm (24)
PRESSURE ANGLE : 20°
EFFICIENCY, NOMINAL : 98%

B. SECOND STAGE : REGEMERATIVE PLANETARY SET

NUMBER OF TEETH ON PLANET .27

NUMBER OF TEETH ON FiXED RING : 96

NUMBER OF TEETH ON ROTATING RING : 98

RATIO = 98 x 27 =49

(98 x 27) - (96 x 27)

MODULE (CIAMENTRAL PITCH)
PRESSURE ANGLE
EFFICIENCY, NOMINAL

: 0.94 mm (26.889)
1 22.6°
: 30%
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APPLICATION OF TRACTION DRIVES AS SERVC MECHAN.SMS
by

Stuart H. Loewenthal, Douglas A. Rohn, and Bruce M., Steinetz?®

ABSTRACT

The suitability of traction drives for a wide class of aerospace control
mechanisms is examined., Potential applications include antenna or solar array
drive positioners, robotic joints, control moment gyro (CMG) actuators and
propeller pitch change mechanisms. In these and similar applications the zero
backlash, high torsional stiffliess, low hysteresis and torque ripple
characteristics of traction drives are of particular interest, as is the
ability to run without liquid lubrication in certain cases, Wear and fatigue
considerations for wet and dry operation are examined along with the
tribological performance of several promising self-iubricating polymers for
traction contracts. The speed reguiation capabilities of variable ratio
traction drives are reviewed. A torsional stiffness analysis described in
this study suggests that traction contacts are relatively stiff compared to
gears and are significantly stiffer than the other structural elements in the
prototype CMG traction drive analyzed. Discussion is also given of an
advanced turboprop propeller pitch change mechanism that incorporates a
traction drive.

INTRODUCTION

An interesting but not particularly well known class of speed changing
mechanisms utilize traction as the means to tranafer torque. Applications
range f.om dry contacts such as the loccmotive wheel against the rail and
elastomer coated rollers in paper handling equipment to lubricated contacts in
industrial adjustable speed traction drives.

as power transmissions, few mechanical drives match their low noise,
smooth torque transfer characteristics and speed regulating accuracy.
However, their suitability as servo drive mechanisms has not been given wide
attention. For some control system applications, their ability to provide a
smooth transfer of motion with relatively low hysteresis losses and high
torsional stiffness while producing no detectable "backlash® upon direction
reversal are obviously beneficial qualities., On the other hand, traction
drives are unsuitable for point-to-point (PTP) positioning applications where
it is impractical to feedback output position,

The discussion which follows is intended to provide greater insight into
some of the performance characteristics of traction drives which may lend
themselves to certain servo mechanism applications. A number of examples will
be cited, as known to the authors, to help illustrate some of the prior art
along with a few applications presently under consideration. Due to the broad

¥NASA Lewis Research Center, Cleveland, Onio
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nature of this tcchnology and the space limitations set forth here, this
review can only hope to couch upoiu sore of the more relevant design
considerations. While published information on traction drives is
considerably more limited than other tvpes of transmissions, particularly in
terms of servo mechanism applications, a significant design data base does
exist, as can be found in references 1 to 3.

BACKGROUND

The earliest of speed changing mechanisms us:.d smoot% wheels cf unequal
size in frictional contact. According to his writings, Leonardo Da Vinci
devised and experimented with several machines which incorporated frictional
wheels. One such machine was for the grinding of lenses or polishing of
mirrors where the repetitive toothing errors from gearing would produce
imperfect surfaces.

Because of their simplicity and their unique ability to smoothly and
continuously regulate speed, friction drives or traction drives, as they are
now known, found use in a host of applications. Some early examples include
wood working machines (circa 1870) in which the wood feed rate was regulated
with friction drive rollers and turn-of-the-century motor cars equipped wih
continuvusly variable, friction disk transmissions (ref. l1). Moire modern
examples nf feed regulating and loading applications can be found in paper and
film handling equipment including printing and copying machines and compui.r
plotting devices. 1In these applications, *"e processed m:terial is normaily
"pinched" betwe¢en an elastomer-ccated drive roller and another that
freewheels, such as that used in multicolor printing operations to register
the paper. Analogous space vehicle applications include a pinch roller drive
mechanism for deploying a spool-wrapped antenna for the Helios B satellite
(ref. 4) and one that dispenszes and stores 1 transfer boom for Skylab {ref. 5).

Philosophically, "linear" traction drives include a wide class of vehicles
ranging from bicyclea to locomotives. This later example of the wheel/rail
contact vividly illustrates that traction power transfer need not be limited
to trivial load levels. In fact, advanced, ’.ght-weight helicopter
transmissions (Fig. 1) which incorporate siee' traction rollers lubricated
with synthetic traction fluids have been tested at the authors' laboratory at
power levels tc 370 kW (ref. 1).

Al though not a mature discipline, desiyn techniques fur traction drives
have made good progress in recent years. Based on lubrication, fatigue and
performance models developed originally for rolling-element bearings,
analytical methods are now available to size traction drive contacts for a
specified reliability level and to make reasonable estimates of power loss and
traction capacity limits. Metallurgical improvements in the futigue
resistance of bearing steels coupled with the commercial introduction of high
traction fluids have increased the power capacity of traction drive contacts
by several fold. Wwhile an extended discussion of these technical aavancements
is not central t~ this review, helpful design information can be found from
Jeveral sourcer (refs. 1 to 1),
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TRACTION DRIVES AS SPEED REGULATORS

Apart from their basic mechanical simpli-ity, the most sought after
~haracteristic of traction drives is their ability to prcvide nechanical
stepless speed control over wide ratio ranges, with some units being
infinitely variable. 1In this regara, traction drives have veen performing
light to medium duty (up to 75 kW) speed matching for industrial machinery for
more than 50 years (refs. 1 and 2). Applications range from knitting and
fiber-spinning equipment to milling machines and high-speed grinders
(ref. 2). There are more than 2 dozen commercial manufacturers of variable
ratio traction drives, with some designs dating back to the 192(0s. Operating
lives of 2C years or more are not uncommon in factory envirconments.

A sample of commercially available, adjustable speed traction drive
geometries appears in Fig. 2. Speed regulation is achieved by altering the
rolling radii ratio between input and output member. This is accomplished by
either tilting or translating an intermeaiate transfer element or through
direct translation of input or output members. Normally a manual vernier
control element is rsed for this positioning, although feedback control has
been used on some aerospace applications. With manual control, output speed
regulation and repeatability is often with +0.1 percent under uniform
loading. Under extreme no-load-to~full-load fluctuations, maximum output
speed variations are typically 1 to 2 percent. However, with suitable servo
controls, accuracy can be restcred back to the 0.1 percent level (ref. 6).

TRACTION CURVE

The speed variation between traction rollers due tc torque transfer is
generally referred to as "creep" (ref. 3). Traction drives are designed to
operate along the linear ascending portion of the traction curve (Fig. 3) at
some point below the peak. A ball or roller-ramp loading mechanism (Fig. U)
is commonly used to increase the clamping force between roller elements in
proportion to tne transmitted torque. The angle of the ball ramp is tailored
to the lubricant-contact condition, It is selected so that the ratio of the
applied tangential to normal force, or traction coefficient, is about 20 to 30
percent less than the maximum available traction coefficient under the least
favoratle operating condition. This provides some margin against slip. With
a torque sensitive loading mechanism, gross slip will not occur, even at
torque levels which exceed the elastic limit of the rollers or structural
material. This loading action is not unlike the behavior of a roller ramp or
sprag-type clutch. Improved part load efficiency and extended service life
are addivional benefits from modulating the clamping force with the demand
load. Maximum ~fficiencies of adjustable speed traction drives typically
range from 85 to 93 percent. However, multiple contact fixed ratio tiactica
drives have efficiencies of about 96 to 97 percent, with single contact
systems being as high as 99 percent.

Operating creep rates of traction contacts are relatively small. They
range from 0.1 to 0.2 percent for dry contacts or thcose lubricated with
traction fluids at low speeds (Fig. 3), to 3 or 4 percent for lightly loaded,
high speed contacts lubricated with mineral oils. This speed difference is
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not due to slip between driver and driven roller but is, in fact, the
accumulated lost motion due to the tangential stretching and compressing
motion or compliance ocerurring at the roller contact interface. It is well
known that a "locked" or "zero slip" region exists at the leading edge of the
contact and only at the peak traction point, i.e., point of impending slip,
will this region completely disappear. Nevertheless, this lost motion due to
creep precludes the use of traction drives for open-looped positioning
devices. However, open-looped speed regulation accuracies of +0.5 percent or
better are achievable with an automatic loading mechanism over a wide range of
speeds and torques based on test data for a 14:1 fixed ratin traction drive
reported in refererce 7.

It is instructive to note that the creep or siide~to-ro’l :ates associated
with traction drives are generally cne to two orders ¢ magnitude smaller than
those associated with gear teeth as they enter anc leave mesn. Under
difficult to lubricate éonditions, such ac those that exist for most space
mechanisms, the fundamental rolling nature of a traction contact is a decided
benefit in terms c¢f reduced wear and heat gen.~ation. This was clearly
demonstrated at the authors' laboratory where a i .8:1 ratio planetary
traction drive (Fig. 5) survived 1 hour of repeated tull powe! acceleration
(L1 LW at 9x10u rad/sec?) tests from 0 to 70,008 rpm white submerged in
LOX (ret. 1). Test life was equivalent to 2x10° revolutions of the
high-speed shaft. Expected gear life under comparable conditions would be a
maximum of about 15 or 20 minutes duc to excessive vez~ under this hostile
lubrication condition. Furthermore, a similar but 120:1 ratio traction drive
was tested fully preloaded for 43 hours at 360,000 rpm without failure using
no liquid lubrication whatsoever (ref. 1). Such speeds are, in all
likelihood, beyond the realm of even o0il lubricated gears.

DURABILITY
Fatigue

The falure modes of traction drive contacts are very similar to those of
ball and roller bearings. This is not surprising since the operating
stresses, materials (normally hardened bearing steels), contact geometries and
surface finishes as well as lubrication conditions are also very similar. As
with rolling-element bearings, fatigue or pitting is the likely failure mode
when the quality of lubrication is good, that is when the ratio of lubricant
film thickness to composite surface roughness or lambda ratio is above about
1.5. Statistical fatigue life can then be predicted from a modified form of
the Lundberg and Palmgren theory that is traditionally used to determine
service life ratings of commercially available ball and roller bearings.
Details of this method can be found in reference 3. 1In general, fatigue life
L is related to size, torque T and available traction coefficient M as follows:

Le¢ sizeB¥ at constant T and M

Le¢ T-3 at constant size and M
1 M3 at constant size and T
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Thus a 9 percent increase in size or a 26 percent increase in_# will double
the fatigue 11fe at constant torque capacity or, in turn, cause a 26 percent
increase in torque capacity at constant fatigue life.

.
vlear

As the quality of lubrication or lambda ratic diminishes, the degree of
asperity contact and surface distress increases and the failure mode shifts
from predominantly fatigue to one that is predominantely wear. It is this
mixed or boundary lubrication regime .-rhere most low speed space mechanism
contacts must operate.

Solid lubricant films formea from graphite, M0S,, PTFE or those from
soft metals such as lead, gold or silver are potent.cl substitutes for liquid
lubricants and greases in the low lambda regime. The gensral increase in
friction coefficient attendant with some dry film lubricants is obviously
bereficial for traction drive contacts, allowing some reduction in the
requued clamping loads. Howzver, the normal concerns of using dry film
lubricancvs still remain, namely their non-renewable nature, the integrity of
the film/subctrate bond and the detrimental accumulation of wear debris.
Also, the somewn2t erratic nature of a dry film's friction coefficient may
preclude their use 1c¢r certain Lorque-sensitive mechanisms. In such cases,
low vapor pressure greasec, such as the perfluoroether type, are normally
preferred provided that potential contamination of optical surfaces are not a
factor and evaporation rates are with.r operational 1life requirements.
hard-faced, ion-sputtered or vapor-deposited coatings such as TiN and TiC
avoid some of these problems (ref. 3), but their long~-term fatigue resistance
still requires better definition.

Polymers/elastoners. - Perhaps the most promising self-lubricating
materials for traction drive actuators are some of the polymers and elastomers
that have been successfully used for a variety of industrial roller type
components. These range from molded polyurethane casters and wheels to
polyamide (nylon), acetal and polyamide-imide (Torlon) thermoplastic bearings
and gears. Many of these materials can be reinforced with glass fibers for
strength and filled with graphite or PTFE for reduced friction. 1In addition
to their self-luricating 7' ilities, these maintenance~free materials offer
significant vibration damping, quietness of operation, low weight and
corrosion resistance. The general tribological propertics of a large number
of these polymers is relatively well defined (re”. 9), but their specific
performance as traction drive materials for use in space mechanisms is not as
well understood. Specifically, their cold temperature and vacuum, traction
and wear characteristics need better definition as does their stress
relaxation (cold flow), radiation resistance, and outgassing behavior.

Because contamination by liquid lubricants can markedly reduce their traction
capability, use of these materials must be restricted to relatively clean
environments, not unlike those required for other types of precision
mechanisms. Despite these concerns, a surprisingly large class of polymeric
materials have been applied successfully as structural, protective, dielectric
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and sealing materials on spacecraft (ref. 10). Furthermore, because of their
ability to self-lubricate and to resist cold welding even in a hard vacuum,
they have also been used in mechanisms at points of sliding. Typical examrles
include phenolic ball bearing cages impregnated with dry or liquid lubricants
and fine-pitched gears made from polyamide or acetal resin.

The load capacity of some commercially available polymers in
sliding/rolling contact is surprisingly large. For example, table I listis
some of the results of test programs sponsored by the authors' laboratory to
define the traction capacity limits of several engineering thermoplastics. 1In
these tests, the rolling failure load limits of six different thermoplastic
rollers 50 mm in diameter in contact with equ.l sized steel rollers were
determined in air at ambient temperature and pressure. From the rolling
tests, two of these materials, an unfilled polyamide-imide and a cotton fiber
phenolic, were selected for torque transfer testing near their peak traction
capacity limits. The polyamide-imide resin withstood a remarkable 220 N/mm
(1250 1b/in) of unit normal loading at a rolling speed of 10 m/s with 2
percent sliding for 30 minutes of testing without damage. A narrow roller,
just 5 mm wide, of thics material transmitted 4.8 kW of power continuouslv for
10 minutes at 20 m/s without failure. While the perforaance of some of these
commercially available thermoplastics clearly exceeds any of those anticipated
for servo mechanisms applications, these result- do suggest that plastics
could be used in place of steel for certain low-cost, moderate power, traction
speed regulators.

Polyimides are another class of polymer which off~rs promise as a
low-wear, high-traction material. Poilyimide films have excellent UV radiation
resistance and vacuum stability, being used extensively on spacecraft for
thermal blanket insulation and a variety of external semistructural
applications (ref. 10). In addition, some polyimicdes have unusually
high-sliding wear resistance. For example, ambient pin-on-disk experiments
with an experimental, partially fluorinated polyimide pin sliding against a
steel disk showed it to have an average friction coefficient of 0.8 and an
average wear rate of 5x10-15 m3 per meter of sliding at sliding speeds of
2.7 to 3.1 m/s (ref. 11). At this wear rate, it would take 1x109
revolutions for a 10 mm wide, relatively heavily loaded traction roller made
of this polymer to wear off a 1 m thick laver of material, assuming a
relatively high 1 percent slide-to-roll ratio.

Another potentially us~ful class of materials for traction rollers are
vulecanized natural and synthetic rubvers, Some guidelines for the speed/load
limits of these elastomers for general traction drive service can be found in
reference 3. Polyurethene rubbers are particularly durable, having been used
in difficult service conditions such as when molded to forklift truck wheels
and subway train tires. Furthermore, polyurethane molded rollers have already
been used without failure for one type of traction drive, space qualified,
rotary actuator known to the authors. 1Its traction capacity in a vacuum is
high. Sliding friction tests of a molded polyurethane wheel, meeting
MIL-R-3065 specifications, exhibited a friction coefficient from 0.7 to 1.3
against an aluminum or magnesium concave slider in a vacuum of 1073 torr at
room temperature (ref. 12). Since all elastomers stiffen to some extent at
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low temperatures, working traction coefficients would have to be less than
this if a temperature controlled environment was impractical.

SERVO MECHANISM APPLICATIONS

While traction drives have had a well established history of use as power
transmitting speed changers, their use in servo systems has not been as broad
in comparison. is is somewhat unexpected since the typical low power, low
speed, low backlash and low starting friction requirements of such
applications are particularly well suited to the capabilities of traction
drives. 1In many positioning applicatins such as CMG gimbal drives, the
torques may be high but because the speeds are typically low, the buildup of
wear or fatigue stress cycles is also low. In addition, the available
traction coefficient of a lubricant is greater at low operating speeds. Under
these conditions, the traction drive elements can be made relatively small and
still provide adequate service life.

Furthermore, smooth .ollers in driving contact avoid the meshing errors
and torque discontinuities of gear teeth as the load is transferred from one
pair of teeth to the next. Since rollers are always in continuous driving
contact no matter the direction of tangential loading, backlash is precluded.
However, the accumulation of microslip in the contzct gives rise to a
hysteretic type torque-deflection loop that requires some form of feedback
control for high precision positioning systems. As previously discussed,
speed regulation accuracies as low as +0.1 percent can be achieved manually
under favorable conditions, although about +1 percent is probably more
representative of a well-designed, open-loop traction drive.

Representative Servo Applications

One prominent example of a traction type aerospace servo mechanism is the
Lucas, constant speed drive flying on the AV8-A Harrier VSTOL jet fighter
operating in North America and Europe (ref. 1). This toroidal-type roller
drive, similar in geometry to that shown in Fig. 4, maintains a constant 400
Hz frequency a.c. generator output within +1 percent from a variable turbine
speed input which ranges from 3250 to 8000 rpm. It delivers 13 kW for driving
aircraft generators having output ratings up to 30 kVA. It does so with a
power-to-weight ratio that is 10 percent better than comparable equipment with
considerably lower maintenance costs. In the 50s, Avco Lycomming offered a
similar line of toroidal traction drive type constant speed drives. These
flew on several commercial and military aircrafts, including the Lockheed
C-121, Douglas A-4E and Grumman S-2D. The servo mechanism performance
characteristic of toroidal traction drive: were investigated in reference 6.
Experimental performance data on a 1 hp prototype model indicated that a
velocity control accuracy of +0.1 percent can be readily obtained with
transient-response times varying from 20 to 40 ms depending on signal
amplitude and load conditions.

Another example of a speed regulation traction mechanism, but a nonservo
type, is a ball type continuously adjustable variable ratio drive which
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synchronizes the digital counter readout of a commercially available liquid
flow volume meter. The drive couples the positive displacement fluid rotor to
the meter's counter. A veraier adjustment screw is used to vary the speed
ratio in 0.02 percent increments between the metering rotor and the counter so
that accurate readings are obtained when the meter is calibrated against some
"master™ meter or other liquid volume test standard.

Traction type linear actuators are also commercially available. These
units are useful for a wide range of positioning and motion applications
particularly where jamming and overload protection are required. In one
design, three equally spaced, skewed rollers located on each end of a two
piece, spring-loaded, clamping block are loaded against the surface of the
smooth, rotating drive shaft. The anglc of roller skew relative to the drive
shaft axis is directly related to the amount of linear travel of the block per
drive shaft revolution or "lead." The thrust capacity at slip can be easily
varied by adjusting the screws which vary the spring clamping load. If the
linear element would hit its stop or jam, the rollers would automatically slip
at the set thrust level and be automatically reset for operation when the jam
was relieved.

OPERATING CHARACTERISTICS

In comparison with gear type servo mechanisms, traction drives possess
several desirable operating characteristics, These can be summarized as
follows:

(1) Zero backlash

(2) High torsional stiffhess

(3) Low starting friction or breakaway torque

(4) Low torque ripple

(5) Low velocity errors

(6) High torque density and compactness

(7) Infinite resolution of speed or ratio adjustment

In addition to these features, the roller contact due to its low sliding
nature can be designed to operate for extended periods of time without liquid
or grease lubrication. - As previously discussed, this can be accomplished by
either using high traction solid film coatings such as ion-plated gold or
silver or using advanced, low-wear polymers such as partially fluorinated
polyimides or polyamide-imides. The elimination of a depletable liquid
lubrication is a decided benefit for spacecraft mechanism applications.

Furthermore, rollers, unlike gears, have th2 ability to harmlessly slip at
predetermined traction limits. The over torque, release-clutch-tendency can
prevent catastrophic darage if jamming should occur at some point in the
mechanism drive train.

Finally, in the case of dual fault or multiply redundant servo drive

mechanisms, such as those for some spacecraft applications, independent,
multiple drive rollers can be readily engauged and disengaged from drive
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systems with conventional linear actuators wihout the need to stop the system
from rotating or the need to provide proper tooth mesh phasing.

Stiffness

To achieve minimum respcnse time for a point-to-point motien control or to
increase responsiveness of a servo controller in general, it is necessary to
maximize drive system torque-to-inertia ratio and s“iffness. In reference 13
a method was presented for analyzing the torsional stiffness and hysteresis
effects of a traction drive contact of arbitrary geometry under a wide variety
of loading conditions.

Torsional stiffhess Ky was found to increase with an increase in normal load
N, available traction coefficient , shear modulus of the material G and
roller radius R while decreasing with an increase in transmitied torque T.
The exact expression for the stiffness of a crowned roller pair of equal size
was given as:

173
K, - %83 1y -l—) RS (1)

where a is the semiwidth of the elliptical contact and 1is a contact geometry
parameter.

Another finding of the study performed in reference 13 was that the
traction contacts themselves are considerably stiffer than the bearings and
other structural elements in a complete traction drive system, typically
accounting for only several percent of the drive's tot:il compliance.

A comparison of the theoretical stiffness of equally sized gear and
traction roller pairs made of steel showed that traction contracts were
typically two or three times stiffer than gears under comparable loads. This
is illustrated in Fig. 6 where the stiffness of traction contacts relative to
~ mparably sized and loaded gears is plotted as a function of gear tooth size
.diametral pitch). The method used to analyze gear stiffness considers the
local Hertzian normal compliance and tooth beam bending. It also considers
standard undercut and fillet bending and shear as well as foundation
flexibility (rer. 13).

It is apparent from Fig. 6, that gear mesh stiffness is relatively
insensitive to the number of teeth or the torque level and fluctuates between
two relatively discrete levels as the load is transferred between single tooth
and double tooth contact. Apart from the kinematic (unloaded) errors, this
stiffness fluctuation contributes to velocity fluctuations in a loaded gear
train. In contrast, the stiffmhess of a trantion drive contact is essentially
constant for a given load, although some degradation with increased
transmitted torque will occur as shown.
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Hysteresis/Backlash

A major advantage of a traction positioning mechanism is the absense of
backlash. However, due to the inelastic displacements or microslip that
occurs in certain regions of the contact, some hysteretic losses will be
present during torque reversals. A comparison or predicted and measured
hysteresis and stiffness of a 9.5 mm steel ball against a flat appears in
Fig. 7. The exverimental cata were taken from the investigation appearing in
reference 14, For a maximum applied torque value of 100 N-mm, which is 67
percent of the peak slipping torque, the width of the predicted hysteresis
loop was 8.2 arc seconds.

In the case of gears, the total lost notion along the diisplacement axis at
zero torque is due to backlash. As a practica® matter some backlash allowance
is required for all gear sets to prevent meshing interference from gear
runout, tooth-to-tooth spacing errors, center distance variations, and thermal
and structural deflections. This group of backlash sources is also
responsible for the bulk of transmission error (gear train position error).
Increasing the quality or precision of the gear set as well as using finer
pitched (smaller) gear teeth will help to minimize but not totally eliminate
both backlash and transmission error. Philosophjcally speakiag, ‘ncreasing
diametral pitch to the limit, one ends up with a gear having an int'nite
number of infinitely small teeth, that is, a roller having neither Lacklash cr
transmission error.

For servo positioning mechanisms that "hunt," such as most pointing and
tracking systems and most gimbal drives, the stiffness anc backlash
characteristics of the drive train at or near the torque reversal crossing
point is of prime importance. At this crossing point, some means must be
employed toc eliminate the precipitous loss in both stiffness and output
position sensitivity as the teeth move freely through the backlash clearance.
Otherwise a serious discontinuity in the control system algorithm will be
created. The means of eliminating or minimizing backlash take various forms,
with spring loaded split gears and preloaded, auxiliary antibacklash gear
trains being among the more common.

The traction contact, on the other hand, shows no such backlash
discontinuity or "deadband," as illustrated in Fig. 7. In fact, stiffness is
not only preserved at the zero torque crossing point but actually reaches a
maximum there (Figs. 6 and 7). The noticeable but steadily continuous drop in
stiffness at the higher torque levels is usually of lesser importance from a
servo viewpoint. However, in some applications it may be desirable to "marry"
the best servo drive characteristics of rollers and gears.
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Roller-Gear Drives

A novel geometric arrangement that combines traction rollers with gears in
parallel was devised by Dr. A. L. Nasvytis in the early 1960s (ref. 15). 1In
the roller-gear drive, as it is termed, the center portion of the roller is
replaced with a spur gear. The rollers not only serve to transmit a portion
of the torque but also provide a support bearing function since their
diameters are equal to the pitch diameter of the gear. Helicopter
transmissions of 370, 820, and 2760 kW using a multiple-row roller-gear drive
planetary stage have been built and tested. Unusually high efficiencies of up
to 99 percent have been recorded due to the nearly ideal positioning of the
roller gear elements along the gear tooth's pitch point.

The performance of a 26:1 ratio, U400 ft-1b CMG rotary actuator which
incorporated a roller-gear drive (Fig. 8) in combination with a brushless d.c.
motor was evaluated in reference 16. The rollers, which share 25 percent of
the torque in parallel with the gears, eliminated the effects of backlaci z2nd
helped to minimize breakaway torque while adding substantial stiffnezs te the
drive system. Static output torsional stiffness values of 680x103 N-m/rad
(500x10° ft-1b/rad) or greater were measured at the zero ‘corque crossing
point. Breakaway or starting friction varied from 0.4 tc 2.5 percent of rated
torque. While no backlash was detected, a small degree of lost motion was
measured that ranged from 2.9 to 4.7 arc seconds up to 25 percent of maximum
torque. Tests of a similar but smaller 1n6 N-m (78 ft-1lb} torque, 15:1 ratio
roller gear/brushless d.c. motor servo drive were conducteu in reference 17.

CMG Traction Drive

A 16:1 ratic, 435 N-m (320 ft-1lb) output torque, CMG gimbal drive having
two rows of <tepped planet rollers is being prepared for tests at the NASA
Lewis Research Center. This drive, which is sk wn in Flg. 9, incorporates
traction rollers ion-plated with about 3000 angstroms of gold in dry rolling
contact. It was designed to provide a minimum output torsional stiffness of
680x103 N-m/rad (500x103 ft-lb/rad) and to survive 1.6x106 operation
cycles over a three year operating life. The drive itself is nominally 25 cm
in diameter by 11 cm in length and weighs 10 kg. It is equipped with an
avtomatic loading mechanism, similar to that illustrated in Fig. 4, that will
t.- activated above some threshold torque value or initial preload level. The
initial preload level can be set anywhere from nearly C to 100 percent of the
full rated torque. High initial preload values will increase roller normal
loads and, in turn, increase the initial torsional stiffness according to
equation (1). However, some increase in breakaway torque will also occur.
The initial preloaa setting for optimal response will be selected during
system tests.

At the time of this writing, test results are unavailable. However, a
breakdown of predicted drive component stiffhess and compliance values appears
in table II. It can be seen that ti. - planet bearings are the single most
torsionally soft element in the drive system, accounting for more than 33
percent of the total drive compliance. By comparison the combined effect of
all the traction roller contacts themselves contribute only 1lU percent of the
drive's compliance.

129



1RACTION DRIVE PITCH CHANGE MECHANISM

A NASA program was started in the early 1970s to develop technology for an
advanced ticboprop (ATP)} commercial aircraft capable of accommodating up to
150 passergerc at a cruise Mach number between 0.7 and 0.8. Fuel savings for
an ATP aircraft are projected to be on the order of 20 percent for single
rotation (SR) and 30 percent for counter rotation (CR) propeller systems
relative to comparable state-of-the-art turbofan engines without a significant
compromise in engine noise or emissions. A technology area that has been
identified as being critical to the successful development of an ATP aircraft
is a highly reliable, efficient gearbox/pitch change mechanism (PCM) propeller
drive system (ref. 18).

Due to the unusually high power levels (on the order of 10,000 kW) and
large size propellers (on the order of U m in diameter) the blade reaction
torque which must be carried by the PCM is more than an order magnitude larger
than previous turboprop PCM systems. In addition, a goal has been established
to increase the operating reliability of the drive system from today's 4000 to
8000 hour mean time between unscheduled removal (MTBUR) to greater than 20,000
hour MTBUR. Furthermore, the propeller blade angle control system must be
sufficiently precise to synchrophase the clock position of multiple engine
piropellers ard thus minimize the "beating" noise hitting the fuselage. 1In
view of these new and challenging requirements, PCMs which embody advanced
technology features are currently being investigated.

One prcmisiig approach being studied is the electromechanical PCM
illustrate in Fig. 10. This system incorporates a compact, high-reduction
ratio (210:1) hybrid traction drive, powered by an advaunced technology,
electronically commutated, permzrent magnet (PM) synchronous motor. A
similarly constructed PM synchronous alternator which is colocated with the
motor inside the rotating spinner provides the electrical power. This
alternator receives mechanical power across the rotating interface through a
power takecff shaft extending from the main propeller gearbox. Thus, high
maintenance, rotating power transfer devices such as electrical slip rings or
hydraulic fluid transfer seals, in the case of hydraulic actuators, are
eliminaced.

The hybrid traction drive (Fig. 11) couples the high-speed servo motor
(nominally 20,000 rpm at maximum blade slew rates) to the ball screw. The
ball screw, in turn, articulates the individual blades through stiff links,
connected at one end to an eccentric pin at the blade root and at the other
end to the translating ball screw nut. The motor input to the hybrid drive
occurs at the sun roller while the output to the ball screw is taken from the
toolhed output ring gear. The planet carrier frame is grounded to the casing
while the outer ring roller is allowed to freely rotate, serving as a
"containment" ring to react the traction drive rollers' clamping locads.
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Blade Angle Control

An autonomous digital electronic control module, located in the nose of
the spinner for ease of maintenance, commands blade angle position based on
control signal information from the cockpit. This contrel signal data passes
across the rotating interface through a novel fiber optic coupling with
superior noise rejection and data bandwidth characteristics. The drive
mechanisms is actuated only when a change in blade positior is commanded and
then only in a low speed, hunting mode to achieve synchrophasing. Since the
cruise condition occupies the bulk of the mission, the drive system
experiences only intermittent periods of high slew rate when either reverue
pitch or emergency feather operations are commanded. However, the drive
mechanism carries nearly full torque under practically all operating
conditions since it must always react the blades' centrifugal force twisting
moment. In the event of PCM failure this twisting moment would back drive the
blades toward a flat pitch position which, if left unchecked, could lead to a
potentially dangerous overspeed condition. To prevent this situation from
occurring, an independently driven pitchlock screw mechanism which tracks the
position of the ball screw nut has been incorporated into the system. 1In the
event of any mechanical or electrical component failure downstream of the ball
screw, the pitchlock will lock the propeller blades within 1° to 2° of
their last position and allow engine operation in a "fixed prop" mode without
any danger of overspeeding.

Hybrid Traction Drive

The traction drive was selected for this application fcr several reasons.
Its high ratio capabilities in a compact "pancake" package enables it to be
conveniently installed as a module near the nose of the spinner for easc of
maintenance and/or replacement with the engine still on the wing. Because of
its rolling nature, the roller drive has the ability to handle intermittent
bursts of input speeds to 20,000 rpm without the need for liquid lubricaticn
cooling. The uait car be conveniently packed with synthetic "traction™ grease
(formulated grease with a high coefficient of friction) and then "sealed for
life."

The traction drive's low mechanical hysteresis and high torsional
stiffmess increases blade positioning resolution. While gear type
differential speed reducers can be designed to achieve the same 210:1 ratio in
a single stage, their expected efficiencies in the neighborhood of 80 percent
are decidedly inferior to the mid-90 percent range expected for the hybrid
traction drive. With the proposed friction, low inertia mechanism coupled to
a high resolution digital controller, blade position accuracies of better than
3 arc min of a degree are projected for the system (ref. 18). Although the
level of precision necessary to achieve multiengine synchrophasing has yet to
be established, the PCM described here should be significantly more accurate
than the current industry standard of about +5° on blade clock position.
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SUMMARY

Adjustable speed traction drives have been in commercial service for .ore
than 50 years, performing a speed regulation function for a widc¢ range of
industrial machinery. Speed regulaticn accuracies typically range from +1
percent with open loop control to about +0.1 percent with feedback control or
with open loop control when the loads are relatively constant.

Despite their smooth torque transfer characteristics, low rolling friction
and undetectable backlash, traction actuators have nct been wideiy applied to
aerospace servomechanisms. One notable exception are the constant speed
generator drives that have been in service on several commercial and military
aircraft. Also "pinched" roller drive systems similar to those commonly used
in printing and paper handling machinery have been incorporated in some
spacecraft deployment mechanisms.

In this paper, reference is made to the traction-creep characteristics,
lubrication principles, material considerations and fatigue life sizing
relationships associated with traction drives. The low sliding nature of a
traction contact lends itself to the applicatizu of solid film lubricants and
to the use of soft metal coatings and self-lubricating polymers. Certain
classes of thermoplastics, such as polyimides and polyamide~imides have low
wear, high traction characteristics and can sustain very high loads without
failure. Although several of these polymers have been used as structural and
sliding joint materials on spacecraft, tueir long term tribological
performance in a space environment needs greater definition.

T.c torsional stiffness characteristics of a traction contact were found,
rrom the method presented, to compare favorably with those of gears,
particularly at the zero torque crossing point. The typical torque-angular
displacement loop of a statically strained traction contacts revealed no
backlash, although a small hysteresis displacement, on the order of arc
seconds, was observed. High stiffhess and the absence cof backlash are
important tc certain "hunting" type positioning mechanisms, sucn as CMG
actuators. In this regard, "roller-gear®” CMG drives where traction rollers
share the load in parallel with gears have shown excellent performance. A
current investigation with a pure traction roller CMG drive suggests that
overall system stiffness is primarily dictated by the planet support bearings
and structure. The traction contacts themselves have a relatively minor
contribution.

Finally, 2 conceptual design is provided of an electromechanical propeller
pitch chang. mechanism which incorpoirates a hybrid traction drive. This
system, proposed for an advanced turboprop commercial aircraft, contains
advanced electric motor and fiber optic control technology. Projected blade
positicning accuracias of three arc minutes of a degree should be sufficiently
precise to achieve low noise synchrophasing of multiengine propeller blades.
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TABLE 1. - EXPENIMENTAL TRACTION CAPACITY LIMITS OF THERMOPLASTIC ROLLERS
AGAINST STEEL ROLLERS AT AMBIENT CONDITIONS (50 mm diameter
cylindrical rollers from 3 to 20 mm)

Steady stated f
thermal fatlyre load
Himit,
N/mm
Materia) description Rolltng | 2 to 3 Steady stated Typical rarge
percent peak trans of traction
311ding mitted power, | coefficient
kW at siip
Polyamide-imide restin FaL) 220 (N} 0.25-0.35
(unfililed Torlon)
Phenolic w/cotton fibers 13 [ 11 2.2 3. 0
Polyamide- imide w/graphite 145 .- --- 18- .28
and PIFE (fV1led Torlon)
Exxruded Polyamide 6/ » .- - 15- .4
(Wylon 6/6)
Mold-Polymerized Polysside » - .- 18- .28 |
(Monocast Nylon)
Aceta) Copolymer 3 . .- - .2AJ

e fatlure odzer ed during 30 minute test period at 10 m/s rolling speed.
Capacity 1imits are greater at rolling speeds less than 10 m/s.

Dpower transmitted by 5 mm wide rollers for & minimum of 10 2inytes at 20 a/s
relling speed.
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TABLE I1. - THEORETICAL STIFFNESS OF A 16:1 RATIO CMG TRACTION
DRIVE AT ZERO TORQUE AND 25 PERCENT INITIAL
PRELOAD - MEASURED AT OUTPUT

Element - Stiffness, B Compltance, Percent of
108 ft- 5/rad [10-5 rad/ft-1b | total
compliance
e 7*—_Tf~ t +
Planet bearings 2 35 i 0.42¢6 33
(cyldndrical roller) | | : |
Input shaft, spitie, 452 221 17 '
i and torque !nader \
1
{ I
Spider cage (guided 512 i 195 ) 19 i
end condition) ! |
A1l traction contacts 5 4 ! 184 AT
(u = 0.1) E I
] 1
Roller support housing 6.54 ! 153 l 12
(aluminrum) i i J‘
I .
Outer housing "10.5 : .095 | 7
(aluminum} | I |
\ 1 i
OQutput shaft 29.8 i .034 I 2
— L
i . |
Totali___~ ] 777760 1 1 308 | 100

— Sun roller (con*ans
loading mechanismi

j o O _ —firstrowo
. ’ planet rotlers
. ) 'a , \‘

a >

Pinior attached to
second row roliers -\

Ring rofler tacts (
as bearing ring -/

NASA Loivin Resasreh Comter

e e RO B FE R

figure 1. - 500 HP hybrid traction helicopter transmission.
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Figure 2, - Typical adjustable speed traction drive
geometries,
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Figure 4 - Typical traction drive torque sensitive loading
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Figure 7. - Comparison of predicted and measured traction contact hysteresis and
stiffness of 39,5 mm steel ball against a ‘lat under a 61. 8 N static load from data
of ref, 14; = .51
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Figure 8. - Contro! moment gyro roller gear drive.
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higure 9, - Traction rolier controt moment gyro drive having 1on-piated
gold rollers.
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Figure 12 - Conceptual design oi an advanced turboprop propeller pitch change mechanism
which ixcorporates a hybrid traction drive,
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Figure 11, - 210 to 1 ratio, hybrid traction drive geometry.
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THE PROPFRTTES OF THIN-SECTION, FOUR-POINT-COMNTACT
BALL BEARINGS IN SPACE

Robert A. Rowntree®

ABSTRACT

Thin-section, four-point-contact ball bearings are increasingly employed
in spacecraft mechanisms because of the potential advantages they offer.
However little was previously known of their torque, thermal conductance and
stif fness properties at conditions anticipated for their use ir space. This
paper describes an investigation of these properties.

It hras been fsund that frictional (Coulomb) torque, thermal conductance
and stiffness all show marked dependence on the bearing preload, the housing
design, the bearing external fit (i.e., free fit or interference) and on the
thermal gradient across the races. Optimum bearing performance is achieved
only if these properties are well understood. This paper sets out to provide
the necessary data.

INTRODUCTION

The ideal of an ideal bearing for any application is usually only a
designer's dream. Thin-section, four-point-contact, rolling-element,
bearings have been shown to offer a near~ideal solution for some of the novel
demands of spacecraft mechanisms. Since one bearing does the work of two,
the prime advantages of low weight, small cross section and high stiffness
can be utilised to simplify design. With the recognition of these unique
properties, thin-section, four-point-contact ball bearings are now employed
in many satellite systems and in Europe these include the Olympus and
Eurostar series of communication satellites. Brunnen & Bentall (Ref. 1)
describe the novel swash plate design of an antenna pointing mechanism (APM)
utilizing four-point-contact ball bearings.

To ensure the success of such ball bearings, a knowledge of the bearing
properties in space i1s required. Of major relevance to mechanism designers
is bearing stiffness, frictional (Coulomb) torque and thermal conductance.
Experimental and theoretical studies have been performed at the European
Space Tribology Laboratory (ESTL) to provide this data (Refs. 2-5). A range
of parameters has been examined including the influence of load, preload,
fit, thermal gradient, lubricant, and cage type. Studies have concentrated
on bearings installed with external diametral clearance and held in-situ with
clamp rings, since this permits easy assembly and disassembly in experimental
work and also proves to be more convenient than interference fitting in
practice.

*European Space Tribology Laboratory, UKAEA, Risley, Warrington, England
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BEARING SPECIFICATIONS

Details of the bearings used in these tests are given in Table 1.
Bearing size and range o1 internal diametral prelozds (designated A, K or M)
were chosen to be similar to those used in the Olympus APM (Ref. 1).
Diametral preload is defined as the sum of the interferences in the radial
direction between ball and races (i.e., the sum of the normal Hertzian
approach between ball and races). In this type of bearing, the groove in
each race has two radii whose centres are offset by equal amounts from the
plane of the ball centres. This construction gives the bearing a "Gothic
Arch" configuration making possible four-point contacts between a ball and
the raceways.

Table 1 Bearing details.

Kaydon Bearing No. KAQT0XP2
External diameter 190.5mm
Internal diameter 177.8mm
Width 6.35mm

0-12.7 m clearance (Brg. A)
0-12.7 m preload (Brg. K)
" " " " 12.7-25.4 m preload (Brg. M)

Bearing internal fits (nominal)
" " 1" "

No. of balls 87

Cage Snap over crown in brass, nyvlon
or spring separators

Contact angle 30 degrees

Bearing steel AIST 52100

Precision Class 6 (equivalent to ABEC 7

in run-out tolerances)

MEASUREMENT OF STIFFNESS AT LOW LOADS
Stiffness Rig

The ESTL stiffress rig is illustrated in cross-section in Figure 1. The
bearing was located against a machined shoulder on both the inner and outer
housings and was held in place by clamp rings. The axial clamping force on
the bearing could be varied by the torque imparted to the 24 X M3 clamping
bolts on each clamp ring. Figure 2 shows, in more detail, the configuration
of the clamp rings in relation to the bearing and housings. Bearing
deflections were measured by two, diametrically opposite, contacting
displacement transducer probes which were rigidly clamped via a support arm
to the outer housing. Bending moment was applied using the pulley and weight
system attached to the central rod. Axial load was varied by the addition of
welights to the inner housing.
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Structural Deflections in the Rig

From the limited information available, very small axial and moment
deflections were to be expected. To ensure any additional deflections did
not arise from the stiffness rig itself (despite its massive structure), a
solid stainless steel ring of nominally ™nfinite" stiffness was manufactured
and substituted for the bearing. Only minor deflections were measured
arising from the rig; where necessary the experimental results have been
corrected.

BEARING STIFFNESS RESULTS

Effect of bearing Internal Fit on Moment Compliance (constant axial clamp)

The influence of bending moment on the moment deflections of the three
bearings, with differing internal fits (diametral preload), 1s showr 1in
Figure 3, at a clamp ring bolt torque of 0.8 Nm. This, arbitrarily chosen,
bolt torque is equivalent (assuming dry bolt threads and standard cap head
bolts) to an axial clamping force per bearing race of approximately u48 N/mm.
The bearing movement is such that a moment load in the direction of probe A
(see Figure 1) produces a negative deflection at that probe and a positive
deflection at probe B. Moment loading towards B produces the reverse
deflections. For clarity the results obtained from probe A have been omitted
from Figure 3.

The effect of increasing the bearing internal preload is, as expected, to
decrease the moment deflection at a given moment load. By imposing higher
race deformation (at the four-point contacts) a larger bending moment 1is
required to produce the same moment deflection. The slopes of the lines of
Figure 3, defined as the moment compliance with units of Rad/Nm, have been
calculated by linear regression and are presented in Table 2. This table is
specific to the axial clamping force imparted by a bolt torque of 0.8 Nm.
For comparison the moment compliance derived from information in the bearing
manufacturer's catalogue (Kef. 10) is included in Table 2. Although the
internal preload is not specified in the catalogue, there is good agreement
with the values of moment compliance.

Table 2 Moment compliance as a function of original bearing internal fit
(clamp ring bolt torque 0.8 Nm).

Bearing Moment Compliance (Rad/Nm)

Experimental Manufacturer's estimate
(internal fit not specified)

A (0~12.5 m clearance) 1.62 X
K (0-12.5 m preload) 1.27 X 10-6 2 x 10-6
M (12.5-25 m preload) 0.85 X
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The Effect of Axial Clamping Force on Moment Compliance

The pronounced effect of the bolt clamping torgue (which is proportional
to the axial clamping force) on the moment compliance of the three bearings,
is illustrated in Figure 4. Increasing the axial clamping force reduces the
moment compliance of the bearings. The range of moment compliance values
from all the bearings studied can be encompassed usifig bearing A (0-12.5 m
clearance) solely by adjusting the clamp ring bolt torqgue. At higher clamp
ring bolt torques ( 2 Nm), it was not possible to differentiate between the
moment compliance of the three bearings, as the deflections were so low
( 0.1 m) that experimental error predominated.

The effect of increasing the axial clamping force 1is to bend the
Gothic~Arched-shaped races and impose additional Hert.ian deformation at the
four-point contacts. Thus moment compliance will be correspondingly
reduced. This result demonstrates the sensitivity of thic type of bearing to
tending of the rings induced by clamping forces.

A notable feature of Figure 3 is that bearing A (0-12.5 m internal
clearance, prior to fitting) responds to moment loads in a similar manner to
the internally preloaded vearings; i.e., as the moment load was varied there
was no evidence of play or clearance in the resulting moment deflections.
Only when the clamp ring bolt torque was reduced to 0.2 Nm was hysteresis and
non~linearity, due to ring movement and a highly variable ball complement,
exhibited in its moment deflections (Figure 5). The implication of this
result is that poor locational accuracy and low stiffness can be avoided by
judicious use of axial ring clamping (without the need for interference
fitting).

Effect of Bearing Internal Fit on Axial Compliance (constant axial clamp)

Table 3 summarises the effect of the bearing internal fit on the axial
compliance of the three bearings studied (at a clamp ring bolt torque of
0.8 Nm). At axial loads of up to 200 N, there was a linear relationship
between load and axial deflection; as expected, increasing the bearing
preload reduces the bearing axial compliance. Fair correlation is obtained
with the axial compliance deduced from the bearing manufacturer's catalogue.

Table 3 Axial compliance as a function of original bearing internal fit
(clamp ring bolt torque 0.8 Nm).

Bearing Axial Compliance (m/N)

Experimental Manufacturer's estimate
(internal fit not specified)

A (0-12.5 m clearance) 7.25 X1
K (0-12.5 m preload) 5.81 X 10-9 8 x 10-9
M (12.5-25 m preload) 4,04 X1




fect of Axial Clamping Force on Axial Compliance

The marked influence of axial clamping force on the axial compliance of
bearing A {(0-12.5 m clearance) is summarised in Table U4, for three bolt
torque settings (0.2, 0.8, and 1.86 Nm). At a given axial clamping force
there was a linear relationship hetween axial deflection and load.

Table 4 Axial compliance as a function of axial clamping force (clamp ring
bolt torque). Bearing A (0-12.5 m clearance).

Clamp ring

bolt torque Axial Compliance (m/N)
T.¢ Nm 3.0 X 10-°

0.8 Nm 7.25 X 10~7

1.86 Nm 1.56 X 10-9

MEASUREMENT OF TORQUE AND RADIAL THERMAL CONDUCTANCE

Heat Transfer Rig

Figure 6 is a schematic drawing of the rig. Its design was based on an
existing bearing heat transfer rig at ESTL (manufactured by the Dutch
National Lucht en Ruimtervaart Laboratorium (Ref. 6)). The bearing was
mounted between the inner housing and heat flux meter (HFM), locating against
shoulders therecon. The bearing housings and seatings were manufactured to
ABEC 9 standard. The bearing was held in place by inner and outer clawmp
ring ., whose clamping force could be varied by th: torque applied to the M3
clamp ring bolts (24 per clamp ring). The configuration of the clamp rings
in relation to the bearing, housing and HFM is as shown in Figure 2. Four
radial groups of copper/constantan thermocouples were located at 90-degree
intervals around the HFM. Per grouping, two thermocouples measured the inner
(Ty) and outer (Tp) bearing race temperatures and two thermocounles
measured the temperature difference across the HFM (T;' and Tgy'). The
thermocouples measuring Ty and Ty were positioned such that they were in
contact with the surfaces of the bearing races. Under isothermal conditions
and with a stationary bearing in vacuum, the thermocouples all showed the
same reading on a digital voltmeter (LVvM) to within 1 V (1/40%C). Radiant
heat loss from the bearing and HFM was prevented by multiple superinsulation
shields. The inner housing, HFM and clamp rings were manufactured from
FV 520B, which has the same coefficient of thermal expansion as AISI 52100,
thus ensuring tre iscexpansive nature of the rig with respect to the bearing.

The bearing was rotated using an externally controlled motor via a
ferrofluidic vacuum feedthrough. Bearing torque was sensed by a strain gauge
torque transducer, the output of which was displayed on a potentiometric pen
recorder and on a programmable digital voltmeter.
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Basis of Method

Heat is made to flow radially across the HFM whose conductance, K, 1is
known. The same heat flows across the test bearing in "series" with the
HFM. The inner ring of the bearing and outer circumference of the HFM are
held at constant (adjustable) temperatures by thermostatically controlled
fluids. Thus, from the average temperatures at the four positions, the
measured radial temperature difference across the HFM (To'-T1') signifies
a known heat flow rate, and a measure of the temperature across the bearing
(To-T1) yields the bearing conductance, C:

C = K (Tg'-Ty")/(Tg-Tp)

Bearing Test Lubricants

Three space-approved lubricants were used in the torque and conductance
tests, two oils and one grease. Their descriptions are given in Table 5.

Table 5 Details of Test Lubricants.

Lubricant Manufacturer Description Viscosity Thermal
at 20°C Conductivity
Fomblin Montedison Fluorinated 240cS 0.084W/m°C
225 oil
BP110 British Mireral oil 350¢S 0.0153W/m°C
Petroleum Refined to
give low
vapour
pressure
Brayccle Brayco 01l Based on 225 - 0.084W/meC
3L-38RP Company with polymer
grease thickening
agent (PTFE)

BEARING TORQUE AND CONDUCTANCE RESULTS

Unless otherwise indicated, conductance values were measured with the
bearing stationary and the torque was measured at a rotational speed of
1 RPM, 1i.e., >slow enough to make any speed-dependent torque effects
negligible. Pressure in the vacuum chamber was maintained at 1073 torr
to ensure no convective heat transfer between bearing and environment.
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Thermal Gradient

Figure 7 illustrates the marked influence of  tuermal gradient
(To-T1), defined as the temperature dif” -ence between the outer and
inner bearing race, on the torque and heat t nsfer of bearing & (0-12.5 m
clearance). The clamp ring bolts were tightened to 0.8 Nm and this has
resulted in preloading the bearing, despite its nominal internal clearance,
due to bending of the rings. Conductance is observed to rise linearly with
increasing thermal preload (i.e., as Ty 1is made hotter than Top) whereas
the increase in tcrque is almost a square law relation.

The results shown in Figure 7 imply that, in this particular case, the
outer race needs to be about 10°C warmer than the inner race befare the
induced preload 1is apparently relieved, 1i.e., wher the torque and
conductance reach their minimum values. However, as will be sh-wn later,
other factors can influence the precise determination of this point.

Internal Preload and Devleopment of Internal Clearance

The 1influence of internal preload on the mean conductance across
degreased and unlubricated four-point-contact ball bearings 1is shown 1in
Figure 8, plotted as a function of thermal gradient. All the bearings have a
similar minimum conductance value of 0.08 W/°C; this corresponds to the
development of internal clearance in the bearir « The effect of increasing
the internal preload is to raise the thermal cir-uctance at a given thermal
preload. It may be noted that at amblent conditions (Tp-Ty=0°C) all
bearings are internally preloaded at a ~iamp ring bolt torque of 0.5 Nm.

As the bearings were not rotated without the presence of 1lubricant
(because of the risk of damage), torque measurements on the influence of
preload were taken with the addition of 1 1 of 225 (Figure 9). Increasing
the internal preload causes a corresponding increase in the mean bearing
torque. Analysis of Figures 8 and 9 reveals that the frictional torque and
"dry" conductance reach a minimum (or steady value) at approximately the same
thermal gradient.

Axial Clamping Force

Figures 10 and 11 summarise the influence of the axial clamping force on
the torque and conductance of bearing A (0-12.5 m clearance). Increasing
the axial force and imposing additional Hertzian deformation at the
four-point contacts would be expected to raise bearing conuuctance and
torque, a result which is demonstrated in Figures 10 and 1i. As in the
compliance studies, the effect of increasing the internal preload is to
reduce the sensitivity of bearing torque and conductance tc the axial
clamping force (Ref. 4).
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Eomblin 4¢% Uil Addition

The influence of Fomblin 225 lubricant gquantity on the torque and
conductance of btearing A (0-12.5 m clearance) is 1llustrated in
Figures 12 and 13. There is no effect of lubricant quantity (1 1) on
torque at 1 RPM <(~oniirming the absence, under these conditions, of a
speed-dependent or viscous torque component). At higher rotational speeds
( 25 RPM) the viscous torque component becomes predominant and the quantity
of lubricant can then influence the torque. Thermal conductance increases in
a rnonlinear manner with o0il quantity. From Figure 13 it may be concluded
that 200 1 of oil 1is 1lubricant quantity. Smaller angular contact bearings
exhiblt a similar relationship with lubrication quantity (Ref. 7).

Comparison of BP110 0il With Fomblin 225

As with Fomblin 7225, the addition TF BP110 lubricant had no influence on
bearing torque (at 1 RPM) and gave results identical to those for Fomblin
225. In previous work (Ref. 8) the boundary friction coefficiesnts of BP110
and Fomblin Z2% oils between steel surfaces have been demonstrated to be
similar (0.13 and 0.12, respectively).

Table 6 shows, under isothermal conditions, the relative influence of
Fomblin 225 and bBP110 lubrication on bearing conductance (BPil0 has a thermal
conductivity which is approximately twice that of Fomblin 225). These values
have been normalised tc indicate the contribution from the oil only (i.e,
minus dry component).

Table 6 Influence of oil type on oil :sonductance component

01l Quantity Normalised conductance (W/°C)
125 BP110
Dry ] 0
10 1 0.3 0.35
301 0.37 0.51
500 1 0.5 0.97
148
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Inspection of Table 6 reveals that for "flooded" lubrication (500 1) the
eonductance with BP110 is indeed close to twice that shown with Fomblin 225.
For small additicns, however, the extra conductance with BP110 is small.
Stevens and Todd (Ref. 7) have shown with smaller angular contact bearings
that at low lubricant additions bearing conductance is proportional to the
Hertzian contact area, while at large lubricant additions the majority of the
heat flows through the oil meniscus at the ball/race contact and thus
conductance is related to the oil conductivity. The present results with
thin~section bearings are in close agreement.

Grease Lubrication

Figure 14 illustrates the effect of grease 1lubrication on bearing A
(0-12.5 m clearance). The bearing was approximately one-third filled with
grease and then rotated for several revolutions to ensure an even
distribution. As Hraycote 3L-38RP grease is based on Fomblin 2725 oil,
bearing torque and conductance may be expected to correspond to the flooded
Fomblin Z25 o0il values. In fact slightly higher torque and conductance
values were obtained ror grease lubrication. The small difference in torque
is attributable to grease churning losses and the action of the polymer
thickening agent, while the increased conductance probably arises from the

grease between cage and races, i.e, bridging the conductance path of the
ball/race contacts.

Cage_Type
The effect of the following cages types was studied:

(1) Standard brass formed ring, "snap-over" type
(ii) Nylon segmented "snap-over" type
(1ii) Helical coil springs

Only minor difference in bearing torque were found (Figure 15), where
spring separators tended to give higher torques when the bearing was
subjected to negative temperature gradients. Whilst the insensitivity of
mean torque to cage type implies that, at a rotational speed of 1 RPM no
significant cage "hang up" occurs, even with the solid (loose pocketed) brass
cage, it should be ncte¢ that the precision of the bearing and housings is
also crucial. A lower precision of bearing or housing could tend to promote
cage "hang-up". Bearing conductance was found to be independent of cage type.
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DISCUSSION

It is apparent from the results that the stiffness, radial conductance
and frictional (Coulomb) tornue of large-diameter, thin-section, four-point-
contact ball bearings involve the interaction of several variables and as
such a rigorous theoretical analysis 1is not feasible. However, the
relationships between stiffness, torque and conductance with internal preload
and thermal gradient, for preloaded bearings. have been shown to be in broad
agreement with those predicted with reasonable assumptions from theory
(Ref. 9). The chief uncertainty in the theory is in the number of rolling
elements effectively loaded. Utlearly for such large bearings with thin,
deformable rings the effective ball complement will vary greatly with the
load applied and with the probability distribution of the ball to race
interference. In the absence of such data, theoretical predictions must be
rather imprecise.

An important practical coreideration for those bearings is in the manner
of the installation employed. Provided that the "unfitted™ internal preload
is accurately known and that one has a precise knowledge of the amount of
interference being applied, then it can be argued that interference fitting
is desirable (assuming also that a later dismantling is not contempiaced).
However, in the case of the test bearings, the wide tolerance bands of
internal diametral fit (Ref. 10) mean that there would be considerable
uncertainty in the start point and, therefore, in the ball load and dry
torque after interference fitting. For example, the effect of a 10- m
diametral interference on bearing fitting was found to increase the mean
torque by a factor of 4. The characteristies of thin-section bearings also
change, the bearing becoming more sensitive to thermal gradierts, etc. Axial
clamping of four-point-contact bearing rings, which are clearance fits, has a
similar effect to fitting with interference, but it is possible then to vary
the ball load and torque to match the requirements more exactly.

For most uses, the optimum mounting method would combine the use of
external diametral clearance for each of bearing fitting (and removal) with
allow axial clamp. Such a value of axial clamp would minimise ring bending,
but would be sufficient to ensure that the bearirg cannot physically move in
it3 housing. Suitable clamp ring design can reduce the dependence of the
bearing on the axial clamping force. It is recommended that the bearing
torque or deflection be measured after installation, from which the effective
internal preload can be inferred.

CONCLUSIONS

Measurenents of the frictional (Coulomb) torque, radial thermal
conductance and stiffness of thin-section, four-point-contact, ball bearings
have shown the following:

a. Internal preload, housing design and external axial clamping force on the

bearing rings all have a strong influence upon torque, conductance and
stiffness.
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b. The thermal conductance of a dry or marginally lubricated bearing depends
only upon the thermal strain and varies linearly with radial temperature
difference between the rings. Additionally, conductance is a function of
type and quantity of lubricant.

¢. The Coulomb torque exhibits an almost square law relation with thermal
strain.
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THE DESIGN AND DEVELOPMENT OF A SFACECRAFT APPENDAGE TIE DOWN MECHANISM

Wiliiam D. Nygren and Raymond Head*

ABSTRACT

This paper describes the design and evolution of a spacecraft Appendage
Tie Down Mechanism (ATDM), with particular emphasis on the mechanical aspects
of using dry lubricants to increase .he efficiency of a-me threads and worm
gearing.

ATDM - DESCRIPTION

The ATDM consists of five major components as shown in Figure 1 and iu
cross section (Fig. 2). These are (1) a DC torque motor, (2) a worm gear
speed reducer, (3) the tension bolt (or T-bolt), (4) nut capture and centering
jaws and (5) the capture nut. In addition, there are several minor components
such as limit switch assemblies and an anti-backdrive mechanism which couples
the drive motor to the worm shaft.

ATDM - OPERATION

The operational sequence is as follows: First the DC torque motor drives
the T-bolt through the worm gear speed reducer with a ratio of 58 to 1. The
worm gear hub is splined, allowing T-bolt axial advancement while the worm
gear rotates. The center section of the T-bolt is a ball screw which advances
the T-bolt through its fixed ball nut at a rate of 0$.508 em {(0.200 in.) per
revolution. The next step is the capture and centering of the nut assembly
(see Fig. 4). As the T-bolt advances, it drives the two capture jaws to swing
closed. This forces the nut to the proper position to allow the acme threads
on the tip of the T-bolt to engage the nut threads.

The capture nut is free to move axially in iis housing against two ets of
springs. The first is a "soft" stack of wave washers which allows the T-bolt
to fully engage the nut under low thread loading. The second stack is made up
of Belleville washers which start compressing only after the soft stack spring
has completed its stroke. The BRelleville springs reach an axial force of
22 678 N (5100 1b) during one revolution of the T-bolt. The mechanism is then
shut off by 1limit switches on the nut housing, which monitor nut spring
travel, Figure 3 shows the limit-switch mounting on the nut assembly.

The actual loading or tensioning of the T-bolt by tr- nut is accomplished
by the difference in the leads of the ball screw thread and the acme capture
thread on the forward end of the T-bolt. The lead of the ball screw is

®Martin Marietta Aerospace, Denver, Colorado
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0.508 cm/rev (0.200 in/rev) while that of the 1.905 cm (0.750 in.) double-lead
acme screw is 0.846 cm/rev (0.333 in./rev). The T-bolt always advances out of
the mechanism at a rate of 0.508 cm/rev (0.20C in./rev); however, after the
acme thread engages the capture nut, the nut advances relative to the bolt at
a rate of 0.846 cm/rev (0.333 in./rev). Thus the net compression of the nut
springs is 0.338 cm (0.133 in.) per revolution of the T-bolt.

DESIGN EVOLUTION

As system requirements were refined, the preload that the ATDM was
supposed to develop was substantially increased. The original preload was
defined to be 7115 N (1500 1b) maximum. After the first development unit was
built, this figure was increased to approximately 13 344 N (3000 1lb), and
finally to 22 678 N (5100 1b). This tripling of output force req.ired that
most attention be focused on mechanical efficiency as the electrical power to
drive the mechanism was "fixed" as was the time available for the entire
operation to take place. The increased capability of the mechanism was
required to take placc within the original physical! envelope.

To provide this increased capability, the following improvements were
made. First, the gear ratio was changed from 50-1 to its present value of
58-1. No further increase was allowable because of gear tooth strength
considerations and 9ize and time limitations. The next step was to change
from a V-thread to the present ball screw for the driver thread. This was a

major improvement; the apparent coefficient of friction dropped from 0.18 to
0.007.

Although this was a major improvement, a 1l..% torque margin under
worst-case conditions of voltage, temperature, and motor K{ torque constant
had yet to be demonstrated.

The original development unit had used wet lubricant (Braycote 3L-38RP)
for surfaces, and it was calculated during testing that the efficiencies of
these two componente were around the 30% range because of a coefficient of
friction of approxinately 0.2 at the mating surfaces. Since the mechanism
efficiency was basically the product of the gear box and acme screw
efficiencies, the overall mechanism efficiency was only about 10%. A dezision
was therefore made to switch to a dry lubricant such as molydisulfide for
these silding s rfaces of the ATDM the worm/worm gear and the acme capture
th;eads.

The dry lubricant recommended by Materials Engineering was LUBECO 905 as
Martin Maretta Co. (MMC) has previously obtained good results with it. After
successful application of LUBECO 905, the observed coefficient of friction was

«1 or lower at both worm/worm gear interface and at the acme bolt/nut
interface in a vacuum environment, this value was seen to futher decrease to
the point where efficiencies above 60% were obtained for the individual
components, approximately a four-fold increase for the overall mechanism.

168



£ SN

P v W

DRY-LUBRICANT DIFFICULTIES

When the mechanism was first lubricated with LUBECO 905 and reassembled,
it failed almost immediately during testing. This caused carefull reanalysis
of the use of dry-film lubricants. Based on the calculated contact stress und
wear 1life required to survive testing, the 1lubricant should have been
successful. However, upon further investigation, the following important
facts were learned.

0 No matter how well made a-d aligned they are, a worm and worm gear
must go through a wear-in .riod before a true line contact area is
establiched across the face of each gear tocth.

o] In a similar fashion, male and female screw threads must also be
mated together by a wear-in period before true area contact is
established to support the ioad.

o) A1l sharp corners must be removed around each worm and gear tooth,
and on all corners of both the male and female acme thread. In
particul~~ this must te done at any partial threads which spiral from
minor to major dia meters (or vice-versa) such as occurs at the
beginning and ending of both the male and the female threads.

o After the proper contact areas are established, the mating parts
should be burnished together, starting with low loads and working up
to the full flight loads in gradual steps.

LAPPING

To facilitate a rapid wear-in of the worm/worm gear and T-bolt/nut of the
ATDM, the decision was made to 1lan the mating surfaces together with a
grinding compound. Since it is desired to force one surface to conform tc the
other, both the worm and the T-bolt acme thread were hardened by nitriding
prior to starting the lapping process. These suriaces were chosen for the
following reasons. It was felt that the T-bolts contov- could be more
accurately manufactured and dimensionally verified than could its mating nut.
The worm was choscn for hardening because it has basically one tooth, which
must wear in each tooth of the worm gear to match it exactly. (Thus the wornm
gets 58 times the wear that any particular worm gear tooth gets during
lapping).

After nitriding was completed, the worm/worm gears were sczrialized along
with treir housing to be maintained as a matched set. The gear box was then
reassembled. 1The output shaft was attached to a brake which could apnly 1.13
N-m (10 in.-1b) of drag. The worm and worm gear were then coated with a
3.0-grit Clover grinding compound, and the worm was driven at 2CC rpm until
the desired wear pattern was established across the face of each tooth.
Finally, the 320-grit compound was replaced with a 600-grit compound to leave
a 16-# to 32-rms surface finish for the application of the LUBECO 9GS5.
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In a similar manner, the T-bolt and caging nut were lso- 2d together with
the same compounds under a constant axial load of 22-44 N ‘' 1b), with the
nut fully engaged with the bolt. A special fixture was cesigned for this
purpose (Fig. 5).

BURNISHING

After lapping, the :ritical parts were relubricated with LUBECO 905. The
gear box was then reassembled and reattached to the brake. This time,
however, the load was gradually increased in approximately 14 steps to an
output torque of 40 N-m (360 in-1b). At this point the input torque was
measured to be 0.15 N-m (1.3 ir-1b), giving an efficiency of 49.7% under stall
conditions. (This would furth . improve in vacuum conditions.) Likewise, the
T-bolt and nut were burnished together at gradually increasing axial 1load
levels to a final load of 17 78 7 N (4000 1b). Here the torque required to
rotate the bolt was measured as 33 N-m (291 in-lb), giving an efficiency of
73%. (The bolt required a torque of 12 N-m (105 in-1lb) to keep it from over
hauling). A coefficient of friction of 0.06 in air can be deduced from these
values and the thread geometry.

ANTI-BACK-DRIVE MECHANISM

The success of the dry film lubricant was not completely without a
drawback because it led to a futher complication.

At the 22678 N (5100-1b) preload level, it was found that the acme thread
would back-drive its low coefficient of friction and large helix angle. This
torque was about 17 N-m (150 in-1b) in air and would possibly double under
vacuuw conditions. The conclusion was that the acme thread could overcome the
holding torque produced by the ball nut and so deliver a back-driving torqgue
to the worm gear. Here the low friction coefficient is again harmful as it
allows a normally locking gear ratio to back-drive. This potential for
back-driving is particularly hazardous during the launch and boost phases of a
flight, because the harsh vibration environment increases the likelihood for
back-drivirg, at a time when a loss of ATDM preload would be most dangerous.

Of the many possible solutions to this problem, most either caused an
unacceptable constant loss of motor torque or required electrical power and
control lines which were not available. The solution was to make the coupling
between the drive motor and the worm serve as a ratchet which would allow the
motor drive the worm in eithei direction, but not allow the worm to back-drive
the motor. The operation of this device is shown in Fig. 6.

The mechanism consists of a detent disk attached to the worm shaft, and a
cam disk attached to the motor shaft. These two disks are coupled together by
a pin attached to tu: detent disk, which rides in a slot in the cam disk.
This arrangement allow approximately 60° of relative motion between disks.
There is also a Vlier-type plunger between the disks (not shown), which locks
the disks into the configuration shown in Fig. 6a prior to the start of
operations. The final component is the ratchet dog, which in this caze has a
roller to minimize friction.
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The operation is as follows: First, as the motor starts running (see Fig.
6a), the roller rides on the combined outside diameter of the two disks and is
held in this configuration by the Vlier pin between them. When the mechanism
approaches its desired preload, the transmitted torque becomes large enough to
overcome the Vlier pin, the disks shift to the configuration shown in Fig. 6b,
and the dog starts ratcheting. Next, if the worm attempts to back off, it can
rotate back only until the roller comes against the now "uncovered" detent
(Fig. 6¢c). Finally, when the mechanism, is desired to be uncaged the reversal
of the drive motor causes the cam disk to cam the roller out of the detent,
and the back-out can commence as shown in Fig. 6d.

PRESENT STATUS

A development model of the ATDM in varicus configurations has been under
test for some time. 1In its iatest version, it has successfully completed
thermal vacuum testing, vibration testing, and extended-life testing.
Qualification and flight units are scheduled for testing.
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THE USE OF PERFLUOROETHER LUBRICANTS
IN UNPROTECTED SPACE ENVIRONMENTS

Bryan H. Baxter¥, Barry P. Hall¥
ABSTRACT

This paper describes a series of ball bearing tests in simulated space
environment tc determine durability of perfluorocether lubricants. The
results of the examination of the test bearings for each stage are described
and experimental techniques designed to overcome lubricant degradation are
outlined.

INTRODUCTION

The perfluorocether (PFE) group of lubricants, which is manufactured by a
variety of companies around the world, has unique physical prcperties
suggesting that they would be ideal for space applications.

The available range of products in this class of fluids is very large
indeed and is complicated by the fact that several different manufacturing
routes are used, resulting in different families of product.

To illustrate the physical properties wnich are relevant to space
component lubrication, typical data are presented in Table I for two members
of representative series, designated Z and Y.

These properties have encouraged designers to consider the use of such

lubricants in space mechanisms, and in order to establish design rules and
life data, several research programmes have been initiated.

At the European Space Tribology Laboratory (ESTL) established at the
National Centre for Tribology, Risley, England, considerable research effort
has been expended on studies of lubrication in the space environment,
supported by the European Space Agency (ESA).

Part of this ESTL research programme has involved long terwn studies of
the PFE lubricants, running in test ball bearings under ambient pressures of
10'6 torr or less.

At the Materials Science Croup, in British Aerospace, Stevenage we have
established a small working group which has specialized for several years in
studies of lubrication mechanisms. As a result of this specialization we
have been pleased to assist ESTL and ESA in the studies of test bearings with
the aim of improving the understanding of lubricant degradation studies.

Over the past two to three years, we have beern closely associated with a
series of studies on the PFE lubricants and this paper describes the sequence
of tests involved, the results of examining the test bearings and the
conclusions we have drawn from the data.

% British Aerospace plc. Stevenage England
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LIFE STUDIES WITH Z25 LUBRICATED BALL BEARINGS, RUNNING IN VACUUM

Summary of Tests

In this work, carried out by Mr. K. Stevias at ESTL (1,2), the test
bearings were 42 mm o.d. 10 ball zngular contact. Raceways and balls were in
L40C, and a one-piece fabric reinrorced retainer was fitted.

Four bearings were used in this first test, run as preloaded pairs within
the vacuum chambers (10'6torr), one at 200 rpm and the other at 1400 rpm,
for a total for each pair of 10Y revolutions.

It was observed during this test that the running torque of both bearing
pairs fell steadily, reaching a minimum after 10° revolutions. If the
tests were stopped for 1% minutes, the torque on restarting was found to be
equal to that at the start of the test, but this fell rapidly to the minimum
level within a short time.

Bearing noise increased with this fall in running torque, and bearing
surface temperature also increased slightly as the minimum torque level was

reached.

On completion of the tests it was found that all the bearings were
contaminated with brown/black deposits along each ball track and in the ball
pockets of the phenolic retainers.

Examination of Bearings

The samples submitted were as follows:
1. An inner race washed free of unchanged o0il and contaminant.

2. A sample of contaminant washed free of unchanged 0il using
trichlorotrifluoroethane (F113).

3. A complete test bearing (1400 rpm) with lubricant and lubricant-
degradation products intact.

Preliminary compositional analysis on the contaminant, after washing free
of unchanged oil, had been carried out by ESTL, and the results are shown in

Table II.

These indicated that the deposits from both the 200 and 1400 rpm bearings
were rich in Fe and Cr, both contained a significant level of organic
material and that no significant 'foreign' elements were present.

Microscopic examination of the ball track on the raceway of the washed
inner bearing (sample 1) showed a well defined wear track with surface
pitting. The surface within the wear track carried a very thin, highly
adherent film which could not be removed by repeated washing in solvent.
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The complete bearing (sample 3) was disassembled and examined
microscopically with the lubricant intact on the raceways.

Both inner and outer raceways were heavily contaminated with the black
contaminant which had spread on either side of the ball tracks. At higher
magnification this contaminant which appeared red/brown in transmitted light
was seen to be confined to an immiscible phase separated by clearly visible
boundaries from the colourless transparent Z25 film (Figure 1).

Analysis of Deposits

Because of the particular cherical structure of the PFE lubricants, they
are totally insoluble in common flushing solvents such as toluene or benzene,
chloroform, trichloroerhane, etec, and can only be dissolved in fluorinated
solvents such as chlorotrifluorcethane (Fl113). Therefore, if a sample of
mixed Z25 oil and contaminant was flushed repeatedly with F113, it was found
that all the free 725 could be removed, leaving dense dark solid which was
coupletely insoluble in Freon 113.

Micro infra-red spectroscopy was used as a preliminary method of
characterization of the sample, and the results showed that the material was
free of carbon hydrogen absorption, and had a strong carbon fluorine
absorption. This indicated that the contaminant was derived directly from
the perfluoroether lubricant and was not a 'foreign' product, such as
phenolic polymer constituents of the retainer, or residues of cleaning agents
remaining in the bearing.

Since the contaminant was a non-volatile 'polymeric' material it was
decided to apply pyrolysis gas chromatography mass spectrometry (PGC MS) both
to the sample and the unchanged 7225 oil in an attempt to establish the
structure of both and hence the mechanism of formation of the contaminant.

The technique of PGC MS involves the process of rapid heating of a
polymeric sample within the carrier gas stream of a gas chromatocgraph. This
heating, typically within the range 700 to 900°C, causes thermal "cracking"
of the sample to produce a series of stable compounds of lower molecular
weight and hence of much greater volatility than the parent compound. These
compounds are formed in the carrier gas stream of the chromatograph and are
carried onto the column and separated in the conventional way. By the use of
carefully controlled conditions the products of a given polymer are both
reproducible and characteristic of the parent polymer and the technique finds
widespread use in polymer characterization and identification.

By combining a fast scanning mass spectrometer with the gas
chromatograph, it is possible to obtain the mass spectrum of each component
of the pyrogram as it leaves the gas chromatograph, and thus a rapid
identification of each fragment can be obtained.
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The equipment used for this work at B.Ae Stevenuge was a Finnigan 4021
GC/MS which is coupled to a Digilab Nova 4 computer. This data processor is
used to control the operation of the equipment and also for the
identification of compounds separated chromatographically.

In Figure 2 the PGC MS output obtained by the pyrolysis of unused 225 is
shown. It is presented in the form known as the reconstructed ion
chromatogram (RIC). This is a plot of the ion current at the mass
spectrometer detector as the vertical axis, against the time as the
horizontal axis. The form of the RIC shown in Figure 2 is immediately
recognizable as a Lypical gas chromatcgrraph since it is generated by using
the mass spectrometer as a2 GC detector. As each component of the pyrolysis
leaves the gas chromatograph and enters the mass spectrometer, the ion
current rises, reaching a maximum and then falls as the concentration of the
component decays, thus building up the type of output shown in Figure 2.

Despite the apparent simplicity of the output, each pyrogram RIC carries
an immense amount of information. Typically, using a mass spectrcmeter
scanning rate of 1 Hz, each RIC contains up to 3000 individual mass spectra,
each of which can be recalled from memory, searched against a reference
library of some 30,000 standard compounds and identified.

Examination of the output obtained from the pyrolysis of z25 in Figure 2,
shows that it comprises two .ain parts, a single large component at or near
scan number 43, followed by z 3eries of closely spaced, barely resolved peaks
numbering some 50 components.

Interpretation of the computer identification of the mass spectrum of the
component at scan 43 showed that it was a fluoroalkene, tetrafluoroethene, as
shown by the printout in Table III.

When the computer identification was applied to each of the later
components from scan 150 to scan 1000, a problem was encountered. Each
component when recalled from the computer memory was found to have the same
mass spectrum (Figure 3) such that when a computer identification was run
each gave exactly the same search. Typical printouts are shown in Table IV
from two well separated components, both of which are identified as
chloropentafluorocethane.

This apparent anomaly is resolved if the structure of the oil is
considered. Since it is a polymer, i.e,, a chain of repeating identical
units, then the pyrolytic fragments will each be very similar in structure,
differing only in their chain length. In the mass spectrum each fragment
will ionize to give a relatively small number of ions common to each fragment
and independent of the chain length of the fragment.

Thus in the mass spectrum in Figure 3 it is possible to identify the ions
CFy+ (50), CFy+ (69), C,F,+ (100), C P+ (119), C,F 0 (135) and 02F5.0.0F2+
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The significant information in this s<ries is the pair of ions CoFg+
at a.m.u. 119 and CyFg0+ a.m.u. 135. This ind*:ates that the repeat unit
in the polymer contains two carbons and or. oxygen atom, and thus the polymer
structure is:

(CF2-CF2-0)

This structure satisfies the pyrolytic fragments obtained, i.e., the
first component CoFy, followed by a series of fragments of the polymer
chain. made up of CFp.CF,.0 units.

On applying the pyrolytic technique to the washed contaminant, the output
shown in Figure 4 was obtained. If this is compared with the pyrogram of the
unused oil in Figure 2, it will be seen that only the early compound was
obtained; the system of multiple peaks from about scan number 100 to scan
number 1000, so characteristic of the Z25 oil was only barely detectable,

Computer searching of the early compound gave an identical output to that
obtained from the corresponding component ir the Z25 output, namely
tetrafluorocethene.

Discussion of Analytical Data

The output obtained from the washed contaminant, namely tetrafluoroethene
alone, could only be interpreted as indicating that the "oxygen component"™ of
the polymer had been lost in some way. In simple terms, if the product was a
perfluorohydrocarbon, i.e., CFp - CF, - CFp - CF,, then pyrolysis
would give the result obtained.

As an example of this, the pyrogram of a sample of
polytetrafluorocethylene (Fluon, Teflon, etc.) prepared under identical
conditions to those used on the contaminant is shown in Figure 5. This also
consisted of a single component searching as tetrafluoroethene.

However, a simple model comprising a perfluorohydrocarbon would not
satisfy all the data. For example, the intense color and the very high
content could not be satisfactorily explained.

It is proposed therefore that the contaminant consisted of a product
formed by interaction between the lubricant and the wearing surface of the
bearings. It was further argued that the proposed linear structure of the
oil, i.e.,

0.CF3.CF5.0.CF2.CF

could render the material particularly sensitive to adsorption to a wearing
surface, owing to the unprotected nature of the oxygen atoms in the
structure. Sufficient work was not done on the product to establish whether
this was a true compound, or a compiex formed by the adsorption of the
lubricant onto wear debris, but it appears likely that pyrolysis of such a
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product would result in the release of the tetrafluoroethene, leaving the
oxygen component bound firmly to the inorganic residue remaining after

pyrolysis.

The formation of such a surface film would help to explain the loss of
runrning torque which developed during “the test. This loss of torque could be
explained as being due to loss of the viscous drag component of the total
running torque of the bearing pair, and the development of a surface film on
tne ball track could well cause the loss of the oil film due tc non-wetting
and retraction. On stopping the bearing, slow flow back would occur,
allowing the temporary re-establishment of the hydrodynamic condition, before
oil retraction recurred and the viscous drag component was lost again.

Thus this initial test suggested that under the conditions used, namely
low pressure {(zero oxygen, moisture etc.), the Z25 tesu. lubricant was liable
to form a surface 'reaction' product which would wear away sacrificiilly,
hwuilding up within the bearing as described.

REPEAT (F BEARING TESTS

Introduction

Following the results obtained in the first test, ESTL prepared and ran a
second bearing life test, which was identical in all respects to the first
run, except that the bearings, to the same specification, were obtained from
a different source.

The results wgre quite different. The torque level remained constant

throughout the 10° revolutions of the test, and on disassembly of the test
rig no trace of the black contaminant could be found in the bearings.

Examination of Test Bearing

As before, a single bearing was submitted for examination and analysis. On
disassembly and microscopic examination at lcw power (Figure 6), the oil film
in the raceways was seen to be cloudy. No trace of the black contaminant
could be found, and the ball tracks were smooth and free of any of the
pitting wear seen previously.

At higher magnification (Figure 7) it was revealed that the cloudiness of
the oil film was due to the presence of two immiscible fluids In the
bearings, one in the form of a dispersion of droplets in the second fluid,
thus causing light scattering and the cloudiness observed.

Analysis of Bearing Lubricants

Without the 'target' of the insoluble contaminant found in the first test
bearings, it was obviously necessary to change the method of analysis.
Because of the presence of two mutually insoluble fluids, one of which must
have been the test oil 225, it was almost certain that the second fluid would
be a nonfluorinated material such as an hydrocarbon or diester oil.
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Therefore by tlushing down the bearings with Freon 113 -a which both
components would be soluble, it was possible to concentrate the lubricant 1in
one region of the bearing and obtain a representative sample for PGC MS.

The output obtained is shown in Figure 8. If one compares this output
with that from the unused 225 standard in Figure 2, it can be seen that
although the pyrogram starts with a similar early component, identifiable as
tetrafluoroethene as before, the later portion was quite different. 1In
contrast to the close spaced components of the Z25 pyrogram, the output
obtained showed a different series of well resolved compounds. The computer
search data for three typ.cal samples at scan Nos. 138, 600 and f£Sb, are
shown in Table V, proving unequivocally that hydrocarbon oil was present.
The output in figure 8 also showed the typical pattern of the PFE o0il lying
beneath the strong output from the hydrocarbon.

(Due to the ease of pyrolysis and lower ionization potential cf the
hydrocarbon, PGC MS of a mixture of hydrocarbon tends to result in the
exaggeration of the level of the hydrocarbon components in the mixture).

Discussion of Data from Seccnd Bearing Life Test

The reason for the difference in bearing performance between the first and
second test runs was obvious following the examination of the bearings. The
presence of a second hydrocarbon 0il would have successfully decoupled the
225 from the surface and thus prevented iny disruption of the PFE lubricant.

Normaily when cross contamination of liquid lubricants occurs, the
effects are minimized due to the immiscibility of commonly used systems.
Because hydrocarbons and PFE systems are so completely insoluble, one with
another, each can act indepenaently when present together in a bearing.

Whichever component has the greatest tendency to wet the bearing surface
will be the dominant lubricant in the behaviour of the test bearing.

This result did little to resolve the problem of the apparent sensitivity
of the Z lubricant to active metal surfaces, and in fact could have been seen
as supporting the theory since decoupling by the accidental use of a second
lubricant had completely prevented a recurrence of the degradation.

EXPERIMENTAL METHODS TO VERIFY THEORY
Introduction

Two techniques were investigated to overcome the apparent difficulties
associated with the use of the Z series oil.

Non-metallic Coating on Test Bearing Surfaces

The first was to decouple the lubricant from the wearing metal surface by the
application of non-metallic layers to che bearing surfaces. The system
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chosen by Mr. Stevens at ESTL was to use tungsten carbide balls which nad
been coated with titanium carbide, running against raceways which haa been
coated with zirconium nitride. 1In all other respects the bearings were
exactly as used in the previous test runs

The results cf running the coated bearings in preloadeg pairs at 10-6
torr as before were excellent. A total bearing life of 10% revolutions was
achieved without any change in running torque, and on completion of the test,
no evidence of 0il degradation could be found.

One of the pair of bearings was submitted for analysis as before, and
microscopic examination confirmed that no oil degradation resembling the
original result could be detected. The zirconium nitride layer had been worn
away from the central high load region of bearing raceways, and a low level
of solid debris had been generated as a result. The appearance of the
nitride layer and the worn track are shown in Figure 9, which shows the
junction between the bright, worn ball track and the partially worn nitride
layer. The titanium carbide surface of the balls had not been destroyed.

PGC MS of the very low level of Freon residues gave the output shown in
Figure 10. Owing to the extremely small sample size, the output was poorly
resolved with respect to the PFE fragments which appeared as the ill-defined,
broad peak with a maximum near scan number 800.

The information available from this analysis was improved by performing
ion specific searches on the data. By this means known or suspected
impurities can be identified by feeding in search ions specific to the
unknown. This is demonstrated in Figures 11, and 12, in which the search for
hydrocarbons, mass numbers 41, 43 and 57, in conjunction with the RIC and a
similar search for the PFE fragments, mass numbers 119, 135 and 185, are
shown.

This technique showed nlearly that the sample was composed of a very low
level of Z25 and hydrocarbon oils, at levels insignificant to the result of
the bearing test.

Test of an Oil With Difterent Chemical Structure

The second part of the hypothesis concerning the sensitivity of the Z type of
oil to decomposition in ball bearings was that the particular lirear
structure of the polymer could contribute to the effect.

Other types of perfluoroether lubricant are available, one of which a
member of the Y series; YVAC 40/11 is also recommended for instrument bearing
use. As shown in the table of comparative physical data in Table I, certain
penalties would be incurred in substitution for Z25, such as an increased
viscosity, a higher vapour pressure at a given temperature and a higher pour
point.
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The final ESTL bearing test in this series was identical with the first
test, except that YVAC 40/11 was substituted for the Z25 lubricant.

As before, the test duration was lO8 revolutions at 200 and 1400 rpm,
and both were completed without change in running torque.

A test bearing (200 rpm) was submitted for study and was found to be in
perfect condition, The o0il was unchanged and no wear track was visible ¢n
either raceway. The precise ball track v - only identified on the inner
raceway by the use of a surface topography enhancemeut technique (Nomarski
interferometry), which enables very light surface brinells to be detected
(Figure 13).

GC MS of the unrun lubricant YVAC 40/11 gave the output shown in figure
14, in which only the polymer fragmentation pattern from scan 300 to about
scan 1000 is shown. Comparison of this with the same region in figure 2, the
pyrogram of 225, shows that the YVAC 40/11 gave a more complex pattern.

As before, computer searching of the maas spectra (figure 15) obtained
was unsatisfactory due to the uniformity of successive outputs. However a
manual interpretation allows the structure of the lubricant to be estimated;

e.g., the ions identified were CFy+ (60, C,F 3+0 (97), C,F,+ (100) Cokgt (119,

C3F5+O (147) and C3F7+ (169). The presence of the two ions with \hree carbons
was a very strong indication that the lubricant had the strunture.

CF - CFp - 0

DF3

i.e., a branched chain lubricant in contrast to the linear form of the Z
series.

DISCUSSION AND CONCLUSION:

In the in vacuo testing of bearings lubricated with 22%, the evidence cf
the test results and the post-test examination of bearings point
unequivocally t¢ the fact that the lubricant suffered considerable chemical
decomposit_on which had clearly occurred in the contact regions between ball
and raceway.

The major difficulty is to explain ‘ne cause of the decomposition.

The evidence available at present suggests taat the operating bearings
in-vacuo, i.e., in "zero" oxygen conditions results in the interaction
between the lubricant and the wearing surface. A problem arises in
establishing a detailed mechanism for this surface effect since in the first
ESTL test, both the 200 rpm test bearing (boundary conditions) and the 1400
rpm test bearing (hydrodynamic) appeared to te equally contaminated, when in
fact the boundary condition would be expected to b2 the most severe with
respect to a surface-wear-generated effect. Dospite these limitations, each
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of the subsequent experiments supported the hypothesis that the lubricant was
decompozed by the wearing surfa -, e.g., the accidental contamination of test
vearings with a cecend oil, and the use of nonmetallic surface coatings both
resulted in remarkable improvements 1in lubricant life.

The final experiment using the second, Y series, oil was also consistent
with the surface interaction theory, if the stereo chemistry of the lubricant
could have the effect proposed, although i1n this instance the higher
viscosity lubricant could have a significant effect on film thickness and
stability and covld result in improved lubricant life,

Much more investigation will be necessary before a clear understanding is
available of the complex mechanisms involved ir the tribology of the
perfluorcether lubricants. The test described herein were carried out at low
pressure (10-% torr) and thus the wearing surface would be low in oxy.:n
and thus chemically active. However other work (not reported) has shown that
PFE lubricants can decompose in bearings operating in ambient atmosphere.

This work is also concerned exclusively with PFE lubricants of European
origin; other sources, using d.fferent synthetic methods of manufacture,
could give different results.

At this stage of the work, it appears that bearing surfice modification
with an inert substance, resulting in "decoupling" of the lubricant from the
active wear region of the bearing surfaces, offers the best course to ensuie
maximum lubricant life.
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Table I Typical Physical Properties for a Z and a Y Type Oil

KINEMATIC VISCOSITY VAPOUR PRESSURE POUR POINT VOLATILITY LOSS
OIL TYPE VISCOSITY INDEX mm Hg 200C oC % BY WT. 1490C
Cst 200C ASTM D2270
225 223 348 5 X 1o0-12 -60 0.1
YVAC 490/11 462 2 X 10-11 -32

Table II Composition of Bearing Contaminant

COMPONENT 270 REM 1400 RPM
Fe 20 - 30% 90%
Cr 10% of Fe 10% of Fe
Cl trace 2%
Minor element trace trace
Organic balance balance

[ 2]
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Table ITI CyF4 Computer Library Search

LIBRARY FEARCH DATA: [MMNER & @ SASE n/E: 81

86/11/81 11:126:00 ¢+ 012 CALl: Cid e ) RIC: 434173,

SAMPLE: SAMPLE FROM INNER URSHMED SEVERAL TIFES IN FREOM 113 (ESTL JOB)
o 2-0 2-9 73X1.00

23410 SPECTRA IN LISRARYMS SEARCHED FOR MAXIMUM PURITY
147 MATCHED AT LEAST 4 OF THE 16 LARCEST PEAKS IN THE UNKMOWN

RANK IN NS

1 1437 1-PROPENE.1,1.2,3. 3, 3-HEXAFLUOROD-

2 146 ENENF , TETRAFLUORO-

3 2132 SUTAMAL , HEFTRFLUORO-

4 1410 CYCLOBUTAME, OC TAFLUORO-

S 2199 PROPAMAL , PEATAFLUORO-

6 2031 OCTAMAL , PEMTRDECAFLUORD~

7 2134 5 'TANDICAC 1D, HEP TRFLUORD-

9 2071 QUTRIE, BECAFLUORD-

9 2138 CYCLOPENTANE. NONAFLUORO-

RANK 1 JRMLA fnfurT 8.fM PRITY FIT WFIT
1 C3.P6 158 1 "3 [l =,
2 C2.F4 e o %6 o4 W
3 C4.H.0.F7 198 108 93 [ 244 o3
4 C4.F0 28 18 o nr S12
3 C3.H.C.PF3 14 190 L4 rie 4B
6 C8.M.0.F1S I o7 612 »1
7 Ca.M.02.F7 214 119 4 a4
8 C4.F10 3 ko] 329 2
9 (3.4.PY m e s 93 e
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Table IV Ccmputer Library Search of Two Z25 Pyrolytic Fragments

LIBRARY SEARCH DATA: RES e 289 BASS M/E: 119
26/85/81 13:59:00 + 4: CALI: C18 ¢ | RIC: 25983,
SAMPLE: RESDUE FROM 225 SAMPLE

289 - » 200 - ¢ 298 X1.8¢

25418 SPECTRA IN LIBRARYNE SEARCHED FOR MAXIMUM PURITY
961 MRTCHED AT LEAST 2 OF THE 16 LARGEST PERAKS IN THE UNKNOWN

RANK IN NRME

1 332 ETHANE.CHLOROPENTAFLUORO-

2 333 ETHANE . HEXAFLUORO-

3 3175 BUTANE. 1.1,1.2,3, 2,4, 4, ~NONRFLUORO-2- ( TRIFLUOROME THYL) -

4 3822 DISULFIDE,BIS(PENTAFLUCROE THYL)

5 14885 BENZENEPROPANGICACID, .BETA. . .BETR.-DIMETHYL-, METHYLESTER

6 3821 PENTANE,DODECAFLUORO-

7 2871 BUTANE, DECAFLUORO-

9 2603 BEN2AMIDE, 2-METHYL -

9 24281 BENZAMIDE. 3-METHYL-N-\(PHENYLAMINO) THIOXOME THYL\~

RANK  FORMULA M.UT B.PK  PURITY FIT RFIT
1 C2.CL.FS 154 119 177 761 160
2 C2.F6 138 119 1?77 949 191
3 CS.F12 288 119 157 819 189
4 C4.52.F19 382 119 141 519 182
5 C12.H16.02 192 119 135 691 165
6 C5.F12 288 119 134 782 se
7 C4.t10 238 €9 126 679 "2
8 C8.H9.J.N 135 135 121 647 o4
9 C15.H14,0.N2.S 278 119 120 631 179
L IBRARY SEARCH DATA: RES o 318 BASE ME: 119
06/85/,81 13:50:00 + S:18 CALI: Cla e 1} RIC: 26847,

SAMPLE: RESDUE FROM 225 SAMPLE
ENHANCED (S 158 2N oY)

25410 SPECTRA IN LIBRARYNB SEARCHED FOR MAXIMUM PURITY
55 MATCHED AT LEAST 3 OF THE 16 LARGEST PEAKS IN THE UNKNOWN

RANK IN NAME

332 ETHANE, CHLOROPENTAFLUORO-
13372 MOLYBDENUM, TETRACARBONYLB IS (HEXAME THYLPHOSPHOROU S TR iAMIDE~P) -
19633 PYRROLONI, 2-8°\1,2, 4\OXRDIRZOLE~2( 1H) -THIONE , TETRAHYDRO-5, 5-D IMETHYL-1
4216 PHENOL,2-\1~ (4~-HYDROXYPHENYL ) - 1 ~METHYLETHYL\~

599 BENZENEACETAMIDE, .ALPHA.-ETHYL-
6 1733 1,6, 10-DODECATRIEN-3-0L,3,7, 11-TRIMETHYL-, \S=(2)\~
7 11006 MOLYBDENUM, PENTRCARBONYL (HEXAME THYLPHOSPHOROUS TR IRMIDE-P) -, (OC-6-22) -
8 19634 PYRROLOND,2-B\\1,2, 4\OXAD IRZOLE-2 (14} -THIONE, TETRAHYDRO-5,3, 7, 7~ TETRAM
9 6526 SILANE, (ERGOSTA-S,7,22-TRIEN-3.BETA.-YLOXY) TRIMETHYL-

L W7 RS

RANK  FORMULA M.UT 8.PC  PURITY FIT RFIT
1 C2.CL.FS 154 119 170 626 266
2 C16.H36.04.N6.M0.P2 536 1112 146 €32 286
3 C13.416.0.N2.8 248 119 146 494 273
4 C13.H16,02 223 119 132 495 212
S C10.H13.0.N 163 119 11?7 474 215
6 CI15.H26.0 222 119 99 354 207
7 C11.H18.05.N3.M0.P 401 119 93 426 219
8 C13.H20.0.N2.S 276 69 8% 312 193
9 C31.H32.0.S1 468 69 74 209 197
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Table V Computer Librar

LIBRARY SERRCH DRTA: RISRESZ & 138 BASE M/E: 56
89/87/82 15:25:00 + 2:18 CALI: AGDY + 3 RIC: 6687.
SAMPLE: RISLEY A OUTER LUB RESIDUE

¢ 139 - @ 130 - @ 1508 X1.61

25489 SPECTRA IN LIBRARYNB SERRCHED FOR MAXIMMM PURI™Y
87 MATCHED AT LEAST 8 OF THE 16 LARGEST PEAKS IN THE UNKNOWN

RANK [N NAME

1 3131 1-HEXENE

2 1208 CYCLOHEMANE

3 7349 2H-PYRAN-2-ONE, TETRAHYDRO-3,6-DIMETHVL-
4 4811 1-PENTENE,2-METHV.-

S 768 CYCLOPENTANE, METHWL.-

oy ge oo

e e

m‘

RAMK  FORMALA n.JT B.PK PURITY FIT RFIT
1 C6.H12 84 4l 932 976 978
2 C6.H12 84 56 913 936 933
3 C?7.H12.02 128 4@ 984 937 942
4 C6.H12 84 56 893 9i?7 920
S C6.H12 84 56 89S 919 923
LIBRARY SEARCH DATA: RISRES2 ¢ 600 BASE ME: 56
aR/B7/82 15:25:00 + 18:00 CALl: RCD1 @ 3 RIC: 8399,
SAMPLE: RISLEY R OUTER LUB RESIDUE
* 608 - & 592 - ¢ GB6 X1.81
25409 SPECTRA ;N LIBRARYNB SEARCHED FOR MAXIMUM PURITY
145 MATCHED AT LEAST 8 OF THE 16 LARGEST PEAKS IN THE UNKNOWN
RANK IN NAIE
1 4230 1-DECENE
2 1374 1-DECANOL
3 8192 1-0OCTENE,3,7-DIMETHVL-
4 1745 1-NONANOL
S 1389 1-DODECANOL
RANK  FORMULA M.UT B.PK  PURITY FIT RFIT
1 C10.H20 10 41 686 996 687
2 CiB.H22.0 150 41 679 961 679
3 Cle.H20 19 669 72 673
4 C9.H20.0 144 36 662 979 666
3 C12.H26.0 186 41 €359 958 671
L IBRARY SEARCH DATA: RISRES2 ¢ 606 BASE ME: 4
09/87/82 15:123:00 + 11126 CALI: AGD1 & 3 RIC: 1.
SAMPLE: RISLEY A OUTER LUB RESIDUE
® 606 - @ 676 - ¢ 634 X1.0!
23403 SPECTRA IN LIGRARYND SEARCHED FOR MRXIMUM PURITY
220 MATCHED AT LERST 8 OF THE 16 LARGEST PEAKS IN THE UNKNOWN
RANK IN NAIE
1 4137 1-UNDECENE
2 1383 1-UNDECANOL
3 1374 1-DECANOL
4 1745 |- NONANOL
S 1309 1-DODECANOL
RANK  FORMOULA M.UT 3.k PURITY FIT RFIT
1 C11.M22 154 4} | o4 991 [l
2 C11.H24.0 e 4 833 500 833
3 C10.H22.0 159 4 020 970 823
4 C3.H26.0 144 36 (J1] ) 818
S C12.H26.0 106 41 o7 957 034
192
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Figure 1.

Contaminant Dispersion on Test Bearing x 125
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Figure 3. Mass Spectrum of Pyrolytic Fragment (225)
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Figure 6.

Cloudy 0il Film;

Re-run Test pearing x 50
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Figure 13.

YVAC 40/11;

Test Bearing Surface x 125
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ADVANCES IN SPUTTERED AND ICN PLATED SOLID FILM LUBRICATION

T. Spalvins®

SUMMARY

The glow discharge or ion assisted vacuum deposition techniques, primar-
ily sputtering and ion plating, have rapiuly emerged and offer great poten-
tial to deposit solid lubricants. The increased energizing of these deposi-
tion processes lead to improved adhere.ce and coherence, favorable morpho-~
logical growth, higher density, and reduced residual stresses in the film.
These techniques are of invaluable importance where high precision machines
tribo-components require very thin, uniform lubricating films ( 0.2 m),
which do not interface with component tolerances. The performance of sput-
tered MoS, films and ion plated Au and Pb filins are described in terms of
film thickness, coefficient of friction, and wear lives.

INTRODUCT ION

To prevent tribological failures of contacting tribo-elerient surfaces in
sliding, rotating, rolling or oscillating motion, friction and wear has to be
minimized by application and interposition of lubricating materials. Oils
and greases have been found to be inadequate wear preventives under severe
environmental conditions. To meet severe operational conditions such as high
vacuum, high temperature, nuclear or spacial radiation, extreme 1loads, and
chemically reactive or corrosive environments, it is of great importance to
select the proper solid lubricant and a suitable deposition technique. The
selected solid lubricant and its application technique will determine the
tribological control in terms of friction, wear, and endurance life and is
expected to perform over a broad spectrum of these harsh environments. Pri-
marily, the deposition technique selected determines the mode and life of
wear or the type of corrosion. In recent years, the glow discharge or ion
agssisted vacuum deposition techniques, primarily sputtering and ion plating
have rapidly emerged and offer a great potential to deposit solid lubricants
such as the lamellar solids (MoS,, WS, NbSep, etec.); soft metals (Au,
Az, Pb); polymers (PTFE and polyimides); and wear resistant refractor com-
pounds (nitrides, carbides, borides, oxides and silicides).

The sputtering and ion plating techniques are restricte t+~ processes
where particle condensation on the substrate is initiated by the ions which
transfer energy, momentum, and charge to the substrate and the growing film,
and which can be benefieci~lly controlled to affect the nucleation and growth
sequence. Consequently, the increased energizing of the deposition process
leads to improved adherence and coherence, favorable morphological growth,
higher density, and reduced residual stresses in the films. The coating
thickness required is generally small, typically 0.2 to 0.6 m thick, and the

#Nationz . Aeronautics and Space Administration, Lewis Research Center,
Cleveland, Ohio U4ul135

209

PRECEDING PAGE BLANK NOT FILMED

| V2R RS



o A oot

o ey w5 v s

1. tom m e

highly polished and finished components are coated as the final processing
step. All these foregoing coating properties beneficially affect the tri-
bological, mechanical, and corrcsive behavior of the contacting surfaces and
are described and illustrated in this paper.

SPUTTERING TECHNOLOGY

When energetic ions strike a surface, a number of =vents can occur, as
shown in Fig. 1. First, the incident ion can enter the surface and become
trapped. This interaction is referred to as ion implantation. Second, the
ion may be reflected from the surface, after being neutralized in the proc-
ess. Third, as a result of momentum transfer, an atom of the surface can be
ejected. This is the mechanism referred to as sputtering.

The sputtering technoiogy offers a great versatility and flexibility in
coating deposition, since the sputtered coatings can be tailored in any pre-
ferred chemical composition, and the coating morphologies can be modified.
Numerous sputtering modes 9direct current-dc, radio frequency-rf{, magnetron,
reactive, etc.) have emerged and have been widely described in the literature
(Refs. 1 to 3). A typical rf diode sputtering apparatus with dc¢ bias capa-
bility is shown schematically and photographically in Fig. 2. This sputtering
system has been extensively used for sputter-deposition of solid lubricants
such as MoS,, WS,, PTFE, etc. In rf sputtering, the target (material to
be deposited) is energized by the application of rf (13.56 MH,) power.
Before rf sputter deposition, the substrate surface is sputter cleaned and
textured by ion bombardment, thus providing excellent adherence.

Performance of Sputtered MoS; Films

To achieve effective MoS, lubrication, two requirements have to be met:
(i) strong film/substrate adherence, and (2) a low crystalline slip during
shearing. Sputtered MoS, films generally display a strong adherence to
most metallic surfaces, with the presently known exceptions being copper and
silver and their alloys (Ref. U4). These two metals are highly reactive with
the activated free sulphur during the sputtering process, thus forming sul-
phur compounds which have the tendency to flake off the surface.

Prior to sputter depositing MoSp, the highly polished surface is
cleaned by ion bombardment, thus providing an excellent adherence. Due to
the strong adherence, extremely thin films (about 0.2 m) are more effective
than thicker films applied by other techniques, as shown in Fig. 3. In thin
solid film lubrication, the film thickness has a very pronounced effect on
the coefficient of friction. Essentially, the coefficient of friction
reaches a minimum value at an effective or critical film thickness, as shown
in Fig. 4. The effective r'ilm thickness for sputtered MoS, fi