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1. INTRODUCTION

The use of ceramics in heavy duty diesel engine applications is
especially promising [1]. It has been shown in the TACOM/Cummins Adiabatic
Engine Program that reductions in heat losses at appropriate points in the
diesel engine system result in substantially imereased exhaust enthalpy [2].
One of the most promising concepts for taking advantage of this increased
exhaust enthalpy {s the turbocharged turbocompounded diesel engine cycle [3].

This engine concept consists of several sub~systems: compressor,
reciprocator, turbocharger turbine, compounded turbine, ducting and heat
exchangers, Opportunities for use of ceramic mu-erials in the different sub-
system components have widely different degrees of difficulty and benefits.
Therefore, there 1s a need for a computer simulation of this complete engine
concept, at the appropriate lewel of detail, to enable engineers to define the
trade-offs assoclated with imtrodweing ceramic materials in various parts of
the total engine system, and tc carry out system performance and optimization
studies.

This report describes the thermodynamic and heat transfer models used in
a computer program which simulates the behavior of the total engine system.
The focus of this total system simulation is to define the mass flows and
energy iransiers (heat transfers, heat release, work transfers) in each sub-
system and the relationship between the sub-systems. 3Since this system model
must function &3 a single-unit, a deliberate effort is mmde to maintain a
balance In the complexity of the variocus sub~system desoriptions.

This effort has been funded by DOE over a two year period. A Phase I
computer simulation of the turbocompounded ergine system was developed during
the first year. The mathematical models used in the Phase I simulation are

described in NASA Contractors Report CR-1T4755 [4]. In order to make the




RUS. FITF S

W
&t

GtH N ) ":_
b iSRG

Phase I program avallable as quickly as possible, relative simple heat
transfer and conduction models were used for the major system components, A
validation of this Phase I simulation against data from a turbocompounded
engine system was successfully carried out and has also been reported [5]. In
the second phase of this program, a substantial extension and upgrading of
critical sub~system models was carried out. Major areas of focus were:
deseription of turbomachinery component performance; heat conduction through
the piston, cylinder-head, cylinder-liner, exhaust port, exhaust manifold and
ducting to incorporate material properties and wall designs appropriate to use
of ceramics; radiation from the combustion gases; flow through the exhaust
system. The present report describes the models used to represent the mass
flow rates, heat transfers to and through the walls, work transfers, energy
release in the combustion process, and thermodynamics of the working fluids
properties and processes in this Phase II version of the turbocompounded
diesel simulation.

Figure 1 illustrates the overall model structure. The air flow is
followed through an air filter, ducting, turbocharger compressor, ducting,
cooler and engine intake system to the diesel reciprocator. The reciprocator
simulation {s a mathematical model of the processes occurring in the direct-
injection four-stroke diesel-engine. Engine friction sub-models are inen
used to obtain brake quantities from the computed reciprocator indicated
performance quantities. The exhaust gas flow is followed through the engine
exhaust ports, manifold runners and plenum, to the turbocharger turbine; it is
then followed through additional ducting to the compounded turbine; the flow
then passes through the exhaust system and muffler to the atmosphere.

The report is arranged as follows. First, the basic assumptions of the

reciprocator and the other component models are surmarized. Then, the
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Fig. 1: Turbocompounded diesel system configuration.
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mathematical relationships for mass and energy conservation for an open system
(such as the manifolds and engine cylinder) are developed. Then, the models
which represent each process in the individual components of the total system
are described. Next, the method of solution of the complete model that
results from the integration of the various sub-systems is presented, alorg

with a typical set of program inputs and outputs.
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2. BASIC ASSUMPTIONS OF SYSTEM MODELS

2.1 Reciprocator Engine Model

The diesel four-stroke cycle is treated as a sequence of continuous
processes: intake, compression, combustion (including expansion), and
exhaust. The durations of the individual processes are as follows. The
intake process begins vhen the intake valve opens (IVO) and ends when the
intake valve closes (IVC). The compression process begins at IVC and ends at
the time of ignition (IGN). The combustion process begins when ignition
occurs and ends when the exhaust valve opens (EVO). The exhaust process
begins at EVO and ends at IVO (and not when the exhaust valve closes).

In the reciprocator simulation, the system of interest is the
instantaneous contents of a cylinder, i.e. air, fuel and combustion products.
In general, this system is open to the transfer of mass, enthalpy, and energy
in the form of work and heat. Throughout the cycle, the cylinder is treated
as a variable volume plenum, Spatially uniform in pressure. Furthermore, the
cylinder contents are repressnted as one continuous medium by defining an
average equivalence ratio and temperature in the cylinder at all times.

Gas properties are calculated assuming ideal gas behavior. At low
temperatures (below 1000 K), the cylinder contents are treated as a
homogeneous mixture of non-reacting ideal gases. At high temperatures (above
1000 K), the properties of the cylinder contents are calculated with allowance
for chemical dissociation by assuming that the burned gases are in
equilibrium, using an approximate calculation method based on hydrocarbon-air
combustion.

Quasi-steady, adiabatic, one-dimensional flow equations are used to
predict mass flows past the intake and exhaust valves. The intake manifold

and the exhaust port are treatsd as plenums whose pressure and temperature
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history is determined by solution of the manifold state equations. When
reverse flow past the intake valve occurs, rapid mixing of the back flow gases
within the intake manifold is assumed.

The compression process is defined so as to include the ignition delay
period, i.e. the time interval between the start of the injection process (the
point at wnich the injector needle starts to lift) and the ignition point (the
start of positive heat release due to combustion). The total length of the
ignition delay is related to the mean cylinder gas temperature and pressure
during the delay period by an empirical Arrhenius expression.

Combustion is modelled as a uniformly distributed heat release process.
The rate of heat release is assumed to be proportional to the rate of fuel
burning which is modelled empirically. Since the diesel combustion process is
comprised of a pre-mixed and a diffusion-controlled combustion mechanism,
Watson's fuel burning rate correlation (6], consisting of the sum of two
algebraic functions, one for each combustion mechanism, is used. The fraction
of the total fuel injected that is burnt by either mechanism depends on the
length of the ignition delay period and the engine load and speed.

Heat transfer is included in all the engine processes. Convective heat
transfer is modelled using available engine correlations based on turbulent flow
in pipes. The characteristic velocity and length scales required to evaluate
these correlations are obtained from a mean and turbulent kinetic energy model.
Radiat' /e heat transfer is added during combustion. The steady-state inside
wall surface temperatures of the piston, cylinder head, and liner can be either
specified or calculated from a specification of the component wall structure.
Additionally, the time-dependent temperature distribution in the piston and
cylinder head can be computed using a one-dimensional finite difference model.

Finally, an empirical friction modsl is used to convert the indicated

engine per:’ormance quantities to brake performance quantities.
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2.2 Other Component Models

The reciprocator engine model calrulates the state variables i{n one master
cylinder of a multi-cylinder engine, whiie the manifolds and the other component
models have inherent multi-cylinder capability. The interaction between the
master cylinder model and the other components is accounted for in the
manifolds. To simulate the effect of additional eylinders on the manifold
cond{tions, and hence on the entire system behavior, the conditions in the
other cylinders are assumed to vary as echoes of the master cylinder, shifted by
the appropriate phase angles. The following additional assumptions are made in
order to develop models for the various components of the complete turbocharged
turbocompounded diesel engine system:

Intake air and exhaust gss can be modelled as ideal gasas. There is
perfect and instantaneous mixing of all mass flows that enter each manifold (or
section of the manifold) with the gases i{n the manifold. This {mplies that
there {s no spatial variation in properties within a manifold (or manifold
section) at any instant of time, and all flows leaving a manifold have the
properties of the manifold (or manifold section) contents. The connecting pipes
to and from the {ntake manifold are included as parts of the {ntake manifold.
The exhaust manifold (s modeled as a series of connected open systems: exhaust
port, manifold runner and manifold plenum,

There {s instantaneous mixing of all mass flows that enter the i{ntake
manifold with the gases in the manifold; thus there {s no variation {(n
properties witain the {ntake manifold at any instant of time. All flows
leaving the intake manifold have the properties of the manifold contents.

imilarly, the gas properties are assumed to be uniform within each {nd{vidual
section of the exhaust manifold at any {nstant of time and the flow out of any

section has the properties of that section.

@
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There are no mass transfers except along the rcutes indicated; {.e., there
are no losses or leakages from any component of the system, The flow through
the wastegate can be specified as a fraction of the exhaust gas stream. The two

.'st gas streams, through and bypassing the turbocharger turbine, reunite
with 1> loss of thermal energy, at the turbocharger turbine exit pressure. An
open-system duct model connects the turbocharger turbine and compounded turbine.

The steady-state inside wall surface temperatures of the manifold sections
and ducting can be specified or calculated from wall design information.
Empirical correlations are used to calculate instant-neous heat transfer rates
from the gas to the walls and pressure losses. Conduction through the walls {s
modeled as axisymmetric. The toundary conditions on the outside wall surface of
each component are specified. From these, the steady-state ter, erature
distribution within the walls of each component can be calculated.

The turbomachinery performance (s defined by maps that {nterrelate
efficiency, pressure ratio, mass flow rate and shaft speed for each component.
The compressor, turbine, and power turbine are assumed to be adiabatic, {.e.,
there i{s no heat transfer from these components to the envirorment. The
turbocharger dynamics are controlled by the rotor inertia and daming. The
turbocharger turbine and compressor speeds are equal. Finally, the power
turbine shaft {s connected to the erngine crankshaft vi{a a specified gear ratio
transmission. Hence, the power turbine speed can be determineu directly from

the reciprocator engine speed.

P

FT

t r— e — e e —

o



O SV NS R e ,‘.,_-.-_,__.___.'.JHA )

; 3. CONSERVATION EQUATIONS

R In this section, equati{ons for the conservation of mass and energy are

. developed for the contents of an open thermodynami{c system. The conservation

equation for the fuel mass s used to develop a differential equation for the

change in fuel-air equivalence ratio of the system. The energy conservation

equation (s developed to obtain a differential equation for the change in -

temperature of the thermodynamic system.

3.1 Conservation of Mass

3.1.1 Conservation of total mass

The rate of change of the total mass in any open system i{s equal to the sum

of the mass flow rates Into and out of the system:

m = Tm (3-1)

Note tnat the convention used in our model assumes that mass flow rates

¢

into the open system are taken as positive, while mass flow rates out of the
system are negative.

3.1.2 Conservation of fuel mass

In particular, conservation of the fuel species can be expressed as

m = 1 e 3 (3-2)

where mr denotes the fuel content in e open system (includes fuel added by
injection and fuel {n the form of combustion products).

Defining the fuel fraction, F, {n the system as

]
i

. F = mr/m

where m {s the total mass {n the system, equation (3-2) can be re-written as




q .
qp(WF) = I mJl'"J (3-3)

J
where F 3 denotes the fuel fraction of the mass flow entering or leaving the

open system through the j port.

Differentiating the left-hand side of equation (3-3) gives

W = I 0F, - 0F (3-4)
j JJ
or substituting for m from equation (3-1) results in a differential equation

for the change in the fuel fraction of the open system, i.e.

F= 33 (mj/m)(FJ' F) (3-5)

An average fuel-air equivalence ratio, ¢, for the contents of the open

system can be defined as

¢ = 55579 (3-6)

vhere m, is the mass of air in the open system and FASTO denotes the
stoichiometric fuel to air ratio.
Expressing the equivalence ratio, ¢, in terms of the fuel fraction, F,

i.e.

0 = gaams = (3-7)

and differentiating (3-7) with respect to time we obtain an equation for the

rate of changa of the equivalence ratio of the open system, i.e.

¢ = —rmm —- 3 (3-8)
FASTO (1-F)

with F given from equation (3-5).
10




3.2 Conservation of Energy

The general energy equation for an open thermodynamic system may be

written as

mh-. —v} (3.-9)
R
with the rate of change of the energy of the system being given by

E - --(mh) - -‘(DV) (3-10)

where

P thJ {s the net rate of influx of enthalpy
J

Qw' I Q1 i{s the total heat transfer to the walls, {.e. the sum of the
4

heat transfer rates to the different surfaces of the control
volume of interest

W = pV i{s the rate at which the system does work by boundary
displacement.

The dots deno.e differentiation with respect to time. Note that the
convention used {s that heat loss from the system and work done by the system
are taken as positive.

Differentiating the left-hand side of equation (3-9) gives

-}th-Qw*p\! mh (3-11)
J

The contents of any open system, i{.e. alr and combustion products, can be
represented as one contimuous medium by defining an average equivalence ratio

at each point {n time. Gas properties are obtained assuming ideal gas

11
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behavior and thermodynamic equilibrium (see Appendix A).

With these

assumptions, we can express the enthalpy, h, and the density, p, of the

mixture of air and combustion products as

h = h(T.Pn ¢)

p = p(T,p,9)

(3-12)
(3-13)

Hence, the rate of change of the above fluid properties with respect to time,

or crank-angle, can be written as

heo Teorp+c, o

where

_

p- 3T ’p,¢

°r" (55 T,o
ah

%" (36'T.p

and

ap
‘aT’p,

¢

ap)
3P T,¢ P

ap
* Gt ¢

The equation of state for ideal gases

p = RpT

can be expressed in differential form as

TIO o
n
20 .
+
oo .
+
~Jie3 o

(3-14)

(3-15)

(3-16)

(3-17)

Re-arranging equation (3-17) and using (3-16), we can write

R - -ip - By By

paT pT2

(3-18)

Substituting for p from equation (3-15) into the above equation, we can

12
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express R in terms of p, T and ¢, i.e.

Wy . B,
a=(—--—9~-9)p-(—9- L %y - (3-19)
ﬁ' % sﬂ’z 921‘ aT pzl‘ a’
From the differential form of the eguation of state, we can express the
time rate of change of pressure as

p=np

NI .
sua .
+
L Ll IS
]
L=

(3-20)

or substituting for R from equation (3-19), and with some manipulation, we

obtain the time rate of change of pressure:

B~ ¥ _ 103, 13, ® -
P = 3p/3p ¥ paT T o0t n (3-21)

Returning to the energy equation (3-11), and expressing h in terms of

its partial derivatives with respect to T, p and ¢, we obtain

ch'l‘-j‘.mh-%o (V-mc.r)p-mc ¢ hm (3-22)

Finally, substituting for p from equation (3-21), we obtain an

equation for the rat.: of change of tsmperature that does not explicitly depend

on the rate of change of pressure of the system, {.e.

it oh-0)-me-th -Vl 120, m o
mcp'l‘ (;: m"h‘1 Qw) mdvb hm + @B v pat pa¢0* ) (3-23)
where B = ?5373[)) (1 - pc.l.) (3-24)
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Dividing (3-23) by m, and collecting terms in T, ¢ and m, we get

B2 - B dp : _hy \.'
(ep+pa,r)'x‘ (;:mh‘j Qw) (c+ ao)@ (1 B) BV

leading to

. B.m h V c° 1
T’A_\[fﬁ“-ﬁ)-\.l-ﬁ +§m(£mh‘j Qw)]

vhere

A-c+—§2 e, (-MaT)(I )

p 3T * (3p/3p) ‘s ~ Or
e s B3, (2p20)1
C=cth a¢ = %" (3p73p)'p ~ °1

3.3 Application of Conservation Equations to Reciprocator Cycle

(3-25)

(3-26)

(3-27)

(3-28)

The above conservation equations can be applied to the thermodynamic

processes of the four-stroke diesel cycle as follows:

1) Intake

c*: 1
- 2 - 1
go* Bm(minhin exVex Qw

14

(3-29)

(3-30)

(3-31)

(3-32)

(3-33)
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T = K[- 7 éﬁ] (3-34,

(111) Combustion

. m = m, (3-35)
| . o
& F=-=(1-F) (3-36)
SO DR I (3-37)
Am T Ty T e Y

vhere hf is the absolute fuel enthalpy, given by (B-1).

(iv) Exhaust

me=-m, (3-38)
. !;‘ex

F=--3F_-F) (3-39)
B ex h G c: .1 * .

Tl w078 "y "8 ¢ al" Tele Q)] (3-40)

Note that the fuel fraction of the mass flow rate through the exhaust
port, Fex' could be different from the cylinder fuel fraction, F, in reverse

flow situations.

15
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4, MODELING OF RECIPROCATOR ENGINE PROCESSES
4.1 Gas Exchange

A one-dimensional quasi-steady compressible flow model is used to
calculate the mass flow rates through the intake and the exhaust valves during
the gas exchange process. The intake manifold and the exhaust port are
treated as plenums with known pressures. Furthermore, the temperature and
average equivalence ratio of the intake charge (fresh air at intake manifold
conditions) and the exhaust charge (mixture of air and combustion products at
cylinder conditions) are known. When reverse flow into the intake manifold
occurs, a rapid-mixing model is used, i.e., instantaneous mixing between the
back-flowing charge and the intake charge is assumed.

At each step of the gas exchange process, values for the valve open areas
and discharge coefficients are obtained from tabulated data. Given the open
area, the discharge coefficient, and the pressure ratio across a particular

valve, the mass flow rate across that valve is calculated from:

. Py 2/Y Py (y+1)/y 172

ch ﬁf'/ {---[(--) (5;) 1} (4-1)

vhere
cd = discharge coefficient
A = valve open area
= gtagnation pressure upstream of restriction
= static pressure at restriction
T = stagnation temperature upstream of restriction
Y = ratio of specific heats

R = gas constant

16
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When the kinetic energy in the cylinder is negligible, the stagnation pressure
and temperature reduce to the static pressure and temperature, respectively.

For the case of choked flow, equation (4-1) reduces to

. (Y+1)/72(¥-1)

Y
(o} 2
m = cg _-;JmTo(?ﬁ) (4-2)

The mass, m(t), in the cylinder at any time t can be found from

integration of the mass conservation equation (3-1), i.e.

¢ -
m(t) = m* é; mindt - {o mexdt (4-3)

vhere m, is the mass in the cylinder at the start of the cycle calculation,

inlet valve opening (IVO).

4.2 Combustion Model

The diesel combustion process is a complex, unsteady, heterogeneous,
three-dimensional process. A complete mathematical combustion analysis would
require accurate models of compressible viscous air motion, fuel spray
penetration, droplet break-up and evaporation, air entrainment into the spray,
combustion kinetics, turbulent diffusion and so on. The details of the

combustion process would depend on the characteristics of the fuel, the design

of the combustion chamber and the fuel injection system, and on the engine's

operating conditions. Althcugh an adequate conceptual understanding of diesel

combustion has been deve.oped t . uate, a comprehensive quantita“ive model of

all the individual processes has yet to be proposed.

A useful approach to the problem of combustion simulation has been to
model combustion as a heat relesse process, as originally proposed by Lyn [7].
The rate of heat release (or, equivalently, the rate of fuel burning) can be

defined as the rate at which the chemical energy of the fuel is released by

mh e — —— ————— o —

17
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combustion. Based on heat release analysis and high-speed photography, Lyn
has provided an excellent description of the different stages of diesel
combustion. These stages can be identified on the typical rate of heat
release diagram for a DI engine shown in Fig. 2 as follows:
Ignition delay: The period between the start of injection (the point
at which the injector needle starts to 1lift) and ignition (the start
of positive heat release due to combustion).

Pre-mixed or rapid combustion phase: In this phase, combustion of

the fuel which has mixed with air to within the flamability limits
during the ignition delay period occurs rapidly in a few crank angle
degrees. This results in the high initial rate of burning generally
observed in direct-injection diesel engines.

Mixing controlled combustion phase: Once the fuel and air premixed

during the ignition delay have been consumed, the heat release rate
(or burning rate) is controlled by the rate at which mixture becomes
avallable for burning. The heat release rate may or may not reach a
second (usually lower) peak in this phase; it decreases as this phase
progresses.

Late combustion phase: Heat release continues at a low rate well

{nto the expansion stroke. Eventually, the burning rate asyptoti-
cally approaches zero. The nature of combustion during this phase is
not well understood. Possible processes are that a small fraction of
the fuel may not yet have burned, or energy present in soot and fuel-
rich combustion products can still be released, etc, Given the some-
vwhat arbitrary limits of this phase, combustion models usually focus
on the main heat release periods, l.e. the pre-mixed and mixing

controlled combusti{on phases.

18
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Based on hils observations, Lyn [7] proposed a method of predicting
burning rates from tne rate of fuel injection. The fuel injected {s divided
into elements according to the order in which they enter the combustion
chamber. These fuel elements become "ready for burning" according to a
certain law. Thus, a "ready for burning" diagram can be obtained from the
rate of injection diagram. At the ignition point, which occurs after the
lapse of the delay period, the part of the injected fuel which has already
been made "ready for burning" i{s added onto the current "ready for burning"
diagram, causing the initial sharp peak in the burning rate diagram. Subse-
quent burning {s essentially governed by the rate of injection. Although this
method gives a reasonable fit to data obtained over a wide range of speeds and
loads, it requires further refinement and calibration before it can be used in
computer simulation work.

An alternative approach to modelling combustion, in the context of
computer simulations predicting engine performance, {s to describe the
apparent fuel burning rate by algebraic expressions. The constants {n these
expressions can be chosen suitably to reflect the dependence of the actual
fuel burning rate on engine type and particular operating conditions.

Shipinski et al [8] attempted to correlate the apparent rate of fuel
burning with the rate of fuel i{njection by fitting a Wiebe function to heat
release diagrams obtained from tests on a high-speed swirl-type direct
injection engine. Although Shipinski obtained a reasonable agreement with his
ergine data, the heat release shape defined by the Wiebe function alone has a
notable difference from the two-part characteristic with the initial spike
that {s measured on most ergine types.

To overcome this problem, Watson et al [9] proposed that the apparent

fuel burning rate could be expressed as the sum of two components, one
relating to pre-mixed and the other to diffusion-controlled burning, i.e.
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m = mp* m (4-4)

where m is the fuel burning rate with respect to crank angle and subscripts
t, p, d denc.e total, pre-mixed and diffusion burning, respectively.

In order to quantify the proportion of the fuel burnt by either
mechanism, a phase proportionality factor, 8, is {ntroduced. This expresses
the cumulative fuel burnt by pre-mixed burning as a fraction of the total fuel

injected, {.e.
p
" (4-5)

Consequently, a non-dimensional apparent fuel burning rate curve can be

written as

M () = sfap(x) + (1= B (D) (4-6)

where P.4(1) is the non-dimensional burning rate distribution, and t the
normalized crank position.

The phase proportionajity factor, B, is considered to be controlled by
the length of the ignition delay period (since the fuel that is prepared for
burning during this period governs the pre-mixed burning phase), and the

overall cylinder equivalence ratio, ¢ . This can be expressed by a relation

ove
of the form
b
¢
=1 - ,-9"8‘-’ (u-7)
H))

. where ID {s the ignition delay (see Secti{on 4.3), and a, b, c are suitable

constants to fit erngine cylinder pressure data.
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Fut.iermore, Watson concluded that the best representati{on of the
experimental data was achleved using the following _.punent burning rate
distributions:

Premixed burning:

C C
M(D =1 - (11 Ply P2 (1-Ba)

. (C_.-1) C (C_.-1)
. p1 _.p1, p2 (4-8b)
or Mp(T) up,lcpz‘t 1-1)

Diffusion controlled burning (Wiebe function)

C

d2 -
Md(‘t) =1 exp(-Cmt ) (4-9a)
D i cor @ gt + (4-9b)
or 4 1) = 410’ exp(—Cyy 1
where (3‘)1 , sz, c a1 c a2 are shape factors. The shape factors {n equations

(4-8) and (4-9) can be determined as a function of the engine operating
conditions.

Using data from three typical turbocharged truck engines, (design detalls
are summarized in Table 1), Watson established that the pre-mixed burning
factors C_, and C__, were adequately modeled, for all three designs , by the

p1 p2
following correlations:

Cp‘- 2.0 + 1.25 x 10-8(ID ¥ N)Z.l& (4-10a)

sz- 5000 (4=-10b)

where ID = ignition delay, ms (see Section 4.3)

N = engine speed, RPM
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TABLE 1

Appropriate Heat Release Profile Constants
Fer Different Engine Designs

ENGINE A B [
a 0.296 0.95 0.81
b 0.37 0.4 0.28
c 0.26 0.28 0.51
k1 14,2 16.67 7.54
k2 0.644 0.6 0.65
k3 0.79 1.2 0.93
kll 0.25 0.13 0.22

Engine A: 6-cylinder, in-line, turbocharged, 4 stroke, DI, with
inlet port swirl generation, and deep bowl combustion
chamoer.

Eng{ne B: V8, turbocharged and intercooled, DI, i stroke, diesel
erg.ine.

Engine C: Turbocharged and intercooled, but more highly rated
than ergine A or B,

Soaurce: Ref. [10]
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The difusion burning factors Cd1’ controlling the rate and duration of

diffusion burning, and C > controlling the timing of the peak diffusion

d

burning rate, were modeled by correlations of the form

C,, = k1 ¢ 2 (4-11a)

C,.=k,C, 4 (4-11b)

where ¢ove is the overall cylinder equivalence ratio, and k1, k2. k3, ku are
constants appropriate for each combustion chamber design. Table 1 summarizes
the values for the diffusion-burning constants in equation (4-11) and the
phase-proportonality constants in equation (4-7) that Watson etablished for
the three engines used in his tests.

In our engine simulation, we have followed Watson's approach to describe
the heat release profile. As a starting point, Watson's constants for Engine

A were used to describe our engine. However, at full load and rated speed

conditions, the calculated peak cylinder p~essure and the brake mean effective

pressure were correspondingly found to be 26% and 6.6% higher than test data
ootained at Cummins. In order to calibrate these constants for our engine
design, an iterative procedure was followed [10], where the shape factors Cd1
and Cd2 were modified until the calculated cylinder pressure diagram was in
good agreement with the pressure data that we obtained from Cummins (one
pressure trace, at rated load and speed, at a given injection timing).

We concluded that the Engine A values for a, b, ¢, k,, k, and ku were

1?72

adequate, while k3 would have to be close to 1.05. These values were used in

all our subsequent calculations.
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4.3 Ignition Delay Model

The ignition delay period in a diesel engine was defined in section 4.2
as the time (or crank angle) interval between the start of injection and the
start of combustion. The start of injection is usually taken as the time when
the injector neeale lifts off its seat (determined from a needle 1lift
indicator). The start of combustion is more difficult to determine. It is
best identified from the change in slope of the heat release rate versus time
curve which occurs at ignition.

Both physical and chemical processes must take place before the injected
fuel can burn. The physical processes are: the atomization of the liquid
fuel jet; the vaporization of the fuel droplets; the mixing of fuel vapor with
air. The chemical processes are the precombustion reactions of the fuel, air,
residual-gas mixture which lead to autoignition. These processes are affected
by engine design and operating variables, and fuel characteristics.

Ignition delay data from fundamental experiments in combustion bombs and

flow reactors have usually been correlated by equations of the form

ID = Ap " exp(E/RT) (4-12)

vhere ID = ignition delay, ms

E = apparent activation energy for the fuel autoignition process
R = universal gas constant

p = gas pressure, atm

T = gas temperature, Kelvins

and A and n are constants dependent on the fuel and the injection and air-
flow characteristics. Representative values for A, n and E are given in Table

2. Additional details can be found in [11]-[13].
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TABLE 2

Constants for Arrhenius Equation

for Ignition Delay [ms]

E/R
Fuel A n Kelvins Ref.
diesel 3.45 1.02 2100  [9]
diesel 53.5 1.23 676.5 L1}
n-cetane 0.872 1.24 4050 1]
n-heptane  0.748 1.44 5270 [11]
diesel 4.05x102  0.757 sS40 [12]
diesel 2.43x10°0 2 20915.3 [13]
kerosene  1.68x10° 2 19008.7 [13]
cetane uoux10” 0 2 25383 [13]
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These correlations have usually been derived from tests in uniform air
environments vhere the pressure and temperature only changed due to the
cooling effect of the fuel vaporization and fuel heating processes. However,
in a diesel engine, pressure and temperature change considerably during the
delay period due to the compression resulting from piston motion. Another
problem is that the form of these simple correlations is not sufficiently
flexible to allow all the influencing fuel and engine parameters to be
included in the calculation of the ignition delay.

Hardenberg and Hase [14] have developed an empirical formula for
predieting the ignition delay in DI engines as a function of fuel
characteristics, engine parameters and ambient conditions. Dent [15] has
shown that this formula can give reasonable agreement with experimental data
over a wide range of engine conditions. However, the pressure and temperature
used in this correlation are identified as the corresponding conditions at top
deal centre, estimated using a polytropic model for the compression process.
It {s felt that such a polytropic model is not appropriate in our simulation
context, where pressures and temperatures can be accurately predicted over the
duration of the ignition delay period.

We have included two approaches for ignition delay in this simulation:

a. The crank angle at start of combustion can be specified: this often

is useful when it !s desired to suppress changes {n combustion timing

(which may shift the combustion process relative to its optimum location

in the cycle).

b. The ignition delay period is calculated as the difference between the

time at which combustion occurs (tign) and the time at vhich injection

starts (t, .). The time t’lgn {s obtained by integrating over the

inj
durati{on of the ignition delay period the reciprocal of the predicted
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ignition delay at each time step until the following relationship is

satisfied:

t
fgn dt__ _ )
ft ) ! (#-13)

inj
where the instantaneous estimates of the ignition delay are calculated from an
equation of the form of (4-12), with pressure and temperature taken at their

instantaneous values.

4,4 Heat Transfer

The heat transfer mechan’sms in a diesel engine include forced convection
(Qe) from the turbulent flow in the cylinder to the combustion chamber walls,
and radiat’on (Qr) from the flame and the burning soot particles. The total

heat transfer rate (Qw) is therefore given by

Qw - Qc + Qr (4-14)

4.4,1 Convective heat transfer

The convective heat transfer at the gas-to-cylinder wall interface will
depend on the temperature gradient in the boundary layer at the surface.
However, due to the inherent difficulties in calculating the details of
turbulent fluid motion in the combustion chamber during the operating cycle of

the engine, the convective heat transfer rate is usually expressed as

Q =hA (T T) (4-15)
vwhere

h = convective heat transfer coefficlent

A = surface area

28




(‘ [}

,w

N |
13

" ! 'I‘8 = bulk mean gas temperature

¥\

? 'I‘w = inside wall surface temperature of cylinder head, piston, or

E liner, as appropriate.

+he problem is then to devise a method to calculate the ccnvective heat
. transfer coefficient that appears in (4-15). The approach usually taken is to
calzutars k from a Nusselt-Reynolds number correlation analogous to that used

for steady turbulent flow in a pipe [16]-[20], i.e.,

Nu = a Red Pre (4-16)

Nu = hL/A : Nusselt number

Re = VL/v : Reynolds number
Pr = ucp/A: Prandtl number

L = a characteristic length
V = a characteristic velocity
A = thermal conductivity '
v = kinematic viscosity
u = dynamic viscosity i
p = density

c_ = specific heat at constant pressure

P
and a, d, e are constants adjusted to fit experimental data. A

Fortunately, there is little variation in the Prandtl number for air and

combustion products, which is usually close to unity. Consequently, we may

. drop the Prandtl numter dependence in equation (4-16) with little loss in ,
accuracy, 8o that
d
Nu = a Re (4-17)
29
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To calculate the convective heat transfer coefficient from correlation
(4-17), instantanecus values for the characteristic length and velocity
scales, and the gas transport properties (u, p, and ) are needed. Currently,
it {s not possible to predict these parameters and their spatial and temporal
variation with any accuracy in an internal combustion engine. To overcome
this difficulty, representative values of the characteristic length and
velocity scales, and the gas temperature, pressure, and equivalence ratio at
which the gas properties are to be evaluated are chosen.

For our heat transfer model, the characteristic length scale is taken to
be the macroscale of turbulence, as defined by equation (4-36). The
characteristic velocity V i{s postulated to be an effective velocity due to
contributions from the mean kinetic energy, the turbulent kinetic energy and

piston motion, {.e.

172
- [P+ wle (vp/2)2] (4-18)

<

where
U = mean flow velocity, defined by (4-28)

u' turbulent intensity, defined by (4-29)

Vp = instantaneous piston speed
While this expression for V is speculative, it is constructed in such a way
that increases in any of the three component velocities lead to increases in
the heat transfer rate, while at the same time errors due to overestimating
the contribution from any one component are minimized.

Many attempts have been reported to determine the constants a and d,
through curve-fitting experimental results [16]-[20]. Suggested values are

a = 0.035 to 0.13
d. 0-7 t00.8

(4-19)
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depending on intensity of change motion. The gas density and the transport
prope~ties, u and A, that appear in correlation (4-17) are evaluated at the
mean gas temperature, pressure, and equivalence ratio of the cylinder contents
(see Appendix C).

4.4,2 Radiative heat transfer

The primary sources of radiative heat transfer in a diesel engine are the
high temperature burned gases and the soot particles which are formed as an
intermediate step in the turbulent diffusion-controlled diesel flame, Because
the particle size distribution, number density, and temperature, and flame
geometry are not well defined in a diesel engine, direct measurements of
radiation on operating engines are required.

Estimates of the relative importance of radiation in cooled diesel
engines have varied between a few and 50 percent of the total heat transfer
(171,018],[21]-[28]). The limited experimental engine radiation measurements
to date are summarized in Table 3. In general, the radiant heat flux depends
on the location on the combustion chamber surface, crank angle in the
operating cycle, engine load, engine size, and ergine design. At high load,
the measurements suggest that the radiant heat flux {s betwseen 25 and 45
percent of the total heat fiux,

Due to the complexity of the problem, accepted prediction formulas for
radiant heat flux in a diesel engine are not available. Annand [17] has

proposed a radlation term based on the average bulk gas temperature of the

form:

. 4 4
Q - krA(Tg - T, ) (4-20)

where kr = gmpirical radiation constant

A = surface area
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Eggine

DI, 4 stroke
DI, 2 stroke
Prechamber
DI, swirl

DI, swirl
4 stroke

DI, swirl
4 stroke

Relative Importance of Radiant Heat Flux

TABLE 3

919, %79, _
Load Range Peak Values Mean Values Ref.
Mid-Full 9-15 10-30 [21]
Full 35-45 [23]
Idle-Full 7-23 [24]
Light-Full 0-40 [25]
80%-Full 12-18 [26]
Light-Full 70-13 21-14 [27]
[28]
V.
W.;
{
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Ts = average bulk gas temperature
Tw = {nside wall surface temperature of cylinder head, piston or liner,
as appropriate.
During the intake, compression and exhaust processes, the radiat{ve heat flux
i{s taken to be zero. During combustion, Annand and Ma [18] suggested that
kn = Cn0 (4-21)

where o i{s the Stephan-Boltzmann constant (56.7x10-12 kW/mzKu), and Cr {s an
adjustable calibrating constant with values in the range of 0.6-3.1, depending
on the engine speed and load. Note that since the temperature used {s the
average bulk temperature and not the flame temperature, Cr {s not an
emissivity. Limited evaluation of this approach has shown that Cr = 0.6 gave
approximately correct radiant flux magnitude for one engine but was too low
for another [21], while Cr = 1.6 gave radiant heat fluxes higher than
experimental data [22]. Flynn et al [28] have measured the instantaneous
radiant heat transfer {n a direct-injection diesel engine under a wide range
of engine operating conditions. A monochromator was used to measure intensity
of radiation at seven wavelengths. By assuming a monochromatic emissivity law
consistent with observed radiation from very small particles [29] and
integrating over all wavelerghts, Flynn et al. obtained an apparent radiant
temperature, an apparent grey-body emissi{vity, and a total radiant .ieat
transfer rate at each crank 2ngle during the cycle. The results of Flynn's
work indicate that the apparent radiant temperature i{s much higher than tne
average bulk gas temperature. In fact, during the time of peak heat release,
the apparent radiant temperature was found to be very close to the flame
temperature. Furthermore, during the period of maximum radiation, the
apparent em{ssivity was 0.8 to 0.9, and it dropped almost linearly to zero by

the end of the combustion process.
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In the light of Flynn's results, and due to the absence of any real
fundamental basis or experimental support for Annand's model, an alternative

radiation model was developed for the present work. The instantaneous radiant

heat flux (s expressed as

. Yy y
Q. - anA(Tr - T, ) (4-22)

where €, " apparent grey-body emissivity

0 = Stephan-Boltzmann constant

A = surface area

Tr' = apparent radiant temperature

Flynn's data suggest that the apparent radiant temperature i{s close to
the adiabatic flame temperature during the period of peak heat release. The
adlabatic flame temperature can be modeled as the temperature of slightly
greater than stolchiometric zones of hydrocarbon-air combustion products,
{.e., T(¢ = 1.1). However, as combustion progresses and relatively fewer
close-to-stoichiometric fuel-air zones are found in the cylinder, this
adiabatic flame temperature becomes considerably higher than Flynn's apparent
radiant temperature {28]. A better estimate (in reasonable agreement with the
data) of the apparent radiant temperature was found to be the mean of the

adiabatic flame temperature and the average bulk gas temperature, {.e.

T +T(p=1.1)
L . (4-23)

The temperature of combustion products at an equivalence ratio of 1.1,
T(¢ = 1.1), is computed as a function of the instantanecus alr temperature and
pressure from a correlation obtained by applying a least-squares curve-fitting
technique to results of the NASA equili{brium program [30], for constant
pressure hydrocarbon-air combustion., Sati{sfactory accuracy (less than 1%

error) was obtained by considering two adjacent air temperature ranges, {.e.:
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‘ T(p=1.1) = [1 + 0‘0002317(Tair' - 950)] x (2726.3 + 0.9306p - 0.00323392)
Y for 800 K < Tair < 1200 K (4-24)
- 2

b

?ﬁ T(¢ = 1.1) = [1 + 0.0002U49 (Tair - 650)] x (2497.3 + 4.7521p - 0.11065p2 +

J + 0.000898p3)

q for 450 K < T_, < 800 K. (4-25)
1 >

The i{nstantaneous air temperature, Tair' {s calculated assuming adiabatic
- compression of the air from the condition at the start of combustion

(subseript ign), i.e.
(y-1)/v -
Tair Tair.ign(p/pign) (4-26)
where Y {s the ratio of specific heats for air at the {nstantaneous
o
;l temperature and pressure,
The apparent emissivity is assumed to vary linearly between Its maxi{mum

I value (taxen as 0.9) and zero over the duration of the combustion process,

'.H i.e-

t-t Lan

! e (t) = 0.9(1 - -----2B%) (4-27)
d a t-t
) evo

where tevo {s the time when the exhaust valve opens.

4,5 Turbulent Flow Model

The heat transfer model of the cycle simulation requires esti{mates of the
characteristic velonity and length scales. To estimate these scales in a way
Wich incorporates the key physical mechanisms affecting charge motion in the

sylinder, a turbulent flow model {s used. This model {s a variation of the
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models used by Mansour{ et al [31], Poulos and Heywood [32] in previous engine
simulation work.

The turbulence model consists of a zero-dimens{onal energy cascade. Mean
flow kinetic energy, K, (s supplied to the cylinder through the valves. Mean
kinetic energy, K i{s converted to turbulent kinet{c energy, k, through a
turbulent dissi{pation process., Turbulent kinetic energy (s converted to heat
through viscous dissipation. When mass flows out of the cylinder, {t carries
with {t both mean and turbulent kinetic energy. Figure 3 {llustrates the
energy cascade model.

At any time during the cycle, the mean flow veloecity, U, and the
turbulent {ntensity, n', are found from knowledge of the mean and turbulent

kinet{c energles, K and k, respectively. Thus, the following equations apply:

K = % m u° (4-28)

K= g m u'2 (4-29)

where the factor 3 in equation (4~29) come:n from assuming that the small scale

turbulence (s {sotropic (and accounting for all three orthogonal fluctuating

velocity components).

The time rate of change of the mean kinetic energy, K is given by

. m
d 1 2
R R (-30)
Similarly, the rate of change of the turbulent kinetic energy, k, (s
a
EoP-me -k (4-31)
3 32
' /
with e« o S%k.im (4-32)
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where m = mass in the cylinder

: Lo
. m,= mass flow rate into the cylinder i -
i o
& . 4
‘:' m,= mass flow rate out of the cylinder ‘ !
g P
i V= Jet velocity into the cylinder '
-'x i
3 P = rate of turbulent kinetic energy production i
; € = rate of turbulent kinetic energy dissipation per unit mass ;
- A = rate of turbulent kinetic energy amplification due to rapid
: distortion -
: £ = characteristic size of large-scale eddies
In equations ("-30) and (4-31), the production term P has to be defined in
% terms of flow and geometrical parameters of the chamber. However, since the .
. above model does not predict spatially resolved flow parameters, P must be -
i estimated from mean flow quantities anly. : w]
-: q:.'
‘ Assuming that turbulence production in the engine cylinder is similar to *
i turbulence production in a boundary layer over a flat plate [33], we can
. express P as i“;_
-
) P (4-33) h
t 2y :
where by ™ Cukz/ ‘me) i{s turbulent viscosity, and ClJ = 0.09 i{s a universal
/ coistant, Agalin, as the velocity fleld in the eylinder {s not known, the
velocity gradient (3U/3y) is approximated as i
[ i
% 2 2 !
! w? ] !
(5 = S (4-34) ,
where Cp {s an adjustable constant and L {s a geometric length scale.
-
4
’ b
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Using equations (4-33), (4-34), (4-28) and (4-32), we can express P as

3/2 172
- 2(3 kL, -
P = 2(5) Cucs(Lz)(n9 (4-35)

Furthermore, the characteristic size of the large-scale eddies, %, and the
representative geometric length scale, L will be both identified with the

macroscale of turbulence, assumed to be given by

L =L = V/(aB2/1) (4-363)
where V is the instantaneous volume of the combustion chamber and B is the

cylinder bore, subject to the restriction that

L sB/2 (4-36b)

Hence, equation (4-35) can be re-written as

K k1/2

P = 0.3307 Cs(c)(a) (4-37)

During the compression and the combustion processes, the turbulent
kir..tic energy decays due to viscous dissipation. At the same time the
turbulent kinetic energy is amplified due to the rapid distortion that the
cylinder charge undergoes with rising cylinder pressures. Conssquently, an
amplification term, A, was added to equation (4-31) to account for this
effect. The amplification term will be larger during combustion when the
unburned gas is assumed to be compressed by the flame at a sufficiently high
rate. However, in the diesel engine context of high compression ratios, the
amplification term is included during compression, too.

Using equation (4-29), the rate of turbulence amplification due to rapid

distortion can be expressed as

A=3mu & (4-38)
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where the rate of change of the turbulent intensity du'/dt can be estimated
assuming that conservation of mass and angular momentum can be applied to the
large scal! eddies during the rapid distortion period.

Under these Assumptions, conservation of mass for a single eddy of volume

[

VL requires that .

PV, =0, Vo (4-39)

where p is the mean gas density and subscript o refers to the conditions at
the start of compression. Then, since

v - L3 (4-40)
where L is the macroscale of turbulence, we can re-write (4-39) as

0 1/3
L__ 0 -
(p ) (4-41)

L
o
Conservation of eddy angular momentum requires that

UL =U L (4-42) !
w wo 0

where Um is the characteristic velocity due to eddy vorticity.

Combining (4-41) and (4-42) with the assumption that .

Um ~u' (4-43) i

the following relation is obtained for the evolution of the turbulent

i
intensity during the rapid compression period 4
¢
;
1/3
L
RN (4-1u) ’ i
(o] Po
Differentiating both sides of equation (4-U44) and re-arranging we get . i ‘
du' u! dp R B
dt  3p dt (4-45) [
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Hence, combining equations (4-38) and (4-45), the rate of turbulence

amplification is given by

m' Qe -
A= & (4-146)

or, introducing (4-29),

(4-47)

>

[ ]
win

x
DO .

with p given from equation (3-15).

4.6 Engine Friction Model

To convert i{ndicated engine performance quantities to brake engine
performance quantities, engine friction estimates are required. However, the
measurement and analysis of engine frictional losses are yet to be
satisfactorily resolved. This is primarily due to the inherent problem of
direct, accurate measurement of these losses under actual running conditions.
This problem occurs because the total loss is a summation of losses arising
from the operation of the many components of the ergine, and these components
respond differently to changes in pressure, temperature and speed.

Direct motoring of an engine is the common method of measuring losses,
but clearly the motoring losses are not the same as the losses under firing
conditions. Some of the reasons are the lower pressure acting on piston rings
and bearings, the lower temperatures of the piston and cylinder bore surfaces
and thus the greater oil viscosity, the greater running clearance of the
piston, and the missing exhaust blowdown period.

Nevertheless, a breakdown analysis of motoring losses supplemented by

experiments on piston and ring friction rigs can be used to identify the
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relative importance of the many components of the total friction and their
response to changes in design variables. In general, the cumponents of the
losses expressed in terms of mean effective pressure, mep, tend to fall into
three groups:

(1) Losses due to boundary lubrication, where the friction forces are
approximately invarient with speed. These losses are undoub’bedly
influenced by the compression ratio.

(11) Losses associated with hydrodynamically lubricated surfaces -m
relactive motion, which vary directly with speed. All major rotating
parts fall into this group.

(111) Losses associated with fluld (air, water and oil) pumping, which
vary as the square of the speed.
Therefore, the motoring losses can be expressed in the form
F=A+ BN+ CN (4-48)
vhere F are the losses in mep, N is engine speed, and A, B and C are
constants.
Millington and Hartles [34] have measured motoring losses on a large
variety of automotive diesel engines during the course of development of
prototype engines. Their work suggests a readjustment of equation (4-48)

coupled with suitable selection of the constants as follows:

2

N v
F = A+ 700 1000 + 105 (.‘000 (u—!"g)

vhere F = motoring mep, psi
A = compression ratio minus 4 for a DI diesel
N = engine spsed, RPM

V = mean piston speed, ft/min
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Equation (4-49) represents a sound emplirical correlation of the motoring loss

data obtained from diesel engines. It is used to obtain brake quantities from

the indicated quantities computed in the engine simulation.
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5. MODELING OF OTHER SYSTEM COMPONENTS

5.1 Turbomachinery Modeling

Steady-state performance maps give the interrelationships among mass flow
rate, efficiency, pressure ratio and rotor speed for each of the three
turbomachinery components: turbocharger compressor, turbocharger turbine and
power turbine., The map variables of mass flow rate, mmap' and rotor speed,
w ___, are corrected by factors relating actual inlet conditions to standard

map
conditions. The speed correction factor involves inlet temperature, and the

mass flow rate correction factor involves inlet temperature and pressure, sSo

that

(r .. /1. )72 (5-1)

“'map " Yactual ' std / in)

° . 172
mmap B mactual(pstd/pin)(Tin/Tstd)

(5-2)
where the subscripts in and std refer to actual inlet and map standard inlet
conditions, respectively.

The turbomachinery maps, usually obtained in graphical form, are entered
into the simulation in tabular form, i.e. as a one-dimensional array of rotor
speeds, ranked in ascending order; and a three-dimensional array of the
remaining map variables, arranged as follows: for each of the speeds stored in
the speed array, a uniform number of data points is recorded, each consisting
of the values of mass flow, efficiency and pressure ratio at that point. The
data points for each speed curve for each map are ranked in ascending order of
pressure ratio. Note that for the compressor map this implies entering data
in descending order of mass flow.

At a particular step in the cycle simulation, the tacles need to be

interpolated to find the necessary information. Appropriate routines were

by
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developed {0 interpolate the performance maps of the various turbomachine: y
components. In general, these routines perform two-dimensional interpolation
to calculate two unknown map variables from two known variables. Speed is
always one of the two known variables and efficiency is one of the two unknown
variables. Then, either mass flow rate is known and pressure ratio unknown,
or vice-versa, depending on the turbomachinery component and the system
configuration.

The method of map interpolation, as applied tor example to the compressor
map, is the following. Given a corrected speed, a search of the compressor
speed array is performed, from the lowest value (i.e. the first array element)
until a speed greater than the input speed is found. Using that greater speed
and the speed just previous to that (the lesser speed), a speed interpolation
parameter is calculated. This speed interpolation parameter is used to
calculate values of pressure ratio at the input speed, until a pressure ratio
greater than the input pressure ratio is found. This pressure ratio search,
from low to high, will thus define a pressure ratio interpolation parameter.
Then, using the speed and pressure ratio interpolation parameter, a two-
dimensional linear interpolation is performed to calculate the mass flow and
efficiency th:t correspond to the input values of speed and pressure ratio.

Certain important physical constraints must be considered in modeling
turbomachinery component performance:

(a) Compressor Surge Line: When the mass flow rate through a compressor

is reduced while maintaining a constant pressure ratio, 2 point arises at
vhich local flow reversal occurs in the boundary layers. This will
relieve the adverse pressure gradient until a new flow regime at a lower
pressure ratio is established., Then, the flow will build up to the

initial conditions, and thus flow instabjility will continue at a fixed

45




e

Ve o

s

[

g
L

frequency. This phenomenon is called surge. Clearly, a compressor
should not operate in the low-efficiency, unstable region, to the left of
the surge line.

(b) Turbine Choking Characteristics: The mass flow range of a radial

turbine, such as the turbocharger and the turbocompounded turbines, is
limited by choking at high pressure ratios. The choking characteristics
of the turbine are speed dependent. This effect i< caused due to the

centrifugal field created by the speed of the rotor.

To avoid any potential problems associated with the above constraints, certain
provisions have been incorporated in the logic of the turbomachinery

interpolation routines:

(i) Since the pressure ratio versus turbocharger speed line i3 fairly
flat close to the compressor surge limit, small changes in pressure iatio
can result in disproportionately large changes in output mass flow rate
values. In order to avoid any oscillations in the gystem convergence
procedure which could result in a substantial increase in computational
time, the pressure ratio versus mass flow rate curves are modeled as
single-valued, with a small, non-zero, slope close to the surge line.
(i1) During the turbocharger matching calculation, the rotor speed at
some instant could become too low for the required boost pressure ratio.
This means that the mass flow would have to be to the left of the .urge
boundary. Under these circumstances, the speed of the rotor is increased
until an acceptable mass flow solution at the given input pressure ratio
is obtained.

(1i11) During the course of the simulation iterations, certain engine
operating conditions could ccrrespond to points that lie beyond the

normal operating regime of the turbomachinery maps. Then, linear
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extrapolation is performed to extend the range of the map

characteristics. This extrapolation is subject to certain checks, so

.
A
v

|

that the map regimes are not extended beyond the turbine choking
characteristics or to the left of the compressor surge line.

v Furthermore, if the final converged solution for the engine-turbocharger
matzhing is well beyond the normal map regimes, the turbomachinery used

is not appropriate for the given engine design and operating conditions.

- The calculation should be repeated with more suitable turbomachinery

components (different machine sizes, or higher component efficiencies).

5.2 Turbocharger Dynamics

The rate of change of tnhe mechanical energy of the turbocharger rotor,

E depends on the difference between the power required to drive the

t/c’
compressor (negative), ar.u the power delivered by the turbocharger turbine

(positive):

. . .

EBese ™ dcompressor * Wearbine (5-3)

The change in mechanical energy relates to the change in rotor speed according

to the turbocharger dynamics, {.e.,

Et/c s Juw * sz (5-4)

where
J = rotational inertia of turbocharger
B = rotational damping of turbocharger

w = angular velocity
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The compressor and the turbine powers can be cxpressed as:

wcompr‘esso." B mc(h1- h2) (5-5)

wturbine * mt(h8~ h9) (5-6)

Solving for the change In speed w gives:

. . . >
w = [(mc(h1 - h2) + mt(h8 - h9) - Bw }/Jw (5-7)

Note that the enthalpy changes across the compressor and turbine can be

calculated assuming compressible flow across the two turbomachines, i.e.,

R/c
h, p, p
(h1- h2) = - a; [(B;) -1] (5-8)
R/c
p8 p )
(hs- h9) = nthB [(5;) -1] (5-9)

5.3 Turbocharger Matching Procedure

The simulation code is set up to analyze two different system
configurations: 1) a single-stage turbocharged diesel system and, ii) a
turbocharged turbocompounded diesel system. Suitable turbocharger matching
procedures have been developed for each case. These are summarized below.

5.3.1 Single-stage turbocharged case

The system configuration for this case is shown in Fig. 4. At a given
instant, the values of the variables describing the state of the various

system components are known (from the integration of the system governing

equations over the previous time step). These include the intake and exhaust

manifold pressures and the turbocharger rotor speed. Additionally, the
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compressor inlet pressure and the turbine exhaust pressure are fixed, i.e.,
atmospheric pressure less irtake air filter pre:zsure drop and atmospheric
pressure plus muffler pressure drop, respectively. By relating the compressor
discharge pressure -0 the intake manifold pressure and the turbine inlet
pressure to the exhaust manifold pressure, through suitable pressure drops,
the pressure ratio across each turbomachine is determined. Hence, the
compressor and turbine maps can be entered using the calculated pressure
ratios and the rotor speed (same for both turbomachines) as inputs. The
output of the map interpolation routines determines the mass flow rate and
efficiency for each component for the next time step. From these, the power
required to drive the compressor, and the power delivered by the turbine are
determined. Any excess power will result in a change in the rotor sneed
according to ti:e turbocharger dynamics, i.e., Eq. (5-4). Finally, the values
of the other stale variables for the next time step will be determined from
solution of the mass and energy conservation equations, where the compressor
and turdbine mass fluxes are taken from the output of the turbomachinery
interpolation routines.

5.3.2 Turbocharged turbocompounded case

This case {s relatively more complicated. For this system configuration,
shown in Fig. 1, the intake side, and hence the compressor map treatment is
identical to the single-stage turbocharged case. However, on the exhaust
side, although the avajlable pressure ratio can be defined as for the
turbocharged case, the division of the pressure ratio between the two turbines
is not known a priori. This calculation requires a special iterative
procedure, based on continuity of mass flow through the exhaust system. At
each time step, the calculation is started by assuming a mass flow going

through the first turbine (taken as the value at the previous time step).
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Then, the turbocharger turbine interpolation routine ‘s entered with the mass
flow rate and rotor speed as inputs. From the turbine rressure ratio returned
by the routine, and the known exhaust manifold presaure, the first turbine
exit preasur- is determined. The latter, and the system exit pressure
(atmospheric plus muffler pressure drop), specify the pressure ratio across
the power turbine. Then, the power turbine map can be interpolated with the

pressure ratio and shaft speed (gear ratio times reciprocator speed) as input,

thus defining the mass flow through the power turbine. An updated estimate of

the mass flow through the first turbine can be then calculated based on the
previous estimate and the power turbine mass flow. The scheme used involves
under-relaxation to increase the stability and efficiency of the matching
procedure. For a converged solution, the mass flow through the turbocharger
turbine (plus flow through the wastegate, if appropriate) must equal the flow
through the power turbine. Once the turbocharger turbine flow and efficiency
are established, the system state variables for the next time ster can be
determined following the same procedure as for the single-stage turbocharged

case.

5.4 Intercooler Model

The | tercooler, situated between the compressor discharge and the intake
manifold, serves to increase the density of the charge air by lowering its
temperature. The intercoolzr is modelled as a heat exchanger of fixed area,
over-all heat-tranfer ~~af®{cient and cooling flow rate. The change in charge
air temperature {s de..- .ned from the non-dimensional heat exchanger

effectiveness, ¢,

o ol The) (5-10)
Ty~ Tc1)
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where the subscripts h and ¢ refer to the charge air flow (hot) and the
ccolant flow (cold) respectively; 1 and 2 refer to inlet and exit conditions;
and

T. ., = compressor discharge temperature

hi

‘I‘h2 = intercooler discharge temperature

Tc1 = coolant inlet temperature (assumed to be fixed).

The heat exchanger effectiveness is either known as a design parameter,
or can be derived from graphical correlations that are available for the
various typical heat exchanger configurations [35]. From the latter, € can be
determined as a function of the capacity rate ratio, Cmin/Cmax’ and the number
of heat transfer units, N,, where C and C are respectively the smaller

A min max
and .arger of the products of charge air and coolant flow rates with their
respective specific heats, and
NA = AU/Cmm
vwhere A = heat exchange surface area (fixed)
U = over-all heat transfer coefficient based on A.

Assuming that Cmax is much larger than Cm , the expression for effectiveness

in

reduces to the following simple form:

€ =1-exp(-N,) (5-11)

5.5 Exhaust Manifold Model

In most engine simulation programs of this type, the exhaust manifold is
treated as a global open system [6]. A simple plenum is used with the exhaust
gases from each cylinder flowing into the system and mixing with the all of
the gases in the manifold. This approach has three primary disadvantages.

Firat, the exhaust gases from a given cylinder are diluted by the gases in the
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manifold in a manner that is not representative of a real manifold, where
individual runners keep the gases from different cylinders separated during
much of the flow path between the exhaust valve and the turbine. This
dilution decreases substantially the gas temperature oscillations that occur
in the manifold and at the turbine inlet.

The second disadvantage of a common plenum model is that it is not
possible tc follow the change in gas temperature as the gases flow through the
exhaust manifold, mix with the gases in each section, and lose heat to the
surroundings. With a common control volume, only one temperature is used to
represent the temperature of the gases in the exhaust manifold. Again, this
is not a good represen-ation of a real exhaust manifold vwhere the gas
temperature varies along the length of the path between the exhaust valve and
the turbine inlet.

The third disadvantage with a single control volume is that it is
impossible to match the approximate volume, the inside surface area, and the
cross-sectional area of a real manifold with only one set of dimensions for
the model. The approximate volume is important for the accurate determination
for the exhaust manifold pressure which in turn is an important factor in
determining the turbocharger performance. The cross-sectional area and inside
surface area are important for determining the temperature of the gases at the
inlet to the turbocharger. With the single control volume approach, one i
forced to compromise one or more of these geometric factors when specifying
the dimensions of the manifold to be used for the simulation.

To avoid these disadvantages with a single plenum model, the exhaust
manifold is divided into a series of connected open systems. The manifold is
considered to be a composite of ports, runners, and a common plenum section.

The port section is taken to be the volume contained within the head of the
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engine. The runner represents the section of the manifold outside the head
vhere the gases from one cylinder flow without mixing with the gases from any
other cylinder. The plenum is defined as the volume where the gases from each
of the engine cylinders, ports and runners are mixed before entering the
turbine. A fourth system is also followed during the simulation that is
composed of the runner from each cylinder and the plenum. This system has the
properties that represent the average properties of the separate sub-systems,
and it is used to determine the change in pressure in the manifold based on
the overall mass balance.

As is done with the engine cylinders, the simulation only calculates the
properties of the ports and runners for one master port and one representative
master runner. The master port and runner infermation necessary to include
the other cylinders in the engine calculation is stored in high-speed memory
and is retrieved with the appropriate phase shift to determine what was

occurring in other ports and runners at any given time during the cycle.

5.6 Manifold Conservation Equations

The general manifold open system model is shown in Fig. 5. The
differential equations for the change in total mass and fuel fraction for the
manifold come directly from the continuity relations derived earlier in

Section 3.1, i.e.,

m = § ay (5-12)

. r.nJ

F.o= § Elm (FJ -F) (5-13)
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where the subscript m refers to the intake manifold, or exhaust manifold

section, and the subscript j refers to the j-th mass flow that enters or

leaves the system of interest.

The mass flows entering and leaving the intake manifold include the

|
|

compressor mass flow (entering) which is found from the compressor map; and .
the engine intake mass flow (leaving or entering) which is found from the
reciprocator model. The mass flows entering and leaving the exhaust manifold
as a whole include the turbine mass flow (leaving) which is found from the
turbocharger turbine map; the engine exhaust mass flow (entering or leaving)
vwhich is found from the reciprocator model; and the wastegate mass flow
(leaving).
The differential equation for the change in intake manifold temperature
is derived from the generalized temperature equation applied to an open ; ;
system, i.e.,

. 1 “.l _ .
Tp = K (B~ hg) = Coy +

_—— (Emh, -Q)] (5-14)

jJJ

1
m
m
vhere A, B, and C are defined in Eqs. (3-27), (3-24) and (3-28), and are

calculated by the thermodynamic property routines; Q is heat transfer rate to

the manifold walls; and ¢ is related to F and F by Eq. (3-8). “n.
The differential equation for the change in intake manifold pressure is i

derived from the generalized pressure equation applied to an open system, i.e: 4

.

wofoop-13p . m 13 -
pm 9p/9p p oT Tm * (m)mp 3¢ ‘bm] (5-15) .

vwhere the density derivatives are calculated by the thermodynamic property

routines. l

- ———
— e e,
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The exhaust manifold is broken down into a series of connected open
systems that are contained within the overall manifold system (see section :
5.5). For these sub-systems, the pressure derivative is determined by applying ‘
the conservation equations {5-12) to (5-15) to the exhaust manifold as a
whole. The exhaust ports are considered outside of the overall exhaust
manifold conrol volume. However, the pressure derivative for the exhaust
ports is set equal to that for the exhaust manifold as a whole.

The rate of change of mass within each of these sub-systems can be

obtained by rearranging equation (5-15) as follows:

-y (% P o, @, -
m, Vi(ap Pit 5Tyt 36 °1) (5-16)

where the subscript i refers to the different sub-systems of the exhaust
manifold. The rate of change of temperature and composition of each section
are calculated from equations (5-14) and (5-13), respectively.
The mass flow between sections of the exhaust manifold is determined by
the mass flow through the exnaust valve (see section 4.1) and the rate of mass
storage within any sections upstream of the section in question due to changes
in th.e properties of those sections. For instance, the mass flow out of the -
port section and into the runner section is found by subtracting the change in Q‘%
mass in the port as found by equation (5-16) from the mass flow through the

exhaust valve,

5.7 Manifold Heat Transfer

With the incorporation of an intercooler, heat transfer from the intake
manifold to the environment becomes small enough to be neglected. Heat
transfer from the exhaust manifold, however, is significant. Heat transfer

from the gas in the exhaust manifold to the environment involves a ¢ombination
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of forced convective heat transfer from the gas to the inside walls,
conduction from the inside walls to the outside walls and to the water jacket,
and natural (and probably forced) convection from the outer surfaces to the

environment.

- To determine the heat transfer in the exhaust manifold, each section is

considered separately. Within each section, the gas temperature, the heat

transfer coefficient, and the inside wall surface temperature are assumed to

;'\, be uniform. Both the gas temperature and heat transfer coefficient are

allowed to vary with time while the inside wall surface temperature is taken

I

as constant with time. The inside wall surface temperature can be either

el

specified as an input, or calculated from a specification of the component

wall structure, in the manner described in sections 6.2.2 and 6.2.3.

5.7.1 Port heat transfer

The heat transfer in the exhaust port is highly unsteady. As the exhaust
valve first comes open, a high velocity jet of high temperature gases sets up

recirculation zones in the port [36] that result in a high heat transfer

coefficient. When the exhaust valve is fully open, the flow resembles
turbulent pipe flow and the heat transfer coefficient is diminished. Then, as
the exhaust valve is going closed, there is another period when a narrow jet
of gases enhances the heat transfer by setting up a recirculation zone. The
valve open period is followed by a much longer period with very low mass flow
and a correspondingly low heat transfer coefficient.

In order to quantify the heat transfer in the exhaust port, the results

of Caton [37) are applied. Based on fine wire temperature measurements of the

port gas temperature in a spark ignition engine, Caton arrived at the
following correlations for the heat transfer during different phases of the

exhaust valve opening:
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Valve opening phase ( 1/D ¢ 0.2 ):

Nu = 0.4 Rej0'6 (5-17)

Valve open phase ( 1/D > 0.2 ):

0.8_ 0.4
Nu = 0.023 CRCEERe Pr (5-18)

Valve closing phase ( 1/D < 0.2):

Nu = 0.5 Rejo'5 (5-19)
Valve closed:
Nu = 0.023 Re®-Bpr0-Y (5-20)
where Nu = Nusselt number
Pr = Prandtl number

V.4
Rej = -%-: Jet Reynolds number

Re = Yg: Pipe Reynolds number, based on cycle-averaged mass
flow
VJ = Velocity of flow through exhaust valve

V = Pipe flow velocity

2 = Valve lift

D = Valve diameter

v = Dynamic viscosity for flow

C, = Correction factor for surface roughness

CEE = Correction factor for entrance effects

Some modifications were made to these results for the present study. A
correction factor was added o0 the correlation for the valve open phase to

account for the sharp bend for an exhaust port. This factor is the correction
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for bent pipes discussed in section 5.7.2. Also, during the period when the
valve is closed, the mass flow is based on the instantaneous mass flow between
sections instead of on the average flow over the complete cycle, as was done
by Caton. For a turbocharged engine, this flow is not zero, in general,
because gas flow is induced in inactive sections of the exhaust manifold by
the pressure pulsations produced when other cylinders exhaust.

5.7.2 Exhaust manifold

Turbulent pipe flow correlations are usually applied to the exhaust
manifold heat transfer. For fully developed pipe flow in a straight pipe with
large temperature gradients, the heat transfer coefficient can be derived from
the following experimental correlation that relates Nusselt, Reynolds and

Prandtl numbers [35]:

Nu = 0.023 Reo'BPr‘o'3

(5-21)
In the exhaust manifold of an engine, not all of the qualifying conditions for
this equation apply. Most significantly, the flow is not fully developed, due
to the short length of the pipe, and the pipe is not straight. To correct for
these differences, two correction factors are introduced, based on empirical
results of studies of the effects of entrance length and pipe bends on pipes.

The correction factor for entrance effects is based on the work of
Boelter, Young, and Iversen [38). They conducted experimental work on the
variation of the heat transfer coefficient along the length of a tube starting
at the inlet of the tube. Fitting a curve to the experimental results for a
tube with an elbow at the entrance, yields the following equation fcr the
local heat transfer coefficient:

Nu X -0.3

X
Cer " Na, " 22 3 (5-22)
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valid for 3 <x/D< 1l
#here x = entrance length

Nux = local Nusselt number
Nu_ = Nusselt number for fully developed flow.

In order to find the average correction factor for a section, equation (5-22)
is integrated over the section and divided by the length of the section,

leading to

Cop = 3.1 D72 =fmmoomnceas (5-23)

where D = diameter Zf the section

L.1 = distance from the exhaust valve to the inlet of the section

I..9 = distance from the exhaust valve to the outlet of the section

The 2orrection factor for bent pipe is based on the work of 3eban and
McLaugnlin (39] and Rogers and Mayhew _ 0], They found that the appropriate

correction factor for hent pipe is:

Nu., L 0.1
C., = ==2- = (z) Re
BP " Nug, TR

vhere r Pipe radius
R = Bend radius

NuBP = Nusselt number for the bent pipe

Nus = Nusselt number for a straight pipe.

The Nusselt number for the bent pipe is the average of the heat transfer
coefficient around the circumference of the pipe.
Combining the formula for fully developed straight pipe flow with the

correctlon factors for entrance effects and for pipe bends gives the
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correlation used for the heat transfer coefficient for sections of the pipe

downstream of the port section, and for the exhaust port during the periods

when the exhaust valve is fully open or closed:

0.8, 0.3
Nu = 0.023 CEECBPRe Pr (5-25)

5.7.3 Connecting pipe between the turbines

The heat transfer for the connecting pipe between the turbocharger and
the power turbines is treated in the same way as for the exhaust manifold.
The heat transfer coefficient is based on turbulent pipe flow using equation
(5-25). The overall heat transfer coefficient and the insiie wall surface

temperature are calculated in the manner described in sec ns 6.2.2 and

6.2.3.

5.8 Pressure Losses

5.8.1 General
Pressure loss terms have been included at five locations in the overall
system model. These are:
between compressor discharge and intercooler inlet,
across intercooler,
between exhaust manirold and turbine inlet,
between tu}bine outlet and power iLurbine inlet,
between power turbine outlet and atmosphere.
Each of these pressure drops is calculated using the corresponding friction

factors and friction coefficients for the geometry of each passage. For

straight-sections:

ar = ﬂf(L/D)(pV2/2) (5-26)

vhere L = length of passage
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friction factor, which is correlated by (5-17) for the surface

roughness and range of Reynolds numbers to be encountered.
Note that
0!2

£ = 0.0U46/(Re) (5-27)
with Re = pVD/u
For bends, enlargements, contractions, ete:

AP - Kt.p\lz/Z (5-28)
where Kf = friction coefficient for a particular passage geometry. Values

of Kf. for typical geometries are commonly available [35].

5.8.2 Exhaust manifold and turbine connecting pipe

The pressure drop for the exhaust manifold of a 6 cylinder diesel engine
was found by Primus [41] to be a factor of 10 to 15 times higher than the
pressure drop caleulated based on equations (5-26) and (5-27) alone. This
increase in flow lysses is apparently due to the complex shape of the r.nifold
and the interaction of the flow with the open passageways from other
cylinders. For this reason, equation (5-28) i= used for the calculation of
the exhaust manifold pressure drop with Kf left as an input parameter for the
user to specify. Primus found that values of 2 to 3.5 were appropriate for
his test manifold. Different values may be used for manifolds of different

designs. A similar user option to input Kf for the connecting pipe between

the turbine is also included in the code.
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detailed thermal stress calculations.

6. WALL CONDUCTION MODELS

6.1 Introduction

- - e

As described in sections 4.4 and 5.7, the heat transfer rates from the
gas to the walls of the various system components depend on the instantaneous
difference between the gas and the wall temperature. Estimates of these
engine wall temperatures have been calculated in the past [42], [6] based on
the following assumptions:

(i) each heat transfer surface of interest is at 3 uniform surface

temperature; i.e. surface temperature variations across a particular area

are neglected.

(i11) The heat transfer .urface temperatures are constant with time; i.e.

cycle-periodic surface i.mnerature variations are not considered.

(iii)Heat transfer by conduction throug!i the walls is treated on a one-

dimensional basis.

The one-dimensional, uniform surface temperature model is certainly a

simplification for surfaces with large temperature variations, such as piston

bowls, or for surfaces with complicated heat traasfer path lengths, such as

the ~ylinder liner. Also, uniform surface temperatures are not adequate for

For most surfaces, however, temperature

va~ies much more rapidly ir directions perpendicular to the surface, so that

the above one-dimensional treatment is justified.

The assumption of constant wall temperatures over the engine operating

cycle is reasonable for engines with high conductivity metal walls and forced
convection jacket cooling. Measurements by LeFeuvre [27] ana Wnitehouse [43]
on conventional engines have suggested that cyclic surface temperature swings
are fairly small. ranging from 5 to 15 Kelvins. However, for engine surfaces

insulated with low-conductivity materials, such as ceramics, surface

tempurature swings are expected to be more critical [44],
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Figure 6 shows a typical ceramin/metal composite wall structure. The

heat transfer rate from tin= gas to the wall i3 a harmonic function of time,

with a period of one ergine cycl2, This time-dependent boundary condition

will set up periodic temperature waves that will propagate into the wall

structure. Because of the relatively iow thermal diffusivities of ceramics,

these disturbances will only penetrate a small distance from the surface of

the material, beyond which the temperature distribution {3 steady-state.

These cyclic transients, should not be confused with engine start-up wall

transients which die-away once steady-state engine operation is established.

Cyclic transients are superposed on the stcady-state conduction temperature

profiles. Thus, their effect should be taken into account for the accurate

prediction of maximum wall suriace temperatures (important for lubrication

considerations) and temperature distribution ir the wall structures (important

for material stress considerations).

Assuming uniform material properties which do not vary with temperature,

the total temperature (steady plus time-periodic) T(x,t), at any point x ’

within the wall, and at any time t, will satisfy the heat conduction equation,

1‘9.

T .

9
9

ct1-)

1
a

where a i{s the thermal diffusivity of the material.

is developed in the following sections by decomposing the probiem into :ts

steady-state and time-periodic components.
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The steady-state heat transfer rate per unit inside surface area, Qs’

through a composite ' structure is given by

Qs = U(Tw - Tc) (6-2)

where U = over-all coefficient of heat trarsfer based on inside surface are:

Tw = steady-state inside wall surface temperature
Tc = outside wall surface temperature, coolant temperature, or ambient

temperature

The cvlinder head and the piston crown of the insulated engine are
modelled as flat composite walls, while the cylinder liner, manifolds, and
connecting ducting are modelled as cylindrical composite walls. The
appropriate expressions for the over-all heat transfer coefficient and steady-
state temperwtare distribution for these two types of wall structure are
summarized in sections 6.2.1 and 6.2.2. The inside wall steady-state surface
temperature is deterr 'ned through a heat balance between the cycle-averaged
heat transfe. rate from the gas to the walls and the steady-state wall heat
conduction. This involves an {terative procedure which is described in
section 6.2.3,

$.2.1 Flat compcsite wall

The overall coeffinient of heat transfer, Up, for a flat composite wall

18 defined as

K (6-3)
where n = numbar of flat layers

Li = thickne.s of ith layer
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ki = thermal conductivity of ith layer

If the boundary condition on the outside wall surface is specified in
terms of an outside heat transfer coefficient and a coolant or ambient
temperature (versus a specified outside wall temperature), a mndified overall

heat transfer coefficient is defined as

n
- = 2 - e (6'“)
where hc is the heat transfer coefficiecnt to the outside.

The steady-state temperature distribution for the ith layer is obtained

from the solution of Fq. (6-1) in its steady form, i.e.

—2.0 (6-5)

The houndary conditions are

Ts = Ts(Qs’xi)’ at x = X (6-6a)

T = Ts(Qs,x. ), at x = x

. . (6-6b)

i+
leading to the following temperature distribution within the it’h layer
i
T (x) = [Tg(xg,4) - Tglx)1-=p==- + T (x,) (6-7)

6.2.2 Cylindrical composite wall

The overal) coefficient of neat transfer, Uc' based on the inside surface

area of a cylindrical wall structure is defined as

1 m In(r, ./r,)

it i
_——— z ........... (6-8)
e 11 K
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number of cylindrical layers
. , th
r = inside radius of {~ layer

outside radius of ith layer

=3
L}

k = thermal conductivity of tth layer
Again, if the outside boundary condition involves the heat transfer

coefficient to the outside, the overall heat transfer coefficient {s modified

as follows:
-16_ - tg ifg}(ﬂ{ﬁz . --l-ﬁ- (6-9)
r! ¢ i=1 i{ r‘mﬂ [

vhere rm+1 = outside radius of mth layer
hc = heat transfer coefficient to the outside
The steady-state temperature distribution for the ith layer {s obtained

from solution of equation (6~1) Iin its steady form, i.e.

19 3Ts
; 5;([‘5;-) - 0 (6—10)

The boundary conditions are

'I‘s = Ts(Qs’ri) ,atr = ry (6-11a)
'I‘s = Ts(Qs’ri+1) ,atra Py (6-11b)

leading to the following temperature distribution within the ith layer

Ts(r') = (Ts(r':) - T (r

PRy ¢ T, ) (6-12)

ln(r-i/ri+1

6.2.3 Determination of steady-state inside wall surface temperature

The steady-state inside wall surface temperatures of each of the engine

components is not known a priori. At the start of the cycle simulation,
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approximate estimates of these temperatures are assumed. Based on these q
estimates, the instantaneous heat transfer rates, convective and radiative, to
the combustion chamber walls are calculated throughout the cyrle. At the end
of the cycle, a heat balance (s performed between the cycle-averaged gas/wall
heat transfer rate and the heat conducted through the walls of each component
to compute a new surface temperature. These new temperatures are used in the

¢

next cycle iteration, until the caleculation converges. Details of the heat

balance follow. ’ ;
I

The instantaneocus heat transfer rate to the combustion chamber walls (s

calculated from

Q (t) = h(t)(Tg(t) - Tw) (6-13)
where fw = inside wall temperature at cycle start
Tg(t) = instantaneous gas temperature

h(t) = instantaneous heat transfer coefficient
During combustion, h(t) {s replaced by an effective linearized heat
transfer coefficient heff(t), given by Eq. (D-7), to take into account the
effects of radiation on the total heat transfer rate.
The cycle-averaged gas/wall heat transfer rate is given by

. S )T (t) - fw)dt
q = e ot (6-14)

where [ denotes {ntegration over the complete cycle. Equation (6~14) can be

rewritten as

Qw = h Tg - uh (6-15)

where the bar denotes cycle-averaged.
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The steady-state heat transfer rate conducted through a composite wall
structure was expressed by equation (6-2), involving an over all wall heat
transfer coefficient. Combining equations (6-2) and (6-15), an updated wall

temperature can be computed according to

W z (6-16)

where the prime denotes the temperature to be used in the next cycle
iteration. The calculation is repeated until the new wall temperature is

within a certain percentage of its value at the end of the previous cycle.

6.3 Time-Periodic Problem

6.3.1 Formulation of finite difference scheme

The time-periodic part, Tp(x,t), of the temperature distribution within

any parallel slab will satisfy the unsteady conduction equation, i.e.,

2T 1T
T (6-17)
L7

In order to solve this continuous partial differential equation, a finite
difference technique will be used. The slab is modeled by a number of N
discrete nodal points, xi. At each node, the finite-difference approximation
to the governing equation provides an algebraic equation connecting the
instantaneous nodal temperature to those at the surrounding nodes.

The finite difference schemes which have been used to solve partial
differential equations of the form of Eq. (6-17), can be grouped into two
general categories: explicit and implicit [45]. In explicit schemes, the

instantaneous value of the variable at any node is given by the values of the
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variable at the node and its neighboring nodes caleculated from the previous
time step. These schemes are fairly simple, and computationally very
efficient. However, they are stable only under certain conditions and are
limited to uniformly-spaced discrete nodes. On the other hand, implincit
schemes are unconditionally stable, and some can handle arbitrarily spaced .
iscrete nodes. From the computational point of view, though, implicit & %

schemes are very Intensive., Since the instantareous value of a nodal variable

AL

depends on the neigntoring values of the variable at the current and previous
time steps, these schemes, unfortunately, involve large matrix inversions. !

For the purposes of the current work, it is desired to calrulate the i
temperature distribution within the walls of the engine combustion chamber in
parallel with the engine simulatiun calculation. Thus, special effort was
made to develop 2 numerical scheme that would be:

(1) least demanding in computer time

(ii) able to handle arbitrarily-spaced discrete nodes, so as to maximize
the accuracy of the solution within the relatively thin penetration
depth of the cyclic engine transients

(1i1) stable.
To satisfy all the above requirements, an Euler explicit scheme was
suitably modified, by mapping the arbitrarily-spaced discrete noues X, of the
desired solution domain into corresponding uniformly-spaced nodes Yo

according to the following transformation:

y = 3o (6-18)

This transformation w 3 selected because of its following merits [46]:
(i) three of the nodes L can be mapped Into three specified nodes yi.

{1) all other nodes x, are then mapped smoothly in between the three

spenified nodes Yy
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(11{) the transformation s differentiable up to any order.

Using (6-18), Eq. (6-17) can take the following form for each node x,:

1y

: 3y, r3_,9T _ 1T 1
(axz [9y<3x)1 = =(5) (6-19)

i i
By approximating tne derivative with respect to y through finite differences,

and recalling (6-18), Eq. (6-19) can be re-written as

1,9 Sy T 3y T 1,97 :
(==)(z%) [(\® == - (%) (2 ] =-=(3D) {6-20)
ByT Ty Lo W gy Fig Wit @3

where Ay is the uniform spacing between two adjacent nodes in the transformed
coordinate system.

Once again, by taking finite difference expressions for the derivatives
with respect to y, and after some rearrangement, we get

DYDXM

[+ 3 Q -] o
T, =T, + “gi-- [DYDXR(T, .= T ) = DYDXL(T - T )] (6-21)
o (%
vwhere DYDXM = (5 ) (6~22a)
X q
pyoxg = () (6-22b)
{+1/72
DYDXL = (ggf) (6-22¢)
{-1/72
sz
CN = oAt Courant number (6-23)

and the superscript ° denotes temperature values at the previous time step.
Note that the method i{s stable provided that [47]

CN 22 (6-24)
For time-step sizes of the order of one engine crank angle, and material
diffusivities in the range of 10-5 to 10-6 m2/s (most materials of interest),
this condition will be satisfied for nodal spacings as small as 1/10 to 1/100

of a mm,
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5.3.2 Application of finite difference scheme
The finite difference scheme was applied to calculate the periodic

temperature distribution in the two parallel layer wall structure (piston or
vead), shown in Fig. 6. In general, under typical engine operating
conditions, tne cyclic transients do not penetrate into the wall structure for
a distance greater than a few mm {and thus will not extend into the second
layer). However, to maximize the flexibility of the code to analyze even thin
coatings (of order of a mm), the code is set-up with a capability to calculate
ransients over the entire wzll region. Obviously, more nodes should be
placed in the first layer than in the second one.

For the first layer, the transformation (6-18) is introduced, so that

L= - L1 maps intoy =0
£= 0 maps into y = 1
X=-L +48 maps intoy =F

with F = 0.4 -0 0.5, meaning that 40 to 50 percent of the nodes xi are placed

within a distance of the order of the penetration depth § in the first layer.
These three conditions determine a, b, @ in Eq. (6-18). Then, the temperature

T1 i at any node i of the first layer, can be calculated from Eq. (6-21).
’

For the second layer, a relatively small number of uniformly-spaced nodes

is sufficient. Then, with y = x, Eq. (6-21) for the temperature T, . at any

»J
node j of the second iayer, simplifies to the following standard form [47]:

(] o ]
T + (CN-2)T + T
-1
T, , = 2ud 2,)___ 2,311 (6-25)

Note again that for stability, CN 2 2. (The limit CN = 2 would imply that the
local node temperature has no effect on its future value).
At the interface between the two layers (x=0), continuity of temperature

and heat flux leads to the following boundary conditions:
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TI,N T2,1 (6~26)

where N {8 number of nodes (n first layer, and

aT 3T,

K, (52) = k,(33)
i 3XXa0- 2 Bxxto’ 4
or, introduring transformation (6-13) in ihe first layer, and aproximating the Q
derivatives tnrough finite differences, we get 1
T T e, e e T (L a
X, dy 2 8., y

where Ay was defined in Eq. (6-20) and Ax, {s the uniform spacing between two
[

adjacent nodes In the second layer.

T> validate the numerical 3cheme and to optimize the number and spacing
of nodal points, the method was applied to calculate the temperature
distribution In a two layer composite, slab subject to a harmonirally varying
2as temperdture at x = - L1, and 1 2onstant ambient temperature at x = L2.

Tne 2xact solution was also obtalned analytically for the same problem [10].
The approximite r2sults were shown to be in 2xcellent agreement with the exact

~esults for a rang2 of different materials and wall structures [10].

5.4 Comhited Snlution

Tae total temperature distribution in each layer can be obtained by
superposing the steady-state solution given by Eq. (6-7), and the time-
perindln solutlon, given by Eqns, (6-21) and (5-25). The total temperature
T/x,t) must satisfy the full houndary conditions it the inside and outside
wall surfaces,

4% the hot gas side (x = - L1),

AT :

- k1(§; + Qs = hg(Tg- Tw) (6-28)
K= -L1
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where QS is the steady-state heat flux g:iven by (6-2), hg is an effective

linearized ccefficient (convective and radiative) defined by (D-7), and

Tw = Tw + T1'1 (6-29)

Introducirg finite-difference approximations, (6-28) can be rewritten as

T .

3T, . - AT 1,3
sTiE o+ Q- hg(Tg~ T (6-30)

- (% Y
k1(8x) *
-L1

T2l
28y

Similar equations apply for the boundary condition at the ambient or
coolant side (x = L2), where either the total heat f° .x or the total wall
temperature can be prescribed.

The calculation is staged as follows. First, the steady-state solution
for the temperature distribution within each component wall and the average
heat flux conducted through each wall are obtained by following the iteration
procedure described in section 6.2.3, i.e. assum‘ng no cyclic transients.
Once the steady-state heat flux is obtained, the transient calculation is
performed by applying the finite difrerence scheme and the total boundary

conditions (6-28) and (6-30).
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7. METHOD OF SOLUTION AND PROGRAM INPUTS AND OUTPUTS

7.1 Basic Method of Solution

The consarvation equations of mass and encrgy for the contents of an open
thermodynamic system are applied in turn to the master reciprocatc.’ cylinder,
the intake manifold, and the series of exhaust manifold sections. Further,
the individual submodels of the various system components and their
thermodynamic and heat transfer processes are brought together to form a
complete system model. The result is a set of simultaneous first-order
ordinary differential equations. To perform predictive calculations with the
cyzla simulation, these cquations must be integrated simultaneously over the
full operating cycle. Note, however, that some of the governing equations
like the mas3 flow rat= through the intake or the exhaust valve, the non-
dimenslonal fuel burning rate, ete. apply only during parts of the cycle.

Integration of the governing equations (s performed numerically using 4
standardized code developed by Shampine and Cordon [48]. The method is based
on a predictor-corrector tachnique that uses a modified divided difference
form of the Adams P2ce formilas. The code adjusts its order and step size
internally to maximize efficiency and control the local error per unit step in
1 generalized sence, Detailed documentation of the integration routine is
provided :n the listing of the code.

4 flow chart showing the overall stricture of the entire system
3imilation i3 shown in Figure 7. After tiie Initialization of the state
viriablas, the program proceeds with the simultanecus {ntegration of the
governing systemn equations. The latter can be grouped into two major sub-
sets: aquations desecribing the thermcdynamic processes in the master cylinder
i the retiprocdator; and equations associated with other components in the

s7stem (manifolds, turbocharger, etc.) that have inherent multi-cylinder
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capability. The main program determines which equations in each sub-set will
ve passed to the integrator, couples the two sub-sets and transfers
information across them, and prints out results as the <ycle proceeds.

On the reciprocator model side, the main program passes to the integrator
different subroutines corresponding to the intake, compression, combustion and
exhaust processes of the master cylinder, as the engine cycle proceeds. On
the other components side, the main program supplies the integrator with the
same set of governing equations for the manitolds, turbocharger, etc.
throughout the cycle. Appropriate utility routines, are called by the major
routines to help in the evaluation of the necessary derivatives at eacn step.
These include routines to calculate the sterdy-state and cyclic periodic
temperature profiles withi.. the various component wall structures, routines to
calculate mass flow rates through valves and interpolate valve area tables
(called by the intake and exhaust routines), routines to interpolate
turbomachinery maps and predict the heat transfer and pressure losses in the
ducting (called by the other components routine), and thermAynamic and
transport property routines (called by all major routj.:.x),

The mass flow rate and enthalpy flux profiles of the master cylinder,
generated by the simulation during the intake ant. the exhaust processes, are
stored in the main program. Using this information, the main program calls a
subroutine that:

1) generates the profiles of all *he other cylinders as echoes of the
master cylinder profiles;

11) sums the intake and exhaust profiles contributed by 2ach cylinder at
every instant to give total reciprocator mass and enthalpy flows, etc. The
resultant profiles are commnicated fram the main program to the other

components routine throughout the engine cycle.
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Approximate estimates of all state variables are assumed, initially.
More than one iteration is generally required to model system operation under
3teary conditions. The integration continues until the system reaches a
quasi-steady condition, defined as the condition in which the value of each
state variable at a particular crank-angle is within a specified interval of
its value at that crank-angle in the previous engine cycle.

7.2 Program Inputs and Outputs

The input parametlers which must be specified for each cycle simulation
calculation include the following groups: system operating mode, system
operating conditions, system dimensions and design parameters, parameters for
the wall conduction models, empirical parameters for the various simulation
sub-mndels, initial concitions of the system and certain computatior.al
par. neters.

From this information, the simulation program can predict the performance
of the total engine system under a wide range of operating conditions. The
output includes mean engine performance parameters, such as power, specific
fuel consumption, mean effective pressure, thermal eff’ iency, etc., as well
as detailed information about the state of the total system as a function of

crank-angle tiu oughout each engine cycle.

7.2.1 Inputs

I, System operating mode

In order to maximize the flexibility ~f the code to handle different
system configurations, and assess the effect of different modeling assumptions
on system performar..e, the user i3 provided with a choice of several options:

a. The system can be turbocharged and turbocompounded, or turbocharged

only.
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b. The steady-state inside wall surface temperatures of the piston,
cylinder head, cylinder liner, manifolds, and turbine connecting pipe
can be specified as an input, or calculated from a specification of
the component wall structure.

c. Additionally. the time-dependent temperature distribution in the
pisten and cylinder head can be computed using a one-dimensional
unsteady finite difference model for the component wall.

d. The ignition delay period can be predicted based on our ignition
delay model, or can be specifed based on experimental data.

e. Either the commonly used Annand's radiation model, or Lhe flame
radiation model developed here can be used to predict instantaneous

radiative heat transfer rates.

II. System operating conditions

a. Reciprocator speed (RPM)

b. Mass of fuel injected per cycle

¢. Injection timing

d. Fuel parameters

e. Steady-state inside wall surface te.peratures of piston, cylinder
head, cylinder liner, ianifold walls, and turbine connecting pipe
(for specified wall temperature option only)

f. Fower turbine gear ratio

III. System dimensions and design parameters

i. Reciprocator Parameters
a. Number of cylinde.'s

b. Cylinder bore
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c. Cylinder stroke
d. Connecting rod length
2. Clearance volume
f. Valve timings (crank angles at which the inta. ¢ and
exhaust valves open and close)
g. Tabulated values for the effective valve open areas
(including discharge coefficient effects)
ii. Other Component Dimensions
a. Intake and exhaust manifold dimensions
b. Turbine connecting pipe dimensions
iii. Intercooler Characteristics
a., Coolant flow heat capacity
b. Heat exchange surface area
c. Over-all heat transfer coefficient
iv. Turbomachinery Parameters
a. Compressor, turbocharger turbine and power turbine maps
b. Turbocharger rotational inertia
c. Turbocharger rotational damping
d. Poucsr turbine transmission efficiency

IV. Wall conduction model parameters

These parameters need to be specified when it is desired to predict the
steady-state and transient (for piaton and cylinder head only) temperature
distribution within the various system component walls. For each material
layer of the piston, cylinder head, liner, manifold seztions and turbine
connecting pipe, the wall structure specifications include:

a. Thickness

b. Inside wall radius (cylindrical components only)

- -
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¢. Thermal conductivity
d. Thermal diffrsivity (piston and head only)
For each component, the boundary conditions on the outside wall surface
must be specified, i.e.:
a. Ambient (or coolant) temperature, and heat transfer
coefficient from the outside wall surface to the ambient
(or coolant), or
b. specified wall temperature on outside surface
Tinally, for the finite difference scheme applied to the unsteady
conduction through the piston and cylinder wall, the following are required
a. Number of nodes placed within each layer of a given component
b. Fraction of nodes of first layer placed within the penetration
depth of cyclic engine transients.

V. Other sub-model empirical parameters

a. 1Ignition delay correlation constants; e.g., (4-12)

b. Burning rate distribution constants; e.g., (4-7), (4-8),
(4-9)

¢. Nu-Re number correlation constants, appropriate for the
reciprocator cylinder, exhaust port, manifolds, and turbine
connecting pipe; Equations (4-17), and (5-17) up to (5-21)

d. Turbulent dissipation constant; Eq. (4-34)

. Annand's radiation model calibrating constant

f. Friction model constants; ..g., (4-48).

IV. Initial conditions

a. Cylinder pressure, temperature, and composition
b. Intake manifold pressure, temperature, and composition

¢ . Exhaust manifold pressure, temperature, and composition
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d. Turbocharger speed

. VII. Ambient conditions

N

" a. Intake temperature -
,3 X :
# b. Intake pressure ¢
:'.l-: 1
CO H 7
N c. Final exhaust pressure R i

d VIII. Computational parameters

a. Convergence margins for each state variable :
b. Error tolerances for integration of the differential equations 1
- c. Other parameters used in the integration algorithm "ODERT"

(For a detailed description of these parameters, see the engine

&

simulation code.)

P I

i

7.2.2 Outputs

g B, o

8

Four types of outputs are generated by the cycle simulation:

Tam. ot

I. Input echo
A listing of all the input parameters, including some quantities derived

Tew bt
- -
A

¥

directly from the given inputs (e.g. engine displacement and compression y
ratio).

- II. Major crank-angle by crank angle results

At specified crank-angle intervals, the values of the following state ..
variables are returned:
i 3. Cylinder pressure, temperature, znd average equivalence ratio ;
b. Intake manifold pressure, temperature and average equivalence
ratio

¢. Exhaust manifold pressure, temperature and average equivalence

~ ratio
. In addition, the following other quantities are reported at the same

intervals:
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3, Heat transfer model results (such os heat transfer rates from
gas to various component wall surfaces, instantaneous convective
heat transfer coefficient, temperature profiles within various
component wall structures)

b. Turbulent flow model results (such as mean flow velocity,
turbulent intensity, macroscale of turbulence)

¢. Code which monitors the performance of the integration routine.

Integrating through the different processes for the master cylinder, the
following quantities are reported during the corresponding process:
i. Intake

a. Mass flow through intake valve

b. Mass flow through exhaust valve

¢. Velocity through intake valve

d. Velocity through exhaust valve

ii. Combustion

a. Non-dimensional fuel burning rate

b. Fuel burnt as a function of totai fuel injected

c. Flame radiation model results (such as radiant heat transfer,
radiant temperature, adiabatic flame temperature, emissivity)

iii. Exhaust
a. Mass flow rate through exhaust valve
b. Velocity through exhaust valve

III. Integrated results and cycle performance

After completion of an engine cycle, a summary of results obtained by
inte rating some of the governing equations over the cycle is given.
Integrated results include the following:

a. Reciprocator thermal efficiency (gross indicated and brake)
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Overall system brake thermal efficiency

Specific fuel consumption (reciprocator and overall)

Volumetric efficiency (based on manifold and ambient conditions)
Gross indicated, pumping, friction, and mean brake effective
pressures

Total heat loss (as a fractoin of the fuel energy input)

Mean exhaust temperature

Mass of air inducted per cycle

Ignition delay period

Total heat and work transferred during each process

Results of an overall energy balance

IV. Sub-model results

After the overall cycle results are listed, detailed results for the main

sub-models of the cycle simulation are given at specified crank angle

intervals.

a.

d.

e.

These quantities include the following:

Total engine intake and exhaust mass flow rates

Compressor, turbocharger turbine and power turbine speed, mass
flow rate, pressure ratio and efficiency

Power turbine work transfer

Pressures and temperatures at var.ous system locations

Intake manifold, exhaust manifold, and turbine connecting pipe
heat transfer data

Intercooler performance data
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APPENDIX A

Thermodynamic Properties

Our thermodynamic model assumes that the various open systems contain
mixtures of air and combustion products throughout the total engine system,
By utilizing the concept of the instantaneous average equivalence ratio
defined in Section 4.1, the contents of any open system can be represented as
one continuous medium, Furthermore, assuming ideal gas behavior and
thermodynamic equilibrium, the instantaneous gas properties can be determined
from a knowledge of pressure, temperature and average equivalence ratio in the
open system.

When the temperature of the cylinder contents is below 1000 K, they are
treated as a homogeneous mixture of non-reacting 1deal gases, their properties
being calculat:d using the procedure outlined below u49]:

The hydrocarbon-air combustion reaction is written as:

¢ C y + 02 + N2 > X, 0+ x2H20 + x3CO + KNHZ + )(,502 + YN (A-1)

where y = the molar N:O ratio of the products,

y = the molar 'i:C ratio of the fuel,
% = the average equivalence ratio,
X, = moles of species { per mole of O? reactant
and € = 4/(u~y) (A-2)

The quantities Xy are determined by using the following assumptions:
a) for lean mixtures (¢ $ 1) H, can be neglected,
b) for rich mixtures (4 > 1) O2 can be neglected.
¢) for rich mixtures, the gas water reaction
".020112 '\’I)*H‘?O
is in equilibrium with equilibrium constant K(T).
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The solution for the x1 ia shown in Table A-1, where C {s obtained by
solving equation (A-3) for {ts positive root.

(1-KC? o 201 = €p + K(9 - 1 + ep)IC - 2Keolp - 1) = O (A-3)
The value of K(T) is obtained by curve fitting JANAF table data over the
temperature range 400 to 3200 K and is given by

In(K(T)) = 2.743 - 1,761/t - 1.611/t° + ,2803/t3 (A-4)
where t = T/1C00, and T {8 the temperature in Kelvins.

If the grams of products per mole of 02 reactant {s expressed as

M= (8¢ + U)¢p + 32 + By (A-5)

the specific enthalpy h and the specific heats at constant pressure and

constant composition, cp and 00 respectively, can be expressed by the

following r«:lat{onships:

13 P (s F- ) (A-6)
h== I x a,, - - -2 +2a A~
Mg Ly I E 06
6 y a
1 3= 13
c = £ x, & (a,,t + -=%) (A-7)
N S ¢2
R e - S
oTH 30 YT e T e
6 ] J a
_ M/ v_ 1 -
3 X L (ai’1 j i 316) (A-8)

M {=1 J=1
The coefficlents aiJ are obtained by curve fitting JANAF table data to the

above functional form. The values of a are given {n Table A-2. The

J

resultant cp {s in cal/g-K, while h and c’ are in kcal/g.

Since the cylinder contents are being treated as a mixture of non-

eacting ideal gases, the density of the mixture {s given by
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TABLE A-1

Burned Gas Compuc’tinn under 1000 K

{ Speries

1 CO2

2 HZO

3 co

y H2

5 0,

6 N2
Sun
Source:

x1 (moles/mole O2 reactant)

<1 p > 1
() ep -~ C
2(1-€)4 2(1-e¢) + C
0 C
0 2(¢-1) - C
1-¢ 0
v v
(1-€)p + 1 + (2-e)p + ¥
Ref. [49]
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TABLE A-2

Jsefficients for Polynomial Fit to Thermodynamic Properties

Coefficients for 100 K < T < 500 K:

i Species a a a

{1 94 i3
2 CD2 4,7373 16.653 -11.232
3 ‘20 7.8097 -.20235 3.4187

3 co 6.9739 -.82383 2.9420

4y H2 6.991¢ .16170 -.21821
5 02 6.2957 2.3884 -.031479
6 N2 7.0922 -1.2958 3.2069

Coefficients for 500 K < T < 6000 K:

i Species ai‘ a12 a13

1 Co 11.940 2.0886 ~. 47029
2 HZO 6.1391 4.6078 ~.93560
3 co 7.0996 1.2760 -. 28775

4 H 5.5557 1.7872  -.28813

2
5 0, 7.8658 .68837 -.031944
6 N2 6.8078 1.4534  -.32899

¥ picked to give enthalpy datum at 0 K

Source: Ref. [49]

9l

3y s

2.8280 .006767
~1.1790 .001436
-1.1762  .0004132

.29682 -.016252
~.326T4 .004359

=1.2022 -.0003458

a5y s
.037363 -.58945
.066695 .033580

022356 -.15987

.019515 16118
-.0026870 -.20139
025610 ~.11895

36"
-93.75793
~57.08004
~27.19597

-.118189
.103637

~.013967

36"
-97.1418
-56.62588
-27.73464
.75498
-.893455

-.331835

r
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P =g°F {A-9)
o
> where
Ro = the universal gas constant (1.9869 ~al/mole-K)
*
and ﬁ. the average molecular weight of the mixture, is given by
MaM((1-e¢+1+ ¢ $ <1
(A-10)
M=M((2~¢e¢+ ¥ 6> 1
Then, the partial derivavives of the density with respect to
temperature, pressure, and equivalence ratio are given by
p__p -
3T (A-11)
% . @
20 (A-12)
% p
M M
do % M _ oM (A-13)

30 an 0 53

When the temperature of the cylinder contents {s above 1000 K, their
properties are caloulated with allowance for chemical dissociation, according
to the raleulation method described in [50]. This {8 an approximate method
hased on curve fitting data obtained from detailed thermochemical calculations
[30] to a functional form obtained from a consideration of carbon air
combustion, Although species concentrations within the burned gases are not
ralculated, the bulk thermodynamic properties needed for cycle analysis are

ancurately Jdetermined.

95




.”7\4
‘:‘\'*“ku \\_ .

SUNEN

" R Y. . N VRS ‘.\.\'«. . -
TN S R RN e o

APPENDIX B

Thermodynamie Data for Fuel Vapor

Ir. the computer engine simulation code, the fuel vapor enthalpy is

modelled by a polynomial of the form

2 3 y

t t
H(T) = A1t + A2 > + A + A m + A6 (B-1)

vhere t = T/1000, T is the temperature in Kelvins, and the units of H(T) are
kcal/gmole.

The value of A6 for a particular fuel depends on the datum at which the
elements C(graphite), H2. O2 and N2 are assigned zero enthalpy. Using a
datum of 298 K, the coefficients A1 were obtained for fuel C1O.8&“18.68 by
curve fitting table data from Rossini et al [52] to the above functional
form. The values of A1 for various hydrocarbon fuels, including #2 Diesel
fuel, are given in Table B-1.

Our thermodynamic property computer codes, however, use a OK datum. To
convert to a OK datum, a correction term A8 must be added to the enthalpy

given by (E-1) to account for the enthalpy difference of C and H2 between 0

and 298 K. Using data from the JANAF Tables [53],

o] 0

(o] - (o} @ -
Ag = n(Hy = Hyg)y + 5 (Hy =~ Hygg)

= 10.84 x 0.252 + l§$§§ X 2.024 = 21.636 keal/gmole

96




R SO SRR, WO S

[ &.;:; Q\!‘m:‘?‘\}&\n‘«‘ :

TABLE B-1

Coefricients for Polynomial Fit

to Fuel Vapor Data from 300 to 1500 K

Fuel A1
C..H -2.2290
u12h26 2.2294
-2
C13H28 2.1801
C10H20 -12.,482
v1‘d22 -13.607
C10H1u -5.7610
-~ . ]
VI1H16 4.824Y4
Diesel Fuel
Cro.8uthg,68 ~2+1063
Source: Ref. [52]

2711.8"
300.14
2uy .84
270.54
196.29

215.96

26.97

-157.08
-169.86
-142.04
-158.25
-118.07

-128.28

-143.74

97

34.555
37.398
31.844
35.806
27.238

29.245

32.329

0.1970
0.2105
0.0U7Y
0.0986
-.0483

-.0€30

0.0518

-79.304
-85.098
-56.788
-62.192
=9.5171

-15.586

-141.166
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APPENDIX C

franagert Properties

The heat transfer correlations relate the heal tranafer coefficient to

the Reynolds and Prandtl numbers and the thermal conductivity. The ‘
calculation of the heat transfer rates will therefore require values for the Vs
viscosity and the Prandtl number (from which the thermal conductivity can be

obtained). We have used the approximate correlations for the viscosity ana

the Prandtl number of hydrocarbon-air combustion products developed by .
Mansouri and Heywood [51]. -

The NASA equilibrium program [30] was used to compute the viscosity of
hydrocarbon-air combustion products as a function of temperature, T, T
equivalence ratio, ¢, and pressure p. It was shown that the viscosity of the
combustion products was satisfactorily correlated by a power-law based on air

viscosity data, corrected for the effect of equivalence ratio, i.e.,

[kg/ms] = 3.3x10 10" 7/(1 + 0.027¢)

uprod
(c-1)
for 500 KSTSU00K and O0S¢psl

Note that the viscosity of the combustion products {s independent of the
pressure.

The equilibrium Prandtl number of hydrocarbon-air combustion products was
also calculated over the above ranges of temperature, pressure, and
equivalence ratio. Using a second order polynomial of Y to curve fit the
above data, it was shown that the following correlation for lean (¢ < 1)

mixtures predicted values in good agreement (within 5%) with the data, i.e.,

Pr = 0,05 + 4.2(Y - 1) - 6.7(y =~ 1)2 (C-2a)
for 500 K S T s 4000 K and 9381
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WA e N



A LS "._'\‘ -\‘ N AN * ’ . - ‘ t - * T
) . - "

For rich mixtures (¢ > 1), a reasonable fit (less than 10% error) to the
equilibrium Prandtl rnumber values calculated with the NASA program was found

to be the following:

Pr = [0.05 + 4.2(Y - 1) - 6.7(Y -~ D2I/[1 + 0.015x10 2 (41)2]

for 2000 K € T < 3500 K and 1<¢ps 4 (C-2b)
P
[« =
S
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APPENDIX D

Linearization of Total Heat Transfer Rate at the Gas/Wall Interface

The total instantaneous heat transfer rate, convective and radiative,

per unit area, to the combustion chamber walls is given by

Qw = Qc +Q r (D-1)
where Q = h('l‘g - Tw) (D-2)
and Q =k (-1 (0-3)
Qr rr W
where the symbols used have the same meaning as in Section 6.4.
The radiative heat transfer can be expressed as
. y y y ]
Q = KT, =T )+ k(T =T, ) (D-4)
or alternatively as
y y
. (T, -T )
gk -L-— B - 3 2 3yir -
07' kr’ 'l‘g -T y (Tg Tw) ¥ kr(Tg * Tgarw * TgTw ¥ Tw )(Tg Tw)
(D-5)

Combining equations (D-1), (D-2) and (D-%), the total instantaneocus heat

transfer rate per unit area can be expressed in linear form as

Qw a heff‘(Tg - Tw)

(D-6)

where het‘f‘ is an effective linearized heat transfer coefficient defined as

1Y

i 3 2,.3,.r__g’

hepe = N+ k(T + ngrw A ey )
100

(D~7)
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