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PREFACE

Excellent progress has been and is being made on the basic understanding and
control of rotating machinery instability problems. A small group of
researchers have been plugging away at the causes of instabilities and the
cures for them, and machinery manufacturers and end users have recently joined
the effort. Instead of the usual "quick fix" or "shotgun fix" when an insta-
bility problem crops up, problems are being cured directly in the field. Also
several manufacturers have unveiled antiswirl devices that are engineered cures
aimed at and hitting the source of the problem.

Every 2 vears Texas A&M holds an excellent and highly recommended Rotating
Machinery Stability Workshop. Their next workshop will be held in 1986. Since
their last workshop, however, there have been many important developments and
achievements in the area of instability. Therefore, the Bently Rotor Dynamics
Research Corporation called a symposium to assist in disseminating this new
information.

The international Symposium on Instability in Rotating Machinery was held in
Carson City, Nevada, June 10-14, 1985. This proceedings contains 45 papers
presented at the symposium covering a wide range of subjects, including

Rotor/seal and rotor/fluid lubricated-bearing-system instabilities

Flow-generated instabilities in fluid flow machines

Internal friction and rub-related instabilities

Simulation and estimation of destabilizing forces in rotating machines

Computational techniques for predicting the dynamic behavior of

rotating machines

» Instability phenomena in compressors, turbines, and pumps: case
histories

» Cracked-shaft detection

« Vibration control in turbomachinery, including *antiswirl® techniques

and magnetic bearings for active control

At the exhibit following the symposium a dozen working models of rotating
machines equipped with modern computerized instrumentation demonstrated various
machinery instability maifunctions as well as measures to correct them. The
demonstrations are described at the end of the proceedings.

Nearly 100 participants from North and South America, Europe, Asia, Africa, and
Australia attended the symposium. They represented research and educational
organizations as well as manufacturers and users of rotating machinery. The
symposium was also attended by maintenance engineers from refineries, chemical
plants, and powerplants. The wide interest in the symposium reflects a
considerable need to enhance knowledge in this relatively new but rapidly
developing area of engineering.

PRECEDING PAQE BLANK NUT FILMEDL
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We would appreciate receiving comments, corrections, data, and research
disiderata.

Donald E. Bently
Agnes Muszynska
Bently Rotor Dynamics Research Corp.

Robert C. Hendricks
NASA Lewis Research Center
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FULL LOAD SHOP TESTING OF 18 000-hp GAS TURBINE DRIVEN
CENTRIFUGAL COMPRESSOR FOR OFFSHORE PLATFORM SERVICE:
EVALUATION OF ROTOR DYNAMICS PERFORMANCE

R. Gordon Kirk
Ingersoll-Rand Company
Phi114psburg, New Jersey 08865

Mark Simpson
Ingersoli-Rand Company, Ltd.
Wythenshawe, England

The results for in-plant full load testing of a 13.4 MW (18000 HP) gas turbine
driven centrifugal compressor are presented and compared to analytical predictions
of compressor rotor stability. Unique problems from both oil seals and labyrinth
gas seals were encountered during the testing. The successful resolution of these
problems are summarized.

SYMBOLS

Values are given in both SI and U.S. Customary Units. The measurements and
calculations were made in U.S. Customary Units.

a, A real part of eigenvalue, growth factor (sec™!)

N rotor speed, Hz (RPM)

Ner rotor lst critical speed (CPM)

Ng rotor damped critical speed (CPM)

Py compressor discharge pressure, N/m? (1b/in?)

P pressure rise across compressor, N/m2 (1b/in?)

Q aerodynamic cross-coupling, N/m (1lb/in)
INTRODUCTION

The design and testing of centrifugal compressors have demanded increased
interest and concern as a result of documented cases of compressor vibration insta-
bility when actual startup conditions are first encountered (1,2,3,4).

For this reason, two 13.4 MW (18000 HP) aircraft derivative gas turbine driven
compressor trains for North Sea platform service were recently purchased with require-
ments for standard four-hour mechanical shop tests and full load performance testing.
Actual contract gas composition was required to satisfy the customer specificatioms.
The facility for this full load testing was constructed in the United Kingdom.

Figure 1 shows this test facility with one of the two enclosures and associated
hardware.



The contract gas moleweight was 18.3 and consisted mainly of methane. The dis-
charge pressure was 7585 kPa (1100 psig) and the suction pressure was varied from
4137 kPa (600 psig) at 70% speed to 1724 kPa (250 psig) at 100% rated speed to simu-
late field conditions for year 1 through year 6 operation as the gas field pressure
decays. This paper is concerned specifically with the rotor dynamics evaluation of
the mechanical and full load tests of the two seven stage series flow centrifugal
compressors for the year six, 100% speed condition. The relative position of this
design to past experience at the authors' company is shown in Figure 2. The log
decrement for the compressor supported on its bearings and without any other desta-
bilizing element was 0.144 which was similar to numerous other units running without
vibration problems.

EVALUATION OF OIL SEAL PERFORMANCE

One of the major components known to cause instability in high pressure compres-
sors is the oil ring type seal. The original design of the seal for the subject
compressor is shown in Figure 3. The predicted worst case stability parameters for
this design are shown in Table 1 as growth factor for various operating speeds con-
sidering both soft start and hard start conditions (3). The year six condition is
used for stability work since this condition had the highest speed and the highest
pressure rise across the compressor. The initial year 6 design speed was 194.2 Hz
(11650-RPM). A growth factor greater than +50 has been found to cause unbounded
vibration. The authors' company has used a value of +15 as the upper limit of
acceptance if seal and aerodynamic instability mechanisms are included in the analy-
sis.

The mechanical testing of the compressors revealed unexpected problems from the
0il seals. The outer seal lapped surface that contacts and seals to the housing was
fretted after a short running time as illustrated by the typical ring shown in Figure
4. The vibration characteristic for this ring failure mode is shown in Figure 5.

The low frequency oil ring whirl instability would typically start when compressor
speed was just over 100 Hz (6000 RPM) and track with compressor speed. This sub~
synchronous vibration would vary in magnitude and frequency with typical frequencies
from 0 to 30 Hz.

Re-evaluation of the 0il seal ring resulted in reducing the sealing length and
width of the lapped face, and increasing the steady holding force of the springs to
attempt to both stop the low frequency ring whirl and to improve the locked ring
rotor stability. Table 2 summarizes this re-design condition which has much better
stability for both soft and hard start conditions. Table 3 indicates that even with
1751 N/mm (10,000 1b/in) cross-coupling at midspan the design had acceptable stabil-
ity for normal seal ring holding force. Further operation produced unacceptable
results due to fretting damage and the outer seal was further modified to the final
configuration shown in Figure 6. The predicted stability for three seal designs
versus rotor speed are plotted in Figure 7 and compared to the condition without the
influence of 0il seals. The interaction of the aerodynamic excitation is plotted in
Figure 8 for the re~design and final oil seal design as compared to the condition
without 0il seal ring influence. The final modification was made to the seal assem-~
bly procedure to assure that the casing end plate that mates to the oil ring lapped
face was not distorting upon assembly. This combination of oil ring seal design and
modified assembly procedure produced results that did not experience either fretting
damage or oil seal re-excitation of the compressor lst bending critical.



RESULTS OF FULL LOAD TESTING - AERODYNAMIC EXCITATION

The full load test facility was constructed during the same time period that the
mechanical tests were being conducted. The first run up for the full load facility
using inert gas with a moleweight of approximately 14 was made on June 24, 1984, The
entire test facility was functional and the vibration looked very promising as indi-~
cated by all the vibration frequency scans. The thrust end horizontal spectrum plot
given in Figure 9 was typical and indicated the absence of nonsynchronous vibration
at the o0il seal whirl frequency and very small components at or near the first rotor
critical speed frequency. The entire project was considered to be satisfactory at
that time.

The first run on contract "live" gas with a moleweight of 18.3 occurred on July
3, 1984. As indicated by Figure 10, a compressor speed of only 170 Hz (10,200 CPM)
was possible before the vibration grew in excess of the overall acceptance level with
re-excitation at the first critical frequency going as high as .038 mm (1.5 mils).
Upon disassembly, no damage was found on the rotor. These results prompted the use
of a standard balance piston shunt line modification to essentially reverse the flow
on the back of the disk of the last stage impeller. A single feed line and circum~-
ferential groove was used to distribute the flow into the leading edge of the balance
piston. This modification allowed maximum continuous speed to be obtained. The vi-
bration had sub-synchronous pulsations with the steady levels at just over 0.6 mil
and occasional spikes to 0.9 mil (see Fig. 11). The vibration was bounded and sus-
tained operation was possible but the contract specification of .01 mm (0.4 mil) sub-
synchronous was not satisfied. At that time and without bringing the unit down in
speed, the loop gas was reduced in moleweight from 18.4 to 15.5. The compressor vi-
bration reduced to acceptable levels indicating without doubt the aerodynamic origin
of the excitation. These results gave increased evidence of the possibility that the
balance piston labyrinth swirl excitation was a major comtributor to the sub~synchro-
nous instability. A unique modification was designed to produce a uniform swirl in
the leading teeth of the balance piston. The orifice jets were directed against ro-
tation to further negate or reduce any forward swirl of the balance piston gas. This
modification was installed and on August 8, 1984, the compressor was capable of full
speed operation with acceptable nonsynchronous vibration (see Fig. 12). A cross-
section of this particular balance piston modification is given in Figure 13. This
design is now referred to as the NEGASWIRL Insert (patent pending).

The results for the thrust end probes for year six design point are shown in
Figure 14 where the average sub-synchronous levels are indicated to be less than .005
‘mm (0.2 mil). The compressor aerodynamic performance mandated that a new lower de-
sign speed be selected to match the field required flow and pressure condition. The
results for the second unit for its new year six design point (N = 10622 CPM = 177 Hz)
is shown in Figure 15. The nonsynchronous vibration levels are indicated to be only
slightly higher than the unit one levels, while the synchronous component was lower
indicating a slightly better dynamic balance condition for unit two. The overall
vibration levels were within contract specification.

EVALUATION OF DESIGN STANDARDS FOR CENTRIFUGAL COMPRESSORS

The design standard from reference (5) has been overplotted with the inert gas
run, the run limit without NEGASWIRL, and the operation with NEGASWIRL. It is evi-
dent that operation less than the unacceptable line can only be achieved by the
incorporation of 1) stabilized oil seal designs and 2) balance piston and other laby-
rinth seal designs that enhance stable operation. The general slope of this standard

3



is believed to be valid and the region to the left of the design limit bandwidth is
considered to be fully achievable with standard design features.

Upon completion of the unit one testing on this order, a new computer analysis
for labyrinth seals was developed following the theory and general analysis of
Iwatsubo (6) and Childs (7). The results of the stability of the compressor using
each labyrinth seal stiffness and damping characteristic as calculated from this new
program is given in Table 4. The influence of the moleweight reduction from 18.3 to
14 drops the growth factor from 7.3 to 5.5. Removing the balance piston influence
results in a growth factor of 2.4 for the 18.3 moleweight condition.

The vibration spectrum from these units and other high pressure gas compressor
units operating in the field have common characteristics. The nonsynchronous vibra-
tion pulses in a nonsteady fashion with occasional larger spikes that are quickly
suppressed. To reject a machine for an occasional rise over the specification which
is proven to be bounded and harmless is not realistic. To standardize the accep-
tance of units in the field and machines on full load test, the following standard
has been developed to judge the acceptance of nonsteady sub-synchronous vibration.

The magnitude of any discrete nonsynchronous vibration shall not exceed 40% of
the standard overall vibration acceptance limit (with Nycog= RPM):

Compressors:

Rpon-syn (mil peak to peak) < 0.4\/ 12000/Npeos

Turbines and Expanders:

Rpon-syn (mil peak to peak) < 0.4 x 1.15 x\/[iZOOO/chos

The magnitude of the discrete frequency component shall be measured using eight
(8) or more exponential averages. A frequency range of 0-250 Hz shall be used for
units with design speeds less than 7500 RPM, 0-500 Hz shall be used for units with
design speeds greater than 7,500 but less than 15,000 RPM, and 0-1000 Hz shall be
used for units having design speeds greater than 15,000 but less than 40,000 RPM.
The frequency spectrum shall be monitored at the maximum continuous operating speed.
If the nonsynchronous vibration is consistent to the point that the average level is
above 40% of the acceptable overall level, alternate designs should be considered to
enhance the rotor stability.

RECOMMENDATIONS

The following recommendations can be given as a result of the analysis and re-
sults of the full load testing reported in this paper.

1. It is essential to test under the actual gas moleweight condition to verify
compressor stability.

2. The analysis of labyrinth seal characteristics are required to predict the aero-
dynamic excitation of the impeller labyrinth seals and the balance piston.

3. The stability analysis should consider locked seal excitation for rotor stabil-

ity. 0il seal holding force must be adequate to prevent seal whirl which can
result from low compressor suction pressure or seal element distortion.

4



The upper design limit for growth factor is considered to be +15 (log decrement
of -.07) when oil seal and aerodynamic excitations are accounted for. The value
of zero growth factor should remain the design limit for new machinery.

Acceptance specification for nonsynchronous vibration under field or simulated
field conditions should be based on an average level as proposed in this paper.
The overall vibration limit, warning limit, and tr1p level are not altered by
these considerations.
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C-radial N(RPM) = 5000 7500 10000 12500

(in.)
TEST
70 PSI .003 ~45.8 -13.5 1.5 10.2
FIELD
550 ST .005 55 ~10 -2.65 12.8

TABLE 1 - STABILITY GROWTH FACTORS WITH SEALS AT PREDICTED
OPERATING CLEARANCE FOR TEST AND FIELD CONDITIONS
ORIGINAL SEALS: 1.25 IN. OUTER SEALS

C-radial N(RPM) = 5000 7500 10000 12500
(in.)
TEST .003 -35.2 -15.3 -4.95 1.17
70 PSI .004 -31.9 -15.7 ~7.15 -1.83
/ .005 =-30.2 ~15.4 -7.58 -3.2
FIELD .003 -54.5 =11.6 10.0 22.6
250 PSI . 004 -46 -15.8 2.07 13.5
.005 -39.9 -17.9 -3.5 6.4

TABLE 2 - STABILITY GROWTH FACTORS FOR TEST AND FIELD
CONDITIONS FOR THREE SEAL CLEARANCE CONDITIONS
REDESIGN SEALS: REDUCED SEAL LIP 0.D.; 1.0 IN.OUTER SEAL

R Q(1b/in) 100 1000 10000 50000
Worst Case 3.38 4.22 12.3 45,5
Normal Conditions for Seals -.3 .5 8.39 40.8

TABLE 3 - STABILITY GROWTH FACTORS FOR WORST CASE
AND NORMAL SEAL LOADING CONDITIONS
REDESIGN SEALS: INFLUENCE OF Q - AERODYNAMIC
CROSS-COUPLING

—==—Conditiofmmmm Total W/0 Bal. P. W/0 B.P. or 0il Seals
Baseline ©  Aero=0.0 -2.6 -2.6 -6.5
Labyrinth  Mw=l4 5.5 1.59 -2.4
Analysis MW=18.3 7.3 2.37 <1.7

TABLE 4 - RESULTS OF GROWTH FACTOR AT N = 194.17 HZ (11650 RPM)
NOTE: 1.0 LB/IN = 0.175 N/mm
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INSTABILITY ANALYSIS PROCEDURE FOR THREE-LEVEL
MULTI-BEARING ROTOR-FOUNDATION SYSTEMS

Shixiang Zhou and Neville F. Rieger
Stress Technology Incorporated
Rochester, New York 14623

A procedure for the instability analysis of three-level multi-span rotor systems
is described, This procedure is based on a distributed mass-elastic representation
of the rotor system in several eight-coefficient bearings, Each bearing is
supported from an elastic foundation on damped, elastic pedestals., The foundation
is represented as a general distributed mass-elastic structure on discrete supports,
which may have different stiffnesses and damping properties in the horizontal
and vertical directions, This system model is suited to studies of instability
threshold conditions for multi-rotor turbomachines on either massive or flexible
foundations, The instability condition is found by obtaining the eigenvalues
of the system determinant, which is obtained by the transfer matrix method from
the three-level system model, The stability determinant is solved for the lowest
rotational speed at which the system damping becomes zetro in the complex eigenvalue,
and for the whirl frequency corresponding to the natural frequency of the unstable
mode., An efficient algorithm for achieving this is described, Application
of this procedure to a rigid rotor in two damped-eclastic bearings and flexible
supports is described, A second example discusses a flexible rotor with four
damped-clastic bearings, The third case compares the stability of a sixsbearing
300 Mw turbine generator unit, using two different bearing types, These applications
validate the computer program and various aspects of the analysis,

INTRODUCTICN

Problems of rotor instability continue to occur in modern turbomachinery as
stability limits for speed, power, and flexibility are pressed more closely
by advanced rotating equipment, Established methods for raising the instability
threshold speed, such as flexible supports, stable bearing types, etc,, are
sometimes unable to accommodate operational requirements imposed by such designs.
At the same time, demands for simpler and less costly support structures can
introduce additional vibration problems to the turbomachine-foundation structure,
vhich may further influence the instability threshold speed of the rotor system,

The purpose of the paper is to describe a general-purpose multi-bearing rotordynamics
computer code for the calculation of instability whirl threshold speeds for
three-level rotor systems, of the type shown in figure 1, The rotor has distributed
mags-elastic properties, and may carry massive disks at the end of each shaft
section, The usual linear eight-coefficient representation of bearing dynamic
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. properties is employed at each support location, and each bearing may be mounted
upon a massive pedestal which is flexibly supported with damping from the foundation
structure, The foundation also has distributed mass-elastic properties with
allowance for concentrated masses at the ends of each foundation section, The
foundation is mounted on discrete, damped, flexible supports which attach it
to ground, ‘The pedestal supports and the foundation supports both attach to
the foundation, but not necessarily at the same locations: see figure 1, In
this manner the influence of massive pedestals, and of a flexible, tuned foundation
on the instability threshold of a multi-bearing rotor may be obtained,

NOMENCLATURE
A Cross sectional area of shaft
c Radial bearing clearance
Cpx, pr Pedestal damping coefficient
Cxx, ny’ ny, ny Bearing damping coefficient
E " Young's modulus
F F Bearing reaction forces
7 Cross sectional moment of inertia
Ip Polar mass moment of Inertia
IT’ Transverse mass moment of inertia
pr, pr Pedestal stiffness coefficient
Kxx, ny, ny’ Kyy Bearing stiffness coefficients
L Length of shaft section between station n and n+1
Mn Bending moment to the left of station n
M'lu Bending moment to the right of station n
Mpx, Mpy Pedestal mass components
m Mass at gotor station n
t Time
v, Shear force to the left of station n
Vn' Shear force to the right of station n
w Bearing static load
x,y Components of rotor whirl displacement
z Axial coordinate along rotor
ex’ey Components of deflected rotor slope
) Angular frequency of rotor
W Critical frequency of rotor
f h Frequency ratio =w_ /u.p
A Determinant of matrix
A Real part of determinant

16



A Imaginary part of determinant

s .
Wepo Nth Threshold frequency, threshold speed
W Whirl frequency (=wth x f:th)

PREVIOUS YORK

Studies of the instability properties of multi-bearing rotor systems are
comparatively rare in the open literature, The earliest rotordynamic analysis
of such systems appears to date back to Borowicz [1] in 1915, while numerical
procedures for multi-rotor systems were initiated by Prohl [2] in 1945 for critical
speeds, and by Koenig [3] in 1961 for multi-rotor system unbalance response
studies with damped flexible bearings. More advanced multi-bearing rotor system
procedures and codes were developed by Lund and others, for unbalance response
and instability analysis of discrete rotor models [4], and for analysis of
distributed mass-elastic rotors [5] and [6]., Critical speeds of multi-rotor
systems with flexible bearing were also studied by Crook and Grantham [7].
Other multi-bearing rotordynamic codes were developed by Shapiro and Reddi [8],
Zorzi and Nelson [9] using the finite element method, and by Gunter [10], Most
of these studies have included the influence of massive flexible pedestals,
but there do not appear to have been any published studies in which the influence
of pedestals and a general mass-elastic foundation on flexible supports is included.
Most studies have concentrated on the influence of multiple spans on critical
speeds and unbalance response, or on the influence of massive flexible supports
on such properties. The only previous multi-bearing flexible support study
which deals with instability threshold speed appears to be that by Lund [6].
The code upon which Lund's study is based includes pedestal effects, but not
distributed foundation effects, Lund's study is noteworthy for the experimental
. confirmation of the theoretical thresheld speed predictions which it includes,

SYSTEM MDEL

The system model used in this analysis is shown in figure 1, This model allows
details of the rotor, bearings, pedestals, distributed foundation, and foundation
supports to be included in the system response results, The number of rotor
stations and the number of bearing and foundation supports, is limited only
by the computer space available, Rotor stations and foundation stations are
independent, and may be included as required within the system model,

The rotor is massive and elastic and its internal damping is small enough to
be neglected., As the rotor is symmetric about its axis of rotation, it is modeled
using circular cylindrical sections having mass, elasticity, rotatory and polar
inertia properties distributed along their length, Both transverse bending
and shear effects contribute to the rotor stiffness., The rotor is referred
to as the first level of the system, For analysis a rotor is divided into uniform
shaft sections, and large disks with concentrated mass and inertia properties
are included at rotor stations at the ends of the shaft sections, i.e,, at the
stations designated 1, 2, 3, etc,, in figure 1, For instability studies the
rotor unbalance is omitted for this model,

The bearings which support the rotor at specified stations are represented by
the well-known eight stiffness and damping coefficient procedure, which includes

17



both ditect and cross-coupled relative displacement and relative velocity effects,
between the journal and the pedestal motions, The bearing properties are therefore
linear for small displacements, in keeping with the rest of the structural
components, ‘The pedestals which support the bearings are represented by mass
properties in the x- and y- directions (no inertia properties), and they are
supported by elastic, damped members in these directions, ‘This model allows
two-dimensional transverse pedestal dynamics (without support coupling) to be
included, The pedestals are the second level of the system model,

The foundation is a continuous structural member which has different mass-elastic
properties in the x- "and y- directions, It is modeled in a similar manner to
the rotor, using prismatic shear-beam members with distributed properties between
stations, Discrete mass effects such as casing mass, generator stator, gearbox,
etc,, are incorporated at the end stations, The foundation supports are represented
by concentrated elastic-damping elements at the ends of the beam sections, as
required, in a similar manner to the rotor bearing-pedestal supports,. The foundation
supports possess different stiffness and damping properties in the xz- and y-
directions, The foundation is the third level of the system model,

FORCES AND MOMENTS ON ROTOR STATIONS

The convention and notation used in this analysis are shown in figure 2, for
the x-z plane, Similar expressions apply for the y-z plane. The forces and
moments which act on the n-th rotor station are shown in figure 3, They are
considered in the following manner,

a, Inertia forces, The inertia forces which act on the concentrated mass
of the rotor station at angular frequency w ate given by:

2
é\VM=—ma ; =mw2x
x 3t
5 (1)
- _ 3 _ 2
AV‘YM— ma—tzl—mmy

b, 1Inertia moments., The inertia moments which act on the concenttated translatory
and polar inertias at the rotor station at angular frequency @ are given
by:

PP 2
AM)(M - ((p IT)w GX

, (2)
AM = -1
ym = Up =t %
¢. Bearing reactions., Each bearing is represented by" eight stiffness and
damping coefficients in the customary manner, The bearing forces are given

by:
Ava =- Kxx (x - xp) - Cxx (x- xp) B KXY (y- yp) B ny (y- 99)
. ] '] '3 d3)
= - - -C - -K - -C -
AV g == Koy (x=x ) —Cpp x=x ) =Koy -y ) - Cyp (v - yp)
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Here xp and Yp afe the pedestal displacements, and x and Yp are the pedestal

velocities, The cross-coupling terms in these expressions couple the bearing
and pedestal displacements and velocity, The bearing coefficients are
functions of Sommerfeld number, bearing type, and Reynolds number if turbulent
flow is involved, The influence of bearing moments on the rotor is usually
small and is neglected in this analysis,

FORCES AND MOMENTS ON SHAFT SECTIONS

The analysis procedure for the shaft follows the distributed mass-elastic method
described by Lund and Orcutt [5], with the difference that the harmonic unbalance
components are zero in the fourth-order equations of motion, This procedure

is not repeated here, but is similar to that given in the next section for the
foundation analysis,

FORCES AND MOMENTS ON FOUNDATION SECTIONS

A section of the foundation between stations r and r+1 is shown in figure 4,
The foundation analysis is performed by developing a transfer matrix for each
section, in a similar manner to the rotor analysis, The structure is sub-divided
into uniform shear-beam sections, All speed-dependent terms in the foundation
equations are zero, and the foundation is allowed to have different stiffness
properties in the horizontal and vertical directions, The equations of motion

for a uniform foundation beam section between end stations in the x- and y-
directions are.

4 4 4
3 X { 3 x 2 pl 9 x
El L aEG p;rx} 2f 7~ teA > 2+ aTCx uf =0 (4a)
3z x x 9z at It X ot
4 - 4
3y { 3 'x 2 . 2"
f p x
El, —g - ol aEC piT"} 2f — +0A 2 X+ TC" LI (4b)
| 3z y y 3z at” . 3t % 3t
To solve these expressions set
= eiwt
Xg = X¢ (5)
- iwt
Ye=Y¢e
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Substituting gives the expressions

4= 2— 2
d x { d"x w'l
2 E Tx f 2 Tx - _
El + pl_w” { + } - pAw” {1 - }x, =0 (6a)
x dzu x axG pTx dz axCK f
d'y { d~y, w !
f 2 E TY f 2 T - 6b)
El + ol w? { + } - pAwl{1- Y }y.=0 (
Y 35" y aC "ol T y,2 o, CA ' YV¢

The form of these equations is identical, and they are uncoupled because of

the coordinate symmetry, Where I_ # I_ the x- and y- equations must be solved
separately, To demonstrate the sofutiod procedurte for the x- direction, write.

. 2
. | 2 w1
2,2 _ 2. p T 4. pAuw - T 7
20707 = wilgE + gk A e (1~ Sca! (7)
Substitution in equation 6a gives
4 2-
d ' x d“x
qf + 20222 zf— )\u?f=0 (8)
dz dz
The solution to this expression is
><f=D1 cosh )\12 +D2 sinh )\1z_+D3cos >\2z +Dusm )\Zz (9)

where Dl’ D,, D, and D, are integration constants to be determined from the
boundary conditions, The eigenvalues of these expressions are given by

_ / 4 _ 2,3
Ale= Al {Y 1+ (aX)" - (0 M7} (10)

4 2, %
)‘sz" AL {\’1+(o)\) + (0 A)7}

The boundary conditions for the foundation section are:

2=03 Xp =X, 0= 0gn, Mp =M, Ve =V
At th th i = . = = =
e other end of the section z Lfn’ xg xf,n+1’ 0 °f,n+1’h% N&,n+1’
Vf = Vf,n+1'] Upon substitution the required transfer matrix expressions for
the foundation become:

IThe simplest procedure is to eliminate the distributed rotary inertia effects

ITy, 1 and to account for these terms by using lumped inertia where neces-
sary at”the end of the foundation section. Thus we will neglect Iy, and ITy'
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X =b X + L b ¢] + h / /
f.n+1 In "f,n f.n Y3 'x,n 2n, bqn Mf'n *hy b7n vf’n
:l / /
Gf,mﬂ 3 q>n' h2n bSn Lf,n * b2n Gx,n * h\n bsn Mf,n * h2r\ bl-tn Vf n
M =1s L 1o L2 / ! (11)
f,n+l ~ 2 ®n f.n Bun *n *§ % Lf,n Psn ef * 5o Mf n L‘f n Pan V
l 1 7 /
f,.n+1 d’n b3n Lf n ¢n l'\",n blm ef,n * 3¢n h2n bSn Mf nt bln V1‘,n
where b. = (Azcosh A, L + X cos A L ) / (A 2)
1n 1 1 f,n 2

b —()‘2 osh A, L +)\ cos)\ L )/(l 2)

2n VA2 € 1°f,n A,

b3n=()x.lsinh lef'n+x sm)\ L )/()\ +)\)L

2 2, ,2 (12)
ban = 2 (cosh A1 Lf,n - cos kz Lf,n) / (11 + 12) Lf,n
. l ) x2 L3
bo, =6 (2, sinh 2, Lf' = Agsin A Lo )/ (A + ‘2 f,n
b6n =()‘ sinh A Lf +)\ sml L )/,(_k +l)l L
3 . 2 4.3
bon =6 (A7 sinh llLf, 1)\ sm)\ L n) /(k +)\2) A Lf,n
h]n = Lf,n/EI; h2n = Lf,n/ZEI; h3n = f,n /6E1

2
O =W PALe o

The solution for the foundation in the y-digection is similar to the

above,
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Details of the rotor-pedestal-foundation models are shown in figure 5.

THREE-LEVEL SYSTEM

Using

the notation shown, the equations governing the harmonic motion of this system

in the x-z plane are:

xenf

Fxsnf

Fenf ~

Fxsnf -

(" - A
*en T *enp
K -
=) xx WCyx xy “’ny Xsn ~ *snp g
- - ) - 13
WCyx Kyx "’ny ny Yen ™ Yenp (13)
Ysn ™ Ysnp
\ J
pr wap xcnp ~ Xenf
) [ (14)
“Cyp Kyp| | ¥snp ™ Xsnf
F M 0 X
xen | _ px cnp
F - , (15)
xsn 0 Mpx xsnp

where @ is the rotor exciting frequency,

ditection,

Frens €tCes

x

cnp? €tCes

Similar expressions apply in the y-z

These expressions are used to obtain expressions for the rotor forces
the foundation forces F

zcnf® €tCes and the pedestal displacements

in terms of the displacements of the rotor and the foundation,

The transfer matrix procedure described in the previous section is then used

to obtain the system transfer matrix,

Assuning that the shear force and bending -

moment aze zero at both ends of the structure, the boundary conditions may be

written:
Rotor

xcl ™ Yxs1 ™ vycl =

xcl = Vixs1 =Mycl
\VA = V! =V

xcr xsr ycr
MI - MI - M!

xcr Xsr ycr

vysl

=MYS1 =

= v.ysr

-— ]
-Mysr

Foundation
v = = = =
xclf vxs!f Vyc’(f’ - vysif =0
M = = = -
xclf stlf Myclf - Mys]f’ =0
o (16) ' - v -y v e (17)
xcrf xsrf ycrf ysrf
0 M

=M = - —
xcrf M xsrf ~ M'ycrf - M'ysrf =0

Starting from rotor station 1, the above equations are used to solve for the

totor equilibrium as described in reference [11],

Each unknown is applied

separately, by setting x, =1, with the other displacements zero; then apply

x
sl
zego,

= 1, others zero etc,, through Yeif
This requires a total of sixteen

= 1, others Zero; Y, y¢ = 1, others

calculations (eight rotor x,y; eight
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foundations, x,y). A 16 by 16 matrix is formed from the resulting expressions.,
The determinant of the matrix is the system stability determinant, The lowest
speed for which this matrix becomes zero is the instability threshold speed.

In general, there is no particular relationship between the number of stations
of the rotor and the number of stations of the foundation, or from which locations
the rotor is supported from pedestals and foundation in relation to the foundation
support locations themselves. This independent rotor/foundation support situation
is incorporated within the computer code by allowing a three-level support at
all rotor and foundation support locations.

INSTABILITY THRESHDID ALGCRITEM

The stability determinant contains two unknowns, the rotatiomal speed and
the whirl frequency ratio fr In the general case, the eight dynamic fluid-film
coefficients are functions 5f both and fr., so that a closed form solution
is not tractable, The solution is conveniently "obtained by iteration as follows,

Step 1, Obtain points for Ac vs, f:l and As vs. f:l

For a fixed value of w , the real part Ac and the imaginary part A s of the
stability determinant are functions of fr_, and so may be calculated., Several
points for Ac vs, ftl are shown in figure 7(a), and data for A s wvs, frl are
shown in figure 7(b).

Step 2. Find zero points of Ac and As by quadratic interpeolation,

As shown in figure 7(a), the program determines two frequency ratios fr. and
frz where the sign of Ac changes, Then a frequency ratio fr, which equals
to (fr. + fr )/2 is applied for an additiomal calculation and obtain A ¢ of

’l'}xc th:ce points with fr_, fr_ and fr, forma quad:atxc curve which intersects
the abscissa at £ vhere Ac 1s zero, Similarly, in figure 7(b), the zero
point of As is obfilned at frequency ratio f —

Step 3, Obtain points for fc(Ac = 0) vs, w and fs(As = 0) vs,w.

Repeat Step 1 and Step 2 with different W until the specified speed range has
been calculated, Several points for fc(Ac = 0) vs,wn may be obtained, and similarly
for fs(As = 0) vs, w, as shown in figure 7(c).

Step 4, Determine threshold speed w th and corresponding frequency ratio
¢ .
tth*

Quadratic interpolation is again used, The program determines two speeds ®
and w, where the sign of (fc¢ - fs) changes, Then a speed w , which equals to
(w;, ¥+ w,)/2 is applied for an additional calculation and obtain fc and fs of
1 2 . . . .

w,., The three points of fc vs. w form a quadratic curve, and similarly for
fs vs, w. The computer program then determines the intersection point of these
two curves, i.,e.,w th and frth, wth is the threshold speed where both Ac and
A's are equal to zero, and frth is the corresponding frequency ratio of Wepe

Theoretically, the real parts and imaginary parts of the determinants become
higher order polynomials in w and fr, and may have many zero points for each
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value of w, But in practical use, only the zero value encountered at the lowest
speed is of interest, The computer program organizes the procedure and the
lowest threshold speed is obtained. '

Other features of this procedure may also be described briefly as follows,
There are two ways to obtain the real and imaginary parts of the determinant
of a matrix, One of them is to use a complex number for each determinant
calculation., But for many digital computers, this will reduce accuracy because
both real and imaginary parts of the complex number have only about a half of
the significant digits that the real constant has in the double precision,
Another way is to use a real constant for the determinant calculation to obtain
real and imaginary parts, and both parts have the same significant digits in
the double precision. The latter way was used in the computer program developed
here. Greater accuracy is thereby obtained,

Because a higher exponent (either positive or negative) may occur on the real
and imaginary parts of the stability determinant, measures have been taken to
prevent from computer overflow or underflow in the determinant calculations.
Furthermore, the eight bearing coefficients are often sensitive to the results
of the threshold speed, so that they should be checked carefully beforehand.
A parametric study of variation of bearing coefficients on the result of threshold
speed has also been performed which confirms the above comments.

EXAMPLE 1, RIGID ROTOR ON TWO BEARINGS

The c¢ylindrical rotor shown in figure 8 has been studied by Lund [4], and is
supported in damped flexible bearings and pedestals, In this instance this
system has been mounted upon a continuous foundation mounted on damped flexible
columns, Details are given in table 1, ‘The threshold speed of the rotor was
calculated as (a) one-level system (rotor in damped flexible bearings, rigid
pedestals, and rigid foundation), (b) a two-level system (rotor in the same
damped flexible bearings, very stiff pedestals, and rigid foundation), (c) as
a three-level system (rotor, bearings, very stiff pedestals, and very stiff
foundation and foundation supports), (d) as a three-level system (rotor, bearings,
very stiff pedestals, and soft foundation and foundation supports) and (e) as
a two-level system (rotor, bearings and soft pedestals), Computed results for
these five cases are shown in table 2, The one-level result was checked against
the one-level result given by Lund, The two-level result (with very stiff pedestals)
was also checked against the same result, The analysis and results were verified
through two levels against known data. The effect of very stiff pedestals in
case (b) did not differ from the case (a) result, The influence of a very stiff
foundation in case (c) was also found to be small, The influence of a soft
foundation in case (d) was found to be large, and the effect of soft pedestals
in case (e) was also found to be large, showing that the effect of pedestals
and/or foundation can be very important., These results are in agreement for
a rigid rotor system with a massive foundation,
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TABLE 1.- DETAILS OF THREE-LEVEL, TWO-BEARING ROTOR SYSTEM EXAMPLE

TEST: INSTABILITY, 9 STATIONS,2 BRG. (3 LEVEL)

TINSTABILITY ANALYSIS  LEVEL FRG-RATIO  IUNIT  IOMEGA ICOEF  NLIST ALIST
2 3 a 0 1 0 6 0.00E 00
DATA FOR ROTOR: STATIONS  BEARINGS
. - U S S U U S . —
DATA FOR FOUNDATION: STATIONS  FOUNDATION SUPPORTS
9 2

;_..STA.,___MASS__POL MOM._TRS.MOM_ . _LGTH 0D STE 1D.S_ 0D MASS. ID.M__YMEZ _DENS_SHMEZ

r' DATA OF EACH ROTOR STATION

‘ﬂ 1 13. 6 0.23E 03 0. 11 03 3.70 3.45 0. 00 2. 50 0.00 3.000 0.283 0.862
2 31.1 O0.51E 03 0. 25 03 7.75 3.83 0. 00 2. 50 0. 00 3.000 0.283 0.842

e 8 11..5_0.00E.00_0.00E_00 8.30 3.461 0..00 2.50 0..00_3..000.0.283..0.862___
?V 4 2.1 0.00E 00 O.Q0E 00 s.15 3. 45 0. 00 2. 30 0. 00 3.000 0.283 0.862
?f S 27. 6 0. 51E 03 0. 25E 03 10. 40 3. 83 0. 00 2. 50 . 0.00 3.000 0.283 0,842
{ﬂ ..... b - 43.1 0. 12E 04 0. 58E_ 03 8. 45 3.65__. __0.00 2.50_ ___ _0.00.3.000.0.283.0.8582. .
= 7 27.8 0. 00E 00 0. 00E 00 5.75 3. 45 0. 00 2. 50 0.00 3.000 0.283 0.862
F; 8 S.8 0.00E 00 0.00E OO 4. 25 3. 45 0. 00 2. 50 0. 00 3.000 0.283 0.862
!W ] 18_2 0.33E_03_0_17E_03 0.00 0.00 0.00 0.00 0..00_3.000.0.283.0.862_____
X
b -.DATA OF. EACH FOUNDATION .STATION

STA. MASE RSIXY(1) RSIXY(2) LGTH AXY YME7 DENS SHMXE7 SHMYE7
N i 43.1 0. 12E 11 O.58E 10 2.88 0.37E 07 0.30E 01 O0.28E 00 0.86&6E 00 0.86E (0
[ 2 43.1 0..12E.11_0.58E_ 10 2.88._ 0.37E_0Z . 0. 30E 01...0 28E. 00 0. 86E.00_0.B6E OO . .
Ei 3 432.1 0.12E 11 0.58E 10 2.88 0.37E 07 0.30E 01 O.28E 00 0.86E 00 0.86E 00
o 4 43.1 0. 12 11 O.58E 10 2.88 0.37E 07 0.30E 01 0.28E 00 0.84E 00 0.86E 00
“1,___"5 ..... 43.1.0.12E11..0.58E 10— 2..88..0..37€ 07-..0..30E .01 _.0.28E.00.-.0.86E_00.0.86E .00 .. _ ..
34 & 43.1 0. 12E 11 0. 58 10 2.88 0.37E 07 (Q.30E 01 0.28E 00 0.86E 00 0.86E 00
8 7 43.1 0. 128 11 0. SBE 10 2.88 0.37E 07 O.30E 0f .0.28E 00 O0.86E 00 0.86E 00
f}_____s 43.1_0.12E_11_0.58E 10 2.88...0.37E.07_.0.30E_01..0.28E..00._.0. B6E-00_0.86E_00
rﬁ 9 . 43.1 0. 12E 11 O. 5BE 10 2.88 0.37E 07 O0.30E 01 0.28E 00 0.846E 00 0.8&E 00

=" AT EACH OF FOLLOWING ROTOR STATION THERE IS A BEARING

|
M 2
Y _AT.EACH._OF. FOLLOWING _FOUNDATION. STATIONS. THERE IS.A_EDUNDATJON SUBRPORT. -

t
I
i 2 8

“.  BEARING DATA

"t  BEARING AT STATION 2

= KXX- BXX KXY. —BXY KYX BYX KYy. BYY. .
¥ ©0.13E 06 0.13E 07 0.62E 06 0. 12E 06 —.88E 05 0. 12E 04 0. 11E 06 0. 18E 0&

™ BEARING AT STATION 8 ’ .

e KXX ~.BXX KXY —BXY. - KYX- BYX. L. _KY¥._. . . BYY. : — -
“, 0.48E 06 0.77E 06 0.33E 06 0. 16E 0& O.11E 05 O. 14E 06 0. 12E 0& 0. 92E 05

- PEDESTAL DATA

T STATIOM MASS-X STIFF-X DAMP~X MASS-Y STIFF-Y DAMP-Y
FRT - DU —0.-100E~17-.— 0..100E_11___.0..100E..03.—— 0. 100E~17.—— .0.100E-11-—_0..100E-03 . . ..
8 0. 100E~17 0. 100E 11 0. 100E 03 0. 100E-17 0. 100E 11 0. 100E 03

x; FDUNDATIUN SUPPURT DATA

e STATION STIFF-X DAMP-X STIFF-Y DAMP-Y
e e @ _0.100E.18 . __0.100E O1. . __0.100E 18 . _ 0. 100E Ol .. . o
8 0.100E 18 . 0. 100E 01 0. 100E 18 C. 100E 01

I*" " STATIONS WITH INTERCONNECTION BETWEEN RGTOR AND FOUNDATION, FOR ROTOR AS FOLLOW
1‘ 2 8

STATIONS WITH INTERCONNECTION BETWEEN.ROTOR AND FOUNDATION, FOR.FOUNDATION_AS FOLLOW . .. . . ..
2 8
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TABLE 1.- CONCLUDED.

... FIRST SPEED . LAST SPEED . .SPEED INCR. _ .. . . i o e mn e moie e e o
0. 831000E 04 O©.851000E 04 0. SOC000E 02

- FREQUENCY -RATIOS — - . — .

0. S00000E 00 ©.495000E 00 O.490000E 00 0. 480000E 00

NI

TABLE 2.~ RESULTS OF EXAMPLE 1

Threshold Speed, tpm
Case System Difference
- Program Lund [4]
(a) one-level 8317 8350 -0 .4%
(b) two-levél, stiff pedestals 8317 =0 .4%
(c) three-level, very stiff foun.] 8204%+ -1.7%
(d) three~-level, soft foundation 7217%%% -13.6%
(e) two-level, soft pedestals 7916¢%9= =5.2%
® The two-level syst;:n with very stiff pedestals has negligible difference

in threshold speed from the one-level system.

hd The th:ee-levél system with very stiff foundation has a little less
thteshold speed than that of a one-level system,

Ll The three-level system with soft foundation has a much less threshold
speed than that of one-level or twozlevel system, This shows vwhere
the foundation effect is important,

hhddd The two-level Vsystcm with soft pedestals has a somewhat lower threshold
speed less than that of the one-level system. This also shows pedestals
effect cannot be ignored.

EXAMPLE 2., FLEXIBIE ROKCR IN FOUR DAMPED FLEXIBLE BEARINGS
ON A FIEXIBLE FOUNDATION

A four bearing rotor system given by Lund [4] as an unbalance response example
is shown in figure 9. Details of the system are given in table 3, The rotor
was modeled using a 27-station representation and calculated using the eight
coefficient bearing data, A suitable foundation model was then developed and
the threshold speed of the rotor was calculated (a) as a one-level system, (b)
as a two-level system (with very stiff pedestals), {(c) as a three-level system
(with very stiff foundation), (d) as a three-level system (with soft foundation),
and (e) as a two-level system (with soft pedestals), Computed results for these
five cases are given in table 4, The foundation effect was found to be relatively
small in case (c) and larger in case (d). Similar results were found for the
pedestals effect in case (b) and (e). These results further show that in this
case the effects of foundation exact a significant influence on the whirl threshold
speed, ' :
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TABLE 3.- DETAILS OF THREE-LEVEL, FOUR-BEARING ROTOR SYSTEM EXAMPLE

"
i

INSTABILIT;.AhAL;SIS

En

TEST: INSTABILITY-Q? STATIONS,4 BRG. (3 LEVEL)

"LEVEL FRG-RATIO IUNIT 1OMEGA ‘1COEF NLIST ALIST
2 3 7 0 1 o 0 0. 00E+00
DATA FOR ROTOR: STATIONS  BEARINGS
QY Sy = 3 JSSURVOR SUOR SRR O U TR R —a
DATA FOR FOUNDATION: STATIONS FOUNDATION SUPPORTS |
; 23 4
f — . e e e e e . N
“ DATA OF EACH ROTOR STATION
" _ STA._ .. MASS_POL.MOM._._TRS. MOM_—..LGTH._OD. STF. . _.ID.S ..OD.MASS....._ID. M_ YME7 . DENS SHMEZ __
: 1 76.0 0. 00E+00 0. 00E+00 3.75 5.72 0. 00 0. 00 0.00 3.130 0.283 0. 900
v 2 21..4 0.00E+00 0. 00E+00 4.09 5. &2 0. 00 0. 00 0.00 3.130 0.283 0. 900
" 3--30..0.0..00E+00-0, 00E+00 — —.5..31 5.42 ..-0.00.—...0.00.....0..00-3..130 .0. 283..0.500
" 4 125. 0 0. 00E+00 0. O0E+00 6. 62 7.36 0.00 0. 00 0.00 3.130 0.283 0.900
" 5 124.0 0. GOE+00 0. OCE+00 2.25 8. 86 6. 00 0.00 0. 00 3.130 0.283 0.900
e - 382..00.-00E+00-.0..00E+00 5.-9.1 11.22......0.00.—_0..00 0-00.3..130-0.283.0.900 ..
” 7 876. 0 0. 00E+00 0. 00E+00 9.78 15. 14 0.00 0. 00 0.00 3.130 0.283 0.900
5 8 777.0 0. 00E+00 0. OOE+00 7.19 11.43 0. 00 0. 00 0.00 3.130 0.283 0.900
. 9 570,00, 00E+00—0.-00E+00 8-5% 9.47-—.— 0.00 0.-00. 0.00.-3..130-0.-283-0. 900
i 10 453.0 0.00E+00 0.Q0E+00 .  7.1% 9. 41 0.00 0.00 0.00 3.130 0.283 0. 900
" 11 2350 0.00E+00 0. 00E+00-- . 5,00 8.99 0.00 0. 00, 0.00 3.130 0.283 0. 900
" eien12..2~300. 0--0.-00E+00. .0,-00E+00-—-—b-62 — - 10.-57 - .- 0.-00-——- -~0. 00-—...0. 00 .3. 130.0.-283_0..900 .
; 13 313.0 0. 00E+00 0. 00E+00 4.87 7.92 0.00 0.00 0.00 2.130 0.283 0. 900
X 14 82. 0 0. 00E+Q0 O. OOE+00 2.13 6. 10 0.00 0. 00 0. 00 3.130 0.283 0. 900
{l——15..——-32.0-0. QOE+00 0..0CE+00 3-19 5.-40. 0..00.— —.0..00 0..00-3. 130 .0.283.0. 900 — .
b 16 36. 7 0. QOE+00 0. OOE+00 7. 42 4. 49 0. 00 0.00 ©0.00 3.130 0.283 0. 900
i 17 28.2 0.00E+00 0. 00E+00 8. 65 3.25 0. 00 0. 00 ©0.00 3.130 0.283 0. 900
i j—m—A8 —-—90. 4. 0..00E+00..0. Q0E+00-~ - 12.38 — - .1.59.. . .0.00 0, 00—.-0..00-3..130-0. 283. 0. 900.. ...
I 19 4.3 0. 00E+00 O.00E+00 1.24 1. 59 0.00 0. 00 0.00 3.130 0.283 0. 900
i 20 4.3 0.00E+00 0. OOE+00 1.24 1.59 0.00 0. 00 ©0.00 3.130 0.283 0. 900
- 78--5-0.-00E+00-0,-00E+00 4,75 4,49 0.00 0.-00- 0.-00-3.-130-0.-263-0..900
i 22 34.2° 0, 00E+00 ‘0. QOE+00 5.32 6.87 - . 0.00 0. 00 0.00 3.130.0.283 0.900
i 23 98. 2 0. 0OE+00 0. 00E+00 6.19 11.48 7" 0.00 0. 00 0.00 3.130 0.283 0. 900
[ -2 — 24310~ O0E+00 -0.-00E+00- 651 13.-44 0.-00 0.00 0.00-3.-130.-0.-283-0.900- .—.
i 25 330.0 0. 00E+00 0. 00E+00 6.21 11. 42 0. 00 0. 00 0.00 3.130 0.283 0. %00
1 26 284.3 0.00E+00 0. QOE+00 4.33 7.50 0. 00 0. 00 0. 00 3.130 0.283 0. 900
{27 63 -7—0-00E+00--0.-Q0E+00, 000 0.-00 0..00 - —-.0. 00— .—--0.00 3.130.0.283.0. 900 .
L _ . :
./~ DATA OF -EACH -FOUNDATION- STAT ION-— ——— e - oo i o TR TR
i STA. MASS RSIXY(1) RSIXY(2) LETH AXY YME7 DENS SHMXE7  SHMYE?
i 1 0.0 0.24E+11 0. 24E+11 0.45 0.5S5E+06 0.S9E+00 O0.26E+01 0. 21E+01 0. 21E+01
2 0.0-0.48E+11-0.48E+11—— 0,960, 78E+06-- 0. -59E+00_. 0. 26E+01 —0. 21E+01-.0, 21E+01 . .
o ‘3 43000, 0 0.48E+09 0. 48E+09 0.40 0.78E+05 0.59E+00 0.26E+01 0.21E+01 0.21E+01
o 4 0.0 0.48E+09 0. 48BE+Q9 0.60 O0.78E+05 0. 59E+00 0. 246E+0t 0.21E+01 0. 21E+01
-5 -—24000-0 -0 20E+10 0.-20E+10---——2.-04 —0. 16E+06 —-0.-57E+00 —0.-26E+01-— 0. 21E+01 0. 21E+01 - — . ...
i 6 0.0 0.20E+10 0. 20E+10 2.04  0.14E+06 0. 59E+00 0. 26E+01 0. 21E+01 0. 21E+01
' 7 42000.0 0. 47E+09 0. 47E+09 0.65 0.76E+05 0. 59E+00 0.26E+01 0.21E+01 0. 21E+01
e B e 0. 00, A7E+0F-0-47E+09—..0. 65 0. 76E+05 0. SFE+CO  0.246E+01 0. 21E+01 O. 21E+01 .
o 9 28000.0 O.11E+10 0. 11E+10 1.95 0.12E+06 ©.59E+00 0.24E+01 0. 21E+01 0. 21E+01
g 10 0.0 0. 40E+09 0. 40E+09 1.96 O0.71E+05 0.S9E+00 0.26E+01 0.21E+01 0. 21E+01
711 —-40000.-0- 0.-47E+09- 0.-47E+09 —-— -0.52 0. 74E+05 . 0. SPE+00 ..0. 26E+01 . 0. 21E+01 0. 21E+01
y 12 0.0 0.47E+09 0. 47E+09 0.52 0.7&4E+05 0.S9E+00 0.26E+01 0. 21E+01 0.21E+01
o 13 148000.0 0. 38E+10 0. 38E+10 2.85 0.226+06 O.S9E+00 0.26E+01 0. 21E+01 0. 21E+01
B 14— 0+ 001 2E+08—0-12E+08— 2 -85 —0.-13E+05-—0. 59E+00 —-0.-26E+01.—0..21E+01 - 0. 21E+0L. o oo .

TEST: INSTABILITY, 27 STATIONS, 4 BRG. (3 LEVEL)

SN

O 15 35000.0 0. 19E+0%9 0. 19E+0%
: ié Q. 0 0.S4E+09 0. S4E+09

: .17 .. 0.0 O0.54E+09 0. 34E+09. 060 0. 83E+05. .

‘ 18 184000.0 0. 19E+09 0. 19E+0%

19 38000.0 0.31E+08 0. 31E+08
e 20...3000.0
. 21 2000.0 0.99E+07 0. 99E+07
Il 22 0.0 0.26E+09 0. 26E+09
Pl 23

i

0. 31E+08 .0.31E+08_ . 1.59__0.20E+0S
1.45 0. 11E+05 0. 59E+00 0. 246E+01
0. 68 O0.57E+05 0. S9E+Q0 0. 26E+01
e300 QOE+00 0. QOE+00... 0. 00.0. COE+00 0. SFE+00—.0..26E+01... 0. 21E+01_0. 21E+01 .. ______

1. 63 0. 48E+0S

0. 60 O.83E+0S5 0. S9E+00

2. 55 0.48BE+0S5
4.00 0.20E+0S

21

0. 59E+00 0. 24E+01
0.
0..S59E+00._0. 26E+01. 0. 21E+01 0. 21E+01... . _
0. S9E+00 0. 26E+01
0. 59E+00 0. 26E+01
--0..59E+00...0. 26E+01__0..21E+01_0.21E+01 ______

0. 21E+01 0. 2iE+0Q1
24E+01 0. 21E+01 0. 21E+01
0. 21E+01 0. 21E+01
0. 21E+01 0. 21E+01

0. 21E+01 0. 21E+01
0. 21E+01 0. 21E+01



TABLE 3.- CONCLUDED.

: ___-AT_ EACH_OF_FOLLOWING _ROTOR _STATION THERE..IS.A_BEARING — — -
) 3 i6 22 27

“ AT EACH OF FOLLOWING FDUNDATIDN STATIONS THERE IS A FOUNDATION SUPPORT

e B 9 B AT e e

BEARING DATA .. _ . S RO o e e e e
BEARING AT STATIDN 3 )
' KXX BXX KXY BXY KYX BYX Kyy BYY
"~ Q. 15E+07. 0..34E+07 = 80E+06..0 13E+07.0..97E+06..0. 13E+07-.0.-15E+0&. 0. 10E+O7Z
BEARING AT STATION 16
: KXX BXX KXY BXY KYX BYX Kyy BYY
| .0 15E+07.-0.34E+07 = _BOE+06.-0 {3E+07 0 97E+06_0.-13E+07-0.-1 SE+06..010E+07
. BEARING AT STATION 22 s T
T KXX BXX KXY " BXY KYX BYX Kyy BYY
.. 0. 15E+07. 0..33E+07 -=. . 10E+07-0. 1 8E+07- 0.1 2E+07 0, 18E+07 -~ 12E+06 G 18E+07 - - -
BEARING AT STATION 27
KXX BXX - KXY BXY KYX BYX Kyy BYY
- 0. 15E+07..0. 33E+07-=-10E+07-0.-18E+07-0.-12E+07.. 0. 1BE+07 .-~. 12E+06-0.- 1BE+07-. .-

PEDESTAL -DATA_ . . e e e et e e et e e o e e e e

- STATION MASS~X STIFF-X DAMP— MASS Y STIFF-Y DAMP~Y
) 3 0. 100E-Q4 0. 100E+14 0. 100E+00 0. 100E-04 0. 100E+14 0. 100E+0C
_'—M ié6 0. 100E-04 0. 100E+14 0. 100E+Q0 0. 100E-04 0. 100E+14 0. 100E+Q0
T 22 - a0 100E-04 Q-100E+L4.— _0..100E+00 .. . 0. 100E~04 .. 0. 100E+14 0. 100E+00— — -

27 0. 100E-04 0. 100E+14 0. 100E+Q0 0. 100E-04 0. 10CE+14 0. 100E+QQ

‘- FOUNDATION-SUPPORT--DATA

STATION STIFF-X DAMP—X STIFF-Y DAMP-Y
3 0. 100E+33 . 0. 100E+Q1 C. 100E+33 0. 100E+01
i ? 0.-100E+33———C-100E+01 -  0.-100E+33-—— - 0.-100E+01
N 13 0. 100E+33 - - 0. 100E+01 Q. 100E+33 - 0. 100E+01 ¥
;" 17 Q. 100E+33 0. 100E+01- 0. 100E+33 - 0. 100E+01 H

- STATIONS WITH INTERCONNECTION BETWEEN ROTOR AND FOUNDATION. FOR ROTOR AS FOLLOW

[N SIS, U/ an 27

STATIONS WITH INTERCONNECTION BETWEEN ROTOR AND FOUNDATION. FOR' FOUNDATIDN AS FOLLOW
4 14 17 21

TEST: INSTABILITY, 27_STATIONS, 4 BRG. (3 LEVEL) _ . _______ . .. . . ... _{ e e e e e e

I FIRST SPEED . LAST SPEED’* . SPEED INCR.
7. 0.900000E+0& - 0. 100000E+05 * 0. 200000E+03

FREGUENCY RATIOS
G. 500000E+00 0. 495000E+G0 0. 470000E+00 0. 480000E+00 0. 400000E+00
0. 350000E+00... 0. 300000E+#00. oo e oo oo oo o o oo e _ . o
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TABLE 4 RESULTS OF EXAMPLE 2

Threshold Frequency Vhirl Percentage
Case| System _ Speed,rpm Ratio, fr | Speed,rpm Difference
(a) | one-level 9910 0.4990 4945 0%
(b) two-level 9910 0,4990 | 4945 0%
(c) | three-level, stiff foun. 9873 0.4996 4943 =0,24%
(d) three-level, soft foun, 9625 0.4998 4811 -2,71%
(e) | two-level, soft pedestal 9732 0.4995 4861 =1.7%

EXAMPIE 3, 300 MW TURBINE-GENERATOR UNIT

The turbine-generator rotor shown in figure 10 operates at 3600 rpm and is mounted
in six fluid-film bearings, ranging in size from 200 mm (7.87 in) to 400 nm
(15.75 in) shaft diameter, Bearing oil inlet viscosity is 16 cp at 1600F,
The bearings are supported on flexible pedestals, mounted upon a stiff foundation,
which was effectively a two-level system, The rotor model has 15 stations.
The threshold speed of the system was calculated (a) using two plain cylindrical
bearings for the generator (i.e., #4 and #5 bearings), and four MFG-Type bearings
for the other supports, and (b) using six MFG-Type bearings for all supports.

The . results of the stability threshold speed calculations are shown in table
5. For case (a), the threshold speed is 2200 rpm, °The corresponding frequency
ratio is 0.,3518, which corresponds to a whirl speed of 2200 x 0.3677 = 809 rpm,
This is close to the first flexible critical speed of the gemerator, which occurs
at 837 rpm, For case (b), no threshold speed was found below 4000 rpm, These
results agree with field observations, and demonstrate the capability of MFG-Type
bearings for preventing rotor whirl instability.

TABLE 5 . RESULTS FOR EXAMPLE 3

Threshold Frequency Yhirl Speed
Case System Speed, rpm Ratio Nw=Nth x fr rpm

(a) Two Plain Cylindrical Brgs. 2200 0.3677 809
for Generator, Four MFG Type
Brgs. for Others

(b) Six MFG Type Brgs. No No No

ENCUISIONS

1. A general-purpose rotordynamics analysis procedure and computer code has
been described for the calculation of instability threshold conditions
for damped flexible rotor-bearing systems mounted in pedestals, and supported
on a distributed mass-elastic flexible foundation.
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2, The procedure described has been verified using several established results
from the open literature, and close correlation between pedestal threshold
speed and whirl frequencies has been found,

3, Application of this procedure to a six-bearing, five-rotor, turbine-generator
system has been described, Results were consistent with field observations
for this case.

4. The procedure is suitable for evaluating the influence of pedestals and
of distributed support foundations on the stability of multi-span rotor
systems, The transfer matrix procedure is efficient, and double-precision
accuracy is ensured using the complex eigenvalue algorithm described.
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A (1) Ac change sign between fH and f'_2

} (2) fr3‘ = fr'1 + fr2 for -quadratic

2 interpolation
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o f

r

£ {(a) Zero point of Ac
r1t f r2
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quadratic interpolation
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Figure 7 Threshold Speed Determination from the
Computer
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SIMULATION OF NON-LINEAR BEARING FORCES
FOR POST-STABILITY INVESTIGATION

Z.A. Parszewski, J.M. Krodkiewski, K. Krynicki, and A.E. Salek
University of Melbourne
Parkville, Victoria 3056 Australia

Advanced rotor-bearing design requires increasingly non—linear analysis to give
a comprehensive view of the effects caused by Journal bearings. dJournal bearings
introduce into the system a nonlinear asymmetry and strong damping. Unstable
regions predicted from a linear analysis of the bearing,(i.e. using stiffness and
damping matrices) are wunderstood as regions in which amplitude of vibrations
increases with time. The non-linear mechanism limits the amplitudes of vibration of
unstable rotor-bearing systems and forms limit cycles. Disbalance of the rotor
existing in the system frequently causes subharmonic resonances to appear.

Different types of bearing designs have been developed to improve dynamic pro-
perties of rotor-bearing systems. Elliptical bearings, multi-sleeve bearings,
tilting pad and other designs such as herringbone groove have been utilized +to
increase resistance to the onset of self-excited vibrations.

Experimental trials are costly, two alternative methods are possible to gain a
qualitative insight. The first one creates mathematical model and applies both a
digital or an analog computer simulation. The second one investigates phenomena
occurring on the laboratory rig with the bearing replaced by an electronic simulat-
ing device, working in a feedback loop, which produces forces which are function of
Jjournal displacement and velocity. The simulated hydrodynamic forces are produced
according to assumed characteristics matched to the bearing type.

The principal benefit of the analog simulation is that non-linear characteris-

ties of a subsystem may be precisely identified and mathematical methods applied for
a wide class of problems can be checked on the experimental instalation.

JOURNAL BEARING SIMULATION

Integration of the Reynold's equation results in values of the hydrodynamic
force components. The hydrodynamic forces are functions of a journal displacement
and velocity, but they are not given explicitly.

A hydrodynamic force representation can been assumed as a combination of chosen
a priori functions f :

F =Cf +Cf + ... +C¢f F =Df +Df + ,,.+DTF /17
X 11 22 nn y 11 22 nn
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" The coefficients C and D can be matched by minimizing the errors between values
coming from /1/ and the integration of the Reynold’'s equation for given motion
parameters.

In the alternative method, using the shape function characteristics of a jour-
nal bearing [1], the functions £ play the role of shape functions and the nodal
values play the role of coefficients C and D. This assures directly minimization of
the error, Moreover the nodal values of hydrodynamiec force can be evaluated from an
experimental measurement. However din this concept a microprocessor should be
involved for the bearing forces transfer in the simulator,

In order to modify a system characteristics e.g. a soft or hard stiffness, the
electronic device has been designed to produce the components of the force according
to the formula /2/:

xj
It

k f£f(x)+k f(y)+ec x+c¢ ¥y
X XX Xy XX Xy

/27

k f(x)+k f(y) +ec x+c ¥
y yx yy yx yy

2]
I

where function f has been modeled as:

2 2
f(z) = z(z - 2 ) !/ 3/
o

The system characteristic is built by a superposition of both characteristics:
a mechanical one and an electronic one. A proper choice of the coefficients k
results in a hard or soft stiffness. By shifting the electronic characterictics
along x or y co-ordinates an unsymmetrical stiffness can be obtained which allows
modeling of bearing external static load. ‘

In some cases when linear effects introduced by a journal bearing have to be
taken into consideration the function f in /3/ can bée modeled as a linear one. The
coefficients k and ¢ in the formula /2/ will represent stiffness and damping coeffi-
cients corresponding to the statical position determined by the Sommerfeld number.

BEARING SIMULATOR

The electronic device has been designed according to the following assumptions:
— input data analog conversion to satisfy the conditions of real-time active
feedback control.
- biaxial input/output,
= input maximum of signal 8 V which corresponds to a Journal displacement of 1 mm,
- frequency range 500 Hz,
= output maximum of signal 8-12 V which corresponds to 10 N force.
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The block structure and performance of the analog support simulator are shown
in TFig.l. The input amplifier IA amplifies the sum of input signals and D.C.
voltages produced by the sources RPX and RPY(allowing for balancing), and protects
the device aganist overloads. The gain of IA amplifier can be chosen by the dis-
placement range selector DS.
The gain of the DA amplifier, which differentiates the signals, is selected
depending on frequency. The frequency selector FS protects the DA amplifier and
other stages of the device aganist saturation at the higher frequencies and dif-
ferentiates with good linearity.
The function generator FG produces a linear or nonlinear funection, according to
Fig.2, dependent on the position of the mode selector MS. The output signals are
amplified by the linear amplifiers Al-A4 (damping and stiffness matrices). The vol~
tage comparators CPX detect overload (saturation) stages. The output amplifiers OAX
and OAY provide the final gain for the output siganls.

EXPERIMENTAL RIG

The experimental rig has been designed to observe and study non-linear phenome-—
na introduced by a non-linear support e.g. a journal bearing. The main aims of
experiment are to study self-excited vibrations and effects of an external harmonic
force acting in an unstable region.

The journal bearing has been replaced by the analog support simulator working
in a feedback loop to create wider facilities. The non-linear element can be iden-—
tified with high precission, so theoretical results can be checked on an
experimental rig. The scheme of the rig structure is shown in a block diagram
(Fig.5).

The experiments have been designed in such a way that substructure identifica-
tion, self-excited vibrations and disbalance effects (subharmonic resonances) can be
studied on the same rig (Fig.4-5).

The active feedback control loop contains the following devices: displacement
transducers DT, analog support simulator SS, voltage amplifier ASA, power amplifier
PA, electronic vibrators V (shakers) and force transducers FT,

Biaxial displacements x,y of the Jjournal are converted into voltage signals by
transducers uT. The analog support simulator has these signals as an input. The
output signals of two channels can be mixed by the analog amplifier ASA with two
signals in time quadrature produced by the tuned generator G,if necessarly (simulat-
ing shaft disbalance). Then the signals are amplified by the power amplifier and
supply the electrodynamic vibrators. The vibrators convert the signal to the biaxi-
al interaction forces between the bearing and the journal.

Both displacement and force signals are observed on the  two-channel
oscilloscopes. The displacement signals are currently analysed by the spectrum ana-
lyser, so the frequencies of the vibrations can be found immedietally.

The experimental data are collected by a PDP-computer. The analog adaptor A&

memorizes periodically the analog input signals and sends them to A/D computer con-
verter without any phase shift errors.
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IDENTIFICATION OF MECHANICAL SUBSYSTEM

The receptance method has been wused for parameter identification of the
mechanical subsystem. Responses of the subsystem along the connecting co-ordinates
have been found experimentally for harmonic excitations in the range of freguency
5-60 Hz.

The receptances were measured directly on the same experimental rig, by intro-
ducing signals to the shakers from a frequency syntesizer FS, and at the same tiae
cutting off signals coming from the bearing simulator. The forces produced by the
shakers and Jjournal displacements are measured and stored in computer memory for
various values of frequency.

A computer program is used to estimate subsystem parameters in the neighbour-—
hood of a working point.

IDENTIFICATION OF ELECTRO-MECHANICAL SUBSYSTEM

The forces modifying the system are the result of a electro-mechanical loop
whiech involves the bearing simulator, mixer, power amplifier and shakers. So the
characteristics of the subsystem should be found entirely.

By cutting the feedback loop and introducing the signals coming from the fre-
quency synthesizer instead of measured journal displacements, corresponding output
forces are measured and stored together with the input signals. The input voltages
are nmultiplied by the scale—factors of the displacement transducers to obtain values
of the simulated journal displacements.

Introducing a harmonic signal:

z = Z exp(iet) !/ 4/

the damping matrix in /2/ can be found as the imaginary part of the force produced
by the wunit input signal. the real part is associated with the stiffness of the
subsystem. The influence of frequency on the stiffness and damping matrices has
been investigated. It has been proved that in the electro—mechanical loop both
stiffness and damping coefficients kept constant values,it is shown in Fig.6-7.

According to the design assumptions the bearing simulator produces non-—linear
stiffness, independent of frequency /3/. This has been confirmed by measurements at
different frequencies when damping coefficients were zero, the results are shown in
Fig.8. The non-linear characteristics can be found at low frequencies as then the
contribution of damping may be neglected. Introducing a harmonic signal with a low
frequency, separately for each channel, the force components are measured as func-
tions of the amplitudes (Fig.7).

An electro—mechanical identification does not depend on rotor motion except
when the system resonates. To estimate the error introduced by a resonance for the
same setting of the bearing simulator the measurements have been repeated and com~
pared with a fixed journal. The deviations between system characteristics were not
higher than 10 percent (Fig.6).
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EXPERIMENTAL RESULTS

In the first phase of the experimental investigations the possibility of exis-
tence of more than one equilibrium position has been shown. Diagonal elements of
non-linear stiffness matrices having negative values at zero have been introduced.
For some values of stiffness the equilibrium position vanished. Zero was a fixed
point but it could not exist physically because it was unstable (Fig.3). The system
would move at one of the four existing stable positions. Any small perturbation
caused a motion decaying with time around an equilibrium position.

An asymmetry caused by the cross—elements destabilized the system. Due to the
existence of non-linearity limit cycles were formed. Some examples have been shown
in Fig.9-11, These figures present the trajectories of +the Journal displacements
and corresponding generated forces as well as their time representation. For some
settings of the non-linear stiffness and damping multi-frequency limit c¢ycles have
been observed (Fig.10). A limit cycle with a jumping amplitude around two equili-
brium positions has been also found (Fig.11),

The effects of shaft disbalance simulated by an external harmonic Fforce have
been observed. When the external frequency corresponding to the rotational speed of
the rotor was remote enough from the frequency of self-excited vibrations 1in the
system, both self-excited vibrations and subharmonic resonances existed. When the
distance between frequencies was about 1-10 Hz the type of vibration was determined
by the magnitude of the excitation (rotor disbalance). For small values of external
excitation no steady state was achieved. A combination of self-excited vibrations
and subharmonic resonances appeared in the system. Over a certain value of external
excitation, the system established only one type of vibration.
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output calibration

Fig.1. Analog support simulator

Fig.2.non-linear characteristic Fia.3
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MEASUREMENT OF ROTOR SYSTEM DYNAMIC STIFFNESS BY PERTURBATION TESTING

Donald E. Bently and Agnes Muszynska
Bently Rotor Dynamics Research Corporation
Minden, Nevada 89423

Specific aspects of the application of Modal Analysis to rotating machines are
discussed in this paper. For lowest mode analysis, the circular-force perturbation
testing gives the best results. Examples of application are presented.

1. MODAL ANALYSIS OF A ROTATING MACHINE

Experimental Modal Analysis or Modal Testing, as it is sometimes called, has become a
popular method for studying practical vibration problems of mechanical structures.
Application of Modal Testing for parameter identification and diagnostics of rotating
machines, representing an important class of mechanical structures, has several
specific aspects and requires a special approach. The results and predictions
obtained by applying the classical "passive structure" Modal Testing to a rotating
machine are usually incomplete and not sufficiently accurate for the most important
modes, while providing information which is insignificant, for the rotating machine
operating performance.

The specific aspects of rotating machines as subjects of Modal Analysis are discussed
below.

1. A1l dynamic phenomena occurring during the performance of a rotating machine are
closely related to the rotative motion of the rotor. The continuous supply of
rotative energy makes the system "active." Numerous vibrational phenomena in rotat-
ing machines occur due to the transfer of energy from rotation (main performance) to
vibration (undesirable side effects). Rotation of the shaft and all mechanical parts
attached to it, as well as involvement in rotation of the working fluid (in fluid-
flow machines), causes important modifications in modes and natural frequencies. In
large turbomachines additional changes can be generated by thermal effects and foun-
dation deformation. A1l these factors cause the results of Modal Testing of rotating
machines "at rest" ("passive structure" approach) to differ significantly from the
results of testing during machine operational conditions ("active structure"
approach).

2. Rotors, which represent the main parts of rotating machines are equally con-
strained in two lateral directions; therefore, they perform vibrational motion which
always has two inseparable lateral components (conventionally called "vertical” and
"horizontal"). The result forms two-dimensional precessional motion of the rotor.
Unidirectional impulse testing widely used in Modal Analysis, when applied to a

rotating shaft, will undoubtedly result in a response containing both vertical and
horizontal components.
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3. In practical performances of rotors the precessional motion can contain multi-
frequency components, each of them having a definite relation to the direction of
rotation. In a most general case, each individual component can be either forward
(direction of precession the same as direction of rotation) or backward (direction of
precession opposite to rotation). Direction of precessional motion is vital to the
rotor integrity. The net deformation frequency of the shaft is equal to the differ-
ence between rotative and precessional frequencies, taking into account their signs.
During backward precession the shaft is therefore a subject of high frequency defor-
mation (sum of both frequencies). This significantly increases a fatigue hazard.
When measuring rotating machine vibrations it is very important to identify each
vibrational frequency component whether it is forward or backward. Narrow band
filtering and time base orbit analysis is extremely helpful for this purpose. In
classical Modal Testing, "negative" frequencies have no meaning. Applied to rotating
machines, "negative" frequency has a direct and very significant physical interpreta-
tion related to backward precession. Classical unidirectional impulse testing of a

rotating shaft will result in a response containing elements of forward and backward
precession.

4, Most important vibrational phenomena of rotating machines are related to the
rotor lateral vibrations (sometimes coupled lateral/torsional/longitudinal vibra-
tions). Each mode of rotor lateral vibration contains two components (vertical and
horizontal), the characteristics of which are usually slightly different, as a result
of elastic/mass nonsymmetry of the rotor and supporting structure in two lateral
directions. Modal Testing of structures with closely spaced modes presents numerous
difficulties. Rotating machines belong to this category. An alleviation of this
problem consists, however, in close-to~-symmetry modes; it is therefore reasonable to
talk about "pair modes" in rotating machines (e.g., "first mode vertical" and "first
mode horizontal").

5. Classical Modal Testing deals with a high number of modes of a structure in

a wide spectrum of frequencies. In the performance of rotating machines, the most
important are the lowest modes and low frequency precessional phenomena. This fact
is related to the rigidity of the rotor system and to the relationship between the
actual rotative speed and rotor precessional dynamic phenomena. Firstly, rigidity/
mass characteristics of a rotor are always placed in a lower range of frequencies
than those of the supporting structure. The lowest modes of the rotating machine
correspond therefore to the modes of the rotor itself. Secondly, the rotating
machine has its own continuously active forcing function, the unbalance, an insep~
arable feature of the rotating system. The frequency of this forcing is equal to the
rotor actual rotative speed. The resulting motion is referred to as synchronous
precession. A rotating machine operational speed, even if it represents dozens of
thousands of rpm, seldom exceeds third balance resonance frequency; therefore, main
interest is concentrated on 1nvest1gat1ng the rotor first two or three modes, as the
rotating machine has to survive resonances of the lowest modes during each start-up
and shutdown. The amplitudes of rotor deformation at low modes are the highest;
therefore, they are of the greatest concern.

6. Another aspect of importance focused on rotor lowest modes is the fact that

all self-excited vibrational-precessional phenomena occurring during a performance of
a rotating machine are characterized by low frequencies, always located in the sub-
synchronous region (frequencies lower than synchronous frequency) The self-excited
vibrations occur when rotative speed is sufficiently high, and they are often refer-
red to as rotor instabilities, significantly affecting the machine operation. The
frequency of self-excited v1brat1ons is either equal to a fraction of the actual
rotative speed, and the same ratio to rotative speed is maintained if the rotative

48



speed varies (0il whirl, partial rub) or it is equal to the rotor first bending mode
natural frequency (oil whip, full annular rub). Due to the specific role of internal
friction, subsynchronous vibrations of rotating machines are always characterized by
much higher amplitudes than supersynchronous vibrations [1].

7. During classical Modal Testing when dealing with high number of modes, the
accuracy of the phase angle readings is usually lTow. In rotating machines the phase
angle represents an extremely important parameter. It not only gives the information
on the force/response relationship, but also can be related to the shaft rotative
motion. It also yields significant information for the identification of modal para-
meters. Limiting Modal Analysis to the lowest modes permits one to increase accuracy
in the phase angle readings.

8. Finally the most important aspect: the results of Modal Testing of rotors
during operational conditions in low-frequency regions reveal the existence of
special modes, unknown in "passive" structures. These modes are generated by solid/
fluid interaction, e.g., in fluid-lubricated bearings and seals. During rotating
machine performances, these modes show their activity through rotor self-excited
vibrations (e.g., "oil whirl" is the rotor/bearing system self-excited vibration;
"0i1 whirl resonance" and "oil whirl mode" are revealed by perturbation testing

[2-7D). .

Summarizing all these aspects, Modal Analysis and Modal Testing of rotating machines
have to be focused on the lowest bending modes and applied to the rotor during normal
operational conditions. The sophisticated Modal Testing, as used in case of "pas-
sive" structures, is not the most efficient for this purpose. Better results can be
obtained by applying limited frequency sweep circular-force perturbation testing.

2. PERTURBATION TESTING OF ROTATING MACHINES

Perturbation modal testing is one of the commonly-used methods for parameter identi-
fication of mechanical modal structures. The method requires perturbing the dynamic
equilibrium of the structure, represented by a "black box," by a known input force,
and measuring the dynamic response of the structure. Most often the response repre-
sents motion, measured in terms of displacement, velocity, or acceleration, as
functions of time (Fig. 1). The input force is applied to a selected point of the
structure. Output measuring devices can be installed in several points of the struc-
ture, giving a set of structure point responses. Changing the point of force appli-
cation, and measuring the structure response again, one can eventually get a matrix
of responses corresponding to the 'vector' of inputs.

In the case of mechanical structures, the input is usually a force; the output is
usually motion. The "black" (or "grey") box, representing the structure should then
be described in terms of the structure Transfer Function with the units [Motion]/
[Force]. 1In the linear case the Transfer Function represents a matrix, whose compo-
nents could be real or complex numbers. The matrix order is equal to the number of
points of force application and to the number of the assumed degrees of freedom of
the structure.

Perturbation technique is widely applied for identification of "passive" structures,
i.e., the structures whose dynamic equilibrium represents the static equilibrium.
For "passive" structures, such as bridges, masts or buildings, the dynamic equilib-
rium means "no motion." A different situation occurs in the case of "active" struc-
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Figure 1. - Block diagram of a mechanic structure dynamic perturbation.

tures, such as rotating machines. Their dynamic equilibrium means rotation at a
particular rotative speed, i.e., in the "active" structures there exists a continuous
flow of kinetic energy. It is well knawn that due to several physical mechanisms the
rotational energy of shafts can be transferred into various forms of vibrational
energy of the shafts themselves (e.g., shaft lateral vibrations), supporting pedes-
tals, cases, foundations, etc. It is then very important to know “how stable" the
rotating machine dynamic equilibrium is. The perturbation method can give the answer
to this question. Perturbation method applied to the "active structures" at their
dynamic equilibrium give better evaluation of the structure parameters, as their
value becomes affected by the shaft/rotational speed.

In "active" structures such as rotating machines, the best input force is a circular
rotating force applied to the shaft in a plane perpendicular to the shaft axis. This
force perturbs the shaft simultaneously in two lateral directions. Shaft motion in
these two directions is closely coupled; a unilateral perturbation would result in
shaft motion in both directions. An important advantage is related to the circular
rotating force: the direction of its rotation can be chosen, i.e., the force can
rotate "forward," in the direction of the shaft rotation, or "backward," in the
opposite direction. For rotating structures the modes "forward" and "backward" are
different. A unilateral shaft perturbation (or a perturbation applied to the ped-
estals or other nonrotating elements of the rotating machine) would result in mixed
"forward" plus “"backward" perturbation of the rotating shaft [8]. The shaft response
will then contain both modes and the results might be ambiguous.

Another advantage of a circular rotating force is the ease of control of the force
magnitude and phase by applying a controlled unbalance in the perturbation system and
the ease of controlling its frequency, usually varying from about 20 rad/sec to a
chosen value (sweep-frequency type of perturbation).

The perturbation system of a rotating machine can consist of an unbalanced rotating
free spinner driven by compressed air blow (Fig. 2a) or can consist of an unbalanced
perturbing shaft driven by a separate motor and attached to the main rotating machine
shaft through a pivoting bearing (Figure 2b). These types of systems allow for "non-
synchronous" shaft perturbation, i.e., the frequency (angular speed) of the perturb-
ing force is entirely independent of the rotational speed of the main shaft. They
also allow one to perturb the shaft either in a forward or a backward direction. Such
perturbation systems also give very good results when the shaft does not rotate.
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Figure 2. - Nonsynchronous perturbation of rotors.

“Nonsynchronous" perturbation, applied to a rotating machine, requires additional
perturbing devices which, in case of big heavy machines, might be difficult to
install. For some machines "synchronous" perturbation will give sufficient and very
important information.

The "synchronous" perturbation force is created by a controlled unbalance introduced
directly to the machine. The system response filtered to the synchronous component
(1x), is measured during machine start-up or shutdown (for instance, this type of
synchronous perturbation is used during balancing). By comparing the input force
and the rotor output response, the rotor "synchronous" characteristics can be identi-
fied. 1In particular, in the case of the calibration weight balancing for one parti-
cular speed, the matrix of the rotor influence vectors representing the rotor trans-
fer function as well as correcting weights can be calculated. Synchronous perturba-
tion allows one to identify the rotor synchronous modal mass, stiffness and damping,
by applying the Dynamic Stiffness Method [2,9]. This synchronous testing should be
recommended for all rotating machines, as a routine practice.

In summary, the modal perturbation method is very efficient in the identification of
dynamic characteristics of rotating machines (Fig. 3). "Nonsynchronous" perturbation
should be superimposed on the rotational motion of the machine, while the machine
operates at its normal conditions (including temperature, pressure, etc.). The best
perturbing input for rotating machines is a rotating, circular unbalance force ap-
plied directly to the shaft. This force has slowly variable frequency (sweep method)
and it can have direction "forward" or "backward" relative to the direction of the
shaft rotation. The "synchronous" rotor perturbation, during start-up or shutdown,
by a controlled unbalance, introduced directly to the rotor does not require any
additional devices and it allows one to identify very important rotor “synchronous"
modal dynamic characteristics.

3. RESULTS OF PERTURBATION TESTING OF ROTORS

3.1 Identification of Natural Frequencies as Functions of
Rotative Speed for Rotors with Strong Gyroscopic Effects

Rotative energy of shafts has a significant influence on rotor dynamic characteris-
tics. In particular, rotating shaft natural frequencies differ from nonrotating
shaft natural frequencies. The perturbation testing has been used for determining
the relationship between the rotor natural frequencies and rotative speed. The rig
with a rotor showing strong gyroscopic effect presented in Fig. 4 yields the results
of forward and backward perturbation given in Fig. 5 [2,10].
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3.2 Identification of Rotor First Mode Parameters by
Perturbation Testing (Dynamic Stiffness Method)

Synchronous perturbation combined with Dynamic Stiffness Method testing was success-
fully used for the identification of Rotor First Bending Mode generalized parameters
(Fig. 6) [2,9]. When applied to a system with two degrees of freedom (rotor horizon-
tal and vertical displacements), the Dynamic Stiffness Method clearly yields the
system modal (generalized) parameters. Figs. 7 and 8 present the results for the
vertical mode. The controlled unbalance was introduced to the rotor disk at a chosen
location for the first run, then the same unbalance was placed at the same radius,
180° from the previous location for the second run. The results of these two runs
are then vectorially subtracted. This eliminates all existing residual synchronous
effects, and the results of the perturbation testing are very clean.
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3.3 Identification of Bearing Fluid Dynamic Forces

The nonsynchronous perturbation method proved to be very efficient for the identifi-
cation of bearing fluid dynamic forces [2,7]. This method was also applied by »
several researchers in order to identify the radial and tangential fluid forces acting
on impellers in centrifugal flow pump [11,12]. Fig. 9 presents the rotor rig used
for identification of bearing fluid dynamic forces. Figs. 10 and 11 illustrate some
results of low frequency perturbation, covering oil whirl resonance. The perturba-
tion testing yielded several important conclusions, concerning dynamic behavior of
rotor/bearing/seal systems. These include a determination of oil whirl resonance
frequency as being a rotor/bearing system natural frequency and existing only for
forward directions, a specific relationship between bearing coefficients (such as
“cross" stiffness proportional to radial damping, rotative speed, and average oil
swirling ratio), a significant fluid inertia effect, stability margin, stabilizing
effect of high oil pressure (Fig. 12), as well as allowed for full identification of
the bearing fluid force coefficients.

The perturbation testing covering higher frequency range reveal both oil whirl and
0il whip resonances as the rotor/bearing system characteristics as well as the specific
whirl mode, governed by bearing radial damping The Dynamic Stiffness Technique
allowed for the identification of the rotor/bearing system parameters, and creation

of an adequate rotor/bearing model [7] (Figs. 13-15).
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Figure 15. - Modes of rotor/bearing system revealed by perturbation testing.

SYMBOLS
A Rotor amplitude of response
Df, Kf, Mf Bearing fluid damping, stiffness and inertia coefficients
Dsh Rotor external viscous damping coefficient
K K1, Ko Shaft stiffnesses
Ka External spring stiffness
m,r Perturbation mass and radius of unbalance correspondingly
Me Mbe Md Modal masses of the rotor

517



10.

11.

a Phase of Response

n 0i1 dynamic viscosity

A Qi1 average swirling ratio

w Perturbation speed

wg Rotative speed of the main rotor
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WHY HAVE HYDROSTATIC BEARINGS BEEN AVOIDED AS A
STABILIZING ELEMENT FOR ROTATING MACHINES?

Donald E. Bently and Agnes Muszynska
Bently Rotor Dynamics Research Corporation
Minden, Nevada 89423

The paper discusses the advantages of hydrostatic, high pressure bearings as provid-
ing higher margin of stability to the rotor/bearing systems.

INTRODUCTION

Despite the fact that the hydrostatic bearing was invented in 1862 by L. Girard, it
appears to have been carefully avoided as a means of stabilizing rotor systems.

This is very interesting because it is perfectly obvious that if a cylindrical
bearing could provide a higher Direct Dynamic Stiffness term (see Appendix) in the
Tow eccentricity region, then the stability of a rotor system is, in normal situa-
tions, greatly enhanced. The hydrostatic principle not only provides this stiffness
term easily, it may also supply its controllability.

It is an interesting exercise to examine the history of rotor dynamics and lubrica-
tion theory to guess what went right and what went wrong, and for what reasons. 1In
this instance, as is typical in other such histories, there appears to be other
engineering considerations which caused the path to go in the wrong direction.

Very early in lubrication theory (in 1919), Harrison correctly pointed out that a
fully lubricated cylindrical bearing is inherently unstable. As a result of this
natural behavior, Newkirk and Kimball introduced the pressure dam modification in
order to provide a static load to the bearing to alleviate the instability when
they showed the basic rules of oil whirl and oil whip in 1924. Numerous research
since that time deals with stabilization by means of static loading, and this
method of static load to a seal or bearing to hold it at high eccentricity
position. At high eccentricity position, of course, the Direct Dynamic Stiffness
term is always very high, thus providing stability to the system.

In addition to internal static loading (the pressure dam) and external static
loading (by whatever means, such as gravity or deliberate misalignment), there has
been a great deal of work on various modifications of the cylindrical form of
bearings. It is the author's observation that all of these modifications are
helpful for the simple reason that they provide a modification of the flow pattern,
as a pure cylinder inside a cylinder is the worst possible situation, if stability
is desired. There are lobe bearings, offset halves, tapered land, and hundreds of
other helpful geometric modifications of bearings. These methods, however, cannot
be applied to seals.

With all these studies and designs, surely someone must have tried .hydrostatic
principles on the basic bearing. Even so, the only known high pressure lubrication
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systems for rotating machinery are very successful designs by a few manufacturers
using a combination of tapered land bearings plus high pressure supply. Beyond
these, the field appears barren.

As nearly as can be reconstructed, the blockade against hydrostatics occurred in

the 1950s. Papers published in this period noted that the sleeve bearing went
unstable if the bearing was 360° (fully) lubricated, but was stable with partial
lubrication. (This is more or less correct; there usually is wider stability margin
with partial lubrication.) The obvious and unfortunate conclusion, however,

appears to have been that high pressure o0il supply can cause 360° lubrication,
therefore, use only low pressure oil supply!

Thus, while correct in its own context, this conclusion apparently blocked the use
of Girard's great invention. It is interesting to note that Rayleigh followed upon
the original hydrostatic bearing to make the first of the more widely used hydro-
static thrust bearing, but no one applied this idea to oil and gas-lubricated radial
bearings [1]. .

HIGH PRESSURE BEARING RESULTS

The plots of the Direct Dynamic Stiffness as a function of static load-related
eccentricity ratio (a) for a bearing with "normal" oil supply, i.e., with hydro-
dynamic pressure or about 20 psi, and (b) for the same bearing with four oil supply
ports and four hydrostatic segments generating pressure about ten times high is
shown in Figure 1. The increase of the Direct Dynamic Stiffness, especially for Tow
eccentricity ratios, is very significant, as this increase powerfully increases the
stability margin of the rotor system if the values are significant, especially for
low eccentricity ratio.

The Quadrature Dynamic Stiffness (see Appendix) is virtually unaffected by the
addition of the hydrostatic bearing, exhibits very regular relationship with the
eccentricity ratio for various values of rotative speed and circular preloads, as
shown in Figure 2. '

For a more dramatic presentation of the extent of control over instability at the
bearing, the Direct Dynamic Stiffness as a function of perturbation frequency
yielded from perturbation testing is shown for the same bearing at low, medium, and
high oil supply pressures in Figure 3a.

Figure 3b shows the Quadrature Dynamic Stiffness. It is, as in the steady-state
tests, essentially independent of 0il supply pressure.

Very similar to the high pressure bearing effect was described in the paper [2]
reviewing the Lomakin effect. A1l that is required to match up to Lomakin effect

is that the fluid pressure to the seals (or other rotor/stator periphery) goes up
with the square of rotative speed, because the hydrostatic stiffness increases
linearly with 0il pressure. Obviously this creates a Direct Dynamic Stiffness

which increases with square of speed, therefore looks 1ike the Lomakin effect of the
"negative mass."

CONCLUSIONS
The conclusions are as follows:
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1. It is readily apparent that deliberate use of hydrostatic bearing high pressure
lubricated (any gas or liquid) can easily be used to build higher stability margin
into rotating machinery, in spite of the thirty years bias against high pressure
lubrication.

2. Since this supply pressure in controllable, the Direct Dynamic Stiffness at
Tower eccentricity is also controllable, so that within some rotor system limits,
the stability margin and dynamlc response of the rotor system is more readily
controllable.

3. It may be possible to take advantage of this effect in the various seals, as
well as the bearings, to assist with stability margin and dynamic response of
rotating machinery.

4. The stability of the bearing can be additionally improved by taking advantage

of the anti-swirling concept. The high pressure fluid supply inlets should be

located tangentially at the bearing circumference and directed against rotation.

The incoming fluid flow creates stability by reducing the swirling rate.
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APPENDIX

It is the easiest to explain Dynamic Stiffness terms on the example of a one-degree-
of freedom mechanical oscillator, modelled by the equation:

M% + DX + Kx = Fed®t ., =1 (1)
where M is mass, D is damping coefficient, K is stiffness coefficient, x is
vibrational d1sp1acement and F represents the amplitude of the per1od1c exciting
force with frequency w. Dots indicate derivation with respect to time, t.

The forced response of the oscillator has the following form:

X = Aej(wt+u) (2)
where
jo F
Ae™ = ? + 0jw 3

In the expression (2) A is the amplitude of the vibration response, a is the phase

of response with respect to the forc1ng function F. The product Aed? has a name of
the Complex Response Vector. It is proportional to the excitation amplitude F and
inverse proportional to the Complex Dynamic Stiffness:
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Complex Dynamic Stiffness = K - Mw2 + Djw (4)

Compiex Dynamic Stiffness has the components:

Direct Dynamic Stiffness = K - Muw? (5)
and

Quadrature Dynamic Stiffness = Dw (6)
The equation (3) yields

Direct Dynamic Stiffness = % cos a (7)

Quadrature Dynamic Stiffness = - % sin a (8)

The expressions (5) through (8) are used for the identification of the system
parameters.

Plotted versus excitation frequency w the Direct Dynamic Stiffness js a symme@rjc
parabola; the Quadrature Dynamic Stiffness is a straight line crossing the origin
of the coordinates.

Similar formulation of the Dynamic Stiffness terms can be applied to the systems
modelled by more sophistic;ted equations.

In particular, for a symmetric rotor supported in one rigid and one fluid
lubricated bearing the model is as follows:

MZ + Mf(i-ijRi-Aszzz) + n(i-ijz) +Kz+Kz= pedut (9

z=x+Jy =41
where M, K are rotor mass and stiffness respectively, M., D, Kb are bearing fluid
inertia, radial damping, and radial stiffness correspongingly, wo is rotative

speed, A is the average o0il swirling ratio, w is perturbation (excitation)
frequency. The variable z = z(t) represents the rotor radial displacement composed
with the horizontal (x) and vertical (y) displacements.

For the steady-state periodic response

L = pedwt+a) (10)

¥h$]Direct and Quadrature Dynamic Stiffnesses for the rbtor model (9) are as
ollows:

Direct Dynamic Stiffness = % cos a = K - Mu2 - Mf(m-)\mR)2 + Ky (11)

Quadrature Dynamic Stiffness = - % sina = D(mPAmR) (12)
The Direct Dynamic Stiffness versus frequency w is a parabola shifted from the
symmetric origin due to fluidic inertia. The effect of higher pressure, which

causes an increase of K_ is shown in Figure 3. For small values of K + Kb the
Direct Dynamic Stiffnesg at zero frequency w can be negative (Fig. 3).
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The Quadrature Dynamic Stiffness versus frequency w is a straight qu crossing the
vertical axis at its negative side. This value is equal to the bearing "cross”

stiffness coefficient, -DAmR, Fig. 3b.
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Figure ). - Direct dynamic stiffness versus eccentricity ratio for a hydrodynamic bearjng (a) and a
hydrostatic bearing (b). (Eccentricity ratio = ratio of journal displacement to radial clearance).
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Figure 2. - Experimentally obtained quadrature

dynamic stiffness versus eccentricity ratio, indicating
insensitivity to oil pressure. :
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TURBINE INSTABILITIES - CASE HISTORIES

C.W. Laws
Bently Nevada (UK) Limited
Birchwood, Warrington, United Kingdom

Several possible causes of turbine rotor instability are discussed and the related
des1gn features of a wide range of turbomachinery types and sizes are considered.
The instrumentation options available for detecting rotor instability and assessing
its severity are discussed.

INTRODUCTION

Turbines of course are built in many forms, from very large multi-cylinder power
generation units, through process/feed pump drives to the smaller specialized
designs using process fluid in an integrated expander/compressor configuration. The
causes of rotor instability in turbines, whether they are steam or gas driven, re-
late closely to the causes of instability in compressors and pumps. In recent
years, instability problems with high pressure compressors have been perhaps more
prominent than with turbines - 11ght rotors, high rotational speeds and high stage
pressure ratios inevitably result in a rotor system which is really fundamentally
unstable in the presence of very significant fluid derived forces. Only the adop-
tion of bearing designs with strong stabilizing characteristics and seal designs
with resistance to the development of destabilizing static and dynamic forces can
ensure the stable operation of many high pressure compressor designs; the position
is similar with turbines.

Arguably, it was the electricity generation industry which pushed forward the design
of large rotating machinery, particularly turbines and high pressure pumps. Para-
doxically, in power generation, rotor speeds are effectively limited to 3000/3600
rpm by system frequencies of 50/60 Hz; gear-box transmission of 660 MW is absolutely
not economically desirable. In the petrochemical process industries, attention has
centered on improved efficiency and reliability (common to both industries), but in
turbine design there has been freedom to exploit the use of increased rotor speeds,
as well as elevated steam conditions, to achieve improved efficiency.

Rotor instability problems have occurred therefore in a somewhat cyclical manner as
technological progress occurred in the thermodynamic sense; in many ways the design
of steam turbines in the power generation and petrochemical process industries has
converged. In two important respects however, the steam turbines employed in these
industrial environments still differ - part1a1 admission of steam is a necessity in
most process-drive steam turbines, but is a rarely used techn1que in power genera-
tion turbines, and fortunately not usually necessary (except in feed pump drives)
since the size of the machine permits the use of full admission with reasonable
nozzle areas. Coupling between multi-cylinder turbines and to the driven machine is
un1versa]1y solid or rigid in the power generation industry, almost un1versa11y
flexible in the process industries. The effect of coupling flexibility is profound
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“in terms of coupled rdtor dynamic behavior; from the point of view of turbine stab-
ility, both of these design differences have a large influence on the potential for
instability in the turbine and driven machine.

Several years ago, the most common type of rotor instability experienced on turbines
was associated with bearing oil film instability resulting in "oil whirl" or "oil
whip." Very often the cause was relatively simple - turbine designers tended to be
more concerned about ensuring that the bearings used were unlikely to suffer from
premature failure due to overloading, either due to dynamic stresses leading to
fatigue of the babbit metal, or wipes when oil film thickness was minimal at Tow
rotational speeds.

Solidly coupled power-generation type turbines (and their associated generators)
were quite commonly affected by this problem some twenty or so years ago. Ensuring
that a bearing load at Teast approximating to the natural proportion of the rotor
weight associated with the bearing location was maintained was obviously a problem,
since changes in alignment could easily deload a bearing during normal operation.

Nevertheless, the bearings used in large turbines are rarely more sophisticated than
fixed geometry, elliptical bore designs, perhaps with central grooving and sometimes
with a tri-lobal geometry. Use of variable <ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>