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ABSTRACT

Entrance and Exit Region Friction Factor Models

For Annular Seal Analysis. (August 1988)

David Alan Elrod, B.S., Louisiana State University;

M.S., Texas A&M University

Co-Chairs of Advisory Committee: Dr. Dara Childs
Dr. Clayton Nelson

The Mach number definition and boundary conditions in Nelson's nominally-

centered, annular gas seal analysis are revised. A method is described for deter-

mining the wall shear stress characteristics of an annular gas seal experimentally.

Two friction factor models are developed for annular seal analysis: one model is

based on flat-plate flow theory; the other uses empirical entrance and exit region

friction factors. The friction factor predictions of the models are compared to

experimental results. Each friction model is used in an annular gas seal analysis.

The seal characteristics predicted by the two seal analyses are compared to exper-

imental results and to the predictions of Nelson's analysis. The comparisons are

for smooth-rotor seals with smooth- and honeycomb-statore. The comparisons

show that the analysis which uses empirical entrance and exit region shear stress

models predicts the static and stability characteristics of annular gas seals better

than the other analyses. The analyses predict direct stiffness poorly.
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NOMENCLATURE

C, c Direct and cross-coupled damping coefficients (FT/L)

D Diameter (L)

De Effective seal diameter, introduced in equation (22) (L)

dc Honeycomb cell size, illustrated in figure 5 (L)

e Surface roughness (L)

F Seal reaction-force magnitude (F)

f Fanning friction factor

H Radial clearance (L)

hc Honeycomb cell depth, illustrated in figure 5 (L)

K,k Direct and cross-coupled stiffness coefficients (F/L)

L Seal length (L)

Le Entrance length (L)

no, mo Friction coefficients

Pr Seal inlet-to-exit pressure ratio (dimensionless)

p Fluid pressure (F/L2)

R Seal radius (L)

Re Nominal duct-flow Reynolds number (l.33pUH/n)

RX Flow-distance Reynolds number (pUx/n)

U Fluid bulk flow velocity (L/T)

u Dimensionless bulk flow velocity, U/Ru

X, Y Rotor to stator relative displacement components (L)

x Flow distance (L)

z Axial location within the seal (L)



Tf Ratio of specific heats for air

K Entrance loss coefficient

H Fluid viscosity (FT/I?)

p Fluid density (M/Z,3)

TW Wall shear stress (F/L*)

V Empirical friction multiplier, introduced in Chapter VI
(dimensionless)

u Shaft angular velocity (1/T)

Subscripts

a Reservoir value

b Sump value

d Developing flow region

r Rotor

s Stator

x Exit region

z Axial

6 Circumferential

0,1 Zeroth- and first-order values



CHAPTER I

INTRODUCTION

In pumps, compressors, turbines, and other turbomachines, annular seals are

provided to limit the leakage between regions at different pressures. However, the

forces within a seal may also influence rotordynamic response. In rotordynamics,

a gas seal is modeled as a set of springs and dampers between the rotating shaft,

or rotor, and the non-rotating housing, or stator. The model used to define the

reaction-force/motion relationship for a nominally centered gas seal is

_
F y f [ - k K Y - C C Y -

In this equation, X and Y are the displacement components of the rotor relative

to the stator, and FX and Fy are the components of the reaction force acting on

the rotor. The direct stiffness K , cross-coupled stiffness k, direct damping C, and

cross-coupled damping c are referred to collectively as rotordynamic coefficients.

The cross-coupled terms account for the fact that motion in one direction causes

a force in an orthogonal direction.

Figure 1 shows the forces on a rotor in a forward circular orbit of amplitude A

and frequency u. Positive direct stiffness and cross-coupled damping act to center

the rotor. Positive direct damping acts opposite to the velocity direction, opposing

the whirling motion. However, positive cross-coupled stiffness acts to support the

whirling motion-a destabilizing effect. Cross-coupled stiffness depends on the

magnitude and direction (with respect to rotor rotation) of the circumferential

velocity of the fluid within the seal.

Journal Model: ASME Journal of Tribology



\
\

(k-Ctu)A

\

Figure 1. Forces on a processing seal rotor.

Since Lomakin (1958) first demonstrated that the stiffness of an annular,

liquid seal can cause an increase in the critical speed of a rotor, a number of

analyses have been developed to predict the rotordynamic coefficients of incom-

pressible and compressible annular seals. For incompressible seals, Black and

Jenssen (1969, 1970) use a bulk-flow analysis in which the circumferential bulk-

flow velocity is assumed to be one half of the rotor surface speed and the wall

shear stresses are defined by average circumferential and axial Reynolds numbers.

Their "short-seal" solution neglects the effect of pressure perturbations on cir-

cumferential flow. In another analysis, Black and Jenssen (1971) define wall shear

stresses as a function of the local Reynolds numbers. Allaire et al. (1976) use

Black's model for small rotor motion about a centered position to numerically

calculate dynamic coefficients for motion about an eccentric position. Black et al.



(1981) account for the influence of inlet swirl, demonstrating that the circumfer-

ential bulk-flow velocity of a fluid element approaches one half of the rotor surface

speed as it proceeds axially through the seal. Von Pragenau (1982) proposed a

"damper seal" configuration, using a smooth rotor with a rough-surface stator, to

reduce the fluid circumferential velocity and destabilizing cross-coupled stiffness of

the seal. Childs' (1983, 1984) incompressible seal analyses provide "finite-length"

solutions for constant-clearance and tapered seals, in which the effect of pres-

sure perturbations on the circumferential bulk-flow velocity are included. Childs

and Kim (1985) have developed a finite-length solution for incompressible seals

with different surface roughness conditions on the rotor and stator, the damper-

seal configuration proposed by von Pragenau. Dietzen and Nordmann (1986)

use finite-difference methods and a three-dimensional fluid flow model to calcu-

late seal rotordynamic coefficients. Their analysis has been used for grooved and

smooth-surface seals.

Compressible flow in annular seals has been analyzed by Fleming (1978,1980),

Nelson (1984, 1985), and Nordmann et a). (1987). Fleming presents a short-

seal solution for the leakage, direct stiffness, and direct damping of straight and

tapered, smooth, annular gas seals. However, since he assumes one-dimensional,

axial flow, Fleming cannot predict the cross-coupled coefficients. In his finite

length analyses, Nelson accounts for the influence of inlet swirl and provides for

shear and pressure effects on the circumferential bulk-flow velocity in constant-

clearance or convergent-tapered gas seals with different rotor and stator surface

roughnesses. In Chapter n, Nelson's analysis is reviewed, and his Mach number

definition and boundary conditions are revised. The revised analysis is referred

to as the fully-developed-flow analysis in the present study. Nordmann et al.

(1987) extend the finite-difference, incompressible seal analysis of Dietzen and



Nordmann (1986) to calculate rotordynamic coefficients for annular gas seals.

For a honeycomb-stator seal, the stator-wall boundary conditions assumed by

Nordmann et al. would not apply.

For a given set of seal operating conditions, each of the above analyses predicts

a pressure profile within the seal, which is integrated to determine forces and

rotordynamic coefficients. Each analysis uses an abrupt loss at the seal entrance

to model the high friction in the "developing flow region" of the seal. Actually,

the developing flow region is often a substantial portion of the seal length. In

Chapter HI, an improved model for friction in the entrance region of a seal is

developed from flat plate flow theory. The flat-plate-flow friction model is used in

a gas seal analysis (called the flat-plate-flow analysis), described in Chapter HI. In

Chapter V, the friction factor predictions of the flat-plate-flow model are compared

to experimental friction factors obtained using the test apparatus described in

Chapter IV. In Chapter VI, experimental friction factor data are used to develop

an empirical friction factor model for an annular gas seal analysis (the empirical-

friction-factor analysis). In Chapters VII and VIII, static and dynamic results

from experimental tests of four annular seals are compared to the predictions of

the fully-developed-flow, flat-plate-flow, and empirical-friction-factor analyses.



CHAPTER n

NELSON'S ANALYSIS:

A FULLY-DEVELOPED-FLOW MODEL

Nelson's analyses (1984,1985) predict both static and dynamic characteristics

for nominally-centered, annular gas seals. The static results include fluid leakage

through the seal, pressure gradient along the seal axis, and the fluid axial and

circumferential velocities through the seal. Dynamic data provided by the analyses

consist of the rotordynamic coefficients (direct and cross-coupled stiffness and

damping terms) in equation (l).

In his analyses, Nelson uses a modified HITS' (1973) turbulent bulk-flow fluid

model to develop governing axial and circumferential momentum equations, and

his model is completed by the continuity and energy equations. The equations

define the relationship between the clearance, pressure, density, axial velocity,

and circumferential velocity (H, p, p, Ue, and Ug) as functions of the spatial

variables 6 and z and time t. Hirs' model uses the Blasius shear stress formula

for fully-developed turbulent pipe flow, in which the friction factor / is

/ = noKT° , (2)

Re is the Reynolds number relative to the surface upon which the shear stress is

acting, and the constants no and mo are generally determined empirically from

static pressure flow experiments. In a bulk-flow analysis for incompressible seals,

Nelson and Nguyen (1987) use Moody's pipe friction formula (Massey, 1979) in-

stead of equation (2). Previously used in seal analysis by von Pragenau (1982),

this formula approximates duct friction as presented in the Moody chart:

/ = 0.001375
I/3

(3)



where c is the surface roughness ("bump" height) of the duct, D is the effective

diameter of the duct, and Re is the Reynolds number relative to the surface upon

which the shear stress is acting.

Assuming small motion of the rotor about a centered position, Nelson uses a

perturbation analysis similar to that employed by Childs (1983) to develop zeroth

and first-order perturbation equations. The governing equations are expanded in

the perturbation variables

H = HQ + t.Hi P = Po + epi P = Po +
(4)

U, = U,0 + eUzl U0 = Ueo + eUei.

The zeroth-order solution represents a zero-eccentricity flow condition, with rotor

rotation but without precession. This solution is developed iteratively and yields

the mass-leakage flow rate, and the axial distributions of pressure, density, axial

velocity, and circumferential velocity. The iterative solution scheme uses initial

guesses for the zeroth-order seal entrance Mach number and entrance pressure-loss

coefficient. The entrance-loss relationship is defined by

(5)

where Po(0) is the ratio of the seal entrance pressure to the reservoir stagnation

pressure and Mo(0) is the entrance Mach number. The entrance Mach number

is iteratively adusted, and the loss coefficient K is recalculated according to the

relationship

K is used to model the high friction predicted by Deissler (1953) in the developing

flow region of a duct. The iterative solution procedure for Mo(0) and K continues

until either:



1) the Mach number at the exit reaches unity and the exit pressure is

greater than the sump pressure (choked flow) , or

2) the exit pressure equals the sump pressure and the exit Mach number

is less than unity (unchoked flow).

The pressure, density, and velocity distributions and their axial derivatives,

which are determined in the zeroth-order solution, are used in defining coefficients

of the first-order perturbation equations. These equations define the pressure,

density, and axial and circumferential velocity perturbations (pi, pi, l/,i, and

Uoi) due to rotor motion. The four physical boundary conditions required for

the solution of these equations depend on the perturbation conditions that are

specified at the seal entrance and exit. Numerical integration of the governing or-

dinary differential equations in the perturbation variables provides the first-order

solution. The first-order pressure solution is then integrated axially and circum-

ferentially for the rotordynamic coefficients in equation (l). The seal boundary

conditions used by Nelson (1984, 1985) have been changed for the fully-developed-

flow, flat-plate-flow, and empirical-friction-factor analyses of the present study. A

discussion of the changes follows.

In Nelson's analyses (1984, 1985), the zeroth-order circumferential velocity at

the seal entrance (i.e. at z = 0) is equal to the reservoir circumferential velocity,

and the entrance circumferential velocity perturbation is zero; i.e.,

U90(0} = U0a U e i (0 )=0 . (7)

These boundary conditions have not been changed in the present analyses.

The Mach number definition in Nelson's analyses is

. (8)-IP



For choked flow, M = 1 at the seal exit. When Mach number is defined by

equation (8), the fluid velocity exceeds the velocity of sound when M = 1 unless

Ue = 0. In general, the circumferential component of the fluid velocity is not zero

at the seal exit. In the present study, the Mach number in the seal is defined by

^-M + °«'. (9)
KP

The fluid velocity equals the velocity of sound when M — 1 in equation (9). The

first-order perturbation of the Mach number in equation (8) is

For choked flow, M\ is zero at the seal exit (z = L). In Nelson's analyses, this

yields

Pl(L) U f l(L) Pl(L)
2PO(L) + V*(L) 2PO(L) ' l }

Using the Mach number definition of equation (9), equation (11) is replaced by

Pl(L) UM(L)Uml(L) + Un(L)U9l(L) Pl(L]
* 2Po(L) ' l ]

For unchoked flow, the first-order perturbation in the exit pressure is zero:

P i ( L ) = 0 . (13)

An expansion of equation (5) in the perturbation pressure and perturbation

Mach number (equation (10)) yields a first-order pressure loss equation which

must be satisfied at the seal entrance in Nelson's first-order solution:

,„, , ™>(0) ffl(0) .j"(0)+5M5r^iM5j
where

7(/c-H)po(0)M0
2(0)

= '



In the present analyses, equation (14) is replaced by

, fol iPl(0) og,(o) - •

which is the first-order expansion of equation (5) using equation (9), with

0.

The final first-order boundary condition in Nelson's analyses is derived from

an expression for the density at the seal entrance:

fc(0)=A(0)(l + ̂ J#(0)) . (17)

Expanding equation (17) in terms of the perturbation pressure, density, and Mach

number (equation (10)), Nelson obtains

where

and r is denned by equation (15). In the present analyses, use of the Mach number

definition in equation (9) alters this boundary condition as follows:

MO) - IfjMo) + h-"?;(0)I7-°((V.(°) = o . (20)

In the present study, the boundary conditions in equations (7), (12), (16), and

(20) are used in the fully-developed-flow, flat-plate-flow, and empirical-friction-

factor analyses, with /c = 0 for the flat-plate-flow and empirical-friction-factor

analyses.
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CHAPTER m

A FLAT-PLATE-FLOW

FRICTION FACTOR MODEL

The "developing flow" or "entrance" region of a seal is often a substantial

portion of the seal length. However, in seal analyses, an entrance-loss coefficient

(e.g. K in equations (5) and (6)) is generally used to model the high losses in

the developing flow region as abrupt losses at the seal inlet, and fully developed

flow is assumed throughout the seal. In this chapter, a friction factor model is

developed for the entrance region of an annular seal as the following questions are

answered:

1) In duct flow, what are the developing flow and fully developed flow

regions?

2) How does fluid friction in the developing flow region differ from fluid

friction in the fully developed flow region?

3) In the flat-plate-flow seal analysis, how does the friction model in

the developing flow region differ from that of the fully-developed-flow

analysis?

As fluid enters a duct, a viscous boundary layer is formed along the duct wall

(figure 2). At the wall, the fluid velocity is zero. Viscous effects cause a reduction

of the velocity of adjacent fluid particles. At the center of the duct, a "free stream"

region exists where the wall shear has not yet caused a reduction in fluid velocity.

The region between the free-stream core and the duct wall is the boundary layer.

The boundary layer becomes thicker as the fluid flows through the duct, and the

free stream accelerates, satisfying the conservation of mass requirement. In figure

2, a plot of the velocity u versus the radial location r at a given z is called the



11

velocity profile at z. If the duct is long enough, the boundary layer will extend

to the center of the duct, and at some finite distance Le (the "entrance length")

from the duct entrance, the velocity profile will cease to change with increasing z.

When the velocity profile ceases to change, the flow is said to be fully developed.

The entrance or developing flow region extends from the duct inlet to the fully

developed flow region.

Growing
boundary InHsdd

core flow

Boundary
Uyer»
merge

Developed
velocity

profile u(r)

Entrance length Lt

'(developing profile region)
Fully developed

flow region

Figure 2. Developing flow in a duct.

Fluid friction models for the fuJJy developed flow region are numerous (see

Serghides, 1984). The accuracy of a model is generally evaluated by comparing

the friction factor (/) predicted by the model to friction data plotted in the Moody

diagram. The relationship between friction factor / and wall shear stress TW is:

f=o£iJ5- <21>
In their seal analyses, Nelson (1984) and Nelson and Nguyen (1987) use two fully

developed flow friction models: Moody's equation, which approximates the Moody
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diagram well for Reynolds numbers between 4000 and 107 and relative roughnesses

(c/D] up to 0.01, and Blasius' equation. For a given pipe Reynolds number,

Blasius' model can be used to approximate both the Moody diagram friction factor

/ and the effect of small changes ha Reynolds number on /. In general, however,

the friction coefficient values no and mo which must be used to approximate

the Moody diagram depend on Reynolds number and relative roughness. In the

friction factor model developed in this Chapter, Moody's equation is used for the

fully-developed-flow friction factor when the relative roughness is less than 0.01

("smooth" surfaces) and Blasius' model is used for honeycomb surfaces.

Deissler (1953), Shapiro and Smith (1948), and Keenan and Neumann (1946)

are among those who have investigated fluid friction in duct entrance regions. In

an analysis of turbulent flow in the entrance regions of smooth passages, Deissler

(1953) extends a previous analysis for fully developed, turbulent flow. Figures

3 and 4 (from Deissler, 1953) show the friction factors Deissler predicts for flow

through a tube and for flow between parallel plates, respectively. In each plot,

X/D is the flow distance in hydraulic diameters. Deissler predicts that the friction

factor reaches its fully developed flow value in about 10 diameters. In his annular

seal analysis, Nelson (1984) uses a fully developed flow friction factor throughout

the seal, modeling the excess losses predicted by Deissler in the entrance region

as abrupt losses at the seal inlet.

In an experimental study hi the 1940's, Shapiro and Smith (1948) determined

friction factors in the entrance region of smooth, round tubes with bellmouth

entries for uniform inlet conditions. Shapiro and Smith used water and air at low

Mach numbers as test fluids, at Reynolds numbers (based on tube diameter) from

39,000 to 590,000. The diameters of the test pipes ranged from 9.5 to 102 mm.

Their study shows that, for developing duct flow, the Reynolds number based on
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Figure 3. Variation of friction factor in the inlet region of a tube (from
Deissler, 1953).

.04

r .03

•XA>
10

Figure 4. Variation of friction factor in the inlet region between two fiat
parallel plates (from Deissler, 1953).
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distance from the inlet is more significant in predicting friction factors than the

pipe (diameter-based) Reynolds number. The friction factor is within 5% of the

fully developed flow value "beginning at about 40 to 60 tube diameters from the

tube inlet." Furthermore, Shapiro and Smith predict that the friction factor is

"almost infinite" at the tube inlet. Boundary layer characteristics in the entrance

region of a tube are similar to boundary layer characteristics in flat plate flow

studies.

In another experimental study, Keenan and Neumann (1946) report friction

factors for subsonic air flow at Reynolds numbers from 100,000 to 450,000. The

test pipe was a piece of standard drawn-brass tubing with an inside diameter of

9.5 mm. The study shows that the friction factor decreases from a high value near

the tube inlet to the fully developed flow value at a flow distance of about 40 pipe

diameters.

For friction-factor calculations, the effective diameter of an annular seal is

four-thirds of the seal radial clearance (White, 1979); i.e.,

D* = \B . (22)

Based on the data described in the preceding paragraph, fully developed friction

factor values may not be attained for a substantial portion of the seal length.

For example, forty diameters is over 60% of the length of the turbine interstage

seal of the High-Pressure Oxidizer Turbopump of the Space Shuttle Main Engine

(described by Nelson, 1984). Previous seal analyses (and the fully-developed-

flow analysis of the present study) use fully-developed-fiow friction models, which

are a function of duct diameter, throughout the seal. The only exception is the

analysis of Mullins and Barrett (1983), which uses an entrance region friction

factor model. However, the friction factor is assumed to increase from zero at
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the seal inlet to the fully-developed-flow friction value at the end of the entrance

region, which disagrees with the results described in the previous paragraphs and

shown in figures 3 and 4. Furthermore, the entrance region friction factor used

by Mullins and Barrett depends on the effective diameter of the seal and on the

axial component of the flow distance. In the following paragraphs, a new friction

factor model for the entrance region of a duct is developed. In this model, friction

is not a function of duct diameter; it is a function of the total flow distance within

the seal (axial and circumferential components).

Fluid friction in the entrance region of a duct has been compared to fluid

friction along a flat plate. For flat plate flow (zero pressure gradient by definition),

/ depends on distance from the leading edge of the plate. A number of equations

have been used to model / for turbulent flow past a flat plate, and a common

functional form is

/ = oJZ* , (23)

where x is the distance from the leading edge and R^ is the Reynolds number

defined by:

*-*£. (24)n

If a pressure gradient is present (i.e. dp/dx ^ 0), / is determined by numerical

analysis. According to White (1974), there are few analyses for compressible,

turbulent flow with a non-zero pressure gradient over a flat plate. Available solu-

tion methods require knowledge of the free-stream velocity gradient and empirical

boundary layer relationships. The use of one of these plate-flow numerical solution

methods (an external flow analysis) for entrance flow in a duct (an internal flow

problem) is questionable since boundary layer interaction in a duct complicates

the flow.



16

In the flat-plate-flow analysis of the present study, Nelson's (1984, 1985)

governing equations are used, and the solution method is the same as for the

fully-developed-flow model. In the flat-plate-flow analysis, the friction factor in

the developing flow region of an annular seal is modeled by equations (23) and (24),

where z is a flow distance relative to the rotor or stator surface. For calculating

the wall shear stress at the seal stator in the developing flow region, the friction

factor for the zeroth-order solution is

For the shear stress at the rotor, the friction factor is

(25)

= ar (26)

The equations for flow distance relative to the stator and rotor (x, and xr, re-

spectively) at an axial location Z are

• z

,o 1 + \U,0JJo

Jo

(27)

1 +
( U,0 J

1/2

dz . (28)

The coefficient a and the exponent 6 in equation (23) are calculated by setting the

developing-flow friction factor fd equal to the fully-developed-flow friction factor

// at a flow distance of forty diameters; i.e.,

>
= // • (29)

When Moody 's equation (equation (3)) is used for //, a and 6 values are calculated

by solving the following equations:

// = = 0.001375 1 + +
106 1 / 3\

(30)
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and

= ^f40*J<> = -1375

dR, - Re

-2/3

(31)

For any iteration in the zeroth-order solution (described in Chapter n), only a

and 6 are unknown in equations (30) and (31). Equations (30) and (31) are used

to calculate a set of coefficients for both the rotor and the stator (i.e. a,., br and

The expansion of equations (25) and (26) in terms of the perturbation vari-

ables in equation (4) yields

frl — /rO&r

Pi *»\ UeoUoi
^~~ • ~"^ I »rO

+ tloEll1

£i + _^ + 60 - Rv)U0i + U,0Uzl'

(Ueo -
(33)

which are required for the first-order solution in the flat-plate-flow analysis. In

equations (32) and (33),

Xel =

Xrl =

dzt dxt

dxT dxr

(34)

(35)

Using Leibnitz's rule and equation (27),

dxt
-1/2

dz (36)

Similar expressions can be derived for the other partial derivatives in equations

(34) and (35). For the flat-plate-flow seal analysis, the following equations are nu-

merically integrated in the zeroth-order solution for use in calculating the zeroth-
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and first-order wall shear stresses in the seal:

(1/2)
= 1 +

X V ">T1+ ". \ U'0 / }

dx±
dz

dx,.
dz

d(dx./du60] _
" u,0J

d(dxt/du,0) 0S>|1471M
* ~ " ^ l 1+Uw

1+(U$°u0
R"}

(37)

(38)

(39)

(40)

d(dxr/dUeo)
dz

-1/2

d(dxr/dU,0) = (U00 - Ru}'<
dz ~ U*n

1 + (
-1/2

For a seal with a honeycomb stator, flow at the stator surface differs from the

developing flow described above. In figure 5, the honeycomb cell size is dc and the

cell depth is hc. The cell size and depth in a honeycomb-stator seal are usually

from one to several times the seal clearance. The fluid velocity along the stator

wall is not necessarily zero. Use of the three-dimensional seal analysis of Nord-

mann et al. (1987), which assumes "no-slip" boundary conditions at the stator, is

questionable for a honeycomb seal. In the flat-plate-flow analysis, the developing-

flow friction factor defined above is only used for shear stresses at the rotor for

a honeycomb-stator/smooth-rotor seal. Throughout the seal, honeycomb-stator

wall shear stresses are calculated using the Blasius friction factor:

f — mo (2)

Chapter V includes comparisons of the friction factor predictions of the above

model to experimental friction factors.
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Figure 5. Honeycomb stator insert detail.
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CHAPTER IV

TEST APPARATUS

A complete description of the test apparatus used in this study is provided by

Childs et al. (1986 and 1988). The rotor shaft is suspended, pendulum fashion,

from an upper, rigidly-mounted, pivot shaft, as illustrated in figure 6. This ar-

rangement allows for a horizontal (harmonic) motion of the rotor. A cam within

the pivot shaft allows vertical (static) positioning of the rotor. The rotor is ex-

cited, horizontally, by a hydraulic-shaker head which acts on the rotor-shaft hous-

ing. The design of the test rig, illustrated in figure 7, permits the installation

of various rotor/stator combinations. The stator is supported in the test-section

housing by three piezo-electric, quartz, load cells in a trihedral configuration.

rivor SHAFT

AIR IH

noion

EAL SIAIOR

Figure 6. Test apparatus.
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Figure 7. Test-section cross section.

For the present study, the test apparatus has been used to determine fric-

tion factors for the six seals listed in Table 1, and dynamic characteristics for

seals SI, HCl, HC2, and HC3 of Table 1. In Table 1, seals SI, S2, and S3 are

smooth-stator/smooth-rotor seals, and seals HCl, HC2, and HC3 are honeycomb-

stator /smooth-rotor seals. In the honeycomb s tat or insert detail shown in figure

5, the honeycomb cell size is dc and the cell depth is hc. In Table 1, the cell sizes

are 1.57 mm and 0.51 mm, and the cell depths are 1.91 mrr\ and 1.47 mm. In all

six seals, the diameter and measured surface roughness of the rotor were 151.4

mm and 0.188 /zm, respectively.

The operator of the dynamic-seal-apparatus can control the following four

independent variables: inlet pressure, rotor speed, shake frequency, and inlet
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circumferential velocity. For dynamic tests, the actual test points for three of

these variables are shown in Table 2. The sump pressure pt, was about 1.01 bars

(atmospheric pressure). For all dynamic test results in the present study, the rotor

was shaken about a centered position within the stator at a shake frequency of

74.6 Hz, and a shake amplitude of about 80 /im.

Table 1. Seal Dimensions

Seal

SI
S2
S3

HC1
HC2
HC3

Length

5.08 cm
5.08 cm
5.08 cm
5.08 cm
5.08 cm
5.08 cm

Clearance, E

0.41 rnm

0.30mm
0.20mm
0.41 rnm

0.41 mm

0.41 mm

Stator Surface

e = 0.188/im
e = 0.188/im
t = 0.188/zm

1.57x1.91 mm cells
1.57x1.47 mm cells
0.51x1.47 mm cells

Table 2. Test Variables

Inlet Pressure

1-3.08 bars
2-4.46 bars
3-5.84 bars
4-7.22 bars
5-8.26 bars

Rotor Speeds

1- 3000 cpm
2- 6000 cpm
3- 9500 cpm
4-13000 cpm
5-16000 cpm

Inlet Circumferential Velocities

-2-High velocity against rotation
-1-Low velocity against rotation

0-Zero circumferential velocity
1-Low velocity with rotation
2-High velocity with rotation

The inlet circumferential velocity is controlled using four sets of inlet guide

vanes. For the two "high" inlet circumferential velocity cases in Table 2, the

guide-vane depth ("A" in figure 8) is 35% of the guide-vane depth for the "low"

inlet circumferential velocity cases. The zero inlet circumferential velocity case

is obtained without guide vanes. For a set of swirl vanes at a constant running

speed, inlet circumferential velocity remains almost constant for the test pressure

ratios in the table above. The velocity decreases slightly with rotor speed, mainly



23

2.34 c. (1")

FLOW .

(2 3/8")

Figure 8. Inlet-guide-vane detail.
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because the rotor grows with increasing speed and reduces the leakage. The ratio

of inlet circumferential velocity to rotor surface velocity, u$a, ranged from about

—5 to about +5. Average experimental inlet circumferential velocities for seals

SI, HC1, HC2, and HC3 are given in Table 3.

Table 3. Inlet Circumferential Velocities

Swirl

-2
-1

0
1
2

Smooth Seal

-100 m/sec
- 44 m/sec

0 m/sec
45 m/sec

118 m/sec

HC1

-58 m/sec
-26 m/sec

0 m/sec
27 m/sec
68 m/sec

HC2

-68 m/sec
-31 m/sec

0 m/sec
31 m/sec
80 m/sec

HC3

-53 m/sec
-24 m/sec

0 m/sec
24 m/sec
62 m/sec
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CHAPTER V

EXPERIMENTAL FRICTION FACTORS

The test apparatus described in Chapter IV has been used to obtain friction

factor data for the six seals listed in Table 1 of Chapter IV. In the present Chapter,

the experimental method is described, and friction factor test results are compared

to the predictions of the friction model used in the flat-plate-flow seal analysis.

Test Method

One-dimensional, steady, adiabatic flow of a perfect gas with constant specific

heats through a constant-area duct with no external work is called Fanno line flow.

The momentum equation for a control volume of length dz is

-Adp -TWAW = pAUdU , (43)

where A is the cross-sectional area of the duct, TW is the shear stress at the duct

walls, and Aw is the surface area over which TW acts. For a seal with the rotor

centered,

A = -(D* - D?} , Aw = *(£>« + Dr)dz , and Dt - DT = 2H0 . (44)
4

Substitution and simplification yields

-dp-^dz = pUdU . (45)
•QO

The relationship between friction factor / and TW is expressed in equation (21):

Using equations (21) and (45), the perfect gas law, the definition of Mach number,

and the conservation of mass requirement, one can derive (see John, 1984) that
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the effective friction factor, fe, for a seal is:

'-I 1-M2 dM
dz

(46)

To determine fe for a seal using the test apparatus described in Chapter IV,

the stator is mounted in the apparatus, a smooth rotor is centered in the stator,

and flow tests are conducted. For each test, the rotor remains stationary (no

rotation), the inlet air has no circumferential velocity component, and the seal

inlet pressure b held constant. The stagnation temperature of the air, flow rate

through the seal, and pressures along the seal length are measured. The Mach

number b calculated at 3.2 cm (0.125 inch) intervals along the seal (i.e. at pressure

tap locations). A least-squares cubic curve fit b used to express the Mach number

as a function of axial location. Equation (46) b used to calculate fe in the seal.

Values of fe have been calculated for three smooth-stator/smooth-rotor seals (Si,

S2, and S3 in Table 1), and for three honeycomb-stator/smooth-rotor seals (HCl,

HC2, and HC3 in Table 1).

For a seal with identical rotor and stator surfaces (i.e. a smooth-stator/smooth-

rotor seal),

f. = fr = fe • (47)

For a seal with different surface roughnesses (e.g. a honeycomb-stator/smooth-

rotor seal), fe, fe, and fr are related as follows. In equation (43),

TWAW = rw(At + Ar) = T tA t + rrAr , (48)

and

*. = %*. («)

for a seal. Substitution from equation (21) and (49) into equation (48) yields
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or

(50)

Rearranging,

(51)

To determine the friction coefficients no, and mo, for a honeycomb stator,

stationary-rotor tests are run, and /, values are calculated for nine inlet pressures

using equations (46) and (51). In equation (51), fr is calculated using smooth-

stator/smooth-rotor seal test results. When friction coefficients are calculated,

entrance-region and end effects are avoided by using test data for axial locations

from forty effective seal diameters to about 60% of the seal length. For each stator,

average /, results and average experimental Reynolds numbers in this region are

used in a least-squares curve fit to determine mo, and no, (see equation (2)). The

friction coefficients mo and no for the six seals listed in Table 1 are given in Table

4.

Table 4. Seal Friction Coefficients

Surface

Smooth
HCl stator
HC2 stator
ECS stator

no

0.154
0.303
0.155
0.424

mo

-0.299
-0.117
-0.098
-0.134

Experiment/Theory Comparisons

For the six seals of Table 1, typical plots of fc versus dimensionless axial

location (z/L) are shown in figure 9. For seal S2, the test case shown is for

unchoked flow. For the other plots in figure 9, flow is choked. In each plot,

experimental fe results are designated by the letter "x". The error bands represent

the uncertainty determined using the method described by Holman (1978). The
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29

solid lines in the plots represent the friction factors predicted by the fiat-plate-flow

friction model and equations (47) and (50). For seal Si of Table 1, 40De « 0.4L.

For seal S2, 40De « 0.3L. In figure 9, the experimental friction factors for seals

Si and S2 are high and decreasing for about forty diameters. For the honeycomb-

stator seals, fe decreases in the first one-third of the seal, and then increases. For

all six seals, the experimental friction factor is generally higher than predicted

in the entrance region. In the middle 20% to 30% of seals Si and S2, fe is

higher than predicted by Moody's equation. In the last 40% of all six seals of

Table 1, fe decreases experimentally. No existing friction factor model, including

the flat-plate-flow friction model, predicts this decrease in /. In Chapter VI, a

friction factor model is developed from experimental data obtained using the test

apparatus described in Chapter IV.
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CHAPTER VI

AN EMPIRICAL FRICTION FACTOR MODEL

Figure 9 in Chapter V shows that the friction factor in a seal decreases in the

"exit" region of the seal. No existing friction factor model includes this feature.

The high friction in the "entrance" region of the plots in figure 9 is underpredicted

by the flat-plate-flow friction model. Furthermore, Moody's equation underpre-

dicts the friction factor between the entrance and exit regions of the smooth-

stator/smooth-rotor seals. In this chapter, a friction factor model based on the

data in figure 9 is developed for annular seal analysis (the ''empirical-friction-

factor'' seal analysis). The friction factor predictions of the model are compared

to experimental data from stationary-rotor tests of the six seals of Table 1. In the

empirical-friction-factor seal analysis, the friction model in this chapter is used in

Nelson's (1984,1985) governing equations for a gas seal, and the solution method

is the same as for the fully-developed-flow model.

For calculating the wall shear stress at the seal stator, the zeroth-order friction

factor is

/.o = *d,o*:tO/B,o • (52)

For the shear stress at the rotoi, the friction factor is

frO = *drO*zO/BrO • (53)

In equations (52) and (53), /£,o and /BrO are the zeroth-order Blasius friction

factors for the stator and rotor, respectively; i.e.,

f - „„ (l.33p0Ho\ ' r 2 , rr2 I™./2 ,-.xJB»o = no, I I [U00 + Ut0\ (54 J

/1.33po-OO\ ( f r r r> \2 . rr2 1"*°r/2 / _ _ \/Bro = nor I J [(U00 - Ruy -I- U^Q] (55)
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The terms ¥4*0 > ¥dro» and ¥ao in equations (52) and (53) are defined in the

following paragraphs.

Exit Region Friction

No existing friction model predicts a decrease in friction factor near the seal

exit, as shown in figure 9. Others (e.g., Keenan and Neumann, 1946) have rec-

ognized that "end effects" are present in duct flow, but have chosen to avoid the

region, experimentally. Figure 9 shows that the friction factor decreases to near

zero as z/L increases from 0.6 to 1.0. In the empirical-friction-factor seal analysis,

this region (0.6 < z/L < 1.0) is defined as the "exit region" of the seal, and tyxo

is used in equations (52) and (53) to model the friction factor decrease, where

**o = -4.12 + 20.3(2/1,) - 25.1(z/L)2 + 9.03(z/L)3 . (56)

when z/L > 0.6. When z/L < 0.6, ¥zo = 1-0. The constant terms in equation

(56) were obtained using the following friction factor data:

/i = 0.60) =0.00

Vz0(z/L = 0.60) = 1.00

Vx0(z/L = 0.80) = 0.72

Vx0(z/L = 1.02) = 0.00

Entrance Region Friction - Smooth Surfaces

In equations (52) and (53), ¥<b and ¥dr are used to model the high friction

in the developing flow region, where

= 2.76 - 5.16(i./Le) + 5.04(x./Le)
2 - 1.64(z,/Le)

3 (57)

and

= 2.76 - 5.16(zr/L«) + 5.04(1, /Le)
2 - 1.64(ir/Ie)

3 , (58)
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when x/Le < 1.0, and

Le = 40De = 53.33JJ . (59)

For x/Lc > 1-0, ̂ a = 1.0. The constants in equations (57) and (58) were obtained

using the following friction factor data:

.- 1.00) -ooo

Vd(x/Le = 0.14) = 2.13

*d(x/Le = 0.47) = 1.28

*d(z/Le = 1.00) = 1.00

Figure 10 shows a comparison of typical experimental and predicted friction fac-

tors for the smooth-stator seals of Table 1. The model used for the predictions in

f--re 10 is denned by equations (52), (54), (56), and (57).

Honeycomb Stator Friction Factors

For all honey comb-stator seals, equation (57), which is used in the calculation

of smooth-stator friction factors, is replaced in the present empirical friction factor

model by

= 5.68 - 36.5(z/L) + 83.5(*/Z,)2 - 58.4(z/L)3 (60)

for z/L < 0.6. For z/L > 0.6, *a* = Vd*(z/L = 0-6). The constants in equation

(60) were obtained using the following friction factor data:

= 3.7

= 0.33) =0.63

= 1.00

Figure 11 shows a comparison of experimental and predicted fe for seals HCl,

HC2, and HC3 of Table 1. The model used for the predictions in figure 11 is
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defined by equations (50), (52) through (56), (58), and (60). The experimental

results show that fe is high near the inlet of the honeycomb-stator seals, which

disagrees with the friction factor model used in the flat-plate-flow analysis.

First-Order Perturbations

For the empirical friction factor model above, the first-order perturbations of

equations (52) and (53) in terms of the variables defined in equation (4) are

f — t
'*! ~ J»b \ .T. ' .T, ' /

JBtO.

and

/« - /- +
Since VXQ is independent of the perturbation variables, ¥»! =0. Similarly,

0 for a honeycomb stator. For a smooth stator,

xtl Hi

for xtQ/Le < 1.0, where

+ 10.08(x40/Le)
2 - 4.92(z.o/Le)

and xti is defined by equation (34). For x«0 > 1.0, Vd»i — 0. Vdri is expressed

similarly. Finally,

+^^il
, rr2 - »

+ ^aO J

and
Pi •"!

/Brl = /BrO»7»Or 1" fT + T^H-
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CHAPTER VE

STATIC PRESSURE AND LEAKAGE RESULTS

The test apparatus described in Chapter IV has been used for stationary-

rotor tests of six seals. Three smooth-stator/smooth-rotor seals (Si, S2, and S3

in Table l) and three honeycomb-stator/smooth-rotor seals (HCl, HC2, and HC3

in Table 1) have been tested, with no prerotation of the inlet air. Stationary-rotor

tests were conducted at nine inlet pressures: from 3.08 bars to 8.60 bare, in 0.69

bar increments. Seals SI, HCl, HC2, and HC3 of Table 1 have also been tested

dynamically; the dynamic test conditions are described in Chapter IV.

In this chapter, experimental leakage and pressure gradient results are com-

pared to the predictions of three gas seal analyses. In tie figures in this chapter,

curves 1, 2, and 3 represent the predictions of the fully-developed-Bow, flat-plate-

flow, and empirical-friction-factor analyses, respectively. Experimental results are

designated by the letter "x". The experimental results have been reported by

Elrod and Childs (1988).

Leakage

All three analyses predict leakage well, especially for the honeycomb seals.

Typical plots of predicted and experimental leakage for the test seals are shown in

figure 12. The results shown are from dynamic tests of seals Si and HC2 of Table

1. The uncertainty in the experimental results is about 1%. In the plot for seal

SI, the circumferential velocity ratio is the ratio of the circumferential velocity of

the air upstream of the seal to the rotor surface speed (Uea/Ru). The empirical-

friction-factor analysis predicts lower leakage values than the fully-developed-flow

and flat-plate-flow analyses because the friction factor in the entrance region of

the seal is much higher for the empirical-friction-factor analysis.
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Pressure Gradient

Experimental and predicted pressure gradients are shown in figure 13. The

results shown are from dynamic tests of seals Si and HC2 of Table 1. Both test

cases shown in the figure are choked flow cases. P/Pa is the dimensionless seal

pressure, and z/L is the dimensionsless axial location. The uncertainty in the

dimensionless pressures is less than 0.05. In each test case, there is little dif-

ference between the pressure gradients predicted by the fully-developed-flow and

flat-plate-flow analyses. The flat-plate-flow and empirical-friction-factor analyses

predict a steeper slope for the pressure gradient at the seal inlet (z/L< 0.1) than

the fully-developed-flow analysis, because the difference between the friction fac-

tors of the flat-plate-flow and empirical-friction-factor analyses and the friction

factor used in the fully-developed-flow analysis is greatest at the seal inlet.

Generally, the empirical-friction-factor analysis predicts the pressure gradient

better than the fully-developed-flow and flat-plate-flow analyses, especially in the

exit region (z/L > 0.6) of the seals. The pressure drop in the last 10% to 25%

of the seal length is overpredicted by the fully-developed-flow and flat-plate-flow

analyses. For seal HC2, the pressure gradient predicted by the empirical-friction-

factor analysis for z/L < 0.4 indicates a need for further investigation of the

friction factor characteristics of honeycomb surfaces.
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CHAPTER

DYNAMIC TEST RESULTS

The air-seal apparatus described in Chapter IV has been used to test

smooth-stator/smooth-rotor seals with constant and tapered stator diame-

ters, honeycomb-stator seals with smooth and labyrinth rotors, labyrinth-

stator/smooth-rotor seals, smooth-stator/labyrinth-rotor seals, and a seal with

interlocking stator and rotor. In this chapter, rotordynamic coefficient results

from tests of one smooth-stator/smooth-rotor seal (Si in Table 1, Chapter IV)

and three honeycomb-stator/smooth-rotor seals (HCl, HC2, and ECS in Table

1) are compared to the predictions of three gas seal analyses. The predicted de-

pendencies of rotordynamic coefficients on rotor speed (u>), inlet circumferential

velocity ratio (u$a = U$a/R(jj)t and seal inlet-to-exit pressure ratio (Pr = pa/pb)

are compared to experimental results.

As described in Chapter I and illustrated in figure 1, the stability of a seal

in which the rotor is whirling at a frequency u> depends on the cross-coupled

stiffness and direct damping (k and C, respectively) of the seal. Cross-coupled

stiffness depends on the magnitude and direction (with respect to rotor rotation)

of UQ. In the following paragraphs, comparisons of the experimental and predicted

dependencies of k and C on u>, U0a, and Pr are emphasized. Comparisons for the

direct stiffness, K, are also presented.

For the rotor-speed dependence of the rotordynamic coefficients, results are

shown for uga = 0 (swirl case 0 of Table 2). For any other swirl case, the inlet

circumferential velocity ratio u$0 decreases by about 80% when the rotor speed is

increased from 3000 cpm to 16000 cpm. For the dependence of the rotordynamic

coefficients on the inlet circumferential velocity ratio, results are shown for 0 <
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< 1.2. For the dependence of the rotordynamic coefficients on Prt results

are shown for uga « 1.0, a typical value of u$a in practice. In tie figures in this

dbapter, curves 1, 2, and 3 represent tie predictions of tie fully-devehped-Bow,

Sat-plate-Sow, and empirical-friction-factoi analyses, respectively. Experimental

results are designated by the letter V. The experimental results have been

reported by Elrod and Childs (1988).

Relative Uncertainty

The uncertainty in the dynamic coefficients can be determined using the

method described by Holman (1978). The uncertainty in the force, excitation

frequency, and displacement measurements are 0.44 N (0.1 Ib), 0.065 Hz, and

0.0013 mm (0.05 mils), respectively. The maximum calculated uncertainties in

the stiffness and damping coefficients for seals Si, ECl, HC2, and HC3 are given

in Table 5.

Table 5. Maximum Uncertainties.

Seal

SI
HC1
HC2
HC3

k

31.2 N/mm
6.5 N/mm
9.0 N/mm
9.4 N/mm

C

0.044 N-s/mm
0.036 N-s/mm
0.050 N-s/mm
0.038 N-s/mm

K

20.4 N/mm
16.9 N/mm
23.4 N/mm
18.0 N/mm

Direct Damping

All three seal analyses predict C well, especially for the honeycomb seals. For

seal SI, predictions are generally within 30% of the experimental results. For the

honeycomb seals, most predictions are within 20% of the experimental results.

Among the analyses, there is little difference hi the predicted dependence of C on

ti00 and Pr. Plots of C versus u$a and Pr are shown in figures 14-17. Plots of C

versus rotor speed are shown in figures 18 and 19. For seal Si, there is no difference
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in the predicted rotor speed dependence of C for the three analyses. The fully-

developed-flow and empirical-friction-factor analyses predict that C increases as

u increases for all four test seals. For the honeycomb-stator seals, the flat-plate-

flow analysis predicts that C decreases as the rotor speed is increased from 3000

cpm to about 13000 cpm, and then increases as rotor speed is further increased

to 16000 cpm. In general, the rotor speed dependence of C is best predicted by

the fully-developed-flow and empirical-friction-factor analyses.

Cross-Coupled Stiffness

Typical plots of k versus rotor speed are shown in figures 20 and 21. The

negative experimental cross-coupled stiffnesses in the figures may be due to sec-

ondary flow patterns which are predicted by Tarn et al. (1987) for smooth surfaces,

low rotor speeds, and U0a < 0, but are not modelled by bulk-flow analyses. For

k > 0, the increase in k due to an increase in u is best predicted by the flat-

plate-flow and empirical-friction-factor analyses. Due to higher rotor drag in the

entrance region, the predictions of the flat-plate-flow and empirical-friction-factor

analyses are more speed dependent (i.e., Afc/Au> is greater) than those of the

fully-developed-flow analysis. There is generally little difference in the predicted

dependence of k on u; for the flat-plate-flow and empirical-friction-factor analyses.

Figures 22 and 23 show the dependence of k on uea. The fully-developed-flow

and flat-plate-flow analyses overpredict the increase in k due to an increase in u#a,

especially for the honeycomb seals. Because of the high /, near the seal inlet, the

empirical-friction-factor analysis predicts the increase in k due to an increase in

well.

For seals Si, HCl, HC2, and HC3, figures 24 and 25 show k versus Pr for

« 1.0. For seals Si, HCl, and HC2, the empirical-friction-factor analysis

predicts the dependence of k on Pr better than the fully-developed-flow and fiat-
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plate-flow analyses. There is little difference between the predictions of the fully-

developed-flow and flat-plate-flow analyses, and they predict the dependence of k

on Pr for seal HC3 better than the empirical-friction-factor analysis.

Direct Stiffness

All three analyses predict K poorly, especially for the honeycomb seals. How-

ever, the direct stiffness of a gas seal normally affects turbomachinery rotordy-

namics less than k and C. Figures 26-31 show typical comparisons of predicted

and experimental K for the test seals. A probable cause for the disagreement

between experiment and analysis for the honeycomb seals is poor modeling of the

honeycomb stator shear stresses. The friction factor characteristics of the honey-

comb stators were obtained from tests of the seals at a clearance of 0.41 mm The

dependence of the friction characteristics of honeycomb surfaces on seal clearance

has not been investigated.
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CHAPTER DC

CONCLUSIONS

Nelson's (1984) rotordynamic analysis for centered, annular gas seals has

been revised by including the fluid circumferential velocity in the Mach number

definition. Two friction factor models have been developed and used in annular

seal analyses. In the flat-plate-flow model, the friction factor in the seal entrance

region is based on flat plate flow theory. The empirical-friction-factor model

uses empirical entrance region and exit region friction factors. A method for

determining the friction characteristics of honeycomb stators has been described.

The results from static and dynamic tests of seals with smooth rotors and smooth

or honeycomb stators have been compared to the predictions of:

(a) a fully-developed-flow friction factor analysis;

(b) the flat-plate-flow analysis;

(c) the empirical-friction-factor analysis.

The comparisons in the preceding chapters support the following conclusions:

(a) Presently, only bulk-flow analyses can be used to predict the rotordynamic

characteristics of honeycomb-stator seals. The three-dimensional flow analysis of

Tarn et al. (1987) provides a qualitative explanation for the inability of bulk-flow

analyses to predict negative experimental k values for no fluid prerotation and

low rotor speeds. However, the stator-wall boundary conditions assumed by Tarn

et al., and by Nordmann et al. (1987) in another three-dimensional seal analysis,

make the use of their analyses questionable for modelling honeycomb-stator seals.

(b) For a bulk-flow annular gas seal analysis, cross-coupled stiffness predic-

tions are significantly improved by accurate modelling of the wall shear stresses

in the seal. Compared to the fully-developed-flow and flat-plate-flow analyses,
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the empirical-friction-factor analysis predicts k best for annular gas seals. Exper-

imental rotor surface speeds are lower than those in many seal applications, so

the improved ability of the flat-plate-flow and empirical-friction-factor analyses to

predict rotor speed dependence is attractive. Since the inlet circumferential ve-

locity ratio (u0a) is between 0.5 and 1.0 in many seal applications, the improved

ability of the empirical-friction-factor analysis to predict the dependence of k on

U0a is especially attractive.

(c) Since the friction factor is high for a flow distance of about fifty seal

clearances, the importance of using an entrance-region shear-stress model, instead

of an abrupt entrance-loss, increases as the ratio of seal-clearance to seal-length

(H/L) increases.

(d) The fully-developed-flow and flat-plate-flow analyses overpredict the pres-

sure loss in the last 10% to 25% of a seal. Generally, the fully-developed-flow

and flat-plate-flow analyses underpredict the pressure loss at the seal inlet. The

empirical-friction-factor analysis, with an exit region friction factor and a higher

entrance region friction factor than the other two analyses, predicts seal pressure

gradients well. The dependence on seal length and clearance of the empirical

friction factor model developed in Chapter VI should be investigated further.

(e) Further experimental investigation of the entrance-region shear stresses

in seals would improve the present entrance-region friction model. The "forty-

diameter rule" used in the flat-plate-flow and empirical-friction-factor analyses is

based on the experimental results of Keenan and Neumann (1946) and Shapiro

and Smith (1948), for which the minimum duct diameter was 9.5 mm. The results

of Barbin and Jones (1963) and Wang and Tullis (1974) show that wall shear stress

attains the fully developed flow value within fifteen diameters of the entrance of

larger ducts (200 mm to 300 mm diameters). The experimental results of the
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present study agree with those of Keenan and Neumann and Shapiro and Smith.

(f) The honeycomb-stator friction characteristics derived by the method de-

scribed in chapter V have been used effectively for predicting static and dynamic

characteristics of honeycomb-stator/smooth-rotor seals. Only the direct stiffness

is predicted poorly by the empirical-friction-factor analysis. However, the method

described in Chapter V does not model the dependence of the friction charac-

teristics of honeycomb surfaces on seal clearance. Flat-plate tests of honeycomb

surfaces which include variation of the clearance between the plates will provide

an improved honeycomb shear-stress model. Implementation of flat-plate test

results in the present seal analysis should improve predictions of the dynamic

characteristics of honeycomb-stator/smooth-rotor seals.

(g) The entrance-region shear stress model used in the flat-plate-flow analysis

is also applicable to incompressible seal analysis. The applicability to incompress-

ible seal analysis of the friction model used in the empirical-friction-factor analysis

must be determined experimentally.

(h) All three analyses predict K poorly. For gas seals, this coefficient generally

does not have a major influence on rotordynamics.
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APPENDIX

Uncertainty in Friction Factors

The friction factor uncertainties were determined using the method described

by Holman (1978). The uncertainty WR in a result R which is a function of n

primary measurements x\ to xn with uncertainties wi to wn is

-\(— V (aR V (— y11/2

The primary measurements in the friction factor calculations are seal clearance,

pressure, flow rate, and stagnation temperature. The uncertainties in these mea-

surements are about 13 /*m, 0.0055 bars, 1%, and 0.6°K, respectively. As a result,

the estimated uncertainty in the Mach number calculation is about 1%. Friction

is high near the seal inlet, where dM/dz is small. Using equation (46), a small

uncertainty in dM/dz causes a large uncertainty in the friction factor calculation

when fe is high and dM/dz is low. dM/dz is calculated using the curve fit of the

experimental Mach numbers. For the smooth seals, the curve fit is within 1.5% of

the experimental Mach numbers. For the honeycomb seals, the curve fit is within

from 1% to 4% of the experimental Mach numbers.

Accuracy of mo and no

Figure Al shows a comparison between average experimental friction factors

(designated by the letter "x") and the friction factors predicted (solid line) using

equation (2) and the friction coefficients in table 4. The error bands show the

range of experimental values used in calculating the average friction factors.
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Figure Al. Friction factors versus Reynolds number. Solid lines: predic-
tions using equation (2) and table 4.
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