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EXPERIMENTS ON BALL AND ROLLER BEARINGS UNDER CONDITIONS
OF HIGH SPEED AND SMALL OIL SUPPLY*

By Glinter Getzlaff

The author describes a testing machine on which 35-
millimeter bearings (bore) can be run at speeds of the or-
der of 21,000 rpm, while the following factors are recorded:

1) 0il circulation through bearing and oil tempera-
ture.

2) Maximum temperatﬁre of outer bearing ring.
3) Radial and axial load on bearing.
4) Radial, axial, and angular clearance of bearing.

5) Power consumption of bearing.

The experiments show that the lubrication was most reliable
and oil consumption lowest when the oil was introduced
through a hole in the outer or inner ring of the bearing.
In the case of roller bearings the oil circulation could

be kept especially low (0,5 liter per hour and less). The
temperature of the bearings is chiefly determined by the
radial clearance., A satisfactory performance could always
be achieved on shafts without overhang, provided the radial
clearance was of the order of 30 w. The axial load also
increases the working temperature and it obviously pays to
have o0il of low viscosity., Increasing the oil flow from 2
to 20 liters per hour, practically doubles the power con=-
sumption of the bearing,

I. INTRODUCTION

The general trend in engineering progress is toward
smaller dimensions and weights by equal performances, which
makes higher rotational speeds obligatory. This need for
higher rotational speeds is varticularly pressing in the

*"Untersuchungen an Whlzlagern." Jahrbuch 1938 der Deutschen
Luftfahrtforschung, pp. II 110-118,
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development of aircraft superchargers. . Among the engine-
design problems, reliable bearings are at present in the
foreground of interest. The question of superiority of
rlain or roller bearing remains an open one. Advance in
plain bearing development and lubricant research permit us
to hope for further benefits (references 1, 2, 3, and 48
Still the greater part of aireraft superchargers is equipped
with roller bearings, which indicates that this type is,
for the present, more suitable. Hereby the difficulties of
sealing against the passage of greater o0il quantities, re-
quired by the plain bearing, is a contributing factor.

The necessity of keeping the compressed air as free from
0il a2s possible from the supercharger, forms a special
requisite for the bearings in airplane superchargers. A
small amount of oil entrained as oil mist by the air, as
on intercoolors, for instance, may jeopardize the dependa-
bility of the whole power plant. For that reason, the
realization of the lowest possidble o0il consumption during
the experiments, demanded particular attention. The diam=
eter of the bearings selected for this investigation rep-
resent approximately the upper limit of present-day con-

. struction, because disturbances are to be expected first
on the largest bearings.

II. PRESENT STATE OF RESEARCH AND PROGRESS

The conventional methods of predicting the life and
load capacity of roller bearings aim, so far as it is pos-
sible to judge on the basis of available literature, to-
ward the determination of the most heavily loaded point
by theoretical considerations and, to obtain for this, with
the help of the fatigue-resistance curve for the employed
material, the mathematical data regarding the number of
possible stresses until failure; that is, the fatigue of
the material is the starting point. Another empirical
possibility for obtaining data on the loadability, are
running tests on testing machine, where the bearings ro-
tate under certain controlled load conditions, up to in=-
cipient failure and the number of total revolutions is
ascertained. The present method of computing the safe
load, is based principally upon such practical experience.
According to Palmgren (reference 5), the "life" of a dear-
ing is determined at one-fifth of the average life of a
test serles. , Accordiagly, the life L 1is
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Ipe (B9 fe dnemiilillions of rewolutions.

where

P load in kilograms.

T gpecific load-carrying capacity = safe radial
load for reaching a life of 1,000,000 rev~-
olutions.

For single-~row, grooved ball bearings, it is

4,5 d.w2 212/3 cos o

K
17+ 0.02 dg e

where
dy ball diameter (mm)

z number of dballs.
& angle of pressure.

and for roller bearings
T =5 2,2/% 4y ly cos o (kg)

with 1y width of roller (mm).

In conformity with the technical state of development,
the investigations are, as a rule, extended to include ro-
tational speeds not much over 3,000 rpm; or a coefficient
of velocity of 105,000 for a 35-millimeter shaft diameter.
Where no direct test data are availabdle, extrapolations
are resorted to., Ag an illustrative example, we show in
figure 2, the permissible load plotted against the rpm for

" a bearing 6207 (35 mm diameter) on the basis of data of

two manufacturers. The conversion in these cases was prob-
ably carried out along similar lines.

At coefficients of velocity adove adbout 500,000, the
operating behavior of roller bearings is no longer exclu-~
sively governed by the outside load; in particular, cen-
trifugal force, lubrication, and clearance can decisively
influence the operating safety. This effect is not suffi-
ciently considered in the orthodox methods of calculation.
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The centrifugal forces of the roller bodies subject the
outer bearing surface to additional load besides the ax-
iale TFor grooved ball bearings and roller bearings, this
implies at first no shortening of life, because the inner
ring - on account of the less favorable lubricating con=-
ditions - is the weakest structural component of this type
of bearing.

Figure 3 gives some information on the conditions in
commercial roller bearings at high rotational speeds. The
centrifugal force of the single balls is plotted for rota-
tions up to 50,000 rpm, on the basis of the theoretical
cage revolutions. A comparison between the light and the
medium heavy series, discloses more than double the load
of the latter. The reason lies in the greater ball diame-
ter and, in addition, in an increased bearing-surface diam=
eter because of the larger inner ring. For comparison,
the centrifugal force per ball for 8- and S5-millimeter ball
diameters has been included, the inner ring of a bearing
6207 being considered as given. This effect of the ball
diameter becomes even more evident in figure 4, since the
weight enters into the calculation with the %4 power. As
the ball diameter decreases, the relative loadability of
the bearing increases, according to Palmgren (fig, 5) (ref-
erence 6).,

The most common cause of bearing failure, is attridu-
table to insufficient lubrication in the bearings, Exper-
iments made in this direction are described elsewhere in
the reports More accurate numerical data on bedring sur-
face, cage stress, and friction are reserved for a subse=
quent study.

ITI. TEST SCHEDULE

Owing to the great importance of correct lubricant
feed, the development of the bearing testing set-uv pro-
vided for a multiplicity of oil-feed systems, with a mini-
mum of changes as exemplified in figures 6a to 6e.

a) 0il feed through a hole 1.5 to 2 millimeters in
diameter, in the center of the outer ring bear-
ing surface of the roller bearing.

b) 0il feed through inner ring bearing surface of
roller bearing.
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¢) 0il feed through inner and outer ring bearing
surface.

d) 0il feed through spray between outer ring and
cage by means of nozzles.

e) 0il feed by means of a small paddle wheel.

Note: (a to ¢) - The rings are finished and heat-
treated, the holes drilled and then assembled. Because of
the mass balance, the inner ring has two holes facing sach
other.

d) - Because of the oil viscosity when using nozzles,
the volume is downwardly restricteds At the usual ludbri-
cant pressures, the nozzle cannot ardbitrarily be made small=-
er while on the other hand, with a larger nozzle diameter,
the spray in small quantities, of the order of 6 to 7 1i-
ters per hour, had little directional force and was sub=-
Ject to the deflecting effects of the entrained air eddies.

e) - Experience with ball bearings in high-speed
gears, justify the assumption that a dependable ludbrica-
tion with minimum o0il volume.is possible. Prodbably the
0il mist formed by the meshing of the gears at high speeds
insures an ample and effective lubrication of the neardy
roller bearings. The o0iling system developed along these
lines is essentially a splash ring designed on the order
of centrifugal-pump rotors. It is designed to feed the
0il, evenly distridbuted, in the bearing. The oil leaves
on the opposite side of the bearing, If a2 low pressurc
in the return line is produced, the then-ensuing trans-
verse flow through the bearing should insure, aside from

the cooling effect, complete o0il removal, The freedom

from oil thus gained on the opposite side, forms an oper-
ational necessity for many phases of application as, for
instance, for cold-storage plants in the food industry, as
well ag superchargers.

Bearing clearance and fit required particular attenw~
tion. Before installation, the roller bearings were test-
ed for radial clearance, tho decep-=groove ball bearings for
radial, axial, and angular clearance (fizgs. 7a to 7c). The
test procedure was as follows: After careful cleaning and
lubricating with thin oil, the radial clearance was record-
ed by minimeter as the radial displacement of the two bear-
ing rings lying in one plane (fig. 7a). The axial clear-

. ance comprised the total axial displacement of the two bear-
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ing rings toward each other by concentric position of the
bearing surfaces, conformable to 7b. The angular displace-
ment is the total deflection of a point on the outer ring
when, with inner ring restrained, it swings about the medi-
an axis from one end setting to the other (fig. 7c). The
employed instruments (minimeter, Orthotest, and dial ga&e)
guaranteed exact measurements four times on the circumfer-
ence. The test pressure in all measurements was around 5
kilograms,

IV, DESCRIPTION OF BEARING TEST STAND (fig. 8)

The shaft a 1is carried on the clutch side in roller
bearing b; on the other side, in test bearing e, and
radially loaded by the balanced disk d. The axial load
is introduced in the test bearing ¢ Dy the calidbrated
spring e across the axially stressed deep=-groove roller
bearing f. The radial load can be varied by supplementary
. weights &g. In this case the load is also initiated through
bearing f. For the roller-bearing tests, roller bearing
b is replaced by a deep-groove ball bearing of the same
diameter., The axial spring e and the related bearing £,
are removed for these tests., Bearings b and f have
smaller diameters than the bearing to be tested. With it
grows the probadbility that disturbances occur first on the
test bearing because its coefficients of velocity are high-
ests. The assembled rotor with a roller bearing as test
specimen is shown in figure 9.

The o0il) circulation of the test bearing is completely
separated from the remaining oil circulation by the splash
rings h, and the tip seals i, so that the amount of oil
pPassing through the bearing can be accurately determined.

The tip seals permit, through supply of compreesed or suc=-
tion air, the creation of a positive flow through the bear=
ing. The temperature of the test bearing is recorded with
thermocouples at four points of the circumference. In the
oil-feed line to the test bearing, a flow volume meter

(fig. 10) is mounted, throuzh which the oil volume is checked
at the exit with a graduated measuring glass and stop watch.
A heater mounted behind the flowmeter, affords controlled oil
heat up to adbout 100° ¢,

The o0il for the test bearing ¢ passes through pipe
k. After passing through the bearing, it can pass oeut at
! and m, whereby line ! may maintain low pressure for
special purposes; for this test, exit m is closed. Fit-
ting n then serves for recording the low pressure with a
U=tube (£ig. 10).
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The drive of the test bearing shaft is by three-phase
motor (fig. 11), whose rpm can be regulated to within nar-
row limits by a series resistance. For great rom changes,
the gear-transmission ratio is modified. 3By this means,
the range from 16,000 to 45,000 rpm can be covered within
practically one stage.

Gears and bearing b are oiled automatically by a
separate pump circulation. Oil pressure and temperature
were kept constant during the test runs, so that the per-
formances could be compared.

The total power absorption (gears and test-bearing
shaft) was recorded with an astatic wattmeter., The no=-
load power absorption ascertained by several gear calibra=-
tions, gave as difference the power absorption of the bear-
ings b+ c¢c and b + ¢ + f, respectively. The measurement
of the bearing temperatures collectively was affected ther-
moelectrically on the outer ring over a two-way switch and
two millivoltmeters.

The o0il circulation of the test bearing called for
some special arrangements, by means of which the oil vol=-
ume could be controlled and uninterrupted feed insured
(figs. 10 and 11). The oil passes from a tank a across
flowmeter b and heater ¢ through pipe k 1into the
bearings. The returned oil is intercepted by funnel 4
and measured with a graduated measuring glass and stop
watch, Then the oil passes through a cooler e to the
intermediate tank f, where a pump with strainer & feeds
it in any desired amount to the tank a. This tank can be
put under compressed air h, thus making it possidble to
change 0il volume and pressure within wide limits, inde-
pendent of pipe-line resistance and gradient., For oil
volumes below 1 liter per hour, a Bosch oiler is used be-
cause of its more accurate adjusting power.

V. SCOPE OF TESTS

.

The scope included:

Arrangement - figure 6a for deep=groove ball bearing (6207).
figure 6b for deep-groove ball bearing (6207)
and roller bearing NL 35e.
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Revolutions - 16 to 21,000 rpm in four stages,
Radial load steady around 2.4 kilograms.

Axial load O to 120 kilograms in seven stages.
0il volumes 0,05 to 50 liters per hour.

Three grades of oil with 7° E, 2.8° E, and 1.7° E viscosgw
1tie8 at 50° 6. e

0il inlet temperature 20° to 80° O, viscosity curve accord-
ing. to fieuwre 13,

Radial clearance of new bearings, 6n to 50 u.
VI. RESULTS OF TESTS

These findings should not be construed as being all-
inclusive, nor as precluding future modifications as addi=-
" tional- test data are obtained.

Characteristic of the stress condition of the bearing
was the maximum bearing temperature recorded at the outer
bearing ring. The steady or final temperatures in .the
tests were achieved at constant rotational speed, o0il vol-
ume, and temperature. Several measurements at 1O-minute
intervals without change were stipulated before proceeding
to 2 new state, ‘

The test values* are illustrated in figures 14 to 24.
One intrinsic result is the temperature curve in relation
to the hourly oil flow for different rpm, in figure 14,
The curves are similar and approach the abscissa asymptots~
ically by decreasing oil volume. ZEven so, the tests on
roller bearings still indicate practically stecady tempera=
ture values for minimum volumes. The heat in the roller
bearings was, on the whole, less than in the deep-groove
ball bearings - attributadble, no doudt, to the simpler

*Somg more recent results will be found in W, von der
Null's article entitled: "Supercharging Devices for
High~Spced Internal-Combustion Engines, particularly
Aircraft Engines,; published in ATZ, No. 1ll, 1938,
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conditions of movement. However, owing to the effects of
clearance and brand of oil, the values of the two types of
bearings are not directly comparable,

The test data for large volumes are in contradiction
with the general opinion that large oil volumes, on ac-
count of the expected great friction, should result in
high bearing temperatures. If the oil has an opportunity
to flow off laterally, it is pushed aside by the circulat-
ing system and serves to carry off bearing heat. Rising
temperatures were not observed evn by still greater volumes,

Concerning the radial heat gradient in the bearing, no
results can as yet be given. No appreciadbly higher temper-
atures on the inner bearing ring are likely, for the follow=
ing reasons:

a) The inner ring is completely unloaded over the
greater half of the circumference;

b) The centrifugal force of the roller bodies cone
stantly produces additional strain energy on
the whole circumference of the outer ring;

c) Owing to the effect of the centrifugal force on
the lubricant, the principal part of the frice-
tion is produced on the outer ring,

From the point of view of lubricating technique, there
is no noticeadle superiority between oiling systems, fig-
ure 6a, with hole in outer ring, and figure 6b, with hole
i inner ' ring., «The feed through the inner ring lid wery
beneficial because the oil positively touches every wear-
ing spot; operationally, the drawback is that the oil is
whirled in the distributor ring groove and specifically
heavy parts are deposited as sludge and may obstruct the
groove, With this method, the possibility of supervision
and cleaning is necessary. The interruption in the bear-
ing surface by the bore has, so far, shown no interference.
The experiences regarding it extend over a number of roller
and deep=groove ball bearings with individual running peri-
ods, up to 250 hours. If sufficiently high axial loads are
applied, it need not lead to running in the groove bottom,
because the balls are pressed laterally against the bearing
surface.

In all measurements, a linear rise in temperature with
increasing rpm, conformadble to figure 15, was observed.
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The curves, extended as far asg the ordinate, almost yielded
an intersection point which, at zero rpm, has the room t em-
perature as ordinate., By further rpm increase, the approach
to limiting values will probably be evidenced Dby a departure
from the linear curve.

The effect of additional axial loading can be seen from
figures 16 and 17. The temperature curve plotted against
the oil volume, corresponds to figure 14. There is a shift
into the rezion of higher temperatures. The temperature
rise at small axial loads is greater (fig. 17)s  The curves
soon tend toward an asymptotic course. This form of curve
is in agreement with the behavior of the ball and track de-
formations. There secems to be a certain relation between
radial clearance and relative curve rise at low loading.

The greater the radial clearance, the more flat the grafse.

‘The effect of bearing clearance was studied exhaust=
ively. The amount of radial clearance governed the height
of the bearing temperature. Greater clearances resulted
in lower temperatures, as exemplified in figure 18, where
the temperature is shown plotted against the volume flor
roller bearings with different radial clearance under oth=-
erwise identical conditions. A partial explanation is
found in the Zreater sensitivity of the bearings against
minor pinching and deformation due to installation or heat
effect, which naturally is more effective by little clear=
ance. A second result of small clearances is the greater
directional energy needed by the cage. The rollers, in
particular, have a tendency to oblique setting Dby uneven
reduction of mobility, and the ensuing additional acceler=
ations increase the production of heat. Because of the
squared effect of the speed, the effect increases with in-
creasing rpm. '

All cited clearances were measured on the dismantled
bearing. ZIEven on a slightly oversized shaft, the widened
inner ring can induce measurable clearance reduction. The
outer ring is seated with running fit in the housing, thus
precluding any further clearance reduction through flatten-
ing,

With reference to the seat to be employed on the
shaft, a departure from normal appeared appropriate. In
accord with present-day practice, a press or driving fit
on the shaft is provided for the inner ring to prevent the
ring from traveling and damaging the shaft. Decisive for
this hard seat is the cold-working of the ring at high
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outside loads and low rpm. At high rpm, the outside loads
are ordinarily lower. The pre-tension effected by the

seat on the shaft need only be sufficient to prevent dis-
tortion of the inner ring on the shaft at the highest ac-
celerations and decelerations. Since these forces, re-
ferred to the load at low rpm, are substantially lower,

the required springing of the inner ring - that is, the
oversize of the shaft can be less with respect to the diam-
eter of the bore. However, neither the clearance reduction
through the seat nor the enlargement of the inner ring
through the centrifugal force should be overlooked. Past
experiences on supercharger shafts with very Jjerky opera-
tion, have shown that for shaft diameter of 35 millimeters,
an oversize of 4p 1is ample for velocity coefficients up
to 735,000, In some bearings of 20-millimeter diameter,
even a sliding fit proved acceptable. The friction at the
side faces of the bearing wes obviously sufficient.

On the basis of measurements with overhung shafts for
deep=groove ball and roller bearings (35 mm diameter), the
radial clearance should preferably be no less than 30u
which, compared with the usual values of 4p to 18p (refer=-
ence 4), means an increase of more than twice as much.

The operation disclosed no appreciable clearance increase
through wear; hence no running in is to be expected on
bearings mounted with too little clearance, Table I gives
the related test wvalues of the three clearances of several
bearings; as these are mutually dependent upon the design
of the bearing surfaces, however, the data represent only
approximate values.

TABLE I. Related Test Values of Clearances of

Several Deepn-Groove Bearings 6207 in M

Radial clearance| Axial clearance | Angular clearance SDyi
SPrad SPax test diameter, 66 mm
8 3:20 270
15 1. 20 210
25 100 300
30 160 260
40 196 ° 260
50 150 270

Attention should be given to the high absolute values
of the axial clearance, since they may induce design re-
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quirements for bearing installation: for instance, with
regard to the disposition-of tip sealing and clearance as
well as considerations involving potential impact stresses
for pressure and bearing changes. The amount of angular
clearance in connection with the axial clearance shows,
moreover, that a direct susceptibility of the deep-=groove
ball bearing to alinement errors need not occur - that is,
a harsh running bearing at mounting, is at.once a sign of
a great error. Minor inaccuracies which the bearing can
absord, will be evidenced by a rise in temperature.

The lubricant employed has a profound effect on the
operating conditions of roller as well as of deep-groove
ball bearings. Higher oil viscosity effects a higher pro-
portion of the fluid friction as supplemental producer of
heat. That this increase is congiderable can be seen on
the roller bearing in figure 19, where the temperature
difference, solely through a change of oil is, in the ex-
treme case, 23° G. The definito thermic superiority of oll
of minimum viscosity extends even to the rogions of small-
est quantities. As the oil temperature rises, the viscos-
ity differences become consideradly less because of the re-
lation between temperature and viscosity, according to fig-
ure 13. However, the more favorable action of the oil with
flattest viscosity curve persists even at high oil inlet
temperatures, as indicated in figure 20 for an 80° C inlet
temperature. These effects are greater for bearings with
small radial clearance.

As the oil inlet temperature rises, the bearing tem-
perature rises also (fig. 21)e With decreasing volume and
for amounts less than around 2 liters per hour, the differ-
ences are no longer measurable. This means that with oil
volumes below this limit (intersection of curve), practi=
cally the entire heat created by the bearing is carried
off through the housing and dby radiation. With larger
volumes, the o0il still participates in the heat removal
and can digssipate less on account of the decreased temper=
ature difference through the higher inlet temperature.
This makes a rise in temperature level obligatory until
equilibrium condition has been re-established.

VII. POWER ABSORPTION

Only approximate values can be glven for the power
absorption, The method applied, yielded considerable
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scattering for such small powers, especially in the oper-
ating power which could not be sufficiently accurately de-
fineds In the no-load calibrations, a specified internal
heat condition in the gears could not be maintained con-
stantly. However, the investigations are supplemented by
measurements with the friction balance. The power in-
ereases about linearly with the rpm (fig. 22), which cor=
responds with the curve of the temperature (fig. 15). The
relation of power to axial load also is similar to the
corresponding temperature curve (fig. 17) as exemplified
in figure 23. The power increase with increasing oil vol-
ume (fig., 24) is accounted for by the growing share of fluid
friction. In connection with the action of the tempera-
ture in relation to volume (figs. 14 and 16), it is seen
that the zreater o0il volume ig of little practical use for

the bearing temperature. To illustrate (fig. 24): from
e curve ' a =264 000; Pox = 80 kilograms for a volume
Q = 20 liters per hour, 1 horsepower is required. At an
0il inlet temperature of to = 20° C, and an outlet tem=-

pereturs of tg. = 859 C, the ell is able.to carry pff. the
following heat: '

1 20

427
Gg cplta~te) 775E = 3agg X 0-40(85-20) x = = 0,82 hp

The other 0.18 horsepower is removed by radiation and
through the housing. On the other hand, this last pro-
portion can, for the concerned temperature gradient, amount
to 0436 horsepower on the basis of measurements. The share
for the pure rolling friction amounts to about 0.5 horse-
vower by extrapolation of the curve (Q = 0), hence leav=-
ing for the lubrication a dissipating portion of 0.5 - 0,36

= 0,14 horsepower. 3But 0.82 - 0,50 = 0,32 horgepower is
removed; i1.e., the lubricating efficiency is 0.14 yx 100 =
about 44 percent. In other words, the bearing - lubricated

at the rate of 20 liters per hour - would be substantially
cooler if the o0il could be remgved from the bearing with
less internal friction. Here the cage design might ac-
count for a considerable share.

In high-speed roller bearings, the conventional cage
shape forms the first cause of breakdown. With the usual

system of oiling from the outside through the gap between

inner race, outer race, and cage, insufficient oil reaches
the actual wear spots in the bearings at high speeds. Pare
ticularly troublesome are the eddy rings caused by the
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rotating ball-cage system at both sides and which, as ob=
servation teaches, are in the position of largely deflect-
ing the o0ill spray directed toward the gap. IExternally
smooth cages, and the half-round rivet heads replaced by
flush rivets, might insure better results., In some de-
signs the intergpace between inner race, outer race, and
cage can be enlarged for easier oil induction by reducing
the cage dilameter.. The mse of 1light aliloy, provideddno
other mechanical difficulties occur, may conceivadbly bdbring
about vetter heat conditions because of smaller accelera=
tive forces. The extent to which roller-body guides in
the common cage shape are at all practical for further
speed increases, is being studied. Guidages developed on
the basis of the special requirements for high speed, are
probadly more appropriate.

Conversion of the measurements is bdbriefly referred
to. The absolute values are different for each installa-
tion because heat conduction and radiation are affected
by the design and material of housing and shaft. If the
bearing is situated within the zone of flowing mediums,
the bearing heat can be considerably less on account of
the greater heat removal. The explanation of this prodblem
is being undertaken, '

VIII. CONCLUSIONS

The effect of bearing installation, o0iling system,
0il feed and oil volume, also bearing fit and clearance on
~the running condition of bearings are described on the ba=
sis of test runs with single-row, deep-groove, and roller
bearings with 35-millimeter bearings (6207, NL, 35e) at
speeds Dbetween 16 and 21,000 rpm, corresponding to velocity
coefficients of from 560,000 to 735,000, With considera-
tion of the requirement for minimum oil volume so essential
in airplane superchargers, it was found that dependable op=-
eration could be insured with oil volumes of from 5 to 0.5
liters per hour (and less in many cases) when the oil was
fed throuzh a hole in the inner or outer race. The lowest
figqures are for roller bearings. The radial clearance is
decisive for the operating temperature. Small clearances
give higher temperatures. With radial clearances over 30p
the operation was not alwagys satisfactory on shafts with-
out. overhang., The reduction in clearance through the seat
of the inner race must also be considered, even when the
shaft is little oversize. Additional axial loads up to 120
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kilograms are accompanied by temperature rise. 0il vis-
cosity has an appreciable effect on the bearing tempera-
ture. The lowest viscosity gave the least heat, even by
riging oil-inlet temperatures. The power required was ap=
proximately defined and amounted, for example, to about

1 horsepower at 21,000 rpm and 20 liters-per=hour oil vol=-
ume. Inspection of the suitability of commercially listed
bearings resulted in the preference for the light series,
whereby the rising internal load on large roller body di-
ameters is pointed out. A change in the present cage
shapes so as to facilitate the entry of the oil into the
bearing might make it possible to simplify the oiling
system,

Translation by J. Vanier,
National Advisory Committee
for Aeronautiecs.
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Figure 1.- Pressure angle
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Figure 2.- Total load of bearing 6207 (35 mm diameter) plotted against rotational
speed (manufacturer's list).
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Figure 3.- Centrifugal force per ball plotted against shaft r p m,
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Figure 13.- Viscosity curve of employed oils.
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Figurs 9.- Rctor assembly.

Figure 10.- View of testing machine.
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Figs. 9,10,11,12.

Figure 1l.- Rear view of testing
machine.

Figure 12.- Rctor and gear case.
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Figure 18.- EBffect of radial clearance.
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