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PREFACE

From the first symposium, where little information was available, to the present symposium, continued progress
has been made toward an understanding of rotordynamic instability problems. The proceedings of these
symposiums are reported in the following NASA documents:

- 1980 Proceedings, NASA CP-2133
- 1982 Proceedings, NASA CP-2250
- 1984 Proceedings, NASA CP-2338
- 1985 Proceedings, NASA CP-2409
- 1986 Proceedings, NASA CP-2443
- 1988 Proceedings, NASA CP-3026
+ 1990 Proceedings, NASA CP-3122
- 1993 Proceedings, NASA CP-3239

This proceedings continues to report field experience fluid excitation forces along with laboratory experiments
and the theory of seals, dampers, and bearings, but it also includes works on active controls and two-phase flow.
These topics are necessary since they are interrelated with current and future seals—such as damper seals, smart
seals, feedback controls, and eccentric floating ring seals, as well as theoretical contributions of bearing flows
that are, in essence, eccentric seals with modified boundary conditions.

Without wishing to slight any of the contributions, we call your attention to new directives in understanding the
effects of variable thermophysical properties and turbulence in seals and bearings and also including two-phase
flows and highly compressible fluids as hydrogen at high pressures.

We are confident that you will find the papers presented in this proceedings to be of interest. Please read them
carefully and form your own impressions.

These workshops have been organized to continue addressing problems of rotordynamic instabilities by
gathering those persons with immediate interest, experience, and knowledge of this subject and providing a
forum for information exchange of both past stability problems and present research and development efforts.
The intent of the workshop organizers and sponsors is that the workshop and these proceedings provide a
continuity of effort and an impetus for an understanding and resolution of these problems.

Chairs:

Dara Childs and John Vance
Turbomachinery Laboratory
Texas A&M University

and

Robert C. Hendricks
NASA Lewis Research Center
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Session I

Working-Fluid Forces



EXPERIMENTAL INVESTIGATION OF TURBINE BLADE-TIP EXCITATION FORCES

Manuel Martinez-Sanchez, Belgacem Jaroux, Seung Jin Song,
Soomyung Yoo, and Taras Palczynski
Massachusetts Institute of Technology

Cambridge, Massachusetts

Abstract

This paper presents results of a program to investigate the magnitude and
parametric variations of rotordynamic forces which arise in high power turbines due to
blade-tip leakage effects.

Five different unshrouded turbine configurations and one configuration shrouded
with a labyrinth seal were tested with static offsets of the turbine shaft. The forces along
and perpendicular to the offset were measured directly with a rotating dynamometer.
Exploration of casing pressure and flow velocity distributions was used to investigate the
force-generating mechanisms. For unshrouded turbines, the cross-forces originate mainly
from the classical Alford mechanism (nonuniform work extraction due to varying blade
efficiency with tip gap) while the direct forces arise mainly from a slightly skewed
pressure pattern.

The Alford coefficient for cross-force was found to vary between 2.4 and 4.0,
while the similar direct force coefficient varied from 1.5 to 3.5. The cross-forces are
found to increase substantially when the gap is reduced from 3.0% to 1.9% of blade
height, probably due to viscous blade-tip effects. The forces also increase when the hub
gap between stator and rotor decreases. The force coefficient decreases with operating
flow coefficient.

In the case of the shrouded turbine, most of the forces arise from nonuniform seal
pressures. This includes about 80% of the transverse forces. The rest appears to come
from uneven work extraction (Alford mechanism). Their level is about 50% higher than
in the unshrouded cases.

* This work was performed under Contract NAS 8-35018 from NASA, Marshall SEC,
Glenn E. Wilmer, Jr., Technical Monitor.

Nomenclature

Cx, Cy, Cz Fluid velocity components along x, y, z

Co same as Cy

Gij Fluid Damping Matrix for turbine displacements
e, ex Turbine eccentricity

ffy Tangential force per unit length

Fx Net force on turbine in direction of offset

Fy Net force on turbine perpendicular to offset

H Blade height

Kijj Fluid stiffness matrix for turbine displacements
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L Introduction

Structural stiffness for turbine displacements
Rotor mass

Pressure, total pressure

Turbine torque

Turbine mean radius

Turbine wheel speed (WR)

Axial coordinate
Tangential coordinate
Radial coordinate

Force coefficient along offset (Eq. 8)
Force coefficient perpendicular to offset (Eq. 8)

of
Sensitivity of tangential force to relative gap, B=— Y
y g gap, B YD
, St ; J on
Sensitivity of local efficiency to relative gap, B=—
y y gap, P 36/ H)

Blade tip gap
Flow coefficient, Cx/@R

Phase angles for fluid force (Eq. 10) and wall pressure (Eq. 13)

Fluid density
Azimuth angle

Angular frequency of turbine spin
Whirl angular frequency

Rotor damping factor

The existing large body of literature on turbomachine tip leakage has been
mainly motivated by the substantial contribution of these leakages to losses. H.J. Thomas
(1), in 1958, and J.S. Alford (2), in 1964, independently pointed out that, in a turbine
undergoing transverse vibrations (e.g. a whirling motion), the portion of the blading with
the smaller tip gap would produce greater tangential driving force than its 180° opposite.
Upon integration, this difference in work extraction results in a cross force tending to
promote forward whirl, leading to rotordynamic instability.

Both Alford and Thomas showed that, if the tangential force f per unit length is
assumed to vary linearly with the ratio 8 / H of local tip gap to blade height

f=fo_B%

(D

and if the shaft is offset instantaneously by e, along the o, direction, then a cross-

force Fy equivalent to

F

y

=2
2R

Sx
H

()



arises where Q is the turbine torque and R its mean radius. The factor B has
become known in the U.S. as the Alford coefficient which is quoted as varying between 0
and 6. The German literature uses a factor called the "excitation coefficient”, kj ,

which is equivalent to B/2 . Implicit in the Alford/Thomas model is the assumption
that the flow remains perfectly uniform up to the offset turbine, as well as downstream of
it, so that only the local efficiency, as determined by the local tip gap, is of concemn. Two
of the consequences of these models are (a) the absence of a direct force component (in
the offset direction, and (b) the absence of frequency dependence (no damping).

If only a cross-coupled coefficient (Kxy) is generated, it can be easily shown that
the damping factor required for stabilization against it would be

otk B0
g KT 4 RHK]

3)

This can be very substantial in high-pressure turbines. For the SSME H2
turbopump, Q = 12800 Nm, R =0.129m, H = 0.023m, and Ko = MROT

Q2 =1.9x10® Nm, giving Cinin = 0.019, or a log decrement of 12%.

Relatively little work on these forces has been done since the pioneering efforts
of Alford and Thomas. Thomas' collaborators at the T.U. Munich produced the most
detailed experimental data. Urlichs (3) used a relatively low power facility, with blade
Reynolds numbers below 105, and measured cross-forces mainly on shrouded turbines,
although one unshrouded case was also tested. He identified the shroud seal as the major
contributor to the cross-forces. The mechanics of these seal-related forces has been more
clearly elucidated since (see for instance Refs. (4), (5), (6)), and is distinct from the
uneven work extraction of Alford-Thomas effect. In his unshrouded tests, Urlichs noted
a cross-force reduction with increasing mean tip gap, and an increase with axial stator-
rotor spacing. The measured forces were roughly compatible with the simple Alford
argument. Wohlrab (7), used a larger, pressurized air turbine, capable of stator leaving

Reynolds numbers up to 5x107, but tested only shrouded turbines. Strong non-linearity
of force vs. displacement was noted in the cases with smaller forces, which raises
questions about accuracy. Limited dynamic testing was accomplished as well. As in
Ref. (3), the main mechanism in these tests was through seal pressure effects, rather than
through uneven work extraction. Vance and Laudadio (8), did some very low power tests
on a fan with statically moveable casing, and reported measured cross-forces, but no
aerodynamic data. Ehrich (9) has recently inferred Alford forces from compressor
efficiency test data, and argues that these forces become backward-whirling at pressure
ratios above the normal operating point.

We have performed extensive force measurements on an unshrouded turbine
identical to the first stage of the Shuttle LH turbopump, and also on a shrouded derivative
of it. These were supplemented by flow field measurements and theorctical analysis 1o
clarify mechanisms. In this paper, we will describe the test facility (Sec. 2), and present
the force and flow data (Sec. 3-6).

2. Experimental Apparatus

The test facility is a pressurized closed loop, filled with Freon 12 gas, and
equipped with a gas blower, heat exchanger/cooler, removable test section, power
extraction generator and data acquisition system. Nominal operating conditions are 2.0
atm mean pressure and 4.5 Kg/sec flow rate. Flow rate is mainly controlled by a manual
series valve, with help from a bypass valve at low flow. Speed is controlled through
generator excitation control.




The test section area is shown in Fig. 1. The upper section (12) of the casing can
be rotated and carries the stator and the hub, as well as a variety of flow probes. The
turbine shaft connects to the turbine via a four-post rotating dynamometer (14), and is
supported by two bearings. The bearings are carried in a heavy cylindrical structure
which can be translated sideways by means of four stiff rods, two on each side. Static
offsets are achieved (to an accuracy of + 0.5 mil) by insertion or removal of calibrated
shims (11). The dynamometer can sense all components of force and torque on the
turbine, and the signals from its 9 strain gauge bridges are carried through the shaft to the
slip-ring assembly (23). These signals were sampled 32 or 64 times per revolution, on a
pattern which was phase-locked to the rotor by means of signals from an auxiliary
encoder (18). The data were ensemble-averaged over 128 or 256 revolutions, to reduce
low-frequency noise, and were then numerically projected on fixed axes to extract the DC
forces of interest (Fx along the displacement axis, Fy perpendicular to it). Despite
sizable second harmonic contamination from the flex joints in the shaft, these DC
components were extracted with an accuracy and repeatability of £0.05 ¢b; (the forces

Fx and Fy ranged to a few/by).

The characteristics and design parameters of the unshrouded test turbine are
summarized in Table 1. Due to the low pressure ratio, compressibility effects are
minimal, and similarity would be ensured by matching flow and work coefficients, and
Reynolds number. The first two are indeed matched to the SSME LH turbine. The
Reynolds number (based on stator exit velocity and blade height) is 1.4x100, compared to
5.6x100 in the SSME turbine; since both are well above transition (105 -2x105) no
significant difference is expected. A limited test of this insensitivity was provided by
comparison runs at 1 atm and 2 atm loop pressure, in which no difference was detected in
the nondimensional cross-force characteristics.

After the unshrouded turbine tests, the same turbine was modified by removing
the outer 6.49 mm (out of a blade height of 22.9 mm) and installing a continuous shroud
band with a 2-ridge labyrinth seal (as shown in Fig. 2). Due to the partial flow blockage
of the unrecessed seal, the optimum flow rate at the design speed of 3440 rpm dropped to
3.16 Kg/sec, the optimum efficiency dropped to 74%, and the corresponding pressure
ratio was reduced to 1.14.

The test matrix is summarized in Table 2, with the geometrical notation
contained in Fig. 3.

3. Force Data for the Unshrouded Turbine

Typical force vs. displacement plots are shown in Fig. 4, which corresponds to
Configuration 1 of Table 2, at its design condition. The plots for Configurations 2-5 are
qualitatively similar. In these graphs, the negative Fx slope indicates a restoring direct
force, while the positive Fy slope indicates a forward-whirling cross-force. Each test was
repeated three times, and all test results are shown to illustrate the degree of repeatability
of the data. The fact that the forces are not exactly zero at zero eccentricity is due to a
combination of casing out-of-roundness and positioning error. Despite the relatively
large offsets (+ 15 mil on a mean gap of 27 mil), the Fy data show no departure from
linearity. By contrast, the Fx data show in all cases a slight s-shaped curvature, with the
slope increasing with eccentricity.

As noted in the Introduction, the simple Alford theory would predict Fx = 0.
However, the data show |Fx| of the same order as IFyl, and a different mechanism, or a
variation on Alford's postulated mechanism, must be involved.




The results of the measurements for all configurations are reported in
nondimensional form in Table 3. The coefficients ax and ay are obvious
generalizations of Alford's b:

2F,R 2F R
ax = & o=
Q(e/H) e (75

where the notation has been changed from b, which is strictly the sensitivity of blade
tangential forces to tip gap, to a, which is a measure of the cross-forces, and may or may
not be equal to b (indeed, there is no b counterpart to ax). The forces at e=0 have been
subtracted from Fx and Fy in calculating ax and ay,

Q)

Table 3 indicates a general increase of ay with speed at a fixed flow rate, or a
decrease with the flow coefficient ¢ = Cx/(WR). This is displayed in Fig. 5. The

theoretical curve shown is from an xz actuator disk theory which will not be discussed in
this paper (see Ref. 10).

A second trend in the data is a substantial increase of the force coefficient (both
lax| and ay) as the mean radial gap is reduced. This can be seen by comparing
Configurations 2 (gap 3% of blade height) and 4 (gap 1.9%), both with the widest axial
hub gap d', and also by comparison of Configurations 3 and 5, similarly related, but with
a narrower axial hub gap. Averaging over the various speeds, the effect amounts to a 0.6

decrease in ay (19%) per 1% increase in 5/H (wide axial gap), or a 0.7 (21%) per 1%
for the narrow axial gap. Of course, since only two gap values were tested, there is no
confirmation of the linearity of this effect. The theory (Ref. 10) predicts a much smaller

effect of & on a , and there are some indications from the flow data (Sec. 4) that viscous
flow effects in the narrow tip flow passages may be responsible. This trend had been
previously reported by Urlichs (3) as well.

Configurations 2 and 3 differ only in the hub axial gap d', while Configuration 1
differs from 2 and 3 in both, d', and the stator-to-rotor blade spacing, d. All three

configurations have § / H=3%. Thus, if we postulate a linear variation of ay with d
and d’, the data in Table 3 can be used to extract the separate sensitivities of ay to these
gap values. Similarly, comparison of Configurations 4 and 5 can yield the d' sensitivity
for the cases with a narrow radial tip gap. The results (Table 4) are inconclusive for d,
but are unambiguous as to sign and general magnitude for the hub gap d'. We have not
been able so far to find a satisfactory explanation for this effect. Opening the gap d'
should have the direct effect of reducing the pressure non-uniformity in the stator-rotor
space, and to the extent that this nonuniformity contributes to the cross-force (see Sec. 4),
this would indeed reduce ay. On the other hand, these pressure nonuniformities also
redistribute the upstream flow in a manner which tends to dampen the Alford effect, as
our x-y actuator disk analysis (Ref. 10) makes clear. The net result must then depend on
the balance of these two effects. A more complete analysis of the flow data, and
additional theoretical development are needed in this area. Urlichs (3) found the opposite
trend (ay increasing with axial gap), but his geometry was such that both d and d' were
varied simultaneously.

In addition to the direct force measurements, both upstream and downstream
flow fields were explored through a set of static wall pressure taps and directional probes.
More details about this instrumentation and flow data can be found in Ref, 10. The
surveys upstream of the stator indicated very small departures from tangential uniformity.
On the other hand, the wall pressure surveys downstream of the stator do show a well-
resolved nonuniformity. Fig. 6 shows the pressure pattern for the inter-blade row region
and the rotor blade tip region. For the region between stator and rotor a pressure

fluctuation amplitude of about 0.0027P,, =0.22pC2 /2=0.028 p(wR)?> for e/H =




0.019. The pressure minimum is about 25° ahead of the maximum gap location. The
pressure nonuniformity increases in amplitude as one moves downstream over the rotor
blades, particularly in their narrow-gap sectors, but it then returns downstream to the
same level as between rotor and stator. Thus, the turbine eccentricity is felt upstream and
downstream of it, through potential effects, with a length scale of the radius R, and, from
limited probing data, spanning the passage depth as well.

At 3 chord lengths downstream of the turbine, the velocity data were obtained to
a depth of 75% span, using a 3 hole probe. The tangential distribution is shown in Figure
7, where the mean (centered turbine) tangential velocity has been subtracted out. Based
on consistency among various probes and also with the dynamometer data, the errors
appear to be under 10%. The positive tangential velocity values seen near the bigger gap
region (180°) indicate underturning by the rotor blades. The magnitude seems to be
uniform in the outer 5% of the span, gradually decreasing towards the hub.

Thus, two main sources of lateral force on the turbine due to the flow properties
can be identified: 1) a tangentially non-uniform flow turning which leads to uneven work
extraction; and 2) a non-uniform static pressure distribution acting on the turbine hub.
Both forces can be integrated around the perimeter to a direct force and a cross force.
Integration of the pressure nonuniformity is straightforward. We assumed the pressure
acting on the hub is that observed before and after ther rotor, since the excess
nonuniformity over the rotor blades appears to be a near-tip effect. For the work-defect
forces, we used the Euler turbine equation locally to calculate an azimuth-dependent
tangential force per unit length

f, =[5 pC,AC,dr 5)

where C, is taken to be the mean axial velocity, and the flow turning AC, is from our
velocity surveys.

The results for Configurations 4 and 5 are shown in Table 5 , where we report the
separate pressure and work-defect contributions to ax and ay, their sum, and for
reference, the dynamometer-measured data. Similar results were also obtained (for all
configurations) using velocity data at 1.5 chords downstream of the rotor (Ref. 10). Most
of the direct force is due to the pressure force while the cross force is caused by both the
pressure force and the blade force. The cross force coefficients, ay, are larger than
expected for this low-reaction turbine on the basis of work-defect arguments. Clearly,
the pressure component, not previously identified, is an important factor.

All of the data reported here are for static offsets. An attempt at measuring cross
forces under dynamic conditions (using an inertial shaker) was unsuccessful due to
excessive vibratory noise. The simple theory of Alford predicts zero damping, while a
more complete model (Ref. 10) indicates significant damping due to lag in tangential
flow redistribution. Given the large magnitude of the statically measured forces,
measurements under dynamic conditions should be undertaken in order to complete our
understanding of Alford forces.

4. Forces in a Shrouded Turbine

The turbine was modified, as described in Section 2 of this paper, for the
shrouded case, and dynamometer and flow data were obtained. As in the unshrouded
cases, the forces scale linearly with eccentricity, and a sinusoidal pressure pattern with a
large amplitude develops over the shroud band. Table 6 shows the excitation coefficients
from the dynamometer data, and the pressure data at the design speed. Compared to the
unshrouded cases, the excitation coefficients are larger by a factor ranging from 1.5 to
2.0.




The nonuniform pressure distribution produces both direct and cross forces
which are smaller than those measured with the dynamometer. For this configuration, no
measurements were taken of the velocity perturbations, because, due to the presence of
the unrecessed shroud, the flow was very turbulent downstream of the rotor. If it is
assumed that the work defect mechanism contributes primarily to the cross force as in the
unshrouded cases, the discrepancy in the direct force excitation coefficient cannot be
explained. Furthermore, the small difference in the cross force excitation coefficients for
the shrouded case suggests that the pressure effect, instead of the work defect effect, is
primarily responsible for the cross force. Lastly, the pressure non-uniformity, which can
be detected upstream and downstream of the shroud, shows again a flow redistribution on
the scale of the turbine radius.

A linear labyrinth seal model based on the work of Millsaps (6) was extended to
include the effects of non-uniformities in the flow both upstream and downstream of the
shroud and was used to analyze the shrouded data. It was found that the non-uniformities
have a large effect on the model's predictions, essentially doubling the magnitude of both
the direct and the cross force, but even after this correction, the model underpredicts the
forces by about 40%. No complete theory exists of a seal interacting with the flow field
of the turbine blading. Palczynshki (11) discusses, in greater detail, the work on the
shrouded turbine.

8. Conclusions

This work has confirmed the existence of the destabilizing forces suggested by
Thomas and Alford. The general scaling and order of magnitude are also consistent with
their insights. However, some new effects in the unshrouded cases include the following:

1) In addition to a non-uniform work extraction, a non-uniform pressure distribution
also exists.

2) The forces increase significantly as the mean tip gap is reduced, confirming an earlier
result.

The lateral forces in shrouded turbines can be larger than those in unshrouded
turbines. This is due to a large nonuniformity in the seal gland pressure, which now
dominates over the work defect contribution.

Alford force measurements under dynamic conditions are recommended in order to
investigate the possible existence and magnitude of a damping component of this force.

References

(1) Thomas, H.J., "Instabile Eigenschwingungen von Turbinenlacufern Angefacht
durch die Spaltstroemung in Stopfubuchsen und Bechauchflug (Unstable Natural
Vibrations of Turbine Rotors Induced by the Clearance Flows in Glands and
Blading)", Bull. de L.A.ILM. 71 NO 11/12, 1958, PP. 1039-1063.

(2) Alford, J.S., "Protecting Turbomachinery from Self-Excited Rotor Whirl", Journal
of Engineering for Power, October 1965, pp. 333-334.

(3) Urtlichs, K., "Clearance Flow Generated Transverse Forces at the Rotors of
Thermal Turbomachines”, NASA TM-77292, Translation of Ph.D. Dissertation,
Munich Technical University, 1975.




(4) Iwatsubo, T., "Evaluation of Instability Forces of Labyrinth Seals in Turbines or
Compressors", NASA CP-2133, 1980, PP. 139-169.

(5) Scharrer, J.K., Childs, D.W., "Theory Versus Experiment for the Rotordynamic
Coefficients of Labyrinth Gas Seals: Parts 1 & 2", ASME Joumal of Vibration,
Acoustics. Stress and Reliability in Design, Vol 110., No. 3, 1989, pp. 270-287.

(6) Millsaps Jr., K.T., "The Impact of Unsteady Swirling Flow in a Single Gland
Labyrinth Seal on Rotordynamic Stability: Theory and Experiment", Ph.D.Thesis,
Department of Aeronautics and Astronautics, M.L.T., 1992.

(7) Wohirab, R., "Experimental Determination of Gap Flow Conditioned Forces at
the Rotors of Thermal Turbomachnes”, NASA TM-77293, Translation of Ph.D.
Dissertation, Munich Technical University, 1975.

(8) Vance, J.M.,, and Laudadio, F.J., "Experimental Measurement of Alford's Force in
Axial Flow Turbomachinery", ASME Paper 84-GT-140, June 1984.

(9) Ehrich, F., Unpublished Report, 1992.

(10)Martinez-Sanchez, M., and Jaroux, B., "Turbine Blade Tip and Seal Clearance
Excitation Forces", Phase III Report on NASA Contract No. NAS8-35018,
May, 1992.

(11)Palczynshki, T.A., "Experimental and Theoretical Investigation of Rotordynamic
Instability in a Shrouded Turbine", S.M. Thesis, Department of Aeronautics and
Astronautics, MLLT., 1992.

Table 1
Design Parameters for SSME Fuel Turbopump First Stage
and the Test Facility Turbine

Parameter SME Fuel Turbopump First | Test Facility Turbine
Stage
Flow coefficient, ¢ 0.58 0.58
Work coefficient, ¥ 1.508 1.508
Stator exit angle 70° -
Relative rotor inlet angle 43.9° -
Rotor exit angle 60° -60°
Absolute exit angle -3.1° -3°
Degree of reaction 0.216 0.216
Rotor mean radius, cm (in) 12.88 (5.07) 12.88 (5.07)
Number of rotor blades 63 63
Rotor blade height, cm (in) 2.17 (0.854) 2.17 (0.854)
Rotor blade chord, cm (in) 2.21 (0.870) 2.21 (0.870)
Rotation Rate, rpm 34,560 3440
Axial flow velocity, m/s (in/s) 262 (10,300) 26 (1020)
Mass flow rate, kg/s (slug/s) 71.8 (4.92) 448 (0.307)
Inlet pressure, kPa (psi) 34,950 (5069) 224 (32.43)
Inlet temperature 1053 (1436) 300 (80)
Pressure ratio 1.192 13231
Efficiency 0.821 0.80
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Table 2 The Test Matrix

Conf # tm/H (%) d/c (%) d/c (%) Shroud m/mdcs (o/())dcs C7[|“
(Y/N) (%) (%) Range
(%)
1 3.0 50 38 N 50 100
100 70 =
100 100 .
100 110 (e;nfﬁ‘)m
100 70
100 100
100 110
2 3.0 26 15 N 100 70
100 167
110
3 3.0 26 155 N 100 70 +67
100
110
4 L 20 I3 N 100 70 +59
109 (e=%.25
110 mm)
5 1.9 26 1.3 N 100 70 +59
100
110
6 45 26 52 R ¢ 100 70 9
100 =
110
Table 3
Nondimensional Force Coefficients from Dynamometer
Configuration | ¢/ 0, o, a,
| 0.7 212 243
1 1.0 -2.81 2.57
1 i1 -3.42 3.66
2 0.7 -1.54 249
2 1.0 -2.14 2.96
2 1.1 -2.46 4
3 AT -1.47 2.87
3 1.0 -1.87 3.02
3 1.1 -2.04 343
4 0.7 -2.93 3.38
4 1.0 -3.42 8155
4 1.1 -3.65 372
5 0.7 -2.82 383
5 1.0 -347 3.98
5 1:1 -3.50 4.04
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Table 4
Sensitivity of Cross-Force to Axial Stator-Rotor Spacing (d) and Hub Axial Gap (d')

(See Figure 6 for definitions)
S/H w/w,, |Ja,/dd/c)de,/dd/c)
0.030 0.7 242 -2.78
0.030 1.0 -1.21 -0.44
0.030 1.1 -1.00 -1.44
0.019 0.7 - -3.32
0.019 1.0 - -3.13
0.019 1.1 - -2.37

Table 5 Contributions from work defect (wd) and pressure (p) to the force coefficients
o, Oty at design conditions, and comparison to dynamometer data.

Configuration | (ox)wd (ax)p (0x)total (0x)dyn
7 2 76 T 336
s L 23 29 347
Configuration | (oy)wd (0y)p (ay)total (0y)dyn
4 2 - 1. 3.7 3.55
5 1.9 22 4.1 3.98

Table 6 Nondimensional force coefficients from the dynamometer and
pressure data for the shrouded turbine

Configuration [~ o/ ... a, (), a, (er))
P
6 0.7 -4.06 594
6 1.0 -5.63 -3.8 6.28 6.0
6 151 -6.00 6.37
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(1) Flow staightener
(2) Screen

(3) Maun loop piping
(4) Flange

(5) Flexible insert
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(10) Flow-smoothing shield
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(19) Intermediate shaft
(20) Double-acting seal
el (21) Flexible insert
SR o | 40 (22) Pivoting bearing
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Figure 1: Schematic of the turbine test section.
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Figure 3: Schematic of turbine's major dimensions of
interest.

Figure 2: Shroud-seal for turbine, Dimensions in
mm.
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Figure 6:" Wall tap pressure between stator and
rotor(4) and over the rotor blade tip(5,6, &7)
(Conf. 1, e/H=0.019).

0.5 T T T
025 i
i 8 o —J
= L A g ]
3 ot g '
> - & j
< 5
: i
[ o i
025—0a .
- r
; ]
-0, e L
D ) 180 770 360
[:]

Figure 7: Tangential velocity at station 9
(Cont. 4, e/H = 0.019).

14



ACTIVE CONTROL OF VANELESS DIFFUSER ROTATING STALL

Yoshiki Yoshida, Yoshinobu Tsujimoto, and Tomohiro Tateishi
Osaka University
Toyonaka, Osaka, Japan

and

Hiromu Tsurusaki
Fukuyama University
Fukuyama, Hiroshima, Japan

SUMMARY

Experiments were carried out to study the feasibility of
active stabilization of vaneless diffuser rotating stalls.
Pressure fluctuation at the diffuser inlet was monitored and
used to control the rotating stall. A.C. control flow, which is
produced by a loud speaker, was introduced into the diffuser at
the inlet. It is shown that the rotating stall can be suppressed
when the phase of the control flow has certain relation with the
phase of the rotating stall. By considering the energy flux due
to the A.C. control flow, it is shown that the rotating stall is
suppressed when the control flow has the phase such that the
energy is subtracted out from the diffuser flow. Discussions are
made on the relations between the energy flux and the amplitude
of the pressure fluctuation due to the rotating stalls.

INTRODUCTION

Rotating stalls in vaneless diffusers of centrifugal
compressors set the lower flow limit of stable operation. They
cause not only pressure fluctuations but also shaft vibrations
[ref.(1)]. Many experiments were carried out to predict the
rotating stall onset flow rate [ref.(2), (3)1, and to enlarge the
flow range of stable operation [ref.(4)].

Compared with experimental works, theoretical studies are
few. From a 2-D inviscid irrotational flow analysis, Jansen
[ref.(5)] found that outward flow is stable and hence attributed .
the cause of the rotating stall to local inward flow in the
boundary layer on the diffuser wall. Many previous experimental
works, such as ref.(2) and (3), are based on this supposition.
On the other hand, based on linearized Euler's equation,
Abdelhamid [(ref.(6)] and, later, Moor{ref.(7)] have shown that
2-D flow instability can occur even with outward tlow. It is
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shown by Tsujimoto et al.[ref.(8)], by a 2-D inviscid rotational
flow analysis, those flow instabilities are related with the
vorticity distribution in the diffuser. Although such
theoretical flow models are not fully understood, partly due to
the lack of experiments based on those theoretical models.

Recently, attempts are made to apply the active controls to
suppress rotating stall and surge: Paduand[ref.(9)] used
"wiggling" inlet guide vanes to control rotating stall in the
axial compressor and Ffowcs Williams [ref.(10)] controlled surge
in the centrifugal compressor.

The purpose of the present study is twofold: to confirm the
feasibility of the active stabilization of vaneless diffuser
rotating stalls, and to obtain the physical understanding of the
rotating stall through studying the response of rotating stall
due to external disturbance. The pressure fluctuations at the
diffuser inlet are monitored and used to control the stall, by
introducing external fluid periodically at the diffuser inlet.

NOMENCLATURE

A.R.: ratio of pressure amplitude [Ap, (with control)/Ap,
(without control)]

b : impeller width

E : work of control flow [eq.(1)]
G ¢ gain

L : theoretical work of impeller
n : number of rotating stall cells
p : static pressure

q : flow rate of control flow

r : radius

T : periodic time

t : time

u : impeller peripheral speed

AV : velocity fluctuation

8 : vane angle to circumference

@ : phase angle

p : density of fluid

¢ : flow coefficient [= Q/2n r,bu,]
¥ : pressure coefficient [p/pu,’]
Ay : pressure fluctuation coefficient [Ap/puzz]
w : angular frequency of pressure fluctuation
Q : angular velocity of impeller
subscript

1,2 : impeller inlet and outlet
3,4 : diffuser inlet and outlet
a : air-chamber
d : diffuser
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APPARATUS

Fig.1l shows the experimental set up. The flow is introduced
into the test impeller® after passing through a flow measuring
nozzle®, a booster fan®, a flow control valve® and a flow
straightener@. The straightener and the inlet pressure tap are
located at 4.06d and 2.22d upstream of the impeller
respectively, where d=40mm is the inner diameter of the inlet
pipe. The flow from the diffuser is directly discharged into
ambient space. The experimental vaneless diffuser® is equipped
with air-chambers® outside thediffuser walls. The inlet portion
of the diffuser walls is made with a flat plate with pores. The
air-chambers are connected to a loud speaker@ (diameter is
300mm) through hardened vinyl tubes®. TAe. control flow",
which is produced by the loud speaker, is introduced into the
diffuser through the air-chamber and the porous diffuser wall.

Major dimensions of test impeller are given in Table.l. The
impeller is two dimensional and has logarithmic vanes, as shown
in Fig.2. The rotational speed of the impeller is kept within
3,000+ 10rpm throughout the present study. Major dimensions of
test diffuser are given in Table.2. Fig.3 shows the details
around the vaneless diffuser. The air-chambers are composed of
six fan-shaped rooms with the depth 5mm. The inlet portion of the
diffuser wall(radius ratio r/r,=1.11~1.31) are made of the flat

_Plate with pores with diameter 0.55mm and pitch 1.1lmm. The

control flow is introduced into the diffuser through these
pores.

For the control of three cells rotating stall, three of six
air-chamber rooms are connected to the loud speaker, as shown in
Fig.3(a), and the pores of unused air-chambers are covered with
vinyl tapes. For the control of two cells rotating stall, two of
the air-chamber rooms are used, as shown in Fig.3(b). As shown
in Fig.3(c), twelve pressure taps with throat diameter lmm, are
evenly placed at radius ratio r/r,=1.04 on front diffuser wall.
In order to determine the number of rotating stall cells and cell
propagation velocity ratio, two pressure transducers are
inserted into two of the pressure taps.

CONTROL SYSTEM

The control system used is shown in Fig.4. The diffuser
inlet pressure is monitored to detect the phase and magnitude of
the rotating stall, which is fed back to the diffuser as a "A.C.
control flow" after giving some time lag by the delay controller
(Roland SDE-300A). The band pass filter is set to pass the
frequency components 1~30Hz, which includes the fundamental
component of the diffuser rotating stall. "A.C. control flow" is
produced by a loud speaker. The flow rate of the "A.C. control
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flow" cannot be measured directly under the operating condition.
It isestimated from the air-chamber pressure p, and the diffuser

inlet pressure p, using the flow coefficient determined quasi-
steadily.

The "phase 6" of the air-chamber pressure p, is defined
relative to the diffuser inlet pressure p; at the peripheral
position of the center of the air-chamber. Actually, the
diffuser inlet pressure p, is monitored using a pressure tap
apart from the air-chamber, in order to minimize the direct
effect of the control flow. The "phase 6" of the above
definition is determined by using the frequency and the
propagation velocity of the rotating stall.

% |
Sy ¢ 17 1
& 1=
@.Flow measuring nozzle @®. Vaneless diffuser
®. Booster fan @. Air chamber
®.Flow control valve ®. Motor
@.Straightener ®. Loud speaker
$100 ®. Impeller @. Vinyl tube
$9
: Fig.1l Test apparatus
I {
! s
== Eoiey Table.l Dimensions of impeller
$40
50 Inlet radius ri(mm] 25

Outlet radius r2{mn] 50
Impeller width b [(mm) 10
Vane angle B ] 20
Number of vanes Z %

Table.2 Dimensions of vaneless diffuser

Inlet radius ra(mm] | 50.5
Outlet radius re(mm] | 91
Diffuser width b [mm] | 12

Fig.2 Impeller




Impeller Diffuser lapeller Diffuser

Air chasber Air chamber
(a) 3~Air chambers (b) 2-Air chambers
(for the case of 3-cells) (for the case of 2-cells)

@

Vaneless diffuser

\l Air chamber
B0 ./

R AL A X2

\ el /

(c) Sectional arrangement

Fig.3 Test apparatus (Detail around the vaneless diffuser)

pd
Pressure at == Transducer > DC Amp. }—) Band Pass
Diffuser Inlet ¥ Filter
—> Electric Signal FFT v
e Pfessure Analyzer Delay
% All‘ ¢ w
Transducer = DC Amp. Anmp.
Pa' Loud Speaker

Diffuser <= Air Chamber <——=— D<——

Fig.4 Control and measuring system
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RESULTS WITHOUT CONTROL

Firstly, we examined the static pressure performance of the
impeller and the characteristics of rotating stalls without the
active control. Fig.5 shows the static pressure performance
curves p,-p ,and p,-p, for the cases with and without the air-
chamber. Fig.6 shows the propagation velocity ratio, which are
determined from the pressure fluctuations at the diffuser inlet
[ref.(11)]. Rotating stalls occur at the flow rate less than
¢=0.11. The number of rotating stall cells is two or three:
three cells appear within the flow range of ¢=0.06~0.11, and two
cells in ¢=0.0~0.06. Fig.7 shows the spectra of pressure
fluctuations at the diffuser inlet, and velocity fluctuations at
the diffuser outlet, which were measured by using the hot wire
anemometer. In the present study, impeller rotating stalls were
not observed. Fig.8 shows the velocity disturbance field due to
the rotating stalls [same as ref.(12)],for the cases of two
cells(¢$=0.0) and three cells (¢=0.09). Cell structure of the
rotating stall can be observed clearly. Static pressure
performance and the rotating stall propagation velocity ratio
are shown in Figs.5,6 for the cases with and without the air-
chamber. The differences are very small. The amplitudes of the
pressure fluctuation are shown in Fig.9. The amplitude with the
air-chamber is a little smaller than that without the air-
chamber. We discuss this reason in the following section.

o o® without chamber
¢ ® ywith chamber

0.5 T
oy ® & without chamber
0.4 T0O009 R |8 ® A with chamber
'bQ $ ’ L
® ¢ cl
0.3 L3P & 8L
Yy .g B
=>- g: Y21 3
g .
0.2 ¢ o o tresmn,
§ 0 0.1 052
0.1 R @
& Fig.6 Rotating stall propagation
0 ] velocity ratio
0 0.1 e, 7

¢

Fig.5 Static pressure performance curves
(without control)
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Fig.7 Pressure and velocity spectra(without control)

(a) ¢=0.0 (b) ¢=0.09
_.V/U2=O.I -——»v/u,:O.]

Fig.8 Velocity disturbance fields (without control)

overall peak

o o without chamber
o @ with chamber & without control
[ ]

® with chamber & with control

()
_2cells 3cells ¢

Fig.9 Comparison of the pressure fluctuation amplitudes
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RESULTS WITH CONTROL

In this section, the effects of the active control are
compared with the case with the air-chambers, but without the
active control. In this study, it was found that the active
control is effective for all flow region. As sample cases we
describe the results at flow rate ¢=0.09 for the case of three
rotating stall cells, and at ¢=0.0 for the case of two rotating
stall cells.

Fig.1l0 shows the change in the spectra of the pressure
fluctuation at the diffuser inlet, and the velocity fluctuation
at the diffuser outlet, when the "phase 8" is changed keeping
the feed back gain constant. The "phase 0" is defined as the
phase of the pressure in the air-chamber relative to the diffuser
inlet pressure at the same circumferential location, as
mentioned previously. When the phase is 9= 0° , the amplitude of

the rotating stall frequency increases. However, when the phase
is 6=-180° ~-240° , the rotating stall is suppressed with
decreased peak value. Fig.ll shows the velocity disturbance
field due to the rotating stall under the control. From the
comparison with Fig.8, we find that the velocity field is
controlled all over the diffuser. This means that the decrease
in the inlet pressure fluctuation is not caused by the
"cancelling", but caused by the control of the rotating stall
itself. This is quite different from the noise control by "anti-
sound". Figs.12(b), (c) show the spectra of the pressure and the
velocity fluctuation at various flow rates with the control. The
control is effective in all flow region. However the static
pressure performance could not be improved by the control, as
shown in Fig.1l2(a).

As mentioned above, the peak values at the rotating stall
frequency could be suppressed excellently, but the over all
value(1~50Hz) of the pressure fluctuation did not change
remarkably, as shown in Fig.9. From the view point of over-all
pressure fluctuation amplitude and of the static pressure
recovery we cannot say that the diffuser rotating stall is
completely controlled. This may be caused partially by the
method of the control applied in the present study. That is, the
delay controller gives the same absolute time delay for all the
frequency components. Thus the delay time which gives the
adequate phase is not adequate for other components.

Fig.13 shows the effects of the phase 6 and the gain
G=20-1log,,(Ap,/Ap;) on the peak values of the spectrum of
diffuser inlet pressure fluctuation. A.R. is the ratio of the
peak value under control to that without control. A.R.is less
than 1.0 for 6=-120° ~-240° . It is interesting that A.R. may
become less than 1.0 even for G<0O dB, if the phase 6 is
appropriate.
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Fig.12 Static pressure performance curves and pressure,velocity
spectra(with control)

CONSIDERATION OF CONTROL ENERGY

In this section, we discuss about the mechanisms of the
present control. The displacement work done by the control flow
on the fluid in the diffuser is given by

1 4 &
B= o [B(t) x a(t) a8 oo (1)

where g(t) is the flow rate of the control flow, and is
estimated fromthe diffuser(p;) and the air-chamber(p, ) pressure.
The phase between the pressure difference and the control flow
rate were calibrated dynamically in advance.
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In Fig.13, the region with E>0 in the gain-phase plane is
shown by hatching. We find that, for the most cases, the peak
values of the spectra are increased (A.R.>1) in the region with
E>0. Fig.14 shows the quantitative relation between E/L and
A.R., where L is the work done by the impeller. We find that the
magnitude of the rotating stall can be diminished by extracting
a small amount of energy from the diffuser flow, while it
requires relatively large amount of energy addition to increase
the magnitude. The amplitude of the rotating stall is determine
so that the energy supplied to the rotating stall by a certain
unknown mechanism is balanced by a energy dissipation. From this
point of view, Fig.14 can be looked upon to show the amount of
the energy imbalance as a function of the amplitude ratio. The
fact that E<O for A.R.<1 implies the possibility of the passive
control of diffuser rotating stalls. In fact, the amplitude of
the pressure fluctuation is diminished by the addition of air-
chambers without the active control.[ref.(13)] It is worth
trying to design passive control systems as well as
sophisticating the present active system.

| gt

E/L

Fig.13 Effects of active control Fig.14 Relation between A.R. and E

with Gain G and Phase 6 )
(A.R.: ratio of the pressure amplitude

E : work of the control flow)
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CONCLUSIONS

Major findings of present study are:

(1) Present active control can suppress the fundamental
‘component of the diffuser rotating stall. The amplitude of
the pressure fluctuation at the diffuser inlet can be
suppressed about 1/10 of that without control. When the
control is effective, the typical velocity disturbance of
the rotating stall disappeared.

(2) The over all values of the pressure fluctuation could not
be controlled by the present method. In this meaning, the
"stall" itself could not be suppressed.

(3) It is made clear that the rotating stall is suppressed when

the control flow has the phase such that the energy is
subtracted out from the diffuser flow.

(4) From the relation between the energy flux of the control
flow and the amplitude of the pressure fluctuation, an
important information is obtained concerning the energy
supply and dissipation in the vaneless diffuser rotating
stall.

(5) The energy imbalance increases largely near the balancing

point as the increase of the amplitude of the rotating
stall.

Present study was supported by the Grant-In-Aid for
Developmental Scientific Research of the Ministry of Education.
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BULK FLOW ANALYSIS
GEOMETRY

IMPELLER SHROUD Y
SURFACES
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BULK FLOW ANALYSIS

BULK FLOW MODEL
F. —
Fy K k K K X
Fr( | -k k| -ke =K. |} ¥
] M Y i Kae kae Ka = ka Qy
MX kat _Kae ' ka Ka Qy
A -
= —
c 4 Cm ~Cea X
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+
Cae Coe Ca —Cq Qy
Cae Cae ca Ca _J QX x
= —
M m M, Mg X
- -m M - M M, Xii
Mae mae . Ma ma &y
My M, e my Ma &x

FINITE DIFFERENCE METHOD

Navier-Stokes-Equations

a) Axial Momentum Equation
b) Radial Momentum Equation
c¢) Circumferential Momentum Equation

aU; oU; 1P . a2 9*U;
5 U 5™~ ot
ot 0x;j poxi P dx;jdx;

Continuity Equation

aU;
ox; 0

To solve by finite difference method
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FINITE DIFFERENCE METHOD

The time-averaged NS-Equations

Actual quantity = Mean value + Random fluctuation.
U= u+u
Ve V4
w=w+w
p=p+p
Definition:

T
U= % {u(t)dt

=> NS Equations

ui . dui 1dp 1 9 [our_ —a—v-}l
Lat T T paxi T pox ][ax,- i

Continuity Equation

—-—-_:
ou;

ax,-= 0

Problem:

puwu’; unknown
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FINITE DIFFERENCE METHOD

Boussinesq Approximation:

P “’a ax

where pt is the turbulent viscosity (isotropic)
Similar to laminar flow: (Newton’s Flow)

Turbulence Model (Effective viscosity):

B2
He= cup

k => Turbulence Energy
e => Turbulent Energy Dissipation

Viscosity: (effective = laminar + turbulent)

ou v
'Cy'x:pWE ],Le{‘b?'i's;}

u v
Trte = Ty T = (W + Py {2022

33



S s

INPELLER
SHROUD

Impeller / Casing

34




IMPELLER

Axial & Radial Velocities

/4

o e e
o e

IS

RN AP LS P

SIS A NN 22

L7’ rrrr s =

(o L e e
LilI07 5 62« » o e s

e S DD
G

35



BRITE/EURAM Back to Back Test Impeller |
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AXIAL & RADIAL VELOCITIES

A4 "MM’
Rotating speed = 2950 rpm

Back to back impeller
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Axial & Radial Velocities
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. Fluid forces [N]

" Forces in Newton
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NONLINEARITIES

@ F_radlal 9% F_tangential

o RS "
=
j N
Ty
7Y
T
0 01 0,2 0.3 04 05 0,6 0,7 0,8 0,9 1

Frequency ratio

—©—F_radlal —%— F_tangential

E

T

-08 -086 -04 -02 0 0,2 04 06 08 1

Frequency ratio

42



Coefficients Zeie seal)l

case BEP Ap swirl | K [N/m] | k [N/m] C [Ns/m]| c [Ns/m] | M [kg]
1 40% 9.63 0.683 (0.3910E7(0.2161E7| 9079.0 740.8 2.62
2 70% 9.28 0.626 |0.3771E7|0.2061E7| 8924.5 | 775.9 2.74
5 100% 8.89 0.569 |0.3607E7|0.1952E7| 8654.5 | 816.7 2.82
4 120% 8.62 0.531 |0.3490E7|0.1874E7| 8370.0 860.2 2.86
—_—K ==
Stiffnesses [Tausend * N/m]
5000
4000
3000 2
2000 :T_ 4
1000
0

86 86 87 88 889

5000

@ 81 82 93 94 96 98 07
Pressure [bar]

Stiffnesses [Tausend * N/m]

b ol 04

-

4000

3000

2000

03 04 06 08

0.7 508 00N ] 11
Best efficiency point (BEP)
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LCoefficients (back seal)

case BEP | Ap[bar] | swirl |K[N/m] | k[N/m] |C[Ns/m] ¢ [Ns/m]| M [kg]
5 40% 11.88 0.683 |0.2852E7(0.2155E7| 9998.6 | 12663.7 | 47.66
6 70% 11.00 0.626 [0.3251E7|0.2339E7| 10389.7 | 13449.3 | 50.54
i 100% 9.74 0.569 |0.3767E7|0.2567E7| 10819.1 | 13117.0 | 49.24
8 120% 8.76 0.531 |0.4131E7|0.2726E7| 11194.5 | 13500.3 | 50.75
e
Stiffnesses (Tausend * N/m]
5000
4000 —— "
3000 e
2000 +—2=
1000
)
8,5 9 0,5 10 10,6 1 5 12
Pressure [bar]
e el
Stiffnesses [Tausend * N/m]
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o —l
\\‘
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2000
1000
0
03 04 05 08 07 08 089 1 11 12 18

Best efficiency point (BEP)
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Influence of impeller/casing geometries

T EH it
70% BEP 11.bar case K k D d M
HH_[ 1 0.3831E7 | 0.2571E7 10902 8754 32.73
2. 0.3864E7 | 0.2680E7 11207 9868.6 35.62
ﬁ
' I 3 0.3528E7 | 0.3172E7 13058 11030 39.60
l H 4 0.2409E7 | 0.3017E7 11768 11059 37.30
I ’ l 5 0.4231E7 | 0.1760E8 . 0.1005E6 30467 99.23
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AN EXPERIMENTAL STUDY ON THE STATIC AND DYNAMIC CHARACTERISTICS OF

PUMP ANNULAR SEALS WITH TWO PHASE FLOW

T. Iwatsubo and T. Nishino
Kobe University, Rokko
Nada, Kobe, Japan

Abstract

A new test apparatus is reconstructed and is applied to investigate static and
dynamic characteristics of annular seals leaked by two phase flow (gas and liquid) for
turbopumps. The fluid forces acting on the seals are measured for various parameters
such as void ratio, the preswirl velocity, the pressure difference between the inlet and
outlet of the seal, the whirling amplitude, and the ratio of whirling speed to spinning
speed of the rotor. Influence of these parameters on the static and dynamic character-
istics is investigated from the experimental results. As a results, with regard to the two
phase flow, as the void ratio increases, the flow induced force decreases. Another dy-
namic characteristics of two phase flow is as almost similer as that of the mono phase flow.

1. Introduction

A turbomachines such as a pump tends to be operated at high speed and high pres-.
sure in special sircumstances because of severe performance requirements. In the special
sircumstances, the fluid force causes an instability of the rotating machine because of the
noncontacting seal. So, it is necessary to make the dynamic behavior of two phase flow
clear and to supply accurate data in order to predict and prevent the unstable vibration,
and still more necessary to design a stable rotating machine.

Many theoretical and experimental analyses on the characteristics of noncontacting
seals are reported for the monophase flow seal. As an experimental research on annular
seals, Childs et al. (Refs. 2,3) investigated fluid forces acting on the seals and their char-
acteristics with a test apparatus which has an eccentric rotor. Nordmann (Ref. 4) used
an impulse force type test apparatus to carry out an experiment on the characteristics
of annular seals. Kaneko et al. (Ref. 7), Kanki et al. (Ref. 8), and Hori et al. (Ref.
9) also reported their test results on the seals. All these results are important for the
research on monophase flow annular seals.

The aunthors also investigated for the many types of seals, that is, annular seal,
parallel groove seal, spiral seal and tri angle hale seal and also long annular seal for inves-
tigating the effect of moment force. The dynamic characteristics of annular seals leaked
by the two phase flow have not been investigated yet in various operating conditions.

This paper shows the experimental results obtained by an experimental apparatus
which is newly redesigned to obtain a dynamic characteristics of two phase flow. In the
test the fluid force acting on the seals is measured then radial and tangential forces of
the seal flow and the stiffness, damping, and inertia coefficients are obtained. Influence
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of the parameters such as whirling amplitude, pressure difference between the inlet and
outlet of the seal, preswirl velocity, rotating and whirling speeds, and their directions is
investigated. Then the effect of two phase flow on the dynamic characteristics of annular
parallel seal is investigated.

2. Nomenclature

F, Fy : Fluid forces in x and y directions

F,, F; : Fluid forces in r and t directions

Kiz,Kyy, K2y, Kyz  : Stiffness coefficients

Cie/ Oy, Ca Oy : Damping coefficients

Meo, Myy, My, My, : Inertia coefficient

L7, 2 : Fixed coordinates (z: axial direction)

£t : Radial and tangential coordinates

(9, 2) : Pressure distribution

P(¢) : Average pressure in axial direction

B : Inlet pressure to the seal

Pi3 : Outlet pressure from the seal

AP : Pressure difference between inlet and outlet of the seal
w : Spinning angular velocity of the rotor

Q : Whirling angular velocity of the rotor

e : Whirling eccentricity of the rotor

o) : Phase difference between principle force and displacement
R.D : Rotor radius and diameter, respectively

L : Seal length

C : Seal clearance

Vi : Preswirl velocity

Vis : Preswirl velocity without a rotating motion

Vs : Fluid average velocity in axial direction

a : mean void ratio

Qq, Qi : flow rate of gas and liquid, respectively

P Py : average pressure in the seal and outlet pressure

3. Experimental apparatus

3.1 Test seal apparatus

Figs.1 and 2 show assembly of the test apparatus and the layout of the test facility,
respectively. In Fig.1, a working fluid, that is, water and gas, is injected through three
pairs of swirl passages to accomplish the different inlet swirl velocities shown in cross
section B. The water passes through the clearances of the seal and flows to outlets in
both sides of the housing. Cool water and gas is continuously supplied to the tanks in

50




order to maintain constant temperature. The inlet part consists of four tubes connected
with swirl passages for injecting the water and gas, and swirl speed is adjusted by a
valve for air and two valves for water in order to obtain the arbitrary swirl velocity in
the range of 0 - 15.0m/s. These valves are used in order to change the void ratio.

The seal assembly consists of a seal stator and a seal rotor. The seal rotor, of
which diameter is 70mm, is connected to the motor by a flexible coupling. The motor
is controlled in the speed range 0 - 3500r.p.m. by an electric inverter, which also selects
the rotational direction. The seal stator has holes to measure the dynamic pressure in
the seal, as shown in cross section C. Both long and short seals have three holes in axial
direction and four holes in x and y directions. The dynamic pressure is measured by
the strain gauge type pressure gauge shown in cross section C. The fluid dynamic force
acting on the stator is also directly measured by the load cells shown in cross section C
for comparison with the data of the pressure transducers.

The bearing assembly has two ball bearings to make spinning and whirling motions.
To make a whirling motion, an inside sleeve and an outside sleeve, which have a 0.05mm
eccentricity to each other, are attached between the two bearings as shown in cross
section A of Fig.1. The two eccentric sleeves can be rotated, relatively. So an arbitrary
eccentricity can be adjusted in the range of 0 - 0.1mm. The sleeves of both sides are
driven by a motor through the timing belts. The motor can also be controlled by an
electric inverter in the rotating speed range of 0 - 3500r.p.m., and rotational direction
can be selected by an inverter.

The two phase flow is made as shown in Fig.3, where gas is mixed by higher
pressure a liquid. The inlet pressure of two phase flow is measured just before the seal.

The void ratio in two phase flow can be changed the pressures of water and gas by
of valves and regulator.

3.2 Measuring instruments and methods

The measuring procedure illustrated in Fig.4 consists of four kinds of physical vari-
ables: that is, rotating and whirling speed, dynamic pressure in the seal, seal forces and
displacement of the rotor. Signals from measuring instruments are recorded by a data
recorder and analyzed by a computer.

The rotating and whirling speeds are measured by eddycurrent type pulse sensors
and digital counters.

Dynamic fluid force can be directly measured by a load cell as shown in Fig.5. The force
measured by the load cell is calibrated to revise the influence of the O - rings and the
inertia of the seal.

An eddycurrent type displacement sensor is used to measure the displacement and
this displacement is used as a reference signal to obtain the phase difference between the
displacement and the flow induced force.

The test data are recorded by a data recorder and sent to the computer through an
A/D converter. In the computer the pressure values are integrated in the circumferential
direction to obtain the fluid force, then the characteristic coefficients are calculated.

A special pitot tube set is used to measure the preswirl velocity in the seal inlet, as
shown in Fig.6. The static and total pressures are measured by the pressure transducers
instead of the usual U - tube.

Axial flow velocity in seal is determined from the outlet flow velocity directly mea-
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sured by a pitot tube.

The flux of water and gas is obtaind by measuring the leakage of unit period by
cylinder.

The void ratio in the two phase flow is decided as average value between inlet and
outlet of seal. Here, it is supposed that air is ideal gas and slip ratio between water and
gas is 1 because the seal is set horizontally . At this time, we obtain flowing equation
from the flux of water and gas and the pressure which averages one of inlet and outlet.

Pathg
P(ai+ Q)

o=

(1)

Seal dimensions that is used for the test and experimental conditions are shown in
the table 1,2.

3.3 Calibration and measuring error

As a preliminary test, the static and the dynamic characteristics of measuring in-
struments, i.e. the pressure transducer, the load cell and the pitot tube, are calibrated.

Dynamic calibration of the load cell was done in various working conditions. A
periodic force was excited on the seal by a shaker, and the force was simultaneously
measured by strain gauges attached to the shaking rod and by the load cell fixed on the
other side. These data were used to calibrate the measured data in the real test.

A pitot tube set was used to measure the inlet preswirl velocity. Its pitot tube
coefficient for calibration was determined by means of a standard pitot tube.

4. Calculation of fluid force and characteristic coefficients

It is assumed that the motion equation of the rotor system is represented as follows

[m] {£} +[C] {2} + [K] {z} = {f(t)} - {F}
where [M], [C], [K] are the mass, the damping, and the stiffness matrix and { F(t)
} is the force vecter. { F } = { F, F,}" is the fluid reaction force acting on a rotor

and is represented as a linear function of rotor displacement, velocity and acceleration,
as follows.

F, M. My ] {:z:} [ Cas' oy ] {z} [ Koy sy ] {z}
- = Soinr i » > 2
{ Fy } [ My. My, Y Cyz Cyy Yy * Kyz Kyy Y @)

For a small whirling motion about a center position, the relation of the coefficients
may be expressed by
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M:z:.z: = Myy’ Myz = M:ry - 0) CJ-‘J.‘ == ny’ (3)

Cyz = "‘C:cy; Kie = Kyy, Ky:c = _sz
where the cross-coupled inertia coefficient is neglected because it is negligible small.
A rotating coordinate system rotating with the rotor is adopted to analyze the fluid
force easily. The relation between a fixed coordinate system and a rotating coordinate
system is illustrated in Fig.7, where F, and F, are represented by the radial force F,

and the tangential force F;. Details to obtain the fluid force is shown in (Ref.11), so
these are not written here.

5. Experimental results and discussions
5.1 Visualization

We visualize a flow patteern of two phase flow in the part of seal made of acryle.
As a result, we can observe that bubble of air in two phase flow is fine and two phase
flow is homogeneous bubbly flow because of high rotating speed of the rotor.

5.2 Relative Uncertainly

Since the discrepancy of the fluid forces measured by the pressure transducer and
load cell are very few, for the void ratio @=0 as shown in Fig.8, it is decided that the
accuracy of the test data is very good. So in this test the fluid force measured by the
load cell is used as the experimental results in this discussion.

Fig.9 show the time history of fluid force measured by the load cell for mean void
ratio =0 and 0.45. From these data it is known that the two phase flow has inherent
random noise.

In the measuring process as the void ratio was increased, random vibration due to
the two phase flow became very large. So the variance of the measured vibration data
become large, but these are not the measurement error.

5.3 Effect of inlet pressure

Fig.10 shows the effect of inlet pressure on the radial and tangential forces. From
these data it is known that the flow induced force increases with increasing the inlet
pressure and its tendency is not change with increasing the void ratio. From this result

it is known that the experiment can be done by constant inlet pressure to investigate
the effect of void ratio on the flow induced force.
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5.4 Effect of spinning speed

Figs.11(a) to (d) show the effect of spinning speed on F, /e and F,/e for different
void ratio. Fig.(a) shows for void ratio zero in order to compare the result with another
void ratio. Figs.(b) to (d) show F; /e and F;/e for the void ratio =0.25, 0.45 and 0.7 in
the case of various spinning speeds. From these results it is known that the fluid force
decreases with the increase of void ratio. The variation of radial force increases with
increase of void ratio. These phenomena are seemed to be occurred by the compressibil-
ity of the gas. For the tendency of the tangential and radial forces for rotating speed is
same, and as rotating speed is increased, the fluid force increases.

Fig.12 shows the equivalent spring coefficients and damping coefficients and added
mass. From these figures it is known that as the void ratio is increased, the spring co-
efficients and damping coefficients decrease as discussed in the result of F, /e and Fi/e.
Fig.13 shows the whirl frequency ratio,

f= Ka:y/szQ (4)

and fluid force F/e, which is important to evaluate the instability force ;

1 /
== oL FZ 2 I
F/(‘—e r +Fl (n))

From this figure it is known that the whirl frequency ratio decreases at @=0.25 and
then increases for increase the void ratio. The whirl frequency ratio has large difference
at @=0.7, because the variation of force due to two phase flow becomes large and the
error of amplitude and phase may be large. In this void ratio region the fluid force F/e
becomes small, then it seemed to be small effect on the rotor system. Conventionaly, the
pump rotor is supported by bearings and seals in the operational condition, and the seal
force act as a stabilizing force in the rotor system. In order to demonstrate the effect of
two phase flow, we assume that a rotor system is stable and in this system the bearings
act to unstable and the seals act to stable. In this case, if the seal force is decreased by
the two phase flow as shown in Fig.13, this stabilizing seal force decreases and the rotor
system may become unstable.

5.5 Effect of preswirl velocity

Figs.14(a) to (c) shows the effect of the whirl ratio w/Q on F, /e and F, /e for various
preswirl velocities. In this case preswirl velocity ratio is 1.6 for w=2500rpm. The results
illustrate that the effect of preswirl on the fluid force is same tendency as the case of
void ratio @=0 but it decreases as the void ratio increases.

Fig.15 shows the whirl frequency ratio versus preswirl velocity. It is known from
- this figure that the effect of preswirl velocity decreases as the void ratio increases. There-
fore two phase flow of high void ratio does not affect on instability of rotor system.
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6. Conclusions

The two phase flow induced force through annular seal are experimentally inves-
tigated for sctting the parameter void ratio, rotating speed, whirl/spin ratio, preswirl
velocity, inlet pressure. Then the following results are obtained,

(1) The void ratio is increased, random vibration due to the two phase flow becomes
very large.

(2) The fluid force increases with increasing the inlet pressure and its tendency is not
change with increasing the void ratio.

(3) The fluid force decreases with the increase of void ratio. These phenomena is
occurred by the compressibility of the gas.

(4) Whirl frequency ratio which is proposed by D. Childs decreases a little at w=0.25,
but in practical, it is not so much changed and as the fluid force decreases in high
void ratio, instability force decreases.

(5) The effect of preswirl velocity decreases as the void ratio increases, so this effect
dose not act as instability.

(6) Since the seal force is decreased by the two phase flow, this stabilizing seal force
decrease, and rotor system may become unstable.
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| Table 1  Seal dimension

‘ Length (mm) | Diameter (mm) | L/D | Clearance (man)
Plain Seal 70 70 1 0.5

|

|

f Table 2  Experimental condition

f Rotating speed w(rpm) | 500 ~ 3500

\ Whirling speed §(rpm) | £600 ~ 2400

‘ Whirling amplituide

e(um) |50

Preswirl velocity without a rotating motion Vts

-15 ~ 15

} Temperature of water

T(°C)

19

A

Pressure gauges
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.

Pump

Water source —

N

4

Timing belts X‘

-

Flexible couplings

DL O

¥ 7

+
l xo

)

F S

Compressor

MR

Test apparatus

/

N

=<

Regulator

Air tank

Fig.2 Test facility layout

S

/

Motors




Liquid Gas

Two phase {low ”
\;.

Two phase flow

Fig.3 Detail of gas-liquid mixing device

Load cell .
\'\ ke O/rlng
: Seall h
Rotor

Fig.5 Detail of force measurement

Displacement pickup  Load cells

(= T Fuig Hi= '%Test apparatus
=
ML i '\\\
Amplifiers Pressure pickups
[ T Printer .
Tape recorder Mxx Cxx Kxx Fr
(XR-50) Uxy Cxy Kxy Tt
1T
| A /D (PC-9030) |
| [T Plotter
Computer (TEAC-300) Curves

Fig.4 Analysis procedure

Thin tube \ AP

(static) ‘ Pressure pickups

7 VI/,,
%

. P
" Rotor )/ -

Thin Tube

N
Fluid j (total)

Fig.6 Detail of swirl velocity measurement




Stator’

%

Fig.7T Model of annular seal

~ 60
= Pressure : %+ —
e Lood cell: +++ - -
£ 4s | AP=588 kPa i
0 ;
L 7
30
15
0 A
0 5 ) DE] W73 1
Whirl/Spin( 2500r. p.m.)
~ 360
4 Pressure : xs+ —
g Load cell: +++ - -
* AP=588 kP
% 2701 — :
7]
o
iel
o
180 ¢+
30
0 L " "
0 925 S oD 1

¥hirl/Spin( 2500r. p.m.)

Fig.8 Results measured by two measuring methods

59




09

T = 0.4¢
[0)] N)
=50 O Pm e i ﬁ}[i{j 13 h 1 , ] ! il
L, Ao e _wArw1\g.(\h e S " A 1 I It '
D=10H% 0. 000 0.000 .ﬂ\wmwﬁ. ] il i e
-2.080 e 5 | - | i
0.00 960.00 0.00 960. 00
(n-sec) (a-sec)
) (¥
§ 4120 i {120
w=50 rpm <
NN PN B o A o
-4.120 . K ] i -4 120 |
0.00 240.00 0.00 240.00
(n-sec) (a-sec)
(¥) ()}
2060 I M e TIPS N 2
©=3500rpm = : "y Lo | i o 000 k)M i g lulrls Jh ; M
o 0:800 \(M%MMWM}{?—%@~WJ%¢ . SRR 0 AR it L)
= z : T
-2.060 | o i =2:080 - g
0. 5
0.00 860. 00 -
(m-sec) (a-sec)

) w
120 ! 120
©=3500rpm qq0 -pA_. ; : 0. 000
Q=40Hz sl i i 1 j i
0.00 240.00 0.00 240.00
(n-sec) (m-sec)

Fig.9 Time history of fluid force



D.1
—
8| S
+
PR ~ N% =
5 0 M\W
| 3o
N
Q
N
M o,
0,2
| *  w=1500rpm
a; o w=2500rpm
=5 S5 + w=3500rpm
D X
<
D
~0.3 P;, =120 kPa
a = 0.25
e = 0.05 mm
Vis =0m/s
1 1 1 1 1 ¥
~0.2

Yhir)/5pin
(2) P = 120kP,

0.1
—
E - ] +

+ 0 + 0 *

Azﬂ . -\ﬁia’__*;&.,‘z_,-—-—;
% I e
()
N o
Sy

0.2

*  w=1500rpm

~ o w=2500rpm
{ + w=3500rpm
D
[ 0.1

-0,1 P;, =470 kPa

a = 0.25
e = 0.05 mm
Vis =0m/s
1 ¥ IS 1 1 1 1

2 <45~ <5 0 .5 § LR
Yhir)/Spin
(b) P:n = 470k P,
Fig.10 Radial and tangential forces for the constant void ratio

61




0.1

(c) @ = 0.45 (d) &=0.7
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TEST RESULTS FOR ROTORDYNAMIC COEFFICIENTS OF ANTI-SWIRL SELF-INJECTION SEALS

C.H. Kim and Y.B. Lee
Korea Institute of Science and Technology
Seoul, Korea

ABSTRACT

Test results are presented for rotordynamic coefficients and leakage for three annular seals
which use anti-swirl self-injection concept to yield significant improvement in whirl
frequency ratios as compared to smooth and damper seals. A new anti-swirl self-injection
mechanism is achieved by deliberately machining self-injection holes inside the seal stator
to partially divert inlet flow into the anti-swirl direction. The anti-swirl self-injection
mechanism is used to achieve effective reduction of the tangential flow which is
considered as a prime cause of rotor instability in high performance turbomachinery. Test
results show that the self-injection mechanism significantly improves whirl frequency ratios;
however, the leakage performance degrades due to the introduction of the self-injection
mechanism. Through a series of the test program, an optimum anti-swirl self-injection seal
which uses a labyrinth stator surface with anti-axial flow injections is selected to obtain a
significant improvement in the whirl frequency ratio as compared to a damper scal, while
showing moderate leakage performance.

Best whirl frequency ratio is achicved by an anti-swirl self-injection seal of 12 holes anti-
swirl and 6 degree anti-leakage injection with a labyrinth surface configuration. When
compared to a damper seal, the optimum configuration outperforms the whirl frequency ratio
by a factor of 2.

NOMENCLATURE

& Measured frequency response functions, introduced in Eq. (2)

CC Direct and cross-coupled damping coefficients, introduced in Eq. (1), (FT/L)
c

a

Leakage coefficient, introduced in Eq. (5)

G Radial clearance,(L)
E Identity matrix, introduced in Eq.(2)
FX’FY Seal reaction-force components, introduced in Eq. (1), (F)
po
K.,k Direct and cross-coupled stiffness coefficients, introduced in Eq. (1)  (F/L)
M Added-mass coefficient, introduced in Eq.(1), (M)
S Error matrix, introduced in Eq.(2)
X,Y  Scal rotor to stator relative displacement, introduced in Eq.(1), (L)
Ra Scal axial Reynolds number(2VC /)
\Y Fluid average axial velocity(L/T)
X Unknown coefficients, M : Q_. and K, introduced in Eq. (2)
f whirl frequency ratio, introduced in Eq. (4 )
w rotorational speed, introduced in Eq. (4)
v Fluid kinematic viscosity (L /T)
Q

Impulse hammer frequency
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INTRODUCTION

Throughout 1980's , one of the major concems in seal dynamics is the consequence of a
reduction in the tangential velocity inside the seal. Lower tangential velocitics yield a
reduction in the cross-coupled stiffness coefficient k of the following reaction-
force/displacement model for the seal.

E, K k(X C c [|X X
o FHE

R -k KJlY) |-c C]ly Y
This lincarized model is assumed to apply for small motion about a centered position and
defines the reaction-force components ( F,,F,) in terms of (X,Y), the components of the
displacement vector of the seal rotor relative to its stator. Reducing k reduces the

destabilizing forces developed by the seal due to hydrodynamic action and should yield a
higher stable operating speed for pumps.

von Pragenau(1982) originally proposed that annular seals for pumps which used rough
stators and smooth rotors would lower tangential velocities than conventional seals which use
smooth rotors and stators. A reduction of the tangential velocity was realized through damper
seals(Childs and Kim, 1985,1986; Iwatsubo and Sheng,1990) which used rough stators and
smooth rotors. The surface-roughness pattern retards the generation of the tangential flow
inside the seal clearance. While damper seals are adopted in several industrial applications
into high performance turbomachinery, a promising altemative in reducing the tangential
velocity is introduced and tested, named as " swirl brake". The swirl brake which is used in
the inlet section of the seal clearance brakes the inlet swirl inherent inside the seal
clearance. The related research effort has been reported with a sucess in the SSME HPOTP
turbine interstage seals.(Childs et.al,1990)

In this paper, a ‘new' concept in reducing the tangential velocity is proposed and preliminarily
tested with a series of the seal. Newly proposed is the anti-swirl self-injection seal which is
illustrated in Fig. 1 along with smooth and damper seals for comparisons. Using the inlet
high pressure, the inlet flow is partially diverted into holes or slots inside the seal stators and
self-injected into the reverse direction of the shaft rotation. This concept can be a more
aggressive measure to a reduction of the tangential flow inside the seal clearance. The
resultant tangential velocity is presumably reduced, and the consequent improvement in
stability can be obtained. This anti-swirl self-injection concept is shown to be a promising
alternative to the conventional swirl brake. The present test program examines the process of
the concept realization and refinement of the newly proposed seals. The consequence of the
anti-swirl self-injection mechanism is tested and the side effect on leakage performance is
investigated.

TEST APPARATUS

A new test rig was designed and built, based on the basic design reported in the reference of
Massmann and Nordmann(1985). The principle of the test rig is simple but complicated
enough to satisfy the current purpose of the test. Fig. 2 illustrates the test rig. The movable
housing is flexibly supported by springs and steel bars to the main structure of the test rig.
The two identical seal inserts can be exchanged for new test seals. After the seal is inserted
into the main housing, the pressure measurement holes are machined and connected to the
Scani-valves.With a four stage supply pump and controlled flow rates, the supplied fluid
enters the scal section in the middle through two supply holes. The inlet fluid then exits
through two seal sections. The magnetic flow meter measures {low rates in the exit pipe line.
The pressurized seal generate the seal forces which are the source of the dynamic
cocfficients. The movement of the main body relative to the rotor was measured by four
eddy-current-type proximity probes. As will be explained later, seal coefficients can be
measured with dynamic impact tests for each test seal.
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The temperatures, flow rates, and pressures are measured and controlled through a personal

computer.The temperature of the working fluid, water, was kept constant at 40 °C, using an
automatically-controlled cooler inside the water tank. A modification to the apparatus of
Massmann and Normann(1985) is the measurement of the static pressure inside the seal
clearance through the Scani-valve mechanism illustrated in Fig. 3. The inlet pressure, five
pressure readings inside the seal clearance, and the outlet pressure are measured through the
Scani-valve mechanism which is connected to a pressure sensor.

With this test rig, a test matrix was set up to vary rotation speeds up to 6000 rpm and supply
pressures up to 10 bars. Five seal inserts were sequentially tested for a range of rotation speed
and supply pressures.

TEST SEALS

As stated in the preceding section, five seals were tested serially for concept demonstration
and refinement of the newly proposed seals. For comparison to conventional seals, a smooth
seal and a damper seal were also tested. Fig. 1 shows geometries of a smooth seal, a damper
seal, and three anti-swirl self-injection seals. The geometry of the damper seal was adopted
from the test results in the reference of Childs and Kim(1986) for a possible optimum
damping. For the anti-swirl pattern, a 12 holes injection was considered. Twelve supply
holes were drilled into the stator body and then the anti-swirl pattern was realized by drilling
holes against the direction of rotation. For leakage reduction, a 6 degree anti-leakage
injection and a labyrinth surface were considered. Table 1 shows the configuration of tested
seals. All tested seals have the same minimum clearance of 0.2 mm with a smooth rotor.
Details are explained in the table. Seal 3 was tested first to see the effect of anti-swirl
configurations. The effect of anti-leakage injection was tested in seal 4 with 12 holes of
anti-swirl injection. Based on the above series of tested seals, the seal 5 of 12 holes with
anti-leakage injection and labyrinth effect was tested.

SEAL PARAMETER IDENTIFICATION

The impulse hammer technique was used for the dynamic testing of the parameter
identification in the frequency domain(Massmann and Normann, 1985) as illustrated in Fig.
4. As explained in detail in the reference of Massmann and Nomann(1985), the instrumental
variable method is used. In conjunction with the least square method, the instrumental
variable method utilizes the measured frequency response function to iterate the least square
algorithm for better curve-fittings.

Utilizing the fact that the product of the mobility matrix and the stiffness matrix should be the
identity matrix, a complex equation is arranged into an overdetermined equation system in
the case of a broad band excitation of the impulse hammer.

AX=E'+3' )
where & consists of the measured frequency response functions related to the exciter
frequencies Q , X represents the unknown coefficients ™ ,C and K, E is a modified

identity matrix and S' s the error matrix. After deriving the loss function with respect to the
seal coefficicnts, the instrumental variable method is applied as shown in Fig. 5. A new

-
matrix W_ with instrumental variables is built up, using the initial matrix obtained by the
original least square matrix method.

WIAX =WTE' 3)

As shown in Fig. 5 , this procedure is repeated and after each step the actual estimation is
compared with that of the last step. The procedure stops if the correlation is satisfactory. The
instrument variable method is less sensitive to noise in the measurement data and reduces the
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error of the identified coefficients(Massmann and Normann, 1985) as illustrated in Fig.6.

EXPERIMENTAL RESULTS
Dynamic Coefficient and Leakage Test Data

For a given seal configuration, a test matrix is obtained by varying the axial Reynolds
number and running speed. The Ra range varies between the maximum flow capacity of the
supply pump and minimum AP sufficient to generate reasonable transient pressure signal

amplitudes. For a given Ra value, the running speed is varied sequentially over the running-
speed capacity of the drive motor.

An evaluation of the relative performance of seal configurations is expedited by extracting
stiffness, damping, and mass coefficients from the impact force/displacement data in
frequency domain. From a stability standpoint, the destabilizing tangential force is of most
interst. A positive cross-coupled stiffness k is destabilizing because it drives the forward
orbital motion of the rotor. Positive direct damping C and a negative cross-coupled stiffness
are stabilizing because they oppose the orbital motion. A convenient measure of seal stability
is the whirl frequency ratio of cross-coupled stiffness to direct damping forces with a circular
orbit.(Childs et.al,1989)

k
whirl-frequency ratio = f = —— “4)
Cw

The stator inserts are to be evaluated based on k, C, whirl-frequency ratio, and leakage
performance. Volumetric seal leakage is defined by

2
ap=g BY

&)

where the leakage coefficient Cs is a nondimensional relative measure of the leakage to be
expected from seals with different radii.

Relative Uncertainty

The uncertainty in the dynamic coefficients can be determined using the method described by
Holman(1978). The uncertainty in the force and displacements are 0.5N,0.0016mm,
respectively. Before normalization, the nominal calculated uncertainty in stiffness
coefficients is 51.53 N/mm(4.67%) and 0.164 N-s/mm(3.82%) for the damping coefficients.
These predicted uncertainty values are generally satisfactory in comparison to nominal
dynamic coefficients.

Relative Performance of Anti-Swirl Self-Injection Seals

As stated, relative performance of anti-swirl self-injection seals was compared with a smooth
seal and a damper seal in terms of leakage and stability. The leakage performance was
measured by the leakage coefficient, while the stability was measured by the whirl frequency
ratio. The influence of rotor speeds on the direct damping and the cross-coupled coefficients
was first examined for an axial Reynolds number 8,000 in Fig. 7. First, as expected, the
direct damping is independent to the rotor speeds, while the cross-coupled stiffness is a
strong function of the rotor speeds;viz. the current test results follow general trends of other
scals as predicted in the previous reports in references of Childs and Kim(1985,1986) and
Iwatsubo and Sheng(1990). For the damping coefficicnt, the damper scal is outstanding ;
nearly six times the smooth seal and trifold the anti-swirl self-injection seals. For the
cross-coupled stilfness cocfficient, seal § outperfoms other seals; ten times smaller than the
smooth scal and twenty times smaller than the damper scal. The anti-swirl self-injection
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seals have much smaller values than conventional seals in the cross-coupled stiffness. These
results assure the anti-swirl concept ; the anti-swirl self-injection mechanism retards the
tangential flow inside the seal clearance and therefore results in the reduction of Cross-
coupled stiffnesses.

In Fig. 8, the whirl frequency ratio and leakage coefficients were compared among tested
scals. As expected in the measurement of dynamic coefficients, anti-swirl self-injection scals
are much better than the smooth seal. Among the anti-swirl self -injection seals, seal 5 is the
best; more than six times less than the smooth seal and less than half the damper seal. As far
as the leakage performance is concemed, the damper seal outperforms the others. During the
test program, seal 3 was tested first and found to have too much leakage as shown in Fig. 8.
Therefore, the anti-axial flow pattern was introduced in the seal 4 . Seal 4 improves about 10
% over the seal 3, while showing about the same performance in the whirl frequency ratio.
Results show that the anti-axial flow injection is not as attractive as first expected for leakage
reduction; maybe because of the limited reverse angle(6 degree) due to the limit of the
current test rig installation, or the sharp acute reverse turn make the diverted flow lose too
much of its momentum to have a discernible effect on the anti-leakage concept. Finally, in
this test series, seal 5 with labyrith effect is tested. The labyrinth effect was introduced to
improve the leakage performance; however, it was not enough, compared with the damper
seal. More tests are planned for improving the leakage performance. However, more
importantly in stability view point, these test results of the anti-swirl self-injection seal
concepts clearly show that the anti-swirl concept is very effective in improving the stability .

In Fig. 9, the cross-coupled stiffness and damping coefficients are compared with different
pressure differences. As the pressure difference increases, the direct damping increases; this
result follows general trends of other seals. The damper seal has the highest damping values.
Seal 3 and seal 4 have 30-40% higher damping values than the smooth seal. Seal 5 has about
the same damping values as the smooth seal. For the cross-coupled stiffness, the anti-swirl
self-injection seals show a clear pattern of reducing cross-coupled stiffnesses: versus the
smooth and damper seals which show increased cross-coupled stiffness patterns as the
pressure difference is increased. The anti-swirl self-injection seals show decreasing or
constant cross-coupled stiffnesses. Again this figure clearly confirms the anti-swirl sclf-
injection concept.

In Fig.10, the whirl frequency ratios and leakage coefficients are compared. As expected
from Fig. 9, anti-swirl self-injection seals show clear superiority in stability performance
over smooth and damper seals. Among the self-injection seals, seal 5 has the lowest whirl
frequency ratio; less than half that of smooth and damper seals. However, the leakage
performance can be a drawback. Seal 4 and seal 5 are better than the smooth seal; however,
the damper seal leaks 20% less than seal 5. These results show that better designs should be
addressed in the anti-swirl self-injection seals . Along with this leakage performance, the
dependency of pressure differences and hole numbers for better stability performance should
be studied in more details. Current results demonstrate how the anti-swirl self-injection seals
perform and introduce the concept of anti-swirl and self-injection mechanisms for annular
seals.

CONCLUSIONS

Newly proposed anti-swirl self-injection seals have been tested and compared with smooth
and damper seals. Test results show that the anti-swirl self-injection concept can significantly
reduce cross-coupled stiffnesses and to show a stability improvement by a factor of 2 in the
whirl frequency ratio as compared with a damper seal. A minor drawback identified in this
preliminary test is the leakage performance. More detailed tests for the leakage performance
based on new designs are planned and could solve this problem.
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Table 1. Configuration of Test Seals

Test seals Type Configuration

scal 1 plain

seal 2 damper hole pattern(Childs and Kim,1986)

scal 3 ASIS 12 holes one-line injection

seal 4 ASIS 12 holes one-line with anti-axial

flow injection

seal 5 ASIS 12 holes one-line with anti-axial

labyrinth flow injection and labyrinth effect

* ASIS : Anti-Swirl Self-Injection Seal
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Fig.1(b) Damper seal insert (seal 2)
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Fig.1(c) Anti-Swirl Self-Injection seal insert (seal 3) Fig.1(d) Anti-Swirl Self-Injection seal insert with anti-axial
flow injection (seal 4)
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