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Abstract

This paper summarizes the state of 3D CFD based mod-
els of the time average flow field within axial flow multi-

stage turbomachines. Emphasis is placed on models which

are compatible with the industrial design environment and
those models which offer the potential of providing credible
results at both design and off-design operating conditions.
The need to develop models which are free of aerodynamic
input from semi-empirical design systems is stressed. The
accuracy of such models is shown to be dependent upon
their ability to account for the unsteady flow environment
in multistage turbomachinery. The relevant flow physics as-
sociated with some of the unsteady flow processes present
in axial flow multistage machinery are presented along with
procedures which can be used to account for them in 3D
CFD simulations. Sample results are presented for both
axial flow compressors and axial flow turbines which help
to illustrate the enhanced predictive capabilities afforded by
including these procedures in 3D CFD simulations. Finally,
suggestions are given for future work on the development of
time average flow models.

Introduction

Turbomachinery aerodynamicists have long realized that
the flow within multistage turbomachinery is complex. In
addition to the small-scale chaotic unsteadiness due to tur-
bulence, which is nondeterministic, at a large scale the flow
is also unsteady and aperiodic from blade passage to blade
passage. The flow features associated with these large scales
are deterministic. It is because of the unsteady determin-
istic low that turbomachinery is able to either impart or
extract energy from a flow. The term unsteady determin-
istic is used to characterized all unsteady behavior linked
to shaft rotational speed. The length and time scales asso-
ciated with the unsteady flow field within turbomachinery
are understood. The range of these length and time scales
is large and consequently turbomachinery flow modeling is
very challenging. The challenge is to develop an analytical

model of sufficient fidelity to address key design issues. At
the same time, the cost and time of executing a simulation
based on the model, and the cost of acquiring and main-
taining the cmpirical database which underpins the model
must be compatible with the design environment. The bal-
ance point between model resolution and the cost of imple-
mentation and execution is constantly changing as the cost
of computing comes down and more detailed experimen-
tal information is gathered about the nature of the flows
within multistage turbomachinery. This change in the bal-
ance point with time must also be considered when deciding
upon a mathematical modeling strategy.

Figure (1) illustrates a range of mathematical models
which can be used to simulate turbomachinery flows. They
appear on the figure in the order of their fidelity. At the
extreme left are the Navier-Stokes equations, at the extreme
right are the equations governing a mean-line model. The
other models which appear on the figure will be addressed
in the text.

The balance between model resolution and cost of model
implementation can be illustrated with the aid of Fig. (1).
Apart from the empirical information required to model the
physical and thermodynamic properties of a fluid, no other
empirical information is required to solve the Navier-Stokes
equations. The direct solution of the Navier-Stokes equa-
tions for Reynolds numbers typical of aero and industrial
turbomachinery configurations would produce a nondeter-
ministic or turbulent flow state. Although the fidelity of
such a simulation would be very impressive, the task of ex-
tracting information to guide an aerodynamic design would
be difficult. In addition, the computer requirements asso-
ciated with solving the Navier-Stokes equations in support
of aerodynamic design, both in terms of CPU speed and
memory size, would far exceed the capabilities of today’s
most advanced computers. Otherwise, the cost of acquiring
the empirical database for the physical and thermodynamic
properties which underpin the Navier-Stokes equations for
working fluids typical of most turbomachinery applications



is relatively modest and, for the most part, is readily avail-
able today.

At the other extreme, the computer requirements asso-
ciated with executing a simulation based on_a mean-line
model of a multistage configuration is well within the capa-
bilities of personal computers. The fidelity of a mean-line
model is one dimensional in space and may include time
as an additional independent variable. The empirical data
base underpinning a mean-line model used in turbomachin-
ery aerodynamic design is large. The maintenance and ac-
quisition cost associated with this database is also large.

In the foreseeable future, it is highly unlikely that com-
puters of sufficient power for use in solving the Navier-
Stokes equations for a multistage turbomachinery config-
uration will be readily available. Although mean-line mod-
els are very useful in preliminary aerodynamic design, they
are insufficient for detailed aerodynamic blade design of ad-
vanced configurations. For these reasons, aerodynamicists
have evolved models whose resolution lies between these two
extremes. A number of these models are noted on Fig. (1).

As of ten years ago the aerodynamic design of most ax-
ial flow multistage turbomachinery was executed using var-
ious axisymmetric flow models. The use of these models
was iterative. A design was executed based on the existing
database. Data obtained from tests of the fabricated hard-
ware was used to update empirical correlations embedded
within these models. The updated axisymmetric flow model
was then used to support the next design of the configura-
tion. This boot-strap approach to the aerodynamic design
of axial flow multistage turbomachinery resulted in some
truly impressive machines as evidenced by the aerodynamic
performance they achieved. However, because of strong
economic forces the turbomachinery industry was forced to
re-examine this iterative approach to aerodynamic design.
These economic forces mandated that industry reduce the
time and cost of developing a turbomachinery component
and, at the same time, required the design of machinery
whose performance goals lay outside the then existing ex-
perience base. As a result, a strong need arose for develop-
ing a new methodology for executing the aerodynamic de-
sign of axial low multistage turbomachinery. The founda-
tion of this new methodology required aerodynamic models
whose resolution was greater than that of the axisymmet-
ric flow models. These models had to allow for overnight
turnaround using computer resources compatible with the
design environment. Finally the models had to be capable
of addressing the aerodynamic issues associated with the
design of advanced configurations.

The objective of this paper is to review the development
and application of 3D computational fluid dynamics (CFD)
based models for use in the aerodynamic design of mul-
tistage axial flow turbomachinery. More specifically, this

review discusses those models which offer the potential of
providing credible results at both design and off-design op-
erating conditions without recourse to aerodynamic match-
ing information supplied implicitly or explicitly by exist-
ing aerodynamic design systems. The term aerodynamic
matching refers to the matching of the inlet flow require-
ments of a stage to the outlet flow of upstream stages.

The paper is divided into four parts. The first part dis-
cusses the historical development of the models currently
used in the design of multistage turbomachines. The sec-
ond part of the paper deals with the issues associated with
modeling the time-average flow within a typical passage of
a blade row embedded in a multistage turbomachine. The
third section presents results from numerical simulations of
multistage axial flow compressors and turbines based on a
three-dimensional flow model which attempts to account for
the unsteady flow environment within these machines. The
last section summarizes the results presented in the paper
and suggests areas for future research. An appendix is in-
cluded in which a mathematical procedure is outlined for
constructing the field equations governing the time average
flow within a typical passage of a blade row embedded in
an axial flow multistage turbomachine.

Historical Background

Historically in order to make any headway in analyzing
multistage turbomachinery flows it was necessary to assume
that each blade row had an infinite number of blades. If
the incoming and exiting flow is axisymmetric and indepen-
dent of time, the assumption relating to blade count implies
that the entire flow-field is axisymmetric. The resulting
flow-field is in general three-dimensional, since the radial,
tangential, and axial velocity components all exist. This
axisymmetric flow representation is described by through-
flow models. The individual blade rows are represented by
a force distribution {actuator duct model) and an energy
source (for compressors) or energy sink (for turbines) dis-
tribution. If the chord length of each blade row is allowed
to vanish while the aerodynamic loading on the blade row
is maintained, the blade row representation is that of an ac-
tuator disk. Across each disk, the tangential velocity com-
ponent undergoes a finite change due to the tangential force
generated by the blade row.

The axisymmetric flow-field is treated as a core region
and two endwall regions. The effect of the endwall regions
on the core region is, in part, accounted for by means of
a flow blockage. It is assumed that the blade force acting
on the core fluid can be obtained from cascade flow theory,
Marble (1964), while the force acting on the fluid within the
endwalls is based on empirical correlations, Smith (1969). .
As of ten years ago the through-flow models were the main-
stay of aero design systems for multistage axial flow turbo-



machines. Today their primary use is in preliminary design
to generate blade shapes. An excellent review of the de-
velopment of through-flow and cascade flow theory is given
by Servoy (1981). In addition, a thorough discussion of the
underlying flow physics being accounted for in through-flow
models is presented by Cumpsty (1989).

It was not until digital computers were easily acces-
sible to turbomachinery flow modelers and the develop-
ment of CFD that the through-flow models were replaced
by quasi-three dimensional flow models. The quasi-three-
dimensional flow models numerically coupled an axisym-
metric flow model to a cascade flow model. The formu-
lation of these quasi-three-dimensional models was influ-
enced by the work of Wu (1952). The axisymmetric flow
model provided the stream surfaces on which the cascades
were defined. The cascade flow model provided the blade
force distribution required as input to the axisymmetric flow
model. The development of such a flow model is outlined
by Jennions and Stow (1986). Two more recent publica-
tions, Howard and Gallimore (1993) and Gallimore (1998),

are representative of the current state of the art of axisym--

metric flow models.

The quasi-three-dimensional flow models were an ad-
vancement over the through-flow models. However, like the
through-flow models, the quasi-three-dimensional models
still required a sound estimate of the aerodynamic block-
age for the predictions to match data. This limited a
new design to regions of design parameter space which was
still relatively close to that of a previous machine. With-
out a good a priori estimate of the blockage associated
with a design, aero designs executed using the quasi-three-
dimensional flow model fell short of their performance goals.
This led to rebuilds of machinery, a costly and time consum-
ing process.

In Fig. (1), these quasi-three-dimensional flow models
are grouped together with the through-flow models under
the label axisymmetric flow models. Because the axisym-
metric flow models are of higher fidelity, they lie to the left
of the mean-line models.

Within the last ten years there has been a steady in-
fusion of 3D CFD-based models into axial flow multistage

turbomachinery design systems. In part this has been due
to the useful role these models have played in the analysis of
isolated blade rows. The performance level of the fan rotor
of the current generation high bypass ratio turbofan engine
is directly tied to the advances made in the use of 3D CFD-
based models to guide aero design. The initial fan rotor
geometry may be provided by a through-flow or a quasi-
three-dimensional system but the final shape of the rotor is
evolved exclusively using 3D CFD-based models. The rotor
shape is tailored to control the interaction of shock waves
with the blade surface boundary layers to avoid separation

and to minimize loss. In addition using these 3D CFD mod-
els one is able to resolve the tip clearance flow as well as the
stator hub leakage flow, and establish their impact on aero-
dynamic performance. From this activity guidelines have
been established for use in aerodynamic design, Khalid, et
al. (1998), Van Zante, et al. (1999), Wellborn, et al.
(1999).

The 3D CFD-based models which were initially intro-
duced into multistage axial flow turbomachinery design sys-
tems ignored the impact of the unsteady, deterministic flow
which exists within axial flow multistage turbomachines.
The unsteady, deterministic flow is produced by the sur-
rounding blade rows and its frequency content is linked to
shaft rotational speed. These 3D models have two forms.
The first is simply an isolated 3D blade row CFD-based
model linked to a through-flow code. The initial geome-
try and the inlet and exit flow conditions to the blade row
being designed are established by the through-flow or quasi
3D system. The established inlet and exit flow conditions to
a blade row set the boundary conditions for the 3D model.
3D simulations are executed with geometry updates until a
blade configuration is found whose inlet and exit flow closely
matches that of the through-flow system. The aerodynamic
matching of stages within a machine is established by the
through-flow system.

The second model pioneered by the work of Denton and
Singh (1979), employs ‘Mixing Planes’ between blade rows
to define a steady inlet and exit flow for each blade row
within a machine. The mixing plane model produces a series
of blade passage flow-fields, each of which is independent of
time and periodic in the tangential direction, with a period
equal to the pitch of the respective blade row. This model
is strictly valid in the limit as the axial spacing between
blade rows becomes large. Further details on the mixing
plane model are provided in the work of Dawes (1992), and
Hall (1993).

In using the mixing plane model in aerodynamic design
the initial geometry is provided by a through-flow system.
Generally information is also provided implicitly or explic-
itly detailing the aerodynamic matching of stages within a
machine. This information is provided by the through-flow
system, Gallimore (1998), (1999). Simulations of groups of
stages or the entire machine are executed with geometry
updates to remove any undesirable flow features associated
with the initial configuration. However, during this process
the aerodynamic matching of stages within the machine re-
mains essentially that established by the through-flow sys-
tem.

Key to the success of designs evolved using either ap-
proach is the aerodynamic matching of stages as established ,
by the through-flow system. Since the aerodynamic match-
ing of stages is a function of flow blockage, these two ap-



proaches implicitly rely on the through-flow system, and not
the 3D CFD based models, to establish the flow blockage
within a machine.

There are two approaches which account for the un-
steady deterministic flow environment within a multistage
turbomachine. The first of these approaches directly simu-
lates the unsteady deterministic flow state. The equations
associated with this model are the Reynolds average form
of the Navier-Stokes equations. The use of this model in
design applications where overnight simulation turnaround
is mandated must await the development of more power-
ful computers. However, recent publications, Chen, et al.
(1994), Dorney, et al. (1990), Giles, (1990), Gundy-Burlet,
(1993), Hodson and Dawes (1998), (1993),Rai and Dring,
(1987), and Sharma, et al. (1992), have shown these mod-
els to be very useful in conducting numerical experiments
to quantify the impact of the unsteady deterministic flow
on turbomachinery aerodynamic performance and durabil-
ity. They have also proven useful in generating data bases
for use in the development of models which introduce the
effect of the unsteady deterministic flow environment into
simulations of the time average flow field within multistage
turbomachines, Hall (1997).

The remaining approach is based on the flow model de-
rived from the work of Adamczyk (1985). This model and
its off-shoots have proven useful in design applications, Le-
Jambre, et al. (1998). The model developed by Adam-
czyk (1985) is referred to as the average-passage flow model.
This flow model describes the time average flow field within
a typical passage of a blade row embedded within a mul-
tistage configuration. The resulting flow field is periodic
over the pitch of the blade row of interest. The average-
passage flow model is an analysis model as are all the oth-
ers which have been referred to thus far. This means that
geometry is the input and the output is the flow field gen-
erated by the geometry. When using the average-passage
flow model in aerodynamic design, the initial geometry is
defined by a through-flow system. During the design pro-
cess geometry updates are done exclusively based on sim-
ulation results from the average-passage model, Mansour
(1999), Wellborn (1999). No output from an axisymmetric
through-flow system which implicitly or explicitly sets the
aerodynamic matching of stages within a turbomachine is
provided to the average-passage simulations. The credibil-
ity of an average-passage flow simulation is not tied to aero-
dynamic matching information provided by a through-flow
system or to input estimates of flow blockage. The credibil-
ity is tied to the models used to account for the effects of
the unsteady flow environment on the average- passage flow
field. The effect of the unsteady deterministic flow field on
aerodynamic matching of stages is accounted for by veloc-
ity correlations within the momentum equations associated

with the average-passage flow field and by a velocity total
enthalpy correlation within the energy equation associated
with the average-passage flow field. The term unsteady de-
terministic refers to all time dependent behavior linked to
shaft rotational speed. All unsteady behavior not linked
to shaft rotational speed is referred to as nondeterministic.
The mathematical steps leading to these correlations are
outlined in Appendix A.

There is no doubt that 3D CFD based models with
aerodynamic input from through-flow models have provided
credible designs. These models will continue to provide
credible designs as long as the design parameters are within
the bounds of the database underpinning well-calibrated
through-flow or quasi 3D design systems. However, reliance
on through-flow or quasi 3D models to set key aerodynamic
design parameters such as the aerodynamic matching of
stages greatly impedes the utility of these models. Specif-
ically, they are limited in their ability to uncover the fluid
mechanics which is controlling the performance of multi-
stage axial flow turbomachines at design and off-design op-
erating conditions. The objective of 3D CFD based model-
ing should be to break free of the dependence on through-
flow or quasi 3D design systems except for providing the
initial geometry. If such 3D CFD based models are proven
credible, their use will allow aerodynamic designs of ma-
chinery whose parameters lay outside the bounds of the
database underpinning through-flow systems to be executed
with confidence. This would include both design and off-
design operation, and in the case of compressors, adequate
stall margin. This author believes that such 3D CFD based
models can be developed within the framework of a time
average flow model by correctly accounting for the effects
of the unsteady flow environment within a multistage axial
flow turbomachine. ’

This section is concluded by providing a simple example
which illustrates the impact of an unsteady, deterministic
flow on the time average flow field. Consider the flow field
downstream of an isolated compressor rotor. In the ref-
erence frame of the rotor the flow is steady in time. In
the absolute or stator frame of reference the flow is un-
steady in time, the result of the rotor flow field being non-
axisymmetric. Figure (2) shows the time average and mass
average total temperature distributions in the stator frame
of reference at two axial locations downstream of NASA Ro-
tor 37, Reid and Moore (1978}, as a function of span. These
results were derived from a simulation at design speed and
near peak efficiency. The axial locations Station 3 and Sta-
tion 4 correspond to stations reported in the ASME blind
test case exercise, Denton (1996). These two locations are
approximately one rotor chord apart. Station 3 would be.
slightly upstream of a stator had a stator been included in
the simulation. The difference between the time average



and mass averaged total temperature distribution down-
stream of the rotor is a direct measure of the unsteady total
temperature exiting the rotor. At Station 4 the difference
is stall indicating that the unsteady flow field is effectively
mixed out at this location while at Station 3 the difference
is significant. Figure (3) shows the footprint of fluid parti-
cles on an axial plane at Station 4 which were released at
Station 3 at 20% of span, 50% of span and 80% of span. The
particles which are in the rotor wake and in the core fluid
are noted in the figure. The particles in the wake have a
radial drift velocity relative to the particles in the core fluid.
The wake particles also have an excess of total temperature
relative to the core fluid particles. The radial drift of the
wake particles relative to the core fluid particles is an un-
steady deterministic process when viewed in the absolute or
stator frame of reference. This process results in a redistri-
bution of the time average total temperature field between
Stations 3 and 4. The difference between the time average
total temperature distribution at Station 3 averaged over
the span and the distribution at Station 4 averaged over
span is nearly 7% of the total temperature rise across the
rotor. This difference is not insignificant.

Figure (2) also shows that there is a difference in the
spanwise distribution of the mass average total tempera-
ture at Stations 3 and 4 even though the mass average total
temperature across the flow annulus is conserved. Note the
difference in the two mass average total temperature pro-
files outboard of 80% span. The change in either the time
average total temperature profiles or the mass average to-
tal temperature profiles between Stations 3 and 4 is not
the result of transport by the time average velocity field.
Transport of either the time average or mass average to-
tal temperature at Station 3 by the time average velocity
field would yield a profile only slightly altered from that
at Station 3. The change in the total temperature profiles
which occurs between Stations 3 and 4 is the direct result
of the unsteady deterministic flow exiting the rotor. Had a
downstream stator been located in the flow field at an ax-
ial location downstream of the rotor typical of core engine
compressors the spanwise redistribution of the time aver-
age total temperature field would be taking place within
the stator passages. The time average total temperature
field exiting the stator would be influenced by the spanwise
migration of the rotor wake fluid particles and thus impact
the performance of a downstream rotor.

The cumulative effect of spanwise redistribution of total
temperature has a significant impact on the predicted aero-
dynamic performance of axial flow multistage compressors
and turbines.

The next section presents a number of models by which
one can account for the effects of the unsteady deterministic
flow state on the time average flow field and the flow physics

being captured by these models.

Flow Physics Associated With the Average-
Passage Stress and Total Enthalpy Flux

In Appendix A it is shown that within the framework of
the average-passage model the average-passage stress and
total enthalpy flux account in part for the effect of mo-
mentum transport and total enthalpy transport attributed
to surrounding blade rows. The average-passage stress ap-
pears in the average-passage form of the momentum equa-
tions, while the average-passage total enthalpy flux appears
in the average-passage form of the energy equation. From
Appendix A the average-passage stress and total enthalpy
flux are:
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where lower case u; is the velocity component in iz di-
rection, H is the total enthalpy, and p is the fluid density.
The remaining variables which appear in Eqns. (A9) and
(A10) are defined in Appendix A.

-The average-passage stress and the average-passage to-
tal enthalpy flux, are composed of three terms. With re-
spect to a given blade row, the first term is due to the
non-deterministic flow field, the second is due to the un-
steady deterministic flow field, and the third is due to the
average-passage flow field of blade rows other than the one
of interest which are in the same spatial reference frame.
Thus the first term in Eqns. (A9) and (A10) accounts for
the diffusion of total enthalpy and momentum attributed to
unsteady flow processes not linked to shaft rotational speed,
which includes diffusion due to turbulence. Since in most
turbomachines the flow is turbulent, the need to model this
portion of the average-passage stress and the corresponding
portion of the average-passage total enthalpy flux is self-
evident.

The component of the average-passage total enthalpy
flux associated with the unsteady deterministic flow field is
the result of flow processes directly linked to shaft rotational
speed. These flow processes are responsible for the radial
redistribution of total temperature previously illustrated.
They are also responsible for the circumferential redistri-
bution of total temperature. This redistribution of total
temperature leads to the formation of hot spots in turbines
which has a significant impact on turbine blade life.

The component of the average-passage stress associated
with the unsteady deterministic flow is responsible for the .
recovery of wake mixing loss in compressors, flow blockage,
and the spanwise redistribution of momentum.



The remaining portion of the average-passage stress and
total enthalpy flux accounts for the eflect of blade indexing
(i.c. the relative circumferential placement of blade rows
which are on the same shaft). It is through these terms
that the cffect of circumferential placement of hot streaks
entering a turbine blade row and the impact of indexing on
blade loss are accounted for.

The impact of the unsteady deterministic flow on the
aerodynamic performance of an axial flow multistage tur-
bomachine is the main topic of this section. The terms
which account for this are the second expressions in Eqns.
(A9) and (A10):
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The superscript D ascribed to R and HF? denotes the
deterministic component of the average-passage stress and
the deterministic component of the average-passage total
enthalpy flux. All of the terms which appear on the right-
hand side of Eqns. (1) and (2) are associated with the
unsteady deterministic flow.

The unsteady flow field is defined with respect to the
stator frame of reference, unless otherwise noted. The en-
suing discussion is equally applicable to the unsteady flow
field with respect to the rotor frame and therefore no sep-
arate discussion is warranted. With respect to the stator
frame of reference the unsteady deterministic velocity and
total enthalpy in Eqs. (1) and (2) may be decomposed as
follows:
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The subscript n denotes the n, rotor blade row of which
there are N. The first term in Eqn. (3) and (4) is a sum

of the non-axisymmetric component of the average-passage
velocity and total enthalpy field attributed to each rotor.
The second term in Eqn. (3) and (4), superscript”, denotes
the unsteady flow field arising from the circumferential in-
dexing of rotor blade rows. For a single stage machine this
term is absent. The remaining term arises because of un-
steady rotor-stator flow interactions. The first two terms
in Eqn. (3) and {4) are independent of time in the rotor
frame of reference, while the last term is a function of time
in both the stator and rotor frame of reference.

The correlation, Eqn. (1), is constructed by forming the
product of the unsteady deterministic velocity with itself
and density. The constructed product is first averaged over
time according to Eqn. (A2) and then averaged according to
Eqn. (A4) which yields its average-passage form. The same
procedure is used to construct the correlation in Eqn. (2).
The development of a scheme to evaluate all of the terms
in correlations Eqn. (1) and (2) is a formidable task which
is far beyond the objective of this paper. The evaluation of
all terms is also unnecessary at the present time. What is
necessary, and the focus of this section, is to identify which
terms are deemed to be the most important and address
the modeling of these terms. The next section shows what
new predictive capability results from including the mod-
els developed in this section in the simulation of axial flow
multistage turbomachines.

The prioritization of the terms in correlations Eqn. (1)
and (2) formed from Eqns. (3) and (4) is based on the
premise that the further blade rows are apart the less
their flow interactions contribute to the correlations. This
premise appears reasonable as evidenced by the plots in Fig.
(2). At station 4, which is slightly downstream of the trail-
ing edge of a stator had it been placed in the flow path, the
unsteady flow is nearly mixed-out as evident by the corre-
spondence between the spanwise distribution of the mass
average total temperature and the time average total tem-
perature. Based on the stated premise, the terms deemed
most important are the terms which are the self product
of the non-axisymmetric component of the average-passage
velocity field of an individual blade row and the correspond-
ing total enthalpy velocity product. The next series of terms
involve products which contain the rotor-stator interaction
components, ﬁ(z,r, 8,t) and H(z,r,0,t). These remaining
terms at the present time are thought to be of less im-
portance. The resulting unsteady flow field upon which the
correlations are estimated is that produced by a single rotor
interacting with an upstream stator and a downstream sta-
tor, the unsteady flow interactions with the upstream stator
are independent of the unsteady flow interactions with the
downstream stator. With respect to the unsteady flow field ,
in the rotor frame of reference the unsteady flow field upon
which the correlations would be based is that produced by



a stator with a rotor on either side. Similarly, the unsteady
interaction with the upstream rotor is assumed to be inde-
pendent of the unsteady interaction with the downstream
rotor.

In the stator frame of reference the resulting contribu-
tion from the ny rotor to the correlations Eqn. (1) and (2)
simplifies to:
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The time average of the first term in Eqn. (5) is axisym-
metric as is the time average of the corresponding total en-
thalpy velocity product. A procedure for estimating either
of these terms was presented by Adamczyk, et al. (1986),
and a generalization of the procedure is given by Kirtley
and Turner (1999). A variation of the procedure derived
by Adamczyk, et al. (1986), is presented by Rhie, et al.
(1998). All three of these research groups have shown the
benefits of incorporating their respective procedures for es-
timating the first term in Eqns. (5) and (6) into 3D CFD
codes used in the simulation of axial flow multistage tur-
bomachinery. It is through these terms that the effect of
spanwise redistribution of momentum and total enthalpy
due to the unsteady deterministic flow field is accounted
for in modeling the average-passage flow field. These terms
also insure that the time average vorticity field and time av-
erage momentum flux entering a stator are consistent with
the time average velocity field, Adamczyk (1991), and by
doing so account for the flow blockage of incoming rotor
wakes. The second and third correlations in Eqns. (5) and
{6) account for rotor-stator unsteady flow interactions such
as the transport of a rotor wake across a compressor stator
passage and its subsequent pile-up on the stator pressure
surface. In the case of a turbine vane these correlations
account for the pile-up of rotor wakes on the vane suction
surface.

Spanwise_redistribution of total enthalpy

and momentum

In the next three sections the fluid mechanic processes
which are described by the average-passage stress and total

enthalpy flux are explored in more detail. The first term in
Eqn. (6) formed from the product of the non axisymmetric
portion of the average-passage velocity field and the non
axisymmetric portion of the average-passage total enthalpy
field accounts for the spanwise redistribution of the time
average total temperature field shown in Fig. (2). To show
this, consider the flow field downstream of the rotor which
includes a stator. Assume that the flow is deterministic, adi-
abatic and inviscid, and that the fluid is a non-conducting
ideal gas. The energy equation for this unsteady flow is:

DH = l@ (8)
Dt p Ot

where H is the absolute total enthalpy of the unsteady de-
terministic flow field, and @ ,p, and, p are the velocity, pres-
sure and density of the unsteady deterministic flow field.
—.% is the material time derivative and ¢ is time. Combining
Eqn. (8) with the continuity equation,

8
Ia% +9.52=0 (9)
yields, '
dpH _0Op
[‘a—t‘f'v'pH"d]—a (10)

The time average of Eqn. (10} is
V.- hw =0 (11)

where H has been replaced by the product of the spe-
cific heat at constant pressure, assumed to be a constant,
and total temperature To. Equation (11) states that the
mass-average total temperature of the unsteady determin-
istic flow field is conserved across the stator.

To and 7 can both be decomposed into a time average
component and an unsteady component:

To=Tp +T§ (12)
P= +u (13)

—— t )
The total temperature Tot and the velocity 7 are density
weighted, Adamczyk (1984). Introducing both decomposi-
tions into Eqn. (11) yields:

VAT = - T (14)

For an ideal gas with constant thermodynamic properties, ,
the correlation on the right-hand side of Eqn. (14) multi-
plied by the specific heat at constant pressure is equal to



Eqn. (2) (i.e. the portion of the average-passage total en-
thalpy fAux associated with the unsteady deterministic flow
field).

[f the divergence of the time average total temperature
flux associated with the unsteady deterministic flow field is
nonzero, Eqn. (14) implies a spatial variation in the time
average total temperature will exist even if the incoming
time average total temperature field is uniform. The time
average total temperature distribution at Station 3 and Sta-
tion 4 in Fig.(2) differ because of the existence of the time
average total temperature flux associated with the unsteady
deterministic flow field and its spatial variation. For the
same reason the mass average total temperature profiles
also differ.

To proceed further with this analysis assume the time
average total temperature distribution entering the stator
is that at Station 3 in Fig. (2). Figure (4) shows a snap
shot at an instant in time of this total temperature field
projected onto an axial plane. The figure shows that a
Auid particle in the wake has a higher total temperature
than a neighboring fluid particle in the core flow, this being
the result of the wake fluid particle having taken longer
to pass through the rotor. Figure (4) also shows a sketch
of the time history of this total temperature distribution
along with the time history of the radial velocity at Station
3. Recall that Fig. (3) showed that the fluid particles in
the rotor wake drifted radially relative to neighboring fluid
particles in the core flow. With respect to the time history
of total temperature sketched in Fig. (4), the unsteady total
temperatute component, T, may also be written as:

T =Ty - To +To, (15)

where 5"; is the total temperature of the freestream fluid
(assumed to be independent of time) and Ty, is the excess
of total temperature within the wake. Introducing Eqn.
(15) into the right hand side of Eqn. (14) yields:

—~— £
V2T T = -V - pTpgs (16)

In deriving Eqn. (16) one must note that the time average
of the product of the density and the velocity component
17 is zero. The correlation on the right-hand side of Eqn.
(14) has been rewritten as a correlation involving the ex-
cess of total temperature within the wake and the unsteady
velocity.

Equation (16) is valid upstream of the stator but is
also valid within the stator passage provided a fluid par-
ticle maintains its total temperature or nearly does so as
it convects through the stator. According to Eqn. (6),
the unsteady velocity which appears in the correlation on

the right-hand side of Eqn. (16) has two parts, one associ-
ated with the non-axisymmetric component of the average-
passage velocity field of the upstream rotor, 4;,,,, and the
other resulting from the interaction of the wake with the
stator, #;. Away from the surface of a stator blade ii,-(n)
dominates. Near the surface both are of the same order of
magnitude. For an inviscid fluid their component normal to
the stator surface is of equal magnitude but of opposite sign.
For a viscous fluid, at the stator surface these components
are of equal magnitude and of opposite sign.

Away from the surface of a stator blade, but near an
endwall, the derivative normal to the endwall of the correla-
tion involving the component of i’i,-(_) normal to the endwall
and Tp4 is the dominant term on the right-hand side of Eqn.
(16). If the endwalls are right cylindrical surfaces the result-
ing term is the radial derivative of the correlation involving
the radial component of u;,, and To4. With reference to
Fig. (4) Toq is positive. The time average of the product
of the density,Tpy4, and the radial component of u;,, is also
positive. At an endwall this correlation is zero, the result
of the normal component of #;,, being zero at the endwall.
Thus at the shroud the radial derivative of the correlation
formed by the density, To4 and the normal component of
%, is negative. At the hub the radial derivative of this
correlation is positive. A positive radial derivative implies
an energy sink while a negative radial derivative implies an
energy source. The sink and source formed by the radial
derivative of the portion of the average-passage total en-
thalpy flux associated with the unsteady deterministic flow
field result in a redistribution of the time average total tem-
perature field in the stator frame of reference. In the present
example it would lead to an increase in the time average to-
tal temperature at the shroud and to a decrease at the hub.
This would accentuate the total temperature profile which
is opposite to the trend generally associated with turbulent
diffusion. With respect to Fig. (2) the radial derivative of
the correlation between the radial component of u; ,, and
Toq is negative outboard of 70% span and positive from 10%
of span to 70% of span. Thus with respect to the average-
passage flow field, there exists an energy sink between 10%
and 70% of span and an energy source outboard of 70% of
span. The resulting redistribution of total temperature be-
tween Station 3 and 4 as a result of the radial derivative of
this correlation is clearly evident. Outboard of 80% of span
the time average total temperature at Station 4 is greater
than that at Station 3, while between 10% of span and 80%
of span the time average total temperature at Station 4 is
less than that at Station 3.

In a similar fashion it may be shown that the correlations
formed by the radial component of 4;,, and the vector ;,, .
account for the spanwise redistribution of momentum with
respect to the average-passage flow field attributed to the



unsteady deterministic flow state.

As shown by Adkins and Smith (1982}, accounting for
spanwise redistribution of total temperature and momen-
tum attributed to the unsteady deterministic flow state is
very important in predicting the aerodynamic performance
of multistage axial flow compressors. Likewise Lewis (1993)
showed that accounting for the spanwise redistribution of
total temperature and momentum attributed to the un-
steady deterministic flow field is very important in predict-
ing the aerodynamic performance of axial flow multistage
turbines.

ircumferential redistribution of total
enthalpy and momentum

A topic closely related to spanwise total temperature re-
distribution is circumferential total temperature redistribu-
tion. However, unlike spanwise redistribution no evidence
has come forth which suggests that circumferential redistri-
bution of total temperature (or equivalently total enthalpy)
impacts aerodynamic performance. What has been shown
is that circumferential redistribution of total temperature
leads to the formation of hot spots on the surface of a tur-
bine blade which impacts turbine life.

Butler, et al. (1989), showed that circumferential re-
distribution of an incoming time varying total temperature
fleld can substantially increase the time average tempera-
ture of the pressure surface of a turbine rotor. Based on
their numerical simulations, temperature spikes of 50 K
above a background temperature of 388 K would increase
the time average temperature of the pressure surface of a
turbine rotor by 38.8 K. Graham (1979), stated that an in-
crease in metal temperature of 16.6 K above design intent
can reduce the life of a turbine rotor by a factor of two.
Thus even though the increase in pressure side temperature
might appear to be small relative to the temperature of the
incoming flow, it is large enough to significantly affect the
life of a turbine rotor. L

Sharma, et al. (1992) referred to the circumferential
redistribution process of converting an unsteady total tem-
perature field into a time average total temperature field
as total temperature segregation. The fluid mechanic pro-
cesses involved with total temperature segregation were first
explained by Kerrebrock and Mikolajczak (1970) with re-
spect to high-speed compressors. They observed that the
absolute total temperature in the wake of a compressor ro-
tor was higher than that outside of the wake as shown in
Fig. (4). As the wake passed through the downstream sta-
tor, the wake particles drifted towards the stator pressure
surface carrying with them an excess of total temperature.
This redistribution of total temperature resulted in a cir-
cumferential variation in the time-average total tempera-
ture distribution exiting the stator. The total temperature

was found to be higher adjacent to the pressure surface
than it was near the suction side. In the case of a turbine,
when the total temperature excess is the result of a hot
streak formed in the rotor, the fluid particles within the
hot streak drift toward the pressure surface of the down-
stream vane. The flow kinematics are shown in Fig. (5). In
the frame of reference of the rotor, the fluid particles in the
hot streak have the same flow direction as those of the cold
fluid particles in the freestream. However, the magnitude of
the relative velocity of the fluid particles in the hot streak
is less than that of cold fluid particles in the freestream. In
the frame of reference of the downstream vane, this differ-
ence in the magnitude of relative velocities leads to a drift
of the fluid particles in the hot streak towards the pressure
surface of the vane. The result is a significant increase in
the time-average temperature of the vane pressure surface.

Total temperature segregation within the frame work of
the average-passage model is accounted for by the average-
passage enthalpy flux associated with the unsteady deter-
ministic flow field. The flow physics as modeling by Kerre-
brock and Mikolajczak (1970) is accounted for by the first
two terms in Eqn. (6). To show this consider the flow
through a vane in which the incoming flow is unsteady in
time. Once again the flow field is assumed to be determin-
istic, inviscid and adiabatic. The incoming unsteady flow
is generated by an incoming nonuniform total temperature
field (i.e. a hot streak). The incoming total pressure field
is assumed to be independent of time and uniform in the
radial and circumferential direction. The working fluid is
an ideal gas with constant thermodynamic properties. The
energy equation for this unsteady flow is Eqn. (8), while
the equation governing the time average flow is Eqn. (16).

With respect to a control volume (i.e. see Fig. (6))
located away from either endwall and adjacent to the pres-
sure surface of a vane, whose boundaries are defined by
the streamlines associated with the time-average flow, Eqn.
(16) may be rewritten as:

—t — ¢
PTo U bls — 9 To U 6la = — / pTogd -7 ds  (17)
whose differential form is: -
d

—tﬁtﬁté = - pTOdu ', ﬁ
ds

£16

(18)

a
where 4 is the width of the control volume, s is the distance
along the pressure surface, U! is the axial velocity and 7

is a unit vector normal to the control volume. Eqn. (17)
is essentially the result derived by Kerrebrock and Mikcgla.—

jczak (1970). At the surface of the vane —pTodui' - s
zero. At the surface of the control volume labeled a — b
in Fig. (6), which is in the flow stream, the total temper-
—

k4

ature flux —pTpu” - is positive. This indicates a flow



of total temperature into the control volume. This positive
flux increases the time-average total temperature along the
pressure surface. Along the suction surface the flux is neg-
ative which results in a reduction of the time-average total
temperature along the suction surface.

As was previously stated, there is no published data
which suggests that total temperature segregation impacts
aerodynamic performance. Therefore introducing models
to account for total temperature segregation in simulations
where the objective is estimates of aerodynamic perfor-
mance is deemed unnecessary. If the objective of the simu-
lation is an assessment of the impact of total temperature
segregation on turbine blade surface temperature, there ap-
pears to be a need for inclusion of models which account
for total temperature segregation in the simulation. How-
ever this is not necessary because it is possible to construct
credible estimates of the segregated total temperature field
from average-passage simulations which are devoid of the
flow physics associated with segregation as part of a post
processing procedure. This post processing procedure en-
tails estimating the temporal correlation which appears in
Eqgn. (18) from results obtained from the average-passage
flow state of the incoming hot streak. With the temporal
correlation known and assuming that the velocity in Eqn.
(18) can be approximated by the average-passage velocity
field of the blade row through which the hot streak is pass-
ing, Eqn. (18) may be solved to yield the segregated total
temperature field produced by the incoming hot streak.

" To test the validity of the above procedure for estimating
hot streak segregation, Kirtley, et al. (1993) applied the
procedure to the passage of a hot streak through a turbine
stator. The hot streak was generated by the secondary flow
field within the upstream rotor. Kirtley, et al. (1993) used
a code which solved the average-passage flow equations and
an unsteady wake-blade-row interaction code. Both codes
assumed all metal surfaces to be adiabatic. The simula-
tion based on the average-passage code did not incorporate
a model for the segregation of the hot streak as it passed
through the stator. In the unsteady simulation, the incom-
ing unsteady flow to the stator was established from the
average-passage simulation of the upstream rotor. Figure
(7) shows a cross channel view (i.e axial plane) of the in-
coming total temperature distribution to the stator at an
instant in time. The hot streak is located near 90% of span.

_The average-passage simulation of the rotor (i.e. the
average-passage flow field in which the incoming hot streak
is defined) was used to estimate the temporal correlation
which appears on the right-hand side of Eqn. (18). Using
the velocity and density field associated with the average-
passage flow field of the stator, Eqn. (18) was solved to
determine the time average total temperature distribution
along the stator suction and pressure surface. The only
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cmpirical information used in the solution of Eqn. (18) was
the axial location at which the correlation on the right-
hand side of Eqn. (18) became small. This information was
deduced from the unsteady simulation and set at 50% of
chord.

The chord-wise time-average temperature distributions
along the suction and pressure surface at 90% of span
from the average-passage simulation of the vane, the vane
average-passage simulation as corrected by Eqn. (18), and
the unsteady simulation are shown in Fig. (8). The temper-
ature has been normalized with respect to the mass-average
incoming total temperature. The time average surface tem-
perature distribution derived from the unsteady simulation
is shown as a solid line in the figure. The chord-wise vari-
ation of the time average surface temperature is a result
of the vane secondary flow field and total temperature seg-
regation. The average-passage simulation of the vane, de-
void of the flow physics associated with segregation, only
accounts for the redistribution of total temperature due to
the vane secondary flow field. On the pressure side the tem-
perature predicted by the average-passage simulation falls
short of that predicted by the unsteady simulation. The
average-passage result, as corrected by the procedure out-
lined above, agrees fairly well with that predicted by the un-
steady simulation. The increase in temperature along the
pressure surface from 20% of chord to near 50% of chord
is captured by the correction procedure. In addition, the
cooling of the suction surface as a result of the segregation
process is also captured by the procedure.

An alternative procedure to account for total temper-
ature hot streak segregation is outlined by Orkwis and
Turner (1999).

Closely related to the topic of total temperature seg-
regation is the flow process of circumferential transport of
momentum attributed to the unsteady deterministic veloc-
ity field. All of the terms in Eqn. (5) play a role in the
circumferential redistribution of momentum.

Both Valkov and Tan (1993), (1998) and Dawes (1994)
examined the impact of this momentum transport on the
performance of a compressor blade row. Dawes concluded
that additional loss above that associated with mixing-out
of the leakage flow was generated by the unsteady interac-
tion involving the rotor tip leakage flow and the downstream
stator. Unfortunately because of the procedure used by
Valkov and Tan (1998) to estimate loss, the significance
of their loss estimates is unclear. The significance and
fluid mechanics responsible for loss generation in comnpres-
sors due to unsteady interactions involving 2D wakes and
blade boundary layers which are turbulent is unknown at
this time. .

Fritsch and Giles (1993) conducted an analytical and nu-
merical study to assess the impact on performance resulting



from the passage of a wake through a turbine cascade. From
their simulations it appears that the loss within the turbine
passage is increased by having the wake convect through the
turbine as compared to having it mix-out prior to entering
the turbine. Whether there is an unsteady interaction be-
tween the incoming wakes and the blade boundary layers
which contributes in a measurable way to loss generation in
turbines is unknown at the present time.

Wake Recovery

Another unsteady process whose impact on blade row
performance has been studied both analytically and through
numerical simulations is wake recovery. Wake recovery, first
identified by Smith (1966}, involves the reduction or am-
plification of the velocity deficit of a wake by a reversible
unsteady process that reduces or increases the mixing loss
associated with the wake. Adamczyk (1996) has shown that
wake recovery is directly tied to the portion of the average-
passage stress, Eqn. (5), formed by the unsteady determin-
istic flow field. All of the terms which appear in Eqn. (5)
contribute to the wake recovery process.

A simple example which illustrates the fluid mechan-
ics associated with the wake recovery process was given by
Smith (1966) and is repeated here. Figure (9) shows a wake
entering and exiting a compressor and turbine blade row.
The flow field is assumed to be inviscid, two-dimensional
and incompressible. The flow state is deterministic. Eval-
uating the circulation, T", around a circuit whose boundary
lies along the centerline of the wake and its edge yields:

T =uv4l (19)
where [ is the length of the wake filaments bounded by the
two stagnation stream lines and vy is the velocity deficit of
the wake, Fig. (9). According to Kelvin's theorem, Batch-
elor (1967), the circulation associated with the incoming
wake must remain constant as the wake convects through
the cascade. Hence the wake circulation at the inlet to the
cascade is equal to that at the exit. This equality yields the
following expression for the ratio of the velocity deficit of
the wake at the exit of the cascade to that at the inlet:

‘Udl .
Ud |e::it = ___l_z_n& e

exit

(20)

If the length of a wake segment is increased as it passes
through the cascade, as illustrated in the case of a com-
pressor cascade, its velocity deficit is reduced, leading to a
reduction in the wake mixing loss. If the length of a wake
segment is reduced, as it is in the turbine illustration, its
velocity deficit is increased, enhancing the wake mixing loss.
This simple example by Smith (1966) based on kinematic

11

arguments illustrates the recovery process in both compres-
sors and turbines.

Valkov and Tan (1993) and Deregel and Tan (1996) con-
ducted a number of very detailed numerical simulations
which confirmed the kinematic model proposed by Smith
(1966) for wake recovery in axial flow compressors.

Adamczyk (1996) used a perturbation analysis to link
wake recovery to wake mixing loss and to the average-
passage stress associated with the unsteady deterministic
flow field. Adamczyk’s (1996) analysis like that of Smith’s
(1993) assumed the flow to be two-dimensional, and incom-
pressible. If one neglects the effect of viscosity as the wake
passes through the cascade, the loss reduction or increase
due to the wake mixing out after it exits the cascade as op-
posed to mixing out prior to entering the cascade is given
as:

(21)

where y is the loss coefficient at the inlet and exit to the
cascade, respectively. Kinre: is the flux in kinetic energy of
the incoming unsteady flow, and K,;;; is the flux in kinetic
energy of the exiting unsteady flow.

—— Whether the wake mixing loss is reduced by having the
wake pass through a cascade prior to being mixed-out is
dependent on the reduction of the kinetic energy associated
with the unsteady deterministic velocity field across a blade
row. This kinetic energy is equal to one half the sum of the
diagonal components (i.e. the trace) of the average-passage
stress associated with the unsteady deterministic flow field.
The sum of the diagonal components of the average- passage
stress associated with the unsteady deterministic flow field
is a measure of the magnitude of the velocity field associated
with this flow field. , )

The link between the recovery process and the compo-
nent of the average-passage stress associated with the un-
steady deterministic flow field is established by means of
a transport equation formed by the vector dot product of
the unsteady deterministic velocity and the linearized in-
viscid momentum equation which it is assumed to satisfy.
The time average of the resulting transport equation when
integrated across a cascade yields:

| | Tl uee
Kintet = Kezit = %/,:ol —"'Z—Laal]l:]
where L is the pitch of the cascade. The details can be
found in Adamczyk (1996).
~ The integral on the right hand side of Eqn. (22) controls
the growth of the wake deficit as it passes through the cas-
cade. This growth is the result of the wake being strained
by the time average velocity field within the cascade. If this

integral is positive, the wake deficit is reduced and thereis a

transfer of energy from the unsteady deterministic flow field

Xintet — Xezit = Kintet — Kezit

dVol

(22)



to the average-passage flow field. A reduction in the wake
deficit leads to a reduction in the wake mixing loss. If this
integral is negative, energy is transferred from the average-
passage flow field to the unsteady deterministic flow field.
This transfer of energy increases the wake deficit leading to
an increase in wake mixing loss.

Adamczyk (1996) noted that in many cases the trans-
fer of energy from the unsteady deterministic flow field to
the average-passage flow field is opposite to that which
occurs between the nondeterministic flow field (turbulent
flow state) and the average-passage flow field. For a turbu-
lent flow, energy flows from the mean flow to the unsteady
chaotic flow associated with turbulence where the energy
cascades down to fine scale eddies and is dissipated, result-
ing in an increase in the internal energy (i.e. temperature)
of the mean flow. The common practice of using a gradi-
ent diffusion model with a positive diffusion coefficient (i.e.
positive eddy viscosity) to model this energy transfer pro-
cess is well justified. However, the use of a gradient diffusion
model to account for wake recovery may be questionable. In
the case of wake recovery in compressors, the energy associ-
ated with the unsteady deterministic flow field of the wakes
is reduced by the strain imposed on the wakes as they con-
vect through a blade row. The energy loss by the unsteady
deterministic flow field is transferred by a reversible pro-
cess to the time average flow field. The use of a gradient
diffusion model to account for wake recovery in compressors
would thus require a negative diffusion coefficient, which is
physically difficult to justify.

There is some data which shows the need to account
for the wake recovery process in simulating multistage tur-
bomachinery flows especially at off-design operating con-
ditions. To model the recovery process within the con-
text of the average-passage flow model, one must realize
that recovery is accounted for through the portion of the
average-passage stress associated with the unsteady deter-
ministic flow field. Furthermore, it is the strain imposed
on the wakes as they convect through a blade row and the
subsequent modification of the average-passage stress which
needs to be accounted for. The strain responsible for the
wake recovery process can be decomposed into two compo-
nents. The first component is associated with the axisym-
metric flow field of the blade row through which the wake is
passing. The other component is associated with the strain
imposed by the time average non-axisymmetric flow field
of the blade row through which the wake is passing. The
strain imposed by the axisymmetric flow field is accounted
for in the procedure outlined by Adamczyk, et al. (1986).
The strain imposed by the time average non-axisymmetric
flow field is currently not being accounted for in simulations
based on the average-passage flow model.

Recent works by Van Zante, et al. (1997) and van de
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Wall (1999) provide models which account for the strain
imposed by the time average non-axisymmetric flow field
on recovery. However, these models remain to be incor-
porated into simulations of the average-passage flow field.
The model developed by Van Zante, et al. (1997) extended
the model of Smith (1993) to include the effects of viscos-
ity. Van Zante’s (1997) model provides an estimate of the
kinetic energy associated with the unsteady deterministic
velocity field of the wake as it convects through a blade
row. The result of Van Zante's (1997) analysis was com-
pared to LDV measurements from a single stage high-speed
compressor. The agreement between the predicted decay of
the velocity deficit of the rotor wake and that measured was
quite good. Van Zante’s (1997) results showed that the de-
cay of the rotor wake as it convected through the stator was
dominated by the kinematic recovery process as outlined by
Smith (1966) and not by viscosity.

van de Wall (1999) was able to develop a transport
model for the average-passage stress associated with the
unsteady deterministic flow field. Van de Wall’s model is
three-dimensional and includes the effects of viscosity. By
solving this transport equation van de Wall (1999) was able
to estimate the decay of the kinetic energy associated with
the unsteady deterministic flow field. For a compressor, van
de Wall’'s (1999) findings were similar to those of Valkov
and Tan (1998) and Van Zante, et al. (1997). All these
researchers found that wake mixing loss in a compressor
is reduced by nearly 70% as a result of the wake being
strained by the velocity field associated with the average-
passage field of the blade row through which it is passing.
At the design point of a well designed machine, the mixing
loss of a compressor blade is estimated to be 15% of the
total loss. The effect of recovery reduces the mixing loss to
4.5% of the total, a 10.5% reduction in the total loss. At
an off-design operating condition of an axial compressor,
where there might be significant regions of flow separation,
the effect of recovery becomes even more important. Smith
(1996) estimated that at the design point of a well-designed
axial compressor recovery can yield a half point increase in
efficiency.

For a turbine van de Wall (1999) found that recovery has
a detrimental impact on performance. For an inviscid flow
van de Wall (1999) showed that the velocity deficit within a
stator wake increased as it passed through the downstream
rotor. Viscosity was found to limit the growth of the ve-
locity deficit, but because this process is non-reversible, it
leads to an increase in the loss of total pressure across the
blade row through which the wake is passing. The more
the wake decays prior to entering the downstream blade
row, the less the loss in total pressure across the blade row
through which the wake is passing.

The recovery process can also lead to an increase in the



pressure rise across a compressor blade row, and to a reduc-
tion in the pressure drop across a turbine blade row. The
mathematical details are given in Appendix B. According
to Eqn. (B11) the pressure rise coefficient C¥* resulting
fromn an unsteady incoming vortical flow is:
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where 3_o and B are the inlet and exit flow angles of
the steady flow, respectively. The first two terms in Eqn,
(B11) is the pressure rise produced by the steady incoming
flow while the term in parentheses is that attributed to the
incoming unsteady vortical flow. The variable §g is the
recovery energy thickness defined by Eqn. (B10). This
thickness is a measure of the flow blockage attributed to
the unsteady vortical flow. Its relationship to the portion
of the average-passage stress associated with the unsteady
deterministic flow field is given by Eqn. (B20).

For a compressor cascade, cos? f_o < cos? B, thus
the incoming unsteady flow will increase the pressure rise

2
across the cascade if 53|_°o > 53'00(%’%)' For a tur-

bine cascade, cos? B0 > €0s% B, and the incoming un-
steady flow will increase the pressure drop across the cas-

cade if §a|__ < 6g, (fe=).

To provide a quantitative estimate of the impact of in-
coming wakes on cascade pressure rise, consider first a com-
pressor cascade which turns the flow through 25°. The in-
coming flow is at an angle of 46° with respect to the axial
direction. The flow exits the cascade at 21°. The flow condi-
tions for this compressor and its geometry are those used by
Valkov and Tan (1998) in their study. The incoming wakes
are one-dimensional shear flows which are assumed to be
perpendicular to the incoming flow. As the wakes convect
through the cascade, they are strained by the velocity field
within the cascade passage. This straining was shown to re-
duce the wake velocity deficit. This reduction in the wake

velocity deficit corresponds to a reduction in the kinetic en-

ergy of the unsteady flow associated with the wakes. For
this cascade the reduction in the kinetic energy of the un-
steady flow-field across the cascade is approximately 61%.
The reduction of the magnitude of the unsteady axial veloc-
ity component across the cascade is approximately 28.5%.
These values are extracted from the kinematic model put
forth by Smith (1993) for wake recovery. Based on these
values, the pressure rise across the cascade attributed to
the steady potential flow according to Eqn. (B11) is:

Cl = 0.446 (23)
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while that attributed to the unsteady flow (i.e. C,‘,z) =
Cyr - C,(,o)) is approximately:

—_—
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Equation (24) shows that the pressure rise attributed to
the unsteady flow is proportional to the velocity deficit of
the incoming wake squared. Assuming the unsteady flow
is generated by wakes whose deficit is 25% of the incoming
flow, the increase in pressure rise attributed to the incom-
ing wakes is approximately 1.0%. For this cascade Valkov
and Tan (1998) reported an increase in static pressure rise
of only .5%. Valkov and Tan’s (1998) estimate was deduced
from a numerical simulation which included the effects of
viscosity. Whether the factor of two difference in the esti-
mate of the benefit of recovery is solely related to the effects
of viscosity is unclear.

Smith (1969) reported the pressure rise per stage of
a four stage compressor was increased by approximately
4% as the axial gap between the blade rows was reduced.
The midspan geometry of the compressor reported upon by
Smith (1969) is very similar to the cascade geometry de-
scribed above. If one assumed this pressure rise was solely
due to the recovery process and that the pressure rise is
equally split between the rotor and the stator, the 4% per
stage is equal to 2% per blade row. The current analysis and
that of Valkov and Tan (1998) indicates that the increase in
pressure rise resulting from incoming wakes should scale as
the relative wake deficit squared (i.e. wake deficit relative
to the incoming relative flow). Using Smith’s (1969) data
and assuming the wake deficit in the compressor analyzed
by Smith (1969) is 25% of the incoming flow at the nominal
axial spacing and 50% at half the nominal spacing (i.e., esti-
mates from Valkov and Tan (1998)) the increase in pressure
rise across a single blade row attributed to incoming wakes
is: -

et

20 . 7O

20 . 5O (25)

C{® = (0.0475)

For a wake deficit of 25% of the incoming flow, the in-
crease in pressure rise according to Eqn. (25) is nearly .7%.
This number is slightly greater than that given by Valkov
and Tan (1998) and less than that given by the current
analysis. )

In the above example had the compressor cascade turned
the flow to axial, which would imply a flow turning of 46°



(a value representative of advanced designs) the increase in
pressure rise as estimated by Eqn (B11) would be:

S .0

(2) - AN
= 0D = —w
—00

(26)

For this cascade the pressure rise produced by the steady
flow according to Eqn. (B11) is approximately:
Ccl9 =05 (27)

For a wake deficit of 25% of the incoming flow, the in-
crease in pressure rise is 1.25% of that produced by the
steady flow. If the pressure rise increase were equally split
between a rotor and stator, the increase in stage pressure
would be 2.5%, a number which is not all that insignifi-
cant. One may view this number as an upper bound whose
value is reduced because of viscosity. The magnitude of the
impact of viscosity on the wake recovery processes is not
clear.

The significance of the recovery process on aerodynamic
performance depends on the design parameters of a ma-
chine. As the aerodynamic loading of blade rows is in-
creased in an attempt to design machinery with fewer parts
and of reduced weight, the blade wakes will deepen and the
recovery process will have to be accounted for. Recovery
is also more important at off-design conditions, where large
regions of flow separation generate large velocity deficits.

Blade Indexing

This section is concluded with a brief discussion of the
components of the average-passage stress and the average-
passage enthalpy flux that is associated with the blade rows
which are in the same spatial frame of reference. They are
the last terms in Eqn. (A9) and (A10). These components
of the average-passage stress and the average- passage en-
thalpy flux account for the effect of circumferential spatial
distortions with length scales unrelated to the pitch of the
blade row of interest. These components account for perfor-
mance changes brought about by circumferential indexing
or clocking of blades which are in the same reference frame.
The experimental findings of Barankiewicz and Hathaway
(1997) suggest that the effect of indexing in axial flow com-
pressors is small and therefore need not be addressed. How-
ever for turbines, the work of Ardnt (1991) and Sharma, et
al. (1997) shows that there are performance gains to be had
through the indexing of blade rows.

The fact that indexing has a measurable impact on tur-
bine performance and an insignificant impact on compressor
performance is an indication the turbine wakes persists far
longer than compressor wakes. This observation is consis-
tent with the findings of van de Wall (1999).
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Stress and total enthalpy flux models which account for
the effect of indexing on the average-passage flow field have
yet to be developed. However, the procedure outlined by
Adamczyk, et al. (1986) may be used to estimate the mag-
nitude of the third term in Eqn. (A9) and (A10) attributed
to the average-passage flow fields other than that of the
blade row of interest. The resulting estimate accounts for
the straining and rotation of wakes by the axisymmetric
flow field and the vorticity generated by this interaction.

Examples of Simulations

The previous section presented a number of examples
which illustrate the effects of the unsteady deterministic
flow field on the average-passage flow field and how these
effects may be accounted for in CFD simulations of multi-
stage axial flow turbomachines. In this section, the results
from a number of simulations will be presented to illus-
trate the predictive capabilities afforded by incorporating
these models into a CFD code. The code used to generate
these results is referred to as APNASA. Some of the results
to be presented are predictions and will be noted as such.
A predictive result implies the simulation was done prior
to the experiment. Some of the simulations were done by
researchers in engine companies who are attempting to as-
sess the predictive capabilities of this code. In all cases no
information was provided to APNASA which set the aero-
dynamic matching of stages. The aerodynamic matching of
stages and the flow blockage associated with that matching
is an output of the simulation and not an input.

Low Speed Research Compressor

Figure (10) shows the measured pressure rise charac-
teristic along with simulation results at a flow coefficient
of 0.395 and 0.375 for the Lewis low speed axial compres-
sor (LSAC). LSAC is a four stage machine with an inlet
IGV, Wellborn and Okiishi, (1996), which is representative
of the rear stages of a high pressure (H.P.) compressor. The
compressor is of a modern design employing hub-shrouded
stators with end-bends. The four stages are geometrically
identical. The simulation accounted for the rotor tip clear-
ance. The simulation did not include the stator hub cavities
nor did the simulations account for stator hub leakage. Two
experimental results are shown one for a baseline leakage
with stator hub cavities present, the other with no leakage
and no cavities present.

At the flow coefficient of 0.395 (which is near the mea-
sured peak efficiency operating point) and at the flow co-
efficient of 0.375, the simulation results are in good agree-
ment with the measurement. An attempt to simulate an
operating condition near peak pressure failed to converge.
The simulation did not account for casing treatment over ,
the first rotor which is present in the experiment. Tests
with the casing treatment removed show that the compres-




sor stalls at a flow coefficient near the pmk pressure point
of the characteristic.

Figure (11) shows the measured static pressure rise char-
acteristic for each stage along with results from the simu-
lations. The agreement between the simulation results and
the data is very good. For the flow coefficient of 0.395, Fig.
{12) shows plots of the total and static pressure coefficient,
the axial and absolute tangential velocity, and the abso-
lute and relative flow angle as a function of span for the
simulation and the experiment. The plots are for an axial
location behind the second stator. Once again, the agree-
ment between the simulation results and the data is good.
The slight difference between the static pressure coefficient
derived from the simulation and that measured inboard of
40% span is unknown. For the same flow coefficient, Fig.
(13) compares the simulated and measured results for an

axial location behind the third stage rotor. The agreement

between the simulation results and that derived from the
measurements is comparable to that shown in Fig. (12).
Additional comparisons are presented in Adamczyk, et al.
(1998).

These results clearly show that the APNASA code with
its current models that account for the effects of the un-
steady deterministic flow field is, to a large extent, captur-
ing the flow features which are setting the performance of
the LSAC compressor.

High Speed Ten Stage Compressor

The next set of results are for the high pressure (H.P.)
compressor of the GE 90 engine series. This compressor has
ten stages plus an IGV. At the design point the first three
stages of this compressor are transonic. The origin of this
compressor dates back to the GE E? compressor, Wisler,
(1977). In simulating this compressor, all known leakage
and bleed flows were accounted for. The first set of results,
Fig. (14), shows the total temperature and total pressure
at the exit of each rotor as predicted by APNASA rela-
tive to that predicted by a refined quasi-three-dimensional

flow code, CAFMIX II, developed by Smith (1999). The

results are presented in terms of a relative difference be-
tween the APNASA predictions and those of CAFMIX II.
The leakage and bleed flows are the same in both simula-
tions. The simulated operating point of the compressor is
near its design point. Figure (14) shows that the results
from both models are in good agreememnt with each other
throughout the compressor. The maximum difference in to-
tal temperature is less than .8%, and the difference in total
pressure is less than 4%. Figure (15) shows spanwise pro-
files of the normalized total pressure distribution and the
normalized total temperature distribution at three axial lo-
cations within the compressor. The locations are the exit
of the third and seventh stage and at the compressor dis-
charge. Once again the agreement between the two mod-
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els is quite good. The average-passage model appears to
give results which are very comparable to those of a refined
quasi-three-dimensional flow model without the cmpiricism
bullt mto the qu351 three-dimensional model.

An interesting outcome of this study is a compari-
son between the flow blockage estimates of CAFMIX II
and those deduced from the APNASA simulation, Turner
(1999). The flow blockage deduced from the APNASA sim-
ulation is based on the definition of low blockage used in the
CAFMIX II code. The comparison is shown in Fig. (16).
Even though the through-flow results from both codes are
nearly the same, the flow blockage estimates are markedly
different. For example, for the fifth stage the flow blockage
estimate of CAFMIX II is a factor of two times larger than
that deduced from the APNASA simulation. In addition,
the flow blockage deduced from the APNASA simulation
is almost constant throughout the compressor, while the
estimate from CAFMIX II increases from the front to the
discharge of the compressor. The CAFMIX II flow blockage
estimate at the exit of the tenth stage rotor is more than
twice that at the exit of the first stage rotor.

Since the predicted total temperature and total pressure
rise through the compressor by both simulations was nearly
the same, one may wonder if the difference in estimated
flow blockage is being compensated for by differences in es-
timates of the flow angle exiting the blade rows. Figure (17)
shows the spanwise distribution of the flow angle exiting the
third stage rotor, the third stage stator, the sixth stage ro-
tor, and the sixth stage stator as predicted by both codes.
The agreement between the two predictions is good, but
there are differences. The sensitivity of total pressure rise
or total temperature rise to changes in flow blockage or exit
flow angle for this compressor is unknown to the author.
Whether the difference in the predicted exit flows seen in
Fig. (17) compensates for the difference in estimated flow
blockage seen in Fig. (16) is unknown.

The results presented in Figs. (16) and (17) raise ques-
tions as to how best to incorporate the results from a three-
dimensional simulation into a through-flow model. If the
estimates of flow blockage derived from the APNASA sim-
ulation were introduced into CAFMIX 1I, it is speculated
that the outcome would be an increase in the pressure rise
across the aft stages, and a decrease in the pressure rise
across the front stages for a fixed overall compressor pres-
sure ratio. This would drive the agreement between the two
models apart.

Unfortunately the compressor was never tested at the
IGV setting, vane settings, and bleed rates corresponding
to the APNASA and CAFMIX II simulations. Therefore,
no true prediction of the compressor performance is avail- .
able by which to judge either code. A series of simulations
were executed using APNASA with the IGV and vanes set



to their test settings in an attempt to match experimental
measurements at a point on the operating line near design
wheel speed. Additional simulations were executed at this
" wheel speed in which the compressor was throttled from the
opcration line to near stall. The first set of results, Fig. (18)
shows the relative difference in total pressure between the
simulation result and the data at each stage in the compres-
sor. The data was obtained from instrumentation mounted
to the leading edge of the stators. The axial location of the
simulation results is also the leading edge of stators and the
compressor discharge. The agreement between the simula-
tion results and the data is quite good. Figure (19) shows
the spanwise distribution of normalized total pressure and
total temperature at the leading edge of the third stage sta-
tor, the leading edge of the seventh stage stator and at the
discharge of the compressor. Both simulation results and
data are shown. The profiles resulting from the simulation
are in good agreement with that inferred from the data,
especially the total temperature profiles. The compressor
efficiency as estimated by the simulation agreed very well
with the measured efficiency.

The level of agreement shown in Figs. (18) and (19)
required an adjustment of the bleed rates from the initial
values specified. The initial values were best estimates prior
to compressor tests. The final estimates were derived from
measurements and a series of data match computations.
Figure (20) shows the relative difference in total pressure
at each stage based on the simulation used to generate the
results in Fig. (18) and (19) (i.e., best estimate of bleed
rates, IGV and vane settings) and two other bleed rate
schedules. The first of these bleed rate schedules, annotated
by shaded bars, corresponds to that used to generate the
results in Figs. (14) through (17). For this bleed schedule
the front end of the compressor becomes unloaded relative
to the back end. The next result, annotated by open bars,
was generated by lowering the third stage bleed rate to that
measured. By drawing less third stage bleed air the pre-
dicted pressure ratio of the front stages increased to near
their measured values, while that of the back stages was
reduced. Finally, reducing the amount of bleed air being
drawn from the seventh stage bleed to that measured low-
ered the predicted pressure ratio of stages eight through ten
to near that measured. Stages one through four remained
unchanged as stage seven bleed was reduced, while stages
five through seven experienced an increase in pressure ra-
tio. The results shown in Fig. (20) are quite significant
for they clearly show how bleed can affect the matching of
stages within a compressor. The initial simulation using
the a priori estimates of bleed rates was judged to be less
than satisfactory for design purposes. Clearly, in addition
to having sound models to account for the unsteady flow
field within axial flow multistage compressors, it is equally

16

important to have credible estimates of the leakage flow
rates and the bleed flow rates.

A scries of simulations were also performed to ascertain
APNASA’s ability to compute the impact of throttling on
compressor performance. The wheel speed for these simula-
tions corresponds to that used in the previous simulations.
Figure (21) shows the percent difference in total pressure
ratio of individual stages relative to their predicted total
pressure ratio at the operating line (i.e., simulation results
used to generate the results in Fig. (18)). The pressure
ratio being defined from stator leading edge to rotor trail-
ing edge. For the tenth stage the pressure ratio is from
the leading edge of the ninth stage stator to compressor
discharge.

A series of simulations were executed for increasing back
pressure until the code failed to converge. The highest total
pressure ratio for which a converged solution was obtained
is less than the total pressure ratio at which the compressor
stalled. The first case labeled Case 1 is for a back pressure
slightly greater than the value corresponding to Fig. (18),
while Case 4 is for a back pressure setting very close to
the numerical stall point. The other two cases are for back
pressure settings which lay between these two extremes.

For Case 1, the slight increase in back pressure caused
the last six stages to move slightly up their pressure charac-
teristic. The operating point of the first four stages remains
unchanged. Case 2 increased the back pressure further and
caused all of the stages with the exception of stage 1 to
respond. The mass flow, being set by the first stage, is un-
affected by this increase in back pressure. The change in
the pressure ratio of stages five through nine is significantly
greater than that for stage ten. Stage ten show a modest
change in pressure ratio which implies that it is operating
on the flat part of its characteristic. Raising the back pres-
sure still higher, Case 3, further increases the pressure ratio
of stages three through nine. Stages one and two remain
unchanged as does the mass flow, while the pressure ratio
across stage 10 decreases. Stage ten is operating on the
positive side of its pressure characteristic. Throttling the
compressor to near its numerical stall point, Case 4, causes
an increase in pressure ratio of stages two through eight.
The pressure ratio for stage one remains unchanged as does
the mass flow. The pressure ratio for stages nine and ten
has decreased. Both nine and ten are now operating on
the positive side of their characteristic. The decrease in
stage ten’s pressure ratio from its previous value is quite
noticeable. It appears that the pressure characteristic for
stage ten rolls over very abruptly after peak pressure. Ob-
taining a converged solution at still higher back pressures
proved difficult because of the extreme sensitivity to back .
pressure setting. It is thought that stage eight is operat-
ing near peak pressure and that any slight increase in back



pressure causes its operating point to shift to the positive
side of its pressure characteristic. When this occurs, the
compressor numerically stalls. At this wheel speed, there is
experimental evidence which suggests that stall originates
in the eighth stage, Liou {1999).

High Speed Three Stage Compressor

The next set of results are for a small high-speed three
stage plus IGV axial flow compressor. The compressor was
designed, tested and simulated by Allied Signal, Mansour
(1999). The compressor is of a modern design, employing
transonic rotors in all three stages. Although the simula-
tions are not a prediction (the tests predate the simulations)
they were executed by a researcher who is not a developer
of APNASA but rather a user who is attempting to assess
its predictive capabilities. The total pressure characteristics
and the total temperature characteristics of the individual
stages as derived from the simulations and measurements
are shown in Fig. (22). The experimental results were ob-
tained from stator leading edge instrumentation. For the
first stage, the total pressure ratio as well as the total tem-
perature ratio is from the inlet to the exit of the first stage
rotor. For stage two, the pressure ratio as well as the total
temperature ratio is from the inlet of the first stage stator
to the exit of the second stage rotor. For the third stage,
the total pressure ratio as well as the total temperature ra-
tio is from the inlet of the second stage stator to the exit
of the third stage rotor. The stage total pressure ratios as
well as the stage total temperature ratios are plotted as a
function of corrected flow exiting each of the rotors. The
characteristics are for the design wheel speed. The error
between the simulated results and experimental data is also
shown on the figure.

Two throttle settings were simulated in an attempt to
bracket the design pressure ratio of the compressor. In both
the simulation and test, the first stage operating point re-
mains fixed as the compressor is throttled. This result im-
plies that the second stage rotor is choked. The corrected
mass flows exiting the first stage rotor, as derived from the
simulations are approximately 1.5% greater than that de-
duced from the experimental measurements. For the second
stage, the difference in corrected mass flow is 1.4%. For the
third stage, the difference between the corrected mass flow
deduced from the data and that from the simulation results
is .4%. Overall the agreement is quite satisfactory.

Figure (23) shows the total pressure ratio and the to-
tal temperature ratio at the exit of the first stage rotor as
a function of span. Percent differences are also shown on
the figure. Only the results from one simulation and one
experimental point are shown since the operating point of

the first stage rotor remained unchanged as the compres-

sor was throttled. With the exception of the region near
90% of span, the agreement between the total pressure pro-
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files derived from the simulation and the experiment data
is very good. At 90% of span, the total pressure profiles
differ by less than 3%. The total temperature profiles are
also in good agreement. The difference between the two
total temperature profiles at midspan is less than 1.0%. It
is encouraging to see that the simulation shows nearly the
same rise in total temperature as the experiment outboard
of 70% of span.

Figure (24) shows the pressure ratio and the total tem-
perature ratio at the exit of the third stage rotor as a func-
tion of span. The pressure ratio associated with the two
simulations brackets the experimental pressure ratio. The
shape of the total pressure profiles are in reasonable agree-
ment with each other. At midspan, the two simulations
differ by less than 5%, while the experimental value differs
from either simulation result by less than 3%.

The shape of the total temperature profiles shown in
Fig. (24) are also in reasonable agreement with each other.
However, the spanwise average total temperature from the
two simulations is less than that deduced from the experi-
ment. The relative difference between the experiment and
simulation point 1 is approximately 1.3%.

The agreement between data and simulation was judged
to be sufficient for the purposes of using APNASA to guide
the aerodynamic design of this multistage axial flow com-
pressor, Mansour (1999).

High Speed High Pressure and Low Pressure
Turbine

The final simulation examples are of a high pressure tur-
bine (HPT) and low pressure turbine (LPT). The HPT is
a 3/4 scale model of the HPT from the GE engine family,
while the LPT is a 1/2 scale model of the LPT from the
GE engine family. The HPT is a two stage machine while
the LPT is a six stage machine. The simulations of both
machines included the effect of cooling and purge flows as
well as variable gas properties. The simulations were set
up to match the conditions for which data was available.
The details of the simulations are given in Turner, et al.
(1999). Figure (25) shows the spanwise profiles of total
pressure and total temperature exiting the second stage ro-
tor of the HPT. The measurements are represented by solid
squares, while the simulation results appear as a solid line.
The relative difference between the measurements and the
simulation results is also shown on the figure. The agree-
ment between the simulation and the data is very good. A
comparison of the overall one-dimensional performance pa-
rameters showed that the simulation was 2.5% high in mass
flow, 0.4% high in total pressure ratio and 1.6% low in total
temperature ratio. Figure (26) shows a similar set of plots
for the LPT. The spanwise profiles are at the exit of the .
sixth stage rotor. The relative difference between the mea-
surements and the simulation is shown on the figure. The




agreement between the two is also very good. For the LPT
study, a comparison of the overall one-dimensional perfor-
mance parameters showed that the simulation was 2.5% low
in mass flow, 0.3% high in total pressure ratio, and 3.5% low
in total temperature ratio.

The machines whose simulation results were presented
in this section cover a broad range of multistage axial flow
turbomachinery configurations. The objective of this sec-
tion was to illustrate to the turbomachinery design commu-
nity what could be, and what could not be, predicted by a
code based on the average-passage flow model with the cur-
rent procedures to account for the effects of the unsteady
flow environment within multistage turbomachines. All the
simulations were executed without recourse to information
supplied by external models or data which prescribed the
aerodynamic matching of stages, this information being an
output of the simulations and not an input. Being able
to rcliably establish the aerodynamic matching of stages in
a multistage configuration is critical to ensuring that ad-
vanced designs attain their aerodynamic goals in the first
build.

In the next section the current state of the art for sim-
ulating multistage axial flow turbomachines in support of
aerodynamic design using models which are uncoupled from
through-flow models is summarized. Suggestions for future
work are also presented.

Summary and Suggested Future Work

Before summarizing it is important to stress the need
to have correct geometry and correct inflow and outflow
boundary conditions before attempting any simulation.
This detail cannot be emphasized enough as evidenced
by the findings of Shabbir, et al (1997), Escuret and
Veysseyre, {1997), Wellborn, et al. (1999). It is impor-
tant to know the geometry at the flow conditions being
simulated. This includes the blade geometry as well as the
hub and shroud geometry. Rotor tip clearance, stator hub
clearance, variable geometry setting, and variable geome-
try button configuration must all be known. Blade fillet
geometry and surface finish must also be known. All cav-
ities which are opened to the primary flow path must be
known. All leakage flows must be known including those
associated with shrouded blading, bleed flows, purge flows
and the cooling flows of cooled turbines. If any of these
details (geometry, inflow and outflow boundary conditions)
are unknown, it is important to establish the sensitivity of
the simulation results to their assumed values.

Table I is a bullet chart which summarizes the fluid me-
chanics addressed in this paper. At the top of the list is
spanwise transport of wake fluid particles which leads to a
redistribution of total temperature, and momentum. Al-
though not specifically addressed, the spanwise redistribu-
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tion of entropy is also implied.

Next on the list is circumferential transport of wake fluid
particles which also leads to a redistribution of total tem-
perature and momentum. The flow physics associated with
this redistribution was shown to be equivalent to that as-
sociated with spanwise redistribution of total temperature.
Although circumferential redistribution of total tempera-
ture does not appear to impact aerodynamic performance,
it does lead to total temperature segregation resulting in the
formation of hot spots. These hot spots have a significant
impact on turbine blade life.

TABLE 1

Summary of Unsteady Deterministic Flow Processes
Discussed Which Impact The Time-Average
Performance of Multistage Turbomachinery
® Spanwise transport of wake fluid particles.
o Circumferential transport of wake fluid particles.
® The straining of wakes.

Circumferential redistribution of momentum also in-
volves the interaction between a blade and incoming wakes
and blade boundary layers. The impact of incoming wakes
interacting with turbulent blade boundary layers on aero-
dynamic performance is not clear. There appears to be an
indication that the interaction of compressor rotor tip clear-
ance flows with a downstream stator leads to increased loss.
However, when the interaction involves a transitional blade
boundary layer, evidence exists that aerodynamic perfor-
mance is impacted. This subject will be addressed later in
this section.

Next on the chart is the straining of wakes as they con-
vect through a blade row. This straining process leads to
wake recovery. Wake recovery results in the transfer of en-
ergy by a reversible flow process between the unsteady flow
generated by wakes and the time average flow field. Wake
recovery was shown to impact the mixing loss of wakes as
they pass through a downstream blade row. With respect
to an axial flow compressor, the mixing loss attributed to
2D wakes is significantly reduced by the wake recovery pro-
cess. For an axial flow turbine, the mixing loss attributed to
2D wakes is increased by the wake recovery process. Thus,
there is a performance benefit to be gained in axial flow
compressors by having blade rows closely spaced, while the
opposite is true for axial flow turbines.

It was shown that the wake recovery process also im-
pacted the pressure rise across the blade row through which .
the wakes are passing. The pressure rise was linked to flow
blockage defined in terms of an energy recovery thickness.



Sample results for an axial Aow compressor showed that as
the depth of wakes becomes large the pressure rise associ-
ated with the recovery process needs to be accounted for.

Models which attempt to account for the unsteady flow
processes summarized above were used in generating the
results presented in the Ezamples section. The results are
encouraging, for they show that the average-passage flow
model is capturing a good deal of the flow physics control-
ling the aerodynamic performance of axial flow multistage
turbomachinery. However, there are a number of research
studies which suggest the need to include additional models
of unsteady flow phenomena. To list the key results from
all these studies and to attempt to prioritize them in order
of importance is beyond the scope of this work. However,
there are a few topics which are on the author’s short list
for further study.

As two blade rows rotate past one another an unsteady
flow field is generated. This unsteady flow field results in an
unsteady aerodynamic force which acts on each blade row.
When one blade row’s unsteady force is viewed in the refer-
ence frame of the other its time average is nonzero. Thus,
within the framework of the average-passage flow model the
time average of both forces are accounted for by nonaxisym-

metric body forces. With respect to the upstream blade
row, the flow processes which produce the body force asso-

ciated with the downstream blade row are similar to those
encountered in the interaction of a total pressure distortion
with a rotating blade row. The flow physics which produce
the body force associated with the upstream blade row is
similar to that involving a rotating blade row interacting
with a downstream-generated flow distortion. The flow dis-
tortion is characterized in terms of a potential field. If the
upstream blade row is a rotor, the non-axisymmetric body
force associated with the rotor generates a circumferential
variation in the total pressure and total temperature field.
The generation of this total pressure and total temperature
field and their interaction with the downstream stator was
investigated by Shang, et al. (1993). Smith (1996) also
reported experimentally observing a variation in the total
pressure field downstream of a rotor embedded within a low
speed multistage axial flow compressor. Smith (1996) spec-
ulated that if the region of high total pressure were to flow
over the suction surface of the downstream stator a perfor-
mance benefit would be realized.

Smith (1996) noted that the body force attributed to
the downstream blade row results in a circumferential vari-
ation of the pressure field in the inter blade row region of a
multistage axial flow compressor. This pressure field could
reduce the pressure gradient along the suction surface of the
upstream blade row. The reduced pressure gradient would
lead to a reduction of the wake deficit and hence a reduc-
tion of wake mixing loss. Smith (1996) concluded that along
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with wake recovery the unsteady flow processes which lead
to the development of the non-axisymmetric body forces
contributed nearly equally to the measured efficiency gain
of 1.5% brought about by reducing the axial gap between
blade rows in a low speed 4 stage axial flow compressor.
This is not an insignificant change and there is a need to
model the fluid mechanics involved. A procedure for devel-
oping such models is presented by Giles (1992).

A number of experimental studies, Cumpsty, et al.
(1995), Halstead, et al. (1997), Hodson (1990), and Walker
(1974), have shown that flow transition is playing a role in
establishing the aerodynamic performance of both axial flow
compressors and low pressure turbines. The fluid mechan-
ics involves the interaction between convecting turbulent
wakes and transitional blade boundary layers. The impact
of this process on the performance of low pressure turbines
has recently been factored into their design, Harvey (1999).

The simulation of the NASA Lewis Low Speed Axial
Compressor (LSAC) by Adamczyk, et al. (1998) clearly
showed the need to account for transition in some form in or-
der to match the measured performance. Figure (27) shows
the results of a simulation performed using an average-
passage form of the Launder and Spalding (1974) k — ¢
model. Plotted is measured pressure rise of this compressor
as a function of flow coefficient. The results from two simu-
lations are also shown. The performance of this compressor
as estimated by the simulations falls significantly short of
that measured. The simulation was repeated with an im-
proved k — € model developed by Shih, et al. (1995) and
the results are presented in Figs. (10) through (13). The
improved model is not a transition model but it mimics the
transition process. In the stagnation region and in regions
where the pressure gradient is favorable, it suppresses the
growth of the turbulent eddy viscosity. In regions where
the pressure gradient is adverse, the turbulent eddy viscos-
ity increases. For the LSAC, the Launder Spalding model
produces a level of turbulent eddy viscosity along the suc-
tion surface of both rotors and stators typical of a high
Reynolds number flow. At the stagnation region and along
the suction surface where the pressure gradient is favorable
the improved model of Shih produces a level of eddy vis-
cosity which is slightly greater than the molecular viscosity.
As flow diffuses along the suction surface the eddy viscosity
grows to a level typical of a turbulent boundary layer. As
previously noted the agreement of the improved model with
data is very encouraging.

" The improved model was also used to simulate an op-
erating point of the GE 90 compressor. The results were
only slightly different from a simulation executed using an
average-passage form of the Launder and Spalding k — ¢ .
model. All of the previously reported simulations of the
GE 90 and the Allied Signal compressor used the average-



passage form of the Launder and Spalding k — e model. The
reason behind the small difference seen in the simulation of
the GE 90 versus the rather large differences seen in the
simulation of the LSAC is attributed to the difference in
the blade Reynolds numbers and the blade surface finish
of these two machines. When simulating machines whose
blade Reynolds numbers are small, there is clearly a need
to account for tramsition.

The final topic involves unsteady flows which are clas-
sified as nondeterministic but are not turbulent in nature.
An example of this is the shedding of vorticies from a blade
trailing edge, where the shedding frequency is not related
to shaft rotational speed. Vortex shedding has been ob-
served in fan rotors, Hathaway, et al. (1986) and has been
shown to lead to spanwise redistribution of entropy, Kotidis
and Epstein (1991). There is also an issue associated with
the stability of shear flows in adverse pressure gradients. It
has been observed that the stretching of vorticies leads to
flow instabilities resulting in rapid mixing, Binder, et al.
(1985) van de Wall, et al. (1995). A related subject is
the stability. of rotor tip clearance flows. Based on exper-
iments in a water tunnel, Zierke, et al. (1993) concluded
that the tip vortex shed by a rotor meandered as it traveled
downstream. Graf (1996) conducted a series of numerical
simulations of a stage from a high-speed multistage com-
pressor and observed a similar phenomena. These unsteady
non-turbulent flows appear to lead to the mixing of shear
layers and thus generate loss. The magnitude of the im-
pact of such mixing processes on aerodynamic performance
of multistage axial flow turbomachines is unknown. An ef-
fective means for modeling such mixing processes within
the frame work of a time average flow model such as the
average-passage flow model is not clear.

Finally there is a real need for executing well defined
physical and computational experiments that focus on spe-
cific fluid mechanic issues related to the impact of unsteady
flows on the performance of axial flow multistage turboma-
chines. Too often results are presented with no clear expla-
nation as to their significance and the question they answer.
Information such as this is not very useful in sorting out is-
sues as complex as those involved in the fluid mechanics of
multistage turbomachinery.

As computers become more powerful and the resolution
capabilities of instrumentation improves, there is no doubt
that many of the issues delineated in this section will be
resolved. In addition, many new issues will appear that, at
the present time, are unknown. One thing is certain, the
modeling of multistage turbomachinery flow will remain a
challenge for the foreseeable future and economic forces will
continue to push the development of improved flow models
for the purpose of supporting aerodynamic design.
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Appendix A

A Three Dimensional Flow Model for Axial
Flow Multi-Stage Turbomachines

The procedure used for constructing the average-passage
flow equations is based on the concept of mathematical fil-
tering or averaging. Starting with the Navier-Stokes equa-
tions, the continuity equation, the energy equation and the
equation of state, one can construct a sequence of math-
ematical filtering operations which result in a system of
equations which govern the flow state resolved by the fil-
tering operation. The resulting equations only resolve flow
structures which are unaltered by the filtering operation.
The resulting solution of the filtered equations is identi-
cal to that obtained by applying the filtering operation to
the solution of the un-filtered equations. For example, the
construction of the Reynolds-averaged form of the Navier-
Stokes equation involves a filter which removes the nonde-
terministic flow structures associated with turbulence while
retaining the deterministic structures. This is accomplished
by using an ensemble-averaging filter. The resulting deter-
ministic flow state as described by the Reynolds-averaged
form of the Navier-Stokes equation is identical to that ob-
tained by directly applying the ensemble-averaging filter to
the solution of the Navier-Stokes equation.

The filtering operator used in the construction of the
Reynolds-averaged form of the Navier-Stokes equations
ensemble-averages consecutive samples of data taken over
one shaft revolution. The mathematical form of the
ensemble-averaging operator is:

M
—e . 1
F= A}gnmﬁnglf(r,e,z.r)

(41)

T=t+2ﬁ1r(m—1)
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where m, is an integer, M is the number of shaft revolutions
over which the data is collected, f, the data being sampled,
J° its ensemble average. The variable § is the shaft rota-
tional speed, t; is a reference time, and T is the time for
one shaft revolution.

All flow features resolved by Eqn. (Al) are associated
with the deterministic flow field. This includes all time
dependent behavior with is directly linked to shaft rota-
tional speed, Q1. All flow features which are filtered out by
Eqn. (Al) are associated with the non-deterministic flow
field. Such features include turbulent eddies and shed vor-
tices which are unrelated to shaft rotational speed. The
global effect of the non-deterministic field on the determin-
istic field is accounted for by means of the Reynolds stress
in the momentum equation and a total enthalpy flux in
the energy equation. The Reynolds stress accounts for the
transport of momentum between the deterministic and non-
deterministic flow fields. These terms arise as a result of ap-
plying the filtering operator to the nonlinear terms which
appear in the momentum and energy equations. The mod-
eling of the Reynolds stress and the total enthalpy flux is
the closure problem associated with solving turbulent flows.
Equations for these terms must be provided and they form
part of the equation system for the deterministic flow field.

As shown in Fig. (1) the Reynolds-averaged flow model
has less fidelity than the Navier-Stokes equations. For the
purpose of the present work, the Reynolds-averaged flow
description of the deterministic flow field is time dependent.

To construct a time-average representation of the flow
field within a multistage turbomachine requires the use of
a time-average filtering operation. Two time-average flow
fields can be defined: one with respect to the rotor frame of
reference; and the other with respect to the stator or fixed
frame of reference. For the stator frame of reference the
time-average filter is defined by the following integral

T
7= / Ho(r,8,2, 0T (r0,2,0dt  (A2)
o

where Hg is a gate function whose value is one at an in-
stant in time, t, when the axial position, z, the tangential
position, 8, and the radial position, r, define a point lying
within the flow domain or on its boundaries. Otherwise the
value of Hg is zero. The variable A is defined as:

T
a=i / Ho(r,8, 2, t)dt (43)
T Jo
and is a measure of the metal blockage attributed to the

rotors. For the rotor frame of reference, the filter is defined
by replacing in both Eqns. (A2) and (A3), the absolute
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tangential position, 8, with the relative tangential position,
orel-

Equation (A2), applied to the deterministic form of the
continuity equation, the momentum equation, the energy
equation, the equation of state, and the closure equations
associated with the Reynolds stress and the total enthalpy
flux yields a set of equations which govern the time-average
flow field in the fixed frame of reference. The resulting sys-
tem of equations contain additional terms relative to those
which appear in the deterministic equation system. This
is again the direct result of the averaging operation. The
continuity, momentum and energy equations all contain the
metal blockage term A. The momentum equation contains
a body force and a stress tensor involving products of the
unsteady deterministic velocity components. The form of
this tensor is identical to that for the Reynolds stress and
accounts for the transport of momentum between the de-
terministic flow field and the time-average flow field. The
body force is the result of the time-averaged pressure and
shear force imposed by the rotor blades on the fluid. The
energy equation contains an energy source (sink) and an
total enthalpy flux correlation. The energy source is asso-
ciated with the work input attributed to the body force,
while the total enthalpy flux accounts for the transfer of
total enthalpy between the deterministic and time-average
flow field.

The time-average flow model is also shown in Fig. (1),
and because it is of lower fidelity for a multistage turboma-
chine application than the Reynolds-average model, it lies
to its right. For the case of a single rotor or stator operating
in a stable aero mode (i.e. free of rotating stall or surge),
with uniform circumferential inflow and outflow boundary
conditions, the time-average flow model and the Reynolds-
average flow model are mathematically equivalent.

For a single stage configuration operating in a stable
aero mode with uniform circumferential inflow and outflow
boundary conditions, the time-average flow field for either
the rotor or stator is periodic in the tangential direction
with a period equal to the pitch of the respective blade
row. Thus the time-average equation system for the rotor
and stator is by definition the average-passage description
for the stage as defined by Adamczyk (1985). However,
with respect to the stator frame of reference, if additional
stators are present whose blade count is different from that
of the reference stator the resulting time average flow field
will have a circumferential periodicity other than that of
the reference stator.

Construction of an average-passage description of the .
flow field in a multistage machine therefore requires an ad-
ditional averaging operation, Adamczyk (1985). For a given



stator this average operation is defined by the equation:

7= L NZ—IG(r 8+
AN =

where n is an integer and N is the number of passages in
the stator. The variable, G is a function composed of the
product of L gate functions,g;,

2tn 2nn
T,Z)f (r,0+ T»Z) (A4)

G(r,8,z) = II{‘:lg; (r,8,2) (AS5)
assigned to each blade row in the stator frame of reference.
The gate function for the I, stator, g, is equal to zero when
r, 8 and z lie within the interior of the [, stator, otherwise
its value is one. Thus the variable G is a function whose
value is one when, r, § and z lie within the interior or on
the boundaries of the time average flow field. Otherwise,
the value of G is zero.
For the ji4 stator, A is defined by the equation:

1 2

A=— 4, gi(r, 6, z)dé
0 I#5

5 (A6)

and is a measure of the metal blockage of the stator blade
rows other than the one of interest. Each stator blade row

has associated with it a filter as defined by Eqns. (A4),
(A5) and (AS6).
With respect to a given stator blade row, Eqn. (A4)

forms the average-passage value of 7‘ by summing values

of Gf f which are shifted ta.ngentla.lly by the pitch of the
given stator. Hence by construction f * is periodic in the
tangential direction w1th a period equal to that of the given
stator blade row. f ' so constructed is a discontinuous
function, and this mathematical outcome of the averaging
process described by Eqn. (A4) must be recognized.

A procedure similar to Eqn. (A4) is applied to the
equations associated with the rotor time-average flow de-
scription. As in the case of each stator blade row, each
rotor blade row is associated with a unique averaging op-
erator. Hence each blade row in a multistage configuration
has its own average-passage description which by construc-
tion is independent of time and periodic over the pitch of
that blade row. The average-passage flow description is by
construction the flow-field turbomachinery designers have
heuristically thought of when executing an aero-design. The
inlet and exit boundaries of each of these flow descriptions
is at the physical inlet and exit of the machine.

Application of the filtering and averaging operations
Eqns.(Al), (A2) and (A4) to the axial momentum equa-
tion associated with the fixed frame of reference yields:

_(Aﬂﬂrpavv”mp) + 35 0 35 (AP PW U P)
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+ f(R) + f(S) (A7)
where A% is the product of A and A, p®? is the pressure, p%?
the density, UP, V°P and WP the velocity components in
the axial, radial and tangential direction respectively, and
7i¥ the viscous shear stress. The subscripts attached to
'r,j” identify the respective component. The superscript 7
signifies that the variable is associated with the average-
passage flow state. The variable f {7) is the axial component
of the body force generated by the rotor blade rows, while

{5 is the axial component of the body force generated by
the stator blade rows other than the one of interest.

The body force whose axial component is f,( is a sin-
gular function composed of Dirac delta functions, Lighthill
(1964). Because of this singular behavior, the average-
passage flow variables are discontinuous at the location
where this body force is singular. In dealing with this
body force and the corresponding energy source (sink) only
their non singular axisymmetric component is retained. The
non-axisymmetric component (the singular portion) is omit-
ted because it is non-physical, the singular behavior being
strictly an outcome of the averaging operation Eqn. (A4).
With the omission of the singular portion of the body force
and energy source (sink), the average- passage flow vari-
ables are no longer discontinuous. They remain periodic in
the tangential direction with a period equal to the stator of
interest. In addition there still remains one unique axisym-
metric flow state which is common to all the average-passage
flow states.

In deriving Eqn. (A7) the following decomposition for
the velocity field was used:

u;Eﬁ}’-#—uﬁ, 1;:-’ =0

—~t —~t

TE=aF 4w, W =0 (48)
—~1 ~ =t
ap
= ' — =~
%t =U + ’u;’ , ug” =0, U =14

where ™ denotes a density weighted average, and the sub-
script i (i.e. index notation) refers, respectively, to the axial,
tangential and radial direction.

Equation (A7) also contains the axial component of a
generalized Reynolds stress, R;;, which will be referred to
as the average-passage stress. It is defined as:

Zap ap

R Tt —e, u ne, i
Rij = puju; + pu; uJ +7° u uj

(49)



P
, i3 the contribution from the

——r
where the product, puju}

et
pe u(lul!

Juy the contribution

non-deterministic Aow field,

from the unsteady deterministic flow field, and ﬁe_tuﬁ"u'v"

)
the contribution from the average-passage flow field ofZ the
stator blade rows other than the one of interest. The use
of subscript i and j is standard tensor notation for orthog-
onal coordinate systems. The average-passage stress thus
accounts for the effect of momentum transport associated
with the non-deterministic flow field, the unsteady deter-
ministic flow field, and the average-passage flow field other
than that of the blade row of interest.

Application of the averaging operator in Eqn. (A4) to
the energy equation associated with the time-average flow
field in the fixed frame of reference results in an additional
total enthalpy flux correlation which is associated with the
average-passage flow field of the stator blade rows other
than the one of interest. Taken together, the total enthalpy
flux associated with the non-deterministic flow field, the
unsteady deterministic flow field, and the average-passage
flow field of stators other than the one of interest, they form
the average-passage total enthalpy flux correlation:

3P

TP = ap
HF, = pHW +7HUu] +7° H'u" (A10)

where H is the total enthalpy. The decomposition of H
is identical to that of Eqn. (A8) for the velocity.

The averaging operator Eqn. (A4) is also applied to
the equations used to estimate the Reynolds stress and to-
tal enthalpy flux associated with the non-deterministic flow
field and the equations used to estimate their deterministic
counterparts. As a result, additional terms may arise in
the averaged form of these equations whose values must be
estimated.

The closure terms associated with the average-passage
equation system are the body force, energy source (sink),
the average-passage stress, the average-passage total en-
thalpy flux, and any additional terms which arise from
the application of the averaging operations to the equa-
tion used to estimate the Reynolds stress and the total
enthalpy flux associated with the non-deterministic flow.
Models are needed for the various closure terms which ap-
pear in the average-passage equation system, just as models
for the Reynolds stress are needed in simulations of the de-
terministic flow field associated with a turbulent flow state.
The development of these models is the closure problem
associated with the average-passage equation system. The
degree to which the closure models need to be developed is
dependent upon the level of accuracy to which the average-
passage flow field is to be predicted.

23

Appendix B
Pressure Rise Resulting From Wake Recovery

The wake recovery process can impact the pressure rise
across a cascade of airfoils. To show this consider the pas-
sage of two-dimensional wakes through a cascade of airfoils
as shown in Fig. (9). The working fluid is assumed to be
incompressible and inviscid. The flow field is assumed to be
deterministic. The flow variables are non-dimensionalized
with respect to the incoming fluid density (i.e., assumed to
be constant), the axial chord length of the cascade, and the
magnitude of the incoming flow velocity. The mechanical
energy equation states that the time-average of the flux in
total pressure entering the cascade must equal that exiting
the cascade:

Fou'dl

ezit

Bu'dl =
inlet

(B1)

where Py is the total pressure, u the axial velocity compo-
nent.
The total pressure is related to the pressure and the
dynamic head by Bernoulli’s equation:
Po=p+%?-? (B2)
Combining Eqns. (B1) and (B2), the time-average of
the flux in total pressure becomes:

/ Futdl = / Fatdl + / %_f Fa (B3
where the product pu is the local pressure work, and
% @ -7 is the flux of the kinetic energy of the flow stream.

Introducing Eqn. (B3) into Eqn. (B1) yields the follow-

ing expression for the mass-average pressure rise or decrease
across the cascade:

FFLLJFFLI-W
= / %ﬁ-_vf‘dzl_w - / %ﬁ‘dzl (B9

=¥ .
where p**, the mass-average pressure, is defined as

Fiid
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and U° is the time average axial velocity averaged over L,
the pitch of the cascade, Fig. (9):

—v '
7" = % / atdl (BS6)



At this point in the analysis, it is constructive to in-
troduce the concept of flow blockage. In order to do so, a
reference flow field must be defined. For this analysis, the
reference flow field will be steady in time with a mass flow
equal to that of the unsteady flow. The pressure rise across
the cascade associated with this reference flow is,

ey} pury
Dref ooU L —pres _wU L
1 = 1, | =0
= iqge] _ U L- 'iq"e] ooU L (37)

Subtracting Eqn. {B7) from Eqn. (B4) yields an equation
for the increase or decrease in the pressure rise across the
cascade attributed to the unsteady flow. This equation is:

(7 = res)|_T L~ (7 = prer)|_T
=[5 /5 F T a4
_ [% / W@ 7 - qf,f):lwdl] (B8)

—
where U in Eqn. (B7) has been replaced by its integral
form, Eqn. (B6).

Each of the bracketed terms on the right hand side of
Eqn. (B8) may be rearranged into the following form:

L [———=————dl
5/“(?'?-0351) I
L ==V
= 39U or (B9)
where the recovery energy thickness, dp is
T Td
5 =/—i-————1 ol B10

Note that the recovery energy thickness is similar in form to
the energy thickness of boundary layer theory. If the flow
is independent of time, dg is zero. Whether the recovery
energy thickness is positive or negative depends upon the
portion of the average-passage stress associated with the
unsteady deterministic flow field.

Adding Eqn. (B8) to Eqn. (B7) with the bracketed
terms in Eqn. (B8) replaced with Eqn. (B10) yields:
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where qrefloo/q,.,!l_oo = €08 P-00/ c08 Bx with f_,, and
B being the inlet and exit flow angles of the reference flow,
respectively. Cp* is the cascade pressure rise coefficient re-
sulting from an unsteady incoming vortical flow. The first
two terms in Eqn. (B11) is the pressure rise, C’,(,o), produced
by the steady incoming flow while the term in parentheses
is that attributed to the incoming vortical flow.

Consider next a steady flow through a cascade in which
the blockage at the inlet is d]_ and that at the exit is
dleo, Fig. (28). Within the core flow, the total pressure is
uniform, hence

1
P"Ioo = P°|—oo = ploo + §q2|oo

1
=pr+§f] (B12)

—o0

The pressure rise produced by this steady flow across the
cascade is,

1 1
Ploe =Pl =5 l_co = 5 ¢l (B13)
At the inlet:
T secs
sec
Uoo = T | (B14)

while at the exit,

=V
_ U secp

dw-Tyja—w (B15)

Using Eqns. (B14) and (B15), Eqn. (B13) can be rewritten
as a pressure rise coefficient,

C, = ﬂ?;pr
(1/2)U" secf-oo
_, cos?f_o cos? f—oo
=1- €082 B + [26|-°° B 26!00( c0s? B )] (B16)

where 1/(1 — §)? has been approximated by 1 + 26 (i.e.
§ << ).

Comparing Eqn. (B11) to Eqn. (B16) shows that the
pressure rise across a cascade due to an incoming unsteady
vortical flow is equal to that produced by a steady flow
in which the inlet flow blockage is (1/ 2)<SR|_°o while that
at the exit is (1/2)63]00. Had the assumption not been
made regarding the magnitude of 4, the flow blockage of
the equivalent steady flow would be:

1
v1+3g

§=1- (Buf



The link between the flow blockage attributed to the un-
steady flow and the portion of the average-passage stress
associated with the unsteady deterministic flow field is
through the expression for the recovery energy thickness,
Eqn. (B10). To establish this relationship, it is assumed
that the pressure and velocity field can be expanded in a
perturbation series of the form

p=p"+ g™ + 2p? + O(e?) (B18)
7 =70+ e + 22?4 0 (B19)

The lowest order term in Eqns. (B18) and (B19) is associ-
ated with a steady potential flow. The first order pressure
term is also associated with a potential flow field and thus
vanishes far upstream and downstream of the cascade.

The time-average of the first order term in Eqns. (B18)
and (B19) is zero. Flow continuity requires that the pitch-
wise average of the axial component of 7 be zero. Us-
ing the perturbation expansions given by Eqns. (B18) and
(B19), the expression for the recovery energy thickness to
second order is,
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Fig. 22a. Stage total pressure ratio characteristic as a func- Fig. 22b. Stage total temperature ratio characteristic as
tion of corrected mass flow for a 3-stage high speed com- a function of corrected mass flow for a 3-stage high speed

pressor. 38 COIMpressor.
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Fig. 23a. Spanwise distribution of total pressure at the exit ) Fig. 23b. Spanwise distribution of total temperature at the
of the stage 1 rotor for a 3-stage high speed compressor. exit of the stage 1 rotor for a 3-stage high speed compressor.
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Fig. 24a. Spanwise distribution of total pressure at the exit Fig. 24b. Spanwise distribution of total temperature at the
of the stage 3 rotor for a 3-stage high speed compressor. exit of the stage 3 rotor for a 3-stage high speed compressor.
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Fig. 25a. Total pressure profile at the exit of an HP turbine Fig. 25b. Total temperature profile at the exit of an HP

stage 2 rotor. 39 turbine stage 2 rotor.
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Fig. 26a. Total pressure profile at the exit of an LP turbine.

Fig. 27. Steady flow through a cascade with blockage.
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Fig. 26b. Total temperature profile at the exit of an LP
turbine.
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Fig. 28. Overall pressure coefficient as a function of inlet
flow coefficient for the NASA-Lewis four stage axial flow
COmpressor.



